
ABSTRACT 
 

CHESTNUT, CHRISTOPHER BLAKE. Experimental and Investigative Analysis on the 
Effect of a Polarized Refrigerant Oil Additive on Water Cooled Liquid Chiller Performance. 
(Under the direction of Dr. Stephen D. Terry.) 
 

This study provides an experimental and investigative analysis on the effect of a 

proprietary product most commonly referred to as a polarized refrigerant oil additive (PROA) 

on liquid chiller performance.  The primary benefit of the additive that will be investigated is 

the fouling reduction mechanism which is claimed by the manufacturer to increase overall 

cycle efficiency by a minimum of 10%. Past experiments that have been conducted on air-to-

air source heat pumps have found little benefit from the installation of such additives.  Few 

experiments are available for liquid coolers, which have greater potential for heat transfer 

enhancement as the thermal resistance for the liquid side of a liquid cooler is much less in 

magnitude than that of an air-to-air source unit. 

A theoretical analysis of an ideal vapor compression cycle was carried out to observe 

the maximum overall cycle efficiency enhancement that would occur with a 10% reduction 

in shell side thermal resistance.  Results of the analysis found an overall cycle efficiency 

improvement of 1.21%.  Following these findings was an experiment of a dual centrifugal 

water cooled liquid chiller with a nominal rating of 2,000 tons. Baseline data was collected 

for approximately two weeks before the PROA was installed and approximately two weeks 

after.  Results of the data collection found a statistically insignificant improvement of unit 

efficiency ranging from 0.447% to 0.502% for the operating conditions of the chiller.  The 

current experiment is then compared to a previous study which found an approximate 10% 

increase in an almost identical liquid chiller exposed to the same PROA product.  An 

investigation of the previous study hypothesizes that operating flow rates which were 

assumed from full load specifications were different and would account for the discrepancy 

in the results for the two studies. 

The study is concluded with a discussion of future work including the monitoring the 

oil concentration within the evaporator after the introduction of a PROA, increased data 

collection period of a tested chiller, long term experimentation to determine the impact on 

chiller reliability and maintenance. 
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Chapter 1 

Introduction 

1.1 - Topic Relevance and Summary of Chapters 
As the world’s population grows and the advancement of technology continues to 

make leaps and bounds, the demand for efficiency improvements to conventional energy 

consuming systems grows in accordance.  Both private and public utilities are constantly 

required to add to their overall capacity to meet this growth in demand.  Additionally, 

environmental regulations for conventional methods of power generation require an overhaul 

in equipment to meet new standards mandated by local, state and federal governments.  This 

cost for new infrastructure to the grid is passed on the consumer, ranging from residential 

customers through large industrial facilities. 

During the month of February 2012, Duke Energy – Carolinas will increase base rates 

for customers by an average of 7.2% for all customers from previous charges as an 

agreement with the North Carolina Utilities Commission to recover past capital investments 

in the utility grid [1]. There are a wide number factors that contribute to this increase in 

pricing including inflation, the need for additional capacity to meet demand as well as a 

mandate by the state of North Carolina that requires all investor owned utilities to increase 

the percent capacity of renewable energy of their overall generation capacity to 12.5% by the 

year 2021. The mandate includes electricity generation by but not limited to: solar, wind, 

geothermal as well as any demand side reduction with the installation of more energy 

efficient lighting, HVAC units, etc.  Historically, the increase in electricity rates is not a new 

trend as is depicted in Figure 1.1 which illustrates the increasing average cost of electricity 

for Duke Energy customers over the last two decades. 
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Figure 1.1: Duke Energy’s Average Cost of Electricity 1991-2010 [1] 

 

It is observed during the years 2001 to 2010 that there is a noticeable average increase 

of approximately 0.15 cents per year in the cost per kilowatt-hour (kWh).  All customers of 

the utility prefer to minimize costs of their end use energy consumers, more particularly 

industrial manufactures.  By decreasing energy consumption, an immediate cost savings can 

be seen by the local facility resulting in a direct contribution to the profit of company.  This 

increase in profits allows the company to become more competitive on a global scale 

allowing for more job creation and growth locally.  Figure 1.2 provides a summary for the 

categories of the major end users of electricity energy consumption for all manufacturing 

facilities in the U.S. during 1998.  
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Figure 1.2: 1998 Manufacturing Electricity Energy End Use Consumers (million kWh) [2] 

 

As seen from Figure 1.2, air conditioning and process cooling make up a significant portion 

of energy use in industry, about 15% of the total end users.  Much of the improvements 

associated with energy efficiency for industrial cooling tend to relate to the demand side of 

the cooling system, for example, adding insulation to walls and/or piping, installing 

temperature setback controls for rooms, etc.  Generally, customer supply side efficiency 

measures are often overlooked or ignored.  Some measures that have been investigated and 

found to be successful for improving supply side cooling efficiency include but are not 

limited to: condenser spray devices for air cooled condensers, installing variable frequency 

drives (VFD’s) on compressors for refrigeration systems and condenser fans, multi-stage 

compression, etc.   

A relatively new product that has entered field of refrigeration efficiency that 

deserves investigation is what is known as a polarized refrigerant oil additive.  The general 

benefits associated with this product, according to manufactures, include the reduction of oil 

fouling on the heat exchanger coils in the evaporator and also reduced fluid friction in the 

compressor, both of which result in a high efficiency for the operation of the refrigeration 

system. This product requires direct installation in the refrigerant circuit and can be used in a 
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wide range of applications as small in capacity as a residential refrigerator up to industrial 

level process and space cooling. 

This study will investigate the theoretical and actual impact that a polarized 

refrigerant oil additive will have on liquid chiller efficiency. Chapter 1 continues through the 

outlining of the history of the polarized refrigerant oil additive and an overview of the claims 

stated by the developers of the additive that will be tested in this study and of primary 

consideration.  Chapter 2 provides the necessary theoretical background that will be 

referenced later in various calculations and provide for those that may require a quick review 

of heat pump operation.  Chapter 3 introduces the reader to the different classifications and 

applications of liquid chillers.  Chapter 4 provides an overview of the types of liquid chiller 

components that will be analyzed both theoretically and experimentally within the study. 

Chapter 5 presents past studies that have tested the performance of heat pumps which were 

introduced to polarized refrigerant additives including a study on a liquid chiller that will act 

as the preface to the current study.  Chapter 6 provides a theoretical analysis to determine 

what the maximum potential effect fouling reduction would have on the ideal cycle 

efficiency followed by an experiment of an actual chiller comparing operating efficiency 

from baseline to post installation operation. A discussion of the experimental results will also 

be given in Chapter 6 including a comparative investigation of the previous liquid chiller 

study covered in Chapter 5.  Chapter 7 will conclude the study with recommendations of 

future work pertaining to the subject. 

1.2 - Polarized Refrigerant Oil Additive History 
In 1990, a patent [3] was awarded to Charles Wilkins, Jack Hammock, and Charles 

Thompson for a “Method and Composition for Increasing the Energy Efficiency of Heat 

Pumps.”  Within the patent is an invention that is described as a polarized compound that 

when installed in any form of heat pump, will result in lower power consumption by the unit 

to produce the desired cooling effect in a conditioned space.  The product developed is 

described as chlorinated α-olefin or paraffin and was designated the product name 
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“Chlorowax 500AO.”  The primary claim by the patent states that the additive is sufficiently 

polar so that it may attach to “highly electron charged” metal surfaces within the heat 

exchanger of the heat pump. This adhering of this polarized oil, according to the claims, 

reduces the boundary layer formation and lubricant deposits, or fouling, on heat exchanger 

surfaces, both of which inhibit heat transfer and reduce the capacity of a heat pump unit.  The 

physical mechanism that drives this claim is known as Van der Waals force and explains the 

attraction and repulsion forces of bodies at the molecular level due to varying electron 

densities.  

The patent details that the amount of the additive installed should range 1% to 2.5% 

of lubricant volume.  This oil additive can be can be installed either during the manufacturing 

of the heat pump or after the unit has been in operation for some time.  Upon addition to the 

heat pump, the additive is to be diluted into “carrier” oil which typically, according to the 

patent, can be a white oil to allow the catalyst better diffusion within the unit.  In addition to 

the carrier, the polarized catalyst should be installed with an “inhibitor” to prevent the 

forming of free chlorine radicals within the system when moisture is present. Supporting the 

claims in the patent is a summary of an experiment conducted in 1987 by the individuals who 

developed the additive.  The product was installed in a 25 year old 3.3 ton water-cooled air 

conditioning unit that conditioned a teaching lab of about 7,200 cubic feet space. The room 

temperature control for the test room was separate from the remainder of the building and 

maintained at a constant 71oF. During the test there were 12 injections of the additive in 

increments of 15 mL additions to the heat pump unit.  Results from the experiment claim 

around 10% power consumption reduction with the addition of the additive over the course 

of 83 calendar days.  

The primary issue with this particular experiment is that the power consumption 

measurements only occurred after the additive was installed.  There were no indications that 

energy readings were taken before the product was added to the unit.  The energy savings 

were based on what the manufacturer estimated would be the power draw by a newly 

installed unit.  As would be expected over the course of 25 years, many operation parameters 
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of the heat pump would change over time and would not provide an ideal look at the 

performance of the unit.  For example, the inquiry could be raised as to whether or not the 

original compressor was replaced within that time period with a more efficient device.  If this 

were the case, the Post Installation data would have the benefit of operating with a higher 

efficiency unit and compared to manufacturer’s data that is no longer relevant. 

After the confirmation of the 1990 patent, production of this particular additive began 

in 1992 [4] with the product name “Compress Shield” and more commonly referred to as a 

“Polarized Refrigerant Oil Additive” or PROA.  The official claims of this product included 

reduction in oil fouling as described in the previous patent as well as other non-energy 

related benefits such as increased compressor lubricity thereby reducing compressor 

maintenance and noise.  Not long after the development of Compress Shield, multiple 

companies developed their own product that each claimed was unique and different from the 

original.  These unique claims for each product are likely what made it possible for 

competing companies to develop and sale their own product despite the original patent in 

1990.  After a number of years, the largest of these differences that developed was the 

removal of chlorine as one of the primary acting ingredients.  Producers of the non-

chlorinated product claimed that the original PROA’s would damage refrigeration equipment 

as under sufficiently high operation temperatures, the chlorine radicals would react and 

absorb water to produce hydrochloric acid.  

Over the years, a few carefully controlled and operated experiments were conducted 

to confirm the benefits that many manufacturers claimed of their respective PROA.  Of these 

experiments, the two most widely accepted studies were carried out at the Oak Ridge 

National Laboratory (ORNL) in Tennessee and the Florida Solar Energy Center.  ORNL 

investigated the exact product as define in Patent Number 4,963,280 while the Florida Solar 

Energy Center study was carried out on a product in known as “Polarshield.”  Both of these 

studies concluded that each respective additive had a negligible effect on the performance of 

the heat pump it was introduced to.  After these results, much of the interest in PROA 

products began to dissipate. 
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1.3 - Green Grid Partner’s ColderFLOW 

Green Grid Partners (GGP) is a self described clean technology firm specializing in 

sustainability and green commercial efficiency. The firm was founded by Michael Hollander 

and Scott Charter and is headquartered in Golden, Colorado [5]. A major product developed 

by the company is a proprietary solution known as ColderFLOW.  ColderFLOW is described 

as a multi-catalyst product that, when installed within a heat pump, increases the operating 

energy efficiency of the unit.  The claim for the first of three catalysts [6] states that the 

product removes oil fouling within the heat exchanger surfaces of the unit thereby increasing 

the overall heat transfer coefficient by over 70%. It was inferred from the brochure that the 

description of the product is referring to the refrigerant side heat transfer coefficient within 

the evaporator coil system as it is not outright stated.  The second catalyst is said to decrease 

the boiling temperature of the refrigerant effectively decreasing the temperature of the supply 

air to the conditioned space.  The third catalyst used in the product increases the lubricity of 

the equipment lubricant by as much as 54% thereby increasing the operational life of the unit 

by up to 20%.  The company claims [6] that clients can expect to see as much as a 20% 

increase in system energy efficiency with at least a guaranteed 10% increase for all systems. 

The initial fouling reduction catalyst by the developers was the primary investigation within 

this study. 

It clearly outlined that the product should not in any way be considered a PROA 

although the benefits of the product are very similar to that of the patent outlined in Section 

1.2.  ColderFLOW is compatible with all forms of lubricants, specifically mineral oils and 

synthetic oils, as well common commercial and industrial refrigerants including refrigerant 

R-134a. The product is stated to be chlorine and sulfur free although the chemical makeup of 

the product is not made known and considered a “trade secret.” The typical amount of the 

solution installed is 10% of the volume of oil charged within the system and will last the 

lifetime of the equipment or until four oil changes. 
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Chapter 2  

Theoretical Background 

2.1 - The Carnot Refrigerator 
To understand the basic operation of a chiller, the underlying theory governing the 

physical nature of a heat pump must be developed.  A heat pump is another term for a chiller. 

A chiller is simply a heat pump that refrigerates a flow of water, which is then pumped to 

some remote location for use. A heat pump operates on a reversed Carnot cycle and is also 

known as a Carnot refrigerator.  The basic function of a heat pump is to move heat (or 

energy) from a low temperature reservoir to a high temperature reservoir.  Naturally, this is 

physically impossible as the 2nd Law of Thermodynamics governs that energy in transit, or 

heat, moves from a high to low temperatures. This can be reversed with the addition of work 

into the reversed Carnot Cycle.  Figure 2.1 illustrates the flow of energy in a Carnot 

refrigerator. By drawing a control volume around the cycle (heat pump) depicted in Figure 

2.1, the first important relation for a vapor compression cycle can be developed using the 1st 

Law of Thermodynamics as follows: 

 

   (2.1) 

 

Equation (2.1) is a critical relation that is useful when analyzing heat pump systems which 

simply states that the energy removed from the low temperature reservoir plus the energy 

used to drive the cycle is equal to the energy rejected to the high temperature reservoir.  The 

2nd Law of Thermodynamics is used in conjunction to the 1st Law to further develop the 

operation of the reversed Carnot refrigerator known as the coefficient of performance. 
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Figure 2.1: The Carnot Refrigeration Cycle [7] 

 

The coefficient of performance (COP) is a measure of the effectiveness of the heat pump 

given certain operating conditions. The higher the COP of a heat pump, the greater the 

desired effect, QL, at a given power requirement, Wnet.  It should be noted that COP is not 

synonymous with thermal efficiency and typically has a value higher than unity.  This is 

possible as a heat pump is not converting energy from one form to another, but rather moving 

energy against the thermal gradient.  Thermal efficiency relates to the conversion of thermal 

energy into work energy.  The coefficient of performance for any reversible heat pump is 

given as: 

 

   (2.2) 

 

Here, the term reversible, or ideal, relates to no losses in the cycle itself.  It can be seen from 

Equation (2.2) that as TH increases with a fixed lower temperature reservoir, TL, the COP of 

the heat pump is reduced.  The same can be realized as TL decreases with TH being held 

constant.  This trend is crucial to chiller operation when considering the power consumption 

by a chiller system. 



 
 
 
 
10 

2.2 - The Ideal Vapor Compression Cycle 
Once the macroscopic view of a heat pump, as it relates to the conditions (reservoirs) 

it operates between, is observed a closer look at the vapor compression cycle that drives this 

mechanism is required. The vapor compression cycle is a mature technology that is used to 

move heat from a low temperature reservoir to a high temperature reservoir through the use 

of work put into the working fluid, or refrigerant.  The cycle is typically a closed system as 

there is no transfer of mass across the boundaries of the system components.  Typical 

operation of this system is also considered to be in steady state and steady flow.  These 

assumptions neglect any net change in internal, kinetic and potential energies as well as mass 

accumulation with respect to time.  Figure 2.2 illustrates the schematic for an ideal vapor 

compression cycle. 

 
Figure 2.2: Ideal Vapor Compression Cycle 

 

This cycle includes four major processes:  isentropic compression, constant pressure heat 

rejection, isenthalpic throttling and constant pressure heat addition. The ideal cycle begins at 

state 1 with the working fluid in a saturated vapor state at the inlet of the compressor.  
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Isentropic compression results in a superheated vapor at a higher pressure at state 2. Here, 

isentropic compression describes two key characteristics for the process, reversible work and 

adiabatic flow.  Reversible work states that there are no losses due to fluid friction in the 

compressor.  Adiabatic flow states that there is no heat transfer between surfaces in the 

compressor and the working fluid. 

The fluid then undergoes a constant pressure heat rejection process condensing to a 

saturated liquid, state 3, rejecting heat into the high temperature reservoir.   An isenthalpic 

process (meaning no change in enthalpy) follows with a reduction in fluid temperature and 

pressure resulting in a liquid-vapor mixture at state 4.  Theoretically, an isenthalpic process 

represents no net energy change within the system.  As can be seen in Figure 2.2, there is no 

form of work or heat transfer that crosses the boundary into the operating fluid during this 

process. The cycle concludes with constant pressure heat addition in the evaporator, 

gathering heat from the low temperature reservoir causing the fluid to evaporate and return to 

its original state as a saturated vapor at state 1. 

2.3 - Heat Exchangers 

2.3.1 - Heat Exchanger Types and Construction 
A heat exchanger is a device that is designed to move heat from one fluid to another 

and is found in many engineering applications ranging from power generation, 

manufacturing processes, and a residential applications.  The heat exchanger is an essential 

device for a vapor compression cycle as it takes on the role as the evaporator to absorb heat 

and the condenser to reject heat to the ambient surroundings.  At the most fundamental level, 

a heat exchanger is an open system with an internal wall that separates the two fluid streams 

to prevent mixing, one which is at an elevated temperature relative to the other.  The internal 

wall is selected based on favorable thermal characteristics that promote heat transfer between 

the two fluids. The two parameters that define the type of heat exchanger include the flow 

arrangement and the type of construction [8].   
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The flow arrangement can be further categorized into three types which include 

parallel flow, counter flow and cross flow.  In parallel flow arrangements, both stream’s 

inlets and exits are positioned on the same side of the device. In the counter flow 

arrangement the inlet of one stream is on the identical side of the device as the exit of the 

opposing stream.  In cross the cross flow arrangement, the two streams flow perpendicular to 

one another.  Generally, counter-flow arrangements are the preferred design as they provide a 

layout that allows for more evenly distributed temperatures across the heat exchanger which 

is more conducive to higher heat transfer in the unit.  

The second parameter that defines a heat exchanger type is the construction of the 

unit which is also based on three primary variations.  The first and most basic of these types 

is the concentric pipe layout.  In this arrangement the two flow streams are separated by the 

wall of the inner pipe which becomes the primary medium for heat transfer.  The second type 

of layout is the plate and frame type.  In this layout the two streams are oriented in the cross 

flow arrangement and separated by horizontal plates.  In gas to gas heat transfer applications, 

these plates are further separated by spacers as gas heat transfer is generally poor.  This 

spacers increase the turbulence of the gas flow which reduce the thermal resistance of the 

stream. 

The third and final type of construction worth mentioning is the shell-and-tube heat 

exchanger. In this construction a bundle of tubes is installed within a large diameter shell.  

Here, one fluid stream enters the tubes while the other enters and leaves the shell.  The wall 

of each of the tubes in the tube bundle provides the medium for fluid separation and heat 

transfer.  On the shell side, the exterior fluid flow is restricted by baffles which increase the 

turbulence of the flow thereby increasing heat transfer.  Shell-and-tube heat exchangers are 

desirable as this construction has the inherent benefit of having a high heat transfer area due 

to having multiple tubes with smaller diameters. The heat exchangers are also characterized 

by the number of shell side passes and tube side passes.  Figure 2.3 provides a schematic 

view of a shell-in-tube with 1 shell side pass and 2 tube side passes.     
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Figure 2.3: Two Shell-in-Tube Pass Heat Exchanger Schematic [9] 

 

2.3.2 - Heat Exchanger Theory 
Using the 1st Law of Thermodynamics, the equation of state for a fluid stream in 

steady state, steady flow can be derived. Drawing a boundary around the tube-side stream as 

depicted in Figure 2.3 and neglecting changes in kinetic and potential energy for the fluid 

stream, the 1st Law reduces to the following relation: 

 

    (2.3) 

 

For an open system, the net work done on the system is defined as the integral of vdP. 

Reorganizing the above equation and utilizing the definition of enthalpy, h = u + Pv, results 

in the following relation: 

 

    (2.4) 
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Assuming ideal flow with no fluid friction and minor losses, the pressure of the system does 

not change; therefore, the vdP term reduces to zero.  For an incompressible fluid, such as 

liquid water, all specific heats are equal for a given process, i.e. cv = cp.  Integrating the 

simplified equation, the result of the analysis for a given mass flow rate becomes: 

 

  (2.5) 

 

A second useful correlation in determining the energy transfer between two streams in a heat 

exchanging device, if the states of the streams and construction of the heat exchanger are 

known, is given as follows: 

 

  (2.6) 

 

Here, UA, refers to the overall heat transfer coefficient of the heat exchanger.  This value is a 

function of many parameters including the construction and type of the heat exchanger as 

well as the fluid and flow characteristics of each of the two streams undergoing heat transfer.  

The correlation for UA is given in the thermal resistance form as follows [8]: 

 

 , ,  (2.7) 

 

Thermal conductance is inversely related to thermal resistance.  For this reason, in order to 

quantify the overall heat transfer conductance, it is necessary to sum the thermal resistances 

of the path of heat transfer as seen in Equation (2.7). The subscripts h and c denote the 

respective heat transfer resistances of either the hot stream or the cold streams (the medium 

undergoing heat gain).  The subscript w refers to the overall resistance of the wall separating 

the two streams.  The term f signifies fouling on heat exchanger surfaces. Fouling refers to 
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undesired deposits accumulating within the heat exchanger.  Fouling can potentially occur on 

both sides of the heat transfer wall depending on the application of the two fluid streams and 

as can be observed from equation (2.7), adds to the overall thermal resistance hindering heat 

transfer. 

The log mean temperature difference (LMTD), ΔTlm, is the average temperature 

difference between the two fluid streams across the heat transfer surfaces.  The larger the 

LMTD, the greater the driving force for heat transfer.  The LMTD is defined as follows: 

 

 , . , ,

, ,

, ,

 (2.8) 

 

Equation 2.8 refers to the LMTD for a counter flow arrangement. The subscripts in and out 

designate the positions relative to flow in which the fluid enters or leaves the heat exchanger.  

The final term, F, is known as the correction factor for a heat exchanger.  This term is 

considered when flow streams are not entirely counter flow or co-current flow. Various 

correction factors are tabulated based on the type of heat exchanger as well as the number of 

passes that occur for each respective stream. To determine the correction factor, tabulated 

experimental data is used to define parameters P and R.  An example of developing the 

correction factor for a shell-and-tube heat exchanger with a single shell pass and tube passes 

in multiples of two is given in Figure 2.4. 
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Figure 2.4: Correction Factor for shell-and-tube heat exchanger with a single shell pass and multiple tube 

passes [8] 
 

As can be seen in Figure 2.4, when given the various operating temperatures associated with 

the heat exchanger, the parameters R and P can be determined as well as the correction 

factor, F. In the special cases when the shell side stream undergoes phase change (i.e. 

evaporation or condensation), T1 and T2 are equal.  This scenario results in the parameter R to 

approach 0 and the correction factor, F, to approach unity. 

2.4 - Compressor Theory 
A compressor is a mechanical device in which its primary purpose is to increase the 

pressure of a gas through means of mechanical work.  This device plays the central role in 

function of a vapor compression cycle by circulating the working fluid to accomplish the 

desired cooling effect. Refrigeration compressors are categorized as either positive 

displacement units or dynamic compressors.  A positive displacement compressor operates 

by physically reducing the volume of the gas to accomplish a higher pressure ratio, also 

referred to as boundary work on a system in engineering applications. These units are further 

categorized as reciprocating, rotary or orbital compressors.  A centrifugal compressor 

operates by converting the kinetic energy of a gas into internal energy, or increased pressure. 

This process is accomplished by a rotating central impeller in the unit that applies mechanical 

work to the gas. A more detailed overview of this type of compressor will be covered later. 
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This section will develop the actual power consumption equation for a general 

compressor for future reference. In an engineering analysis, a compressor is assumed to be in 

steady state and undergoing steady flow.  These units are also considered to be an open 

system.  The specific work imparted by a gas compressor to a fluid is given by the general 

equation: 

 

  (2.9) 

 

For an isentropic compression process of an ideal gas, the following relation is found: 

 

  (2.10) 

 

Where the term P refers to pressure, v is the specific volume and k is the ratio of specific 

heats of the fluid. The subscript notation denotes the respective state of the fluid; 1 refers to 

the initial state.  Substituting equation (2.10) in to (2.9) results in the following relation. 

 

 /
/

/  (2.11) 

 

Integrating (2.11) and substituting for the ideal gas equation, the above equation reduces to 

 

 
/

1  (2.12) 

 

Equation (2.12) refers to the work consumed for an ideal compression process, no losses due 

to fluid friction and heat transfer between surfaces. In an actual compressor, there are many 

mechanical losses that result in the unit consuming more power than in the ideal situation. 

Mechanical losses associated with compressor operation include but are not limited to: 
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friction of the fluid flow in the unit, internal mufflers, internal lubricant separators, flow 

through valves and manifolds, etc. Thermal losses are caused primarily by heat transfer 

between the suction gas and the compressor itself. Due to these losses, a mechanical 

efficiency is accounted for in the isentropic work equation and is usually determined through 

measured experimentation for a respective compressor. Isentropic efficiency also accounts 

for entropy generation due to the cycle not being reversible.  Incorporating the isentropic 

efficiency for a compressor, the power consumption for an actual compressor becomes 

 

 
/

1  (2.13) 

 

Equation (2.13) gives the non-isentropic work for any form of compressor. The term Z is 

known as the compressibility factor and is a thermodynamic property of a substance which 

describes how strongly correlated the real gas undergoing compression acts as an ideal gas. A 

value equal to unity results in the real gas to be treated as an ideal gas. The pressure ratio 

given in equation (2.13) is also referred to as “lift” in vapor compression applications.  As 

can be seen, a larger pressure ratio, or lift, results in greater power consumption by the 

compressor.  

2.5 - Binary Mixture Theory 
Unlike the ideal vapor compression cycle as described in Section 2.2 that assumes the 

working fluid to be a pure substance, an actual cycle requires additional substances, such as 

lubricants and additives to play a role in the operation of the cycle. Due to this deviation from 

the ideal cycle, the need to develop binary mixture theory is required. The working fluid in 

an actual vapor compression cycle is generally simplified as a binary mixture that includes 

the refrigerant and the lubricant. A binary mixture is defined simply as a mixture of two pure 

substances.  Binary mixtures are characterized as azeotropic and zeotropic.  In an azeotropic 

mixture, both liquids are found to have the same compositions in both phases, or 
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homogenous, in all states.  In contrast, in a zeotropic mixture the components have difference 

mass fractions in the liquid and vapor phase at equilibrium conditions for varying 

temperatures and pressures. A refrigerant/lubricant mixture acts as a zeotropic mixture and 

will be the primary concentration in this analysis. 

According to Gibb’s phase rule, when defining the state of a pure substance, two 

intensive properties, such as the operating temperature and pressure are required.  When 

considering a binary mixture, an additional property of the mixture is required and is found 

by quantifying the composition of the mixture.  The composition of the mixture can be 

developed by either a mole or mass fraction of a substance.   The mole or mass fractions are 

defined as the ratio of the moles or mass of the pure substance to the total moles or mass of 

the mixture.  A mathematical expression for the mole fraction and mass fraction for a mixture 

component, i, are given in Equations (2.14) and (2.15), respectively. 

 

 ∑  (2.14) 

 

 ∑  (2.15) 

 

A useful tool when analyzing a zeotropic mixture are binary phase equilibrium 

diagrams.  These diagrams are developed for either constant pressure or constant 

temperature.  An example of a constant pressure diagram with two pure substances, i and j, 

are referenced from the ASHRAE Handbook and found in Figure 2.5: 
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Figure 2.5: Temperature-Mole Concentration Diagram for a Zeotropic Mixture [10] 

 

The horizontal axis to Figure 2.5 refers to the liquid mole fraction, x, of the most volatile 

substance in the mixture, or which substance has the lowest boiling point of the two 

substances at a mixture pressure.  The most vertical horizontal line in Figure 2.5 is the mole 

fraction of component i in vapor form, y. As can be seen in the above figure, when the mole 

fraction of substance i is unity, the dew point and boiling point lines converge, therefore the 

boiling and dew point temperatures are equal to the saturation temperature of the pure 

substance i.  The same can be said inversely when the mole fraction of substance j is unity, or 

i is zero.  The result of this analysis discovers that as the mole or mass fraction favor one 

substance over the other, the mixture characteristics begin to converge to the former.  

As an example, consider a constant pressure process undergoing constant heat 

addition beginning at T0 with an i component mole fraction of xi,1 in Figure 2.5.  As heat is 

added to the mixture, the more volatile component, i, will begin to vaporize reaching T1.  As 

the process continues on to T2 and T3, this boiling will gradually deplete the mole fraction of 

xi giving rise to a higher mole fraction of component i in vapor form, yi.  As the heat addition 
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process concludes at T4, the mole fraction of component i in vapor form is equal to the mole 

fraction of component i in the liquid form at T0.    
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Chapter 3  

Liquid Chiller Overview and 

Applications 

3.1 - Liquid Chiller Classification 
As discussed in Chapter 2, the ideal vapor compression cycle can be applied to a wide 

range of applications. The first, and most simple, method of categorizing a heat pump is the 

type of cooling medium, liquid or gas, that is undergoing heat rejection (heat absorption by 

the refrigerant) in the evaporator.   Due to the wide variations in the types of heat pumps, 

special attention will be applied to liquid chillers as these types of units are the primary focus 

in the scope of this study.  A liquid chiller is a device in which its primary purpose is the 

removal of heat from a liquid medium so that the medium may meet the cooling load of a 

process.  The liquid medium most commonly utilized and given special consideration is 

water or a water-antifreeze mixture depending on the application.  Further categorization of 

liquid chillers includes the type of compressor used to drive the vapor compression cycle, the 

type of evaporator and the type of condenser utilized. 

3.1.1 - Liquid Chiller Compressor Classification 
There are four primary types of vapor compressors that can be found in liquid chiller 

applications: reciprocating, orbital, screw and centrifugal.  The three former units are known 

as positive displacement compressors and are typically used for lower tonnage applications 

that require a large lift in pressure in the system. A positive displacement unit operates by 

physically decreasing the volume of the chamber encompassing the refrigerant vapor. 

Centrifugal compressors are categorized as dynamic compressors and most commonly used 

in commercial and industrial applications that require a large capacity but a significantly 
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lower lift relative to the positive displacement types of units. Figure 3.1 shows the 

approximate packaged sizes available for each type of unit. 

 

 
Figure 3.1: Approximate Liquid Chiller Availability by Compressor Type [11] 

 

3.1.2 - Liquid Chiller Condenser Classification 
A condenser is classified based on the cooling medium used for the liquid chiller.  

The three most common condensers utilized are water cooled, air cooled and evaporative 

cooled (air and water) units.  Water cooled units operate under the sensible heating of the 

condenser water and can fall into the conventional description of a heat exchanger which 

include shell-and-tube, plate and frame, and concentric tube units as described in Section 2.3. 

These types of condensers are usually coupled by an evaporative cooling tower.  

Air cooled units involve the condenser coils exposed to the ambient air to undergo 

forced convection powered by a fan with the high pressure refrigerant circulating within the 

heat transfer tubes.  Due to the poor heat transfer provided by forced air flow, typically 

higher condenser operating pressures and larger heat exchanger areas are needed. Larger heat 

exchanger areas in the condenser result in much larger “flange to flange” cost for packaged 
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systems, as compared to water cooled systems, since these units commonly use copper as the 

heat transfer wall separating the fluids. Higher condenser pressures result in higher lift within 

the system.  Due to this large lift requirement, air cooled units tend to utilize positive 

displacement compressors as these devices can meet the larger operating pressure ratios.  

Air-cooled condensers are further categorized as plate-and-fin, integral-fin and micro-

channel constructions [11]. 

The final liquid chiller condenser type is known as the evaporative type condenser.  

In this construction, high pressure and temperature gases are passed within condenser coils 

exposed to the ambient conditions, much like an air cooled unit, but the exterior of the tubes 

are wetted by water sprayed above the coils.  At this same time, ambient air is blown or 

drawn across the tube bank to evaporate the water thereby providing an evaporative cooling 

mechanism.  These units fundamentally operate differently from air cooled units in that the 

driving ambient temperature for heat transfer becomes the wet bulb temperature as compared 

to the dry bulb temperature.  On a typical day, wet bulb temperatures are about 15-25oF 

lower than dry bulb temperatures [11].  This increase in temperature gradient provides a 

more effective method of heat rejection within a condenser.  Due to this more effective 

system, these units tend to be more compact than a conventional air cooled condenser.  Issues 

arise in the installation of evaporative condenser units when excessively high costs for water 

exist in drought prone areas.  Additional maintenance due to increased fouling by bio-films 

on heat exchanger surfaces as well as increased personnel training to operate the system may 

hinder the implementation of this system type.    

3.1.3 - Liquid Chiller Evaporator Classification 
Evaporators used in liquid chillers are classified as either flooded or dry type units 

and to what type of heat exchanger is utilized [11].  Flooded type evaporators are classified 

as those units in which the heat exchanger surfaces are exposed to refrigerant in the liquid 

state.  As the refrigerant flows through the heat exchanger it absorbs heat from the cooling 

liquid medium and evaporates to a saturated vapor.  Dry type evaporators are used for 
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applications in which superheated refrigerant is needed as saturated refrigerant vapor enters 

and leaves superheated.  Most packaged liquid chillers are most commonly equipped with 

flooded evaporator types.  Further classification of the evaporator involves the type of heat 

exchanger utilized. The most common type of heat exchanger for a packaged unit is a shell-

and-tube unit.  Other types of evaporators include plate-and-frame heat exchangers and 

double pipe (concentric) type heat exchangers.  Depending on the heat exchanger and to 

which side of the heat transfer surface the refrigerant flows, the boiling heat transfer 

characteristics can change significantly. 

3.2 - Liquid Chiller Pumping Strategies 
Once an understanding of how to classify a liquid chiller is met, it is necessary to 

develop a macroscopic view of a chiller system, specifically the most common pumping 

schemes use today. The two primary types of liquid chiller pumping strategies used to deliver 

chilled water to various loads in a central chilled water system include the Primary-

Secondary System and the Direct-Primary Pumping Scheme [12].  The Primary-Secondary 

scheme operates on the principle of utilizing two separate loops within the chilled water 

system, the primary loop to circulate water through the chillers at constant volumetric flow 

and the secondary loop to deliver variable chilled water flow from the primary loop to the 

load of the building.  This pumping strategy is the considered the most conventional layout as 

earlier chiller design required constant flow through the evaporator of the chiller.  Figure 3.2 

illustrates a Primary-Secondary loop: 
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Figure 3.2: Primary-Secondary Pump Schematic 

 

As can be seen in Figure 3.2, the primary loop pumps are constant speed units to 

maintain chilled water flows constant. Chiller manufacturers are wary of changing the flow 

significantly in order to maintain turbulent chilled water flow.  Primary loop pumps are sized 

for the dynamic head losses through the chiller and the fluid friction in the primary loop 

piping.  In the secondary loop, the pumps are variable frequency drive (VFD) units which 

allow variable flow as the various cooling loads decrease.  Given that a chiller system 

operates at maximum design load for approximately only 1% of the year, for the majority of 

the year the chiller system is operating at part load.  To allow the system to ramp down when 

the demand for chilled water decreases while maintaining constant flow through the chiller, a 

line known as the “neutral bridge” is installed.  This line in the chilled water circuit allows 

flow to bypass the various unloaded coils and sends the flow directly back to the chiller.  

Even though this line allows flexibility to how the overall Primary-Secondary system is 

controlled, this part load operation results in a phenomenon known as “Low Delta T 

Syndrome”.   
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Low Delta T Syndrome [12] occurs when chilled water bypasses the loads in the 

circuit at, for example, 42oF and mixes with 54oF returning from the loads served (a design of 

12oF change in chilled water temperature).  This mixing would result in about, for example, 

50oF returning to the chiller, 4oF lower than the design point and operation of the chiller.  

Low Delta T Syndrome results in overall reduced chiller capacity and increased overall 

power consumption within a central chiller system. In this example, a 4oF decrease in chilled 

water return results in 33% reduced capacity from design.  The most common causes of Low 

Delta T Syndrome include improper coil and valve selection, dirty air handler coils, plant 

supply and return chilled water mixing through the neutral bridge and mismatched coil 

design delta T’s resulting in varying return chilled water temperatures [12].   

The second central chilled water pump scheme that deserves mention is the Direct-

Primary Pumping Scheme. This single loop system is relatively more modern than the 

previous system as only recently have chiller manufacturers reached design capabilities that 

allow variable flow in the chillers themselves. Figure 3.3 illustrates a schematic for this type 

of pumping circuit.  

 

 
Figure 3.3: Direct-Primary Pump Schematic 

 

This system utilizes a single set of VFD pumps that circulate chilled water through both the 

chillers and the various loads in the system. Low Delta T Syndrome is not as big of an issue 
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with this scheme as minimal chilled water is bypassed around the loads due to the ability to 

vary the flow through the evaporator. The little flow that does by-pass the loads in the system 

requires the installation of a line known as the “minimal flow” line. Flow is sent through this 

line a very low chilled water demand periods to maintain a minimal flow, therefore, a 

minimal flow velocity through the evaporator to prevent flow from turning laminar.   

Benefits of the Direct-Primary layout include [12] a significant reduction in Low 

Delta T Syndrome, as compared to the Primary-Secondary System, which results in less 

energy consumption by the pumps and chillers as capacity of the chillers are not reduced.  

The Direct-Primary system is also significantly less capital intensive than the Primary-

Secondary System as only one set of pumps are required for operation instead of two and less 

piping is needed to circulate the cooling liquid.  Disadvantages [12] of the Direct-Primary 

Scheme include the requirement for much more advanced flow controls to avoid chiller 

shutdown when additional chillers need to be brought online, the requirement of a low flow 

bypass which results in a cap on potential energy savings as compared to the Primary-

Secondary control scheme and, lastly, limited engineering experience which require 

maintenance personnel to receive additional training when transitioning from the Primary-

Secondary pump scheme [12]. 

3.3 - Typical Air Handler Unit 
The primary goal for any Heating, Ventilation and Air Conditioning (HVAC) system 

is to maintain occupant comfort while also keeping process equipment cool (i.e. data center). 

In central chilled water systems, the primary equipment used on the demand side of an 

HVAC system is the air handling unit.  An air handler is responsible for the delivery of 

conditioned air, typically at around 55oF temperature during the summer months, to maintain 

the space at a certain temperature and relative humidity while also supplying sufficient 

outside air for occupants.  Figure 3.4 illustrates a basic layout for a typical air handling unit. 
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Figure 3.4: Typical Air Handler Layout [11] 

 

Relative to air flow, a combination of outside air and return air from the building 

envelope enter the air handler through various dampers.  These dampers are either 

electrically or pneumatically controlled and vary the flow of air into the air handler by 

opening and closing.  Upon entering the air handler, the two streams are mixed to develop 

more uniform properties in an air blender.  By mixing the streams, more effective 

conditioning is met to the supply air.  The flow continues into the filter area to remove 

airborne particles such as pollen from the outside air stream and dust from the return air 

stream.  The next stage in the air handler is the preheat coil which is supplied by hot water.  

The primary purpose of this coil is to raise the temperature of the air stream during the winter 

months as a large amount of outside make up air will result in the mixed stream temperature 

to fall below the freezing temperature of water.  If this pre-heat coil were not installed, an air 

stream would have the potential to freeze the water in the chilled water loop during the 

winter season causing the coils to rupture and require replacement. 
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The flow then is exposed to the chilled water coil where the air is de-humidified and 

cooled during the summer months.  The final coil is the re-heat coil.  The primary function of 

this coil is to re-heat the air stream during the summer months as the temperature of the air 

stream leaving the cooling coil is far below the desired supply temperature of 55oF and as 

primary heat in the winter.  This coil is also supplied by circulating hot water.  The final step 

in the conditioning of the air stream is the humidification process. Humidification is 

accomplished with the supply of saturated steam at low pressure which is directly injected 

into the air stream.  The flow is drawn through the air handler with a supply air fan which 

also sends the air stream to the zone for general heating or cooling of the space. 

Coils in an air handling unit are by convention sized for a constant change in 

temperature on the water side.  Holding the temperature change fixed leaves the rate of flow 

of the cooling/heating medium to vary to meet the increasing or decreasing space load.  This 

varying of water flow is met with the use of a two way control valve.  As the load for heating 

or cooling is decreased, the valves are closed preventing flow from entering the coil. In the 

Primary-Secondary loop, this results in a decrease in the operating speed of the pump which 

causes more flow to bypass into the neutral line.  In the Direct-Primary layout, the speed of 

the primary pumps is reduced thereby decreasing flow through both the coils and the chiller 

system. 
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Chapter 4  

Liquid Chiller Components and 

Operation 

4.1 - Refrigerant - Oil Mixtures 
4.1.1 - Refrigerants  

Refrigerants [10] are the working fluid in the vapor compression cycle that provides 

the medium to absorb and reject heat in a wide variation of applications. The most common 

classifications of refrigerants utilized in residential and commercial refrigeration applications 

fall into three types including chlorofluorocarbons (CFCs), hydrochlorofluorocarbons 

(HCFCs) and hydrofluorocarbons (HFCs).   The CFC and HCFC refrigerant types were the 

most commonly used until the 1980’s until it was determined that those particular fluids 

released chlorine radicals which had stratospheric ozone depleting characteristics and are 

therefore not environmentally safe.  CFC and HCFC refrigerants are due to be phased out 

subject to the Montreal Protocol [10].  The development of HFCs replaced the need for the 

former refrigerants which greatly reduced the environmental hazards associated with 

previous refrigerants.  The first HFC refrigerant to be developed and the most commonly 

utilized is R-134a. HFCs are still considered greenhouse gases and are, by law, required to 

undergo proper disposal when removed from refrigeration equipment.   

Refrigerants are selected based on favorable thermodynamic properties for a 

particular application, chemical stability at all points of cycle operation, environmentally 

benign and substance safety [10].  Thermodynamic properties of the refrigerant that are 

desirable include a high heat of vaporization, a boiling point below and near the operation 

temperature, high ideal cycle efficiency, high thermal conductivity and low viscosity.  Often, 
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a selected refrigerant cannot easily satisfy all the desired thermodynamic characteristics; for 

example, those refrigerants that have high ideal vapor compression cycle efficiency have a 

low vapor heat capacity.  To remedy this issue in precise engineering applications, it is 

common to use multiple refrigerants that act as an azeotropic mixture.  Since most 

commercial HVAC applications do not demand such strict design constraints, most 

equipment is designed for the use of a pure substance refrigerant such as R-134a. 

4.1.2 - Lubricants 
The primary role of a lubricant within a centrifugal chiller is to reduce friction 

between moving parts to prevent mechanical failure which include surface fatigue, adhesion, 

abrasion and corrosion [13]. Additional benefits of a lubricant include cooling the 

compressor as well as acting as a sealant between inlet and discharge vapors in positive 

displacement compressors. The most important property of a lubricant that is the primary 

driving force to a medium’s lubricity is viscosity. Viscosity is defined as a fluid’s resistance 

to flow and can be expressed as dynamic or kinematic, relating one to the other knowing the 

density of the fluid.  Another important property of a lubricant is its solubility, or miscibility, 

with the refrigerant operating in the cycle. The miscibility of a liquid mixture describes how 

readily the substance occurs as a homogeneous mixture.  A measure of miscibility is 

typically given as the critical solution temperature (CST), where the CST is the temperature 

of a mixture which ceases to exist as a multi-phase substance.  Mixtures with a low CST 

homogenize more readily than those with a high CST. The greater the solubility in 

refrigerant-lubricant mixtures the less likely that run over oil from the compressor will 

become entrained within other sections of the vapor compression cycle.  

Early refrigerants had high miscibility with mineral oil lubricants which are classified 

by the molecular structure as paraffins, naphthenes, aromatics and nonhydrocarbons.  As 

HFC refrigerants began to replace chlorine refrigerants, it was found that these substances 

were not soluble with conventional mineral oils.  This issue brought arise the development of 

synthetic lubricants that are most commonly classified as Polyalkylene glycols (PAGs), 
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Polyalphaolefins (PAOs) and polyolesters (POEs). Just as refrigerants, there is no ideal 

lubricant that can provide all the desired characteristics for operation.  Additives are used to 

overcome shortfalls in the lubricant which can range from, but are not limited to, thermal 

stability improvers, rust inhibitors, anti-foam agents and oxidation inhibitors.  With additives, 

a lubricant can be a mixture of numerous components but, when considering performance, is 

generally considered a single substance [13]. 

The thermal and mechanical behavior of a refrigerant-lubricant mixture is an 

important consideration in the design stage of a liquid chiller as the properties of this mixture 

are significantly different from pure refrigerant or pure lubricant [13].  An example of this 

can be found in the evaporator as a refrigerant rich mixture with oil dissolved in the saturated 

liquid has a markedly lower latent capacity than that of a pure refrigerant.  The shell-and-tube 

heat exchanger evaporator and the centrifugal compressor must be sized to accommodate for 

these various short comings. 

4.1.3 - Centrifugal Compressor Oil Circulation  
In a centrifugal compressor, oil is delivered primarily to the thrust bearings, seals and 

the gear box used to transfer power to the impeller. The oil is circulated by a pump 

submerged in an oil sump located below the compressor unit.  This pump can either be 

driven by the compressor itself or by a separate electric motor. A crucial benefit of utilizing a 

dedicated motor uncoupled from the main drive allows satisfactory oil circulation at low lift 

periods.  After the discharge of the pump, the oil stream enters a heat exchanger where it 

undergoes heat rejection to a cooling medium, generally either condenser stream water or 

refrigerant circulated within unit itself. If refrigerant is used, the increase in required chiller 

capacity must be considered.  An emergency oil reserve is commonly installed above the 

compressor to act as gravity feed lubricant to the gear box during power failures as the 

compressor draws down to a halt.  During idle periods when the chiller is not in operation, 

refrigerant tends to migrate to the oil sump as the vapor pressure of the refrigerant is much 

higher than that of the oil and there is negligible temperature difference between fluids. A 
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large concentration of refrigerant in the lubricant can lower the overall viscosity of the 

lubricant as well as cause foaming of the oil sump upon startup.  This foaming can cause 

damaging effects to the oil pump due to cavitations.  Electric resistance oil heaters are 

installed in the oil sump to maintain the temperature of the oil around 150-170oF to prevent 

the migration of refrigerant into the sump. Figure 4.1 shows a typical oil circulation system 

for a centrifugal chiller. 

In all refrigeration compressors, there will be some amount of lubricant that will 

migrate beyond the compressor discharge.  In positive displacement compressors, oil 

separators are commonly used to minimize carry over which can be as much as 5% mass 

fraction of the total mixture [13].  In centrifugal compressors, the lubricant is not required to 

act as a sealant and therefore lubricant and refrigerant in direct contact is greatly minimized, 

but not eliminated.  Over time lubricant will gradually permeate through the seals and 

bearings to eventually reach the refrigerant stream.  The oil will continue into the high 

pressure condenser and, due to the desired high solubility with the liquid refrigerant, will 

dissolve and eventually enter the evaporator.  Since the refrigerant-lubricant mixture acts as a 

zeotropic substance, the oil will remain in the evaporator as the refrigerant vaporizes to a 

saturated vapor and returns to the compressor.  Under continuous operation, oil will 

gradually build up and can greatly adversely affect the performance of the evaporator as it 

essentially adds a layer of insulation thereby increasing thermal resistance to the heat transfer 

surfaces of the tube bundle [13]. 
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Figure 4.1: Typical Oil Supply and Return [14] 
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The most common method of oil reclamation in a packaged chiller utilizing a flooded 

evaporator involves the use of an oil eductor, also known as a jet pump.  An eductor operates 

under the principle of the venturi effect utilizing a converging-diverging nozzle.  This 

mechanism converts the pressure energy of a motive fluid stream into velocity.  As energy is 

conserved, there is a resulting pressure drop in the stream.  This decrease in pressure causes 

the suction of a separate fluid to enter the motive fluid and exit the eductor.  In chiller 

applications [14], the high pressure motive fluid is superheated refrigerant in the condenser.  

The high pressure stream is sent through the eductor which draws the oil off the surface of 

the refrigerant in the evaporator.  The outlet of the jet pump sends the refrigerant rich mixture 

to the oil sump where the oil droplets will remain and the superheated refrigerant will return 

to the inlet of the compressor.  Figure 4.2 illustrates the general layout of the eductor system. 

 
Figure 4.2: Centrifugal Chiller Oil Reclamation Eductor Layout [14] 
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The eductor system is in continuous operation as there is naturally a pressure 

differential during chiller operation.  During low lift conditions, the oil return effectiveness 

of the system is reduced as the pressure differential between the condenser and the 

evaporator is decreased. This will result in low oil return when ambient temperatures are low 

and is one of the reasons that manufactures often require a minimum inlet condenser water 

temperature to the chiller. Despite the inclusion of an eductor system, lubricant will gradually 

deposit in difficult to recover areas of the evaporator [15].  To maintain chiller performance it 

is recommended by manufactures to remove the tube bundle within the evaporator at least 

annually and clean the surfaces of the tubes. 

4.2 - Centrifugal Compressors  

4.2.1 - Centrifugal Compressor Operation 
Centrifugal compressors, also known as turbo compressors, are classified as dynamic 

machines as they continuously exchange angular momentum from rotating blades to steadily 

flowing fluid. These devices require high rotational speeds to effectively exchange 

mechanical energy into the operating fluid.  Since the flow in a centrifugal compressor is 

constant, these types of devices have a higher capacity for volumetric flow rate than positive 

displacement units. Typical capacity ranges for a turbo compressor are about 60 to 30,000 

cubic feet per minute of volumetric flow and rotational speeds between 1,800 and 90,000 

rpm [11] 

Flow of a vapor to be compressed enters the centrifugal compressor through either 

inlet guide vanes or flow dampers that are fixed within the compressor.  These mechanisms 

have a dual purpose in that they are the primary method for volumetric flow control and also 

direct the flow of the vapor onto the impeller of the compressor.  The vapor enters the 

impeller at the center of the unit and is spun at high velocities in the radial direction and exits 

at the tip of the blades. Figure 4.3 illustrates the component velocities of the flow through the 

compressor. 
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Figure 4.3: Impeller Exit Velocity Diagram [11] 

 

The vector c is referred to as the absolute velocity of the stream flow. The vectors cv 

and ui are designated as the tip speed and the tangential velocity of the fluid stream leaving 

the impeller, respectively. Vector b is the relative velocity of the stream exiting the blades.  

The high velocity vapor then enters a vaneless diffuser which dramatically slows fluid. The 

reduction in velocity of the stream converts the kinetic energy of the fluid into internal 

energy.  This rise in internal energy results in a higher fluid pressure and temperature.  

Centrifugal compressors have the flexibility to have multiple stages for a desired application.  

In this case, the flow exits the impeller of the previous stage and enters a return channel 

which directs flow into the second stage of compression.  This return channel can take on the 

role of a set of fixed flow straightening vanes or an additional set of adjustable inlet guide 

vanes. For multi-stage compression, the return channel also acts as a stage of inter-cooling 

for higher efficiency compression.  The installation of additional stages of compression has 
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the advantage of allowing the flow in the refrigerant circuit to serve multiple processes at 

different operating temperatures. For high lift refrigeration processes, centrifugal 

compressors may have as many as 10 stages. 

Capacity control within a centrifugal compressor can be accomplished by a number of 

means including speed variation, pre-rotation vanes, suction throttling, adjustable diffuser 

vanes, movable diffuser walls, impeller throttling sleeves or a combination of these control 

parameters [11].  The most common method of compressor control is the combination of 

speed variation and pre-rotation vanes.  A compressor that is controlled solely by speed 

variation has the capability to reduce flow through the unit at low loads.  The downfall to this 

sole method of control results in two problems.  The first is the exponential decrease of head, 

h, generated by the compressor with a linear decrease in speed, N, as can be seen by the 

following affinity law given as follows: 

 

  (3.1) 

 

The result of this law will cause insufficient lift in operation pressure and temperature 

in refrigeration applications during low flow periods.  The second issue with only speed 

control is at low speeds, resulting in low flow, a phenomenon known as “surge” will occur.  

Surge is described as an occurrence when the vapor flow oscillates in the tangential direction 

relative to the impeller direction [11]. Surge is a serious problem in the operation of 

compressors as it will damage the impeller blades in the compressor and also cause the drive 

to the compressor to oscillate speed which has the potential to be very damaging to the drive 

and highly dangerous. To avoid surge using only speed variation, hot gas bypass is utilized.  

Hot gas bypass is the diversion of compressed high temperature gases from the condenser of 

the vapor compression cycle to the evaporator to maintain a minimum flow through the 

compressor at minimal loads [11]. 
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A more effective control that can be added to speed variation to avoid the issues of 

low lift and the occurrence of surge is the installation of inlet pre-rotation guide vanes. As 

mentioned previously, the role of this mechanism is to reduce flow to the compressor and to 

direct flow onto the impeller blades.  To reduce flow without decreasing the speed of the 

compressor, the dampers close to decrease the inlet flow of vapor into the compressor.  To 

reduce surge at these low capacities, the vanes will direct the flow of refrigerant in the 

rotation direction of the impeller blades.  At high load, the vanes will open completely 

reducing the dynamic head loss of the circuit, maximizing flow. 

4.2.2 - Centrifugal Compressor Drives 
Centrifugal compressors may be driven by a motor, turbine or an engine [11].  In 

most packaged commercial chillers, the most common selected drive is an electric motor.  

The electric motor may further be categorized as either a hermetic unit or an open unit.  The 

primary difference between this classification is that a hermetic unit is cooled by the 

refrigerant circuit it is driving while the open motor drive is cooled by the equipment room is 

it located.  These electric motors can be either fixed speed or variable frequency drives 

(VFD).  A fixed speed AC motor with several sets of poles can be set to a constant speed 

based on the selected operating frequency of the motor at constant voltage.  A variable 

frequency drive operates with a higher flexibility compared to a fixed speed drive as the 

control varies the frequency and voltage input to the motor drive to allow variation in the 

speed of the compressor. This variation in the voltage also results in a lower power draw by 

the drive allowing the compressor to operate more efficiently at low loads as compared to a 

fixed speed drive. 

4.3 - Flooded Evaporators 

4.3.1 - Construction 
An evaporator’s primary role in a vapor compression cycle is the absorption of the 

heat rejected from the chilled water stream to provide a cooling effect that will be used for 
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either space air conditioning or some specific process that requires cooling.  The most 

common evaporator type for a centrifugal liquid chiller is the flooded type unit, which can 

also be referred to as a liquid cooler. Conventional construction for this unit is a shell-and-

tube type heat exchanger with the tube bundle submerged completely in saturated liquid 

refrigerant with chilled water flowing within the tubes [11]. The shell side refrigerant flow 

enters the bottom of the vessel as a saturated liquid-vapor mixture with a single pass where 

the saturated liquid undergoes a pool boiling phenomenon converting to a saturated vapor 

and exits the top of the heat exchanger. Chilled water flows through the tube bundle with the 

number of tube passes a multiple of 2 (i.e. 2, 4, 6).  The tube bundle generally runs 

horizontal. Figure 4.4 illustrates a layout of a flooded shell-and-tube evaporator. 

 

 
Figure 4.4: Flooded Shell-and-Tube Type Evaporator with 2-Pass Tube Bundle [11] 

 

In addition to the general construction of the flooded evaporator, a large component 

to the design of this equipment is the size and type of tube utilized which acts as the primary 

heat transfer surface.  Since the tube bundle is the primary heat transfer for the unit, the 

bundle must be designed to meet certain design parameters including the overall area and 

thermal conductivity needed for heat transfer, a design velocity of the chilled water flow 

through the tube as well as a tube surfaces that augment the heat transfer due to boiling. The 

most common tube type used in most packaged chiller units is made of copper material with 
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common outer diameters to measure either 0.75 or 1.0 inches in size [16].  The surfaces of 

these tubes are considered enhanced surfaces in that they are designed specifically to increase 

the heat transfer performance of the boiling mechanism.  Common design channels for the 

surfaces include triangular, rectangular or circular.  The inner surface of the tubes is also 

augmented by machining rotating grooves into the surface.  These grooves increase the 

turbulence of the internal water stream thereby further increasing overall heat transfer in the 

heat exchanger [16].   

4.3.2 - Operation and Control 
The fundamental control of a liquid chiller is accomplished with a temperature sensor 

installed on the supply of the chilled water circuit leaving the chiller. As the temperature of 

supply chilled water is increased, the sensor sends either a pneumatic or an electronic signal 

to the control circuit of the compressor modulating the capacity of the compressor, increasing 

refrigerant flow through the entire unit.  This results in an increased refrigerant mass flow 

rate which increases the capacity of the evaporator cooling capability.  As the temperature of 

the supply chilled water stream begins to fall below the desired set point, a signal is sent to 

the compressor to decrease speed and/or close the modulating the pre-rotation to reduce 

capacity thereby reducing refrigerant flow through the unit and the cooling load [11]. 

4.3.3 - Pool Boiling Mechanisms and Correlations 
Boiling heat transfer is a crucial phase change phenomenon that greatly impacts the 

operation and effectiveness of a flooded evaporator. Boiling is a unique two-phase heat and 

mass transport mechanism that depends on the flow regime, thermodynamic and transport 

properties of both the fluid and vapor substances as well physical characteristics of the heated 

surface including the roughness and the wetted perimeter of the area.  The boiling regime of 

the phase change phenomenon is primarily a function of the temperature gradient between 

the surface of the heat exchanger wall and the fluid and the magnitude of the heat flux.  

Figure 4.5 graphs the varying boiling regimes that are observed. 
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Figure 4.5: Characteristic Pool Boiling Curve [10] 

 

Pool boiling begins in the first regime known as “interface evaporation” where the 

heating surface, which is near the saturation temperature of the fluid, circulates superheated 

fluid to the free surface where evaporation occurs.  The boiling curve continues into second 

regime entering the nucleate boiling stage.  At this point, the heating surface has reached a 

temperature a few degrees higher than the saturation temperature of the fluid and bubbles 

begin to rise and condense in the superheated liquid region.   As the surface temperature is 

increased, the curve enters the third regime and the developing bubbles being to agitate the 

superheated liquid region and increase the turbulence of liquid flow to the free surface 

thereby decreasing heat transfer resistance. At some point, the increased surface temperature 

will result in the formation of a “blanket” of vapor and effectively provide a limit to the 

amount of free flowing superheated liquid to the surface.  This limit to the circulation of 

superheated liquid maximizes the heat flux profile of the boiling mechanism.  This maximum 

point, a, is commonly known as the burnout heat flux or the boiling crisis point as the 

temperature of the heating surface will immediately jump to point c in Figure 4.5 and could 

be catastrophic to operating equipment [10]. 
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To avoid the jump from point a to point c, equipment with the capability of 

moderating the temperature surface is needed to enter the fourth regime known as the 

transition boiling regime.   In this stage, the liquid region falls onto the heated surface and is 

repulsed by an explosive burst of vapor.  Increasing the temperature further results in the fifth 

regime which produces an inflection point for the magnitude of heat flux as the film boiling 

region adds a vapor limiting layer of insulation and prevents circulation of superheated 

refrigerant to the surface of the equipment. In the sixth regime, radiation of the equipment 

begins to play a tremendous role of heat transfer as the heat flux due to radiation is a function 

of the surface temperature to the fourth power [10]. 

It can be understood from the overview in Figure 4.5 that flooded evaporators are 

designed to operate in the third regime as the nucleate pool boiling provides the greatest 

amount of heat flux for the minimum required temperature gradient.  To predict the 

theoretical performance of an evaporator under certain operation conditions, the heat transfer 

coefficient to, href, must be determined. The most widely accepted correlation to approximate 

the heat transfer coefficient for the nucleate pool boiling for all fluids, except water and 

helium, was determined by Gorenflo as follows [10]: 

 

 /
/

.
 (3.2) 

 

This equation uses a reference heat transfer coefficient, ho, for the fixed conditions of a 

specific fluid with a reduced pressure, pro, at 0.1, a surface roughness, Rpo, of 0.4 μm and 

undergoing a reference surface heat flux, (q/A)o, of 6,300 BTU/hr*ft2.  The pressure 

correction factor, FPF, is given as: 

 

 1.2 . 2.5  (3.3) 
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Where the reduced pressure of the fluid is denoted by pr and determined using the following 

relation: 

 

  (3.4) 

 

Here, p is the operating pressure of the refrigerant and pcrit is the critical pressure of the 

respective fluid. The effect of reduced pressure on the exponent nf for the heat flux is given 

as: 

 

 0.9  0.3 .  (3.5) 

 

The operating surface roughness, Rp, is commonly estimated to be 1 μm when the value is 

unknown. This correlation only approximates the heat transfer coefficient for a single non-

augmented surface that is entirely wetted, or submerged, in saturated liquid refrigerant.  

There are a wide number of variables that affect the true overall heat transfer coefficient for a 

tube bundle in a flooded evaporator.  These outside operation anomalies include but are not 

limited to: vertically varying mixture quality and wetted perimeter for horizontal flooded 

evaporators, added turbulence on the tube bundle due to saturated vapor entering the bottom 

of the shell and greatly varying enhanced tubular surfaces that are designed to augment the 

heat transfer in nucleate pool boiling.  Due to the great number of outside variables, it is 

difficult to determine a “one size fits all” correlation that will match a wide number of 

flooded evaporator applications as has been determined for refrigerant boiling in a tubular 

pipe which can be held at closely controlled conditions. 

Research conducted by Robinson and Thome [16] includes a large database of past 

experimentation of three refrigerants, R-134a, R-507A, R-410A and the measurement of each 

respective heat transfer coefficient on a Turbo-Bii_HP tube bundle developed by Wolverine 

Tube, Inc. while undergoing nucleate pool boiling.  The Wolverine Turbo-Bii_HP tube, 
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similar to the tube as pictured in Figure 4.6, had a root diameter of 0.688 inches, an outside 

diameter of 0.736 inches and an inside diameter of 0.632 inches.  The tube bundle had a 

0.875 inch triangular pitch.   

 

 
Figure 4.6: Wolverine Turbo-Biii_HP Tube Product [16] 

 

The resulting correlation to determine the overall heat transfer coefficient, hbundle, from the 

experimental data is given as follows: 

 

  (3.6) 

 

Where hnb is the local nucleate pool boiling heat transfer coefficient of a single tube, Fp is the 

reduced pressure correction factor in terms of pr and a void correction factor given as F . The 

local nucleate boiling coefficient for refrigerant R‐134a is given as: 

 

 30,944 .  3.7  
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Where q is the operating heat flux in the evaporator in W/m2.  The reduced pressure 

correction factor is given to be: 

 

 1.41 2.66  (3.8) 

 

Lastly, the void correction factor is given to as: 

 

 1.15 2 0.4  (3.9) 

 

As can be seen from Equation (3.9), the void correction factor is a maximum at a value of 

0.4.  This correlation is recommended specifically for refrigerant R-134a and not expected to 

be used to extrapolate correlations with values that do not fall within heat flux values ranging 

from 8-64 kW/m2, vapor quantities ranging from 8 to 78% and void fractions ranging from 

0.16 to 0.85.  The predicted heat transfer nucleate pool boiling coefficient was measured to 

be within +/- 20% of experimental values using this correlation. 

4.3.4 - Effect of Oil on Nucleate Pool Boiling 
Unlike the ideal vapor compression cycle, in actual chiller operation the working 

fluid is a combination commonly of refrigerant and lubricant.  As determined previously, no 

oil recovery system is fully sufficient at reclaiming oil that is carried over from the 

compressor and therefore is deposited within a flooded evaporator.  In 2001 [17], an 

experiment was carried out by the National Institute for Standards and Technology (NIST) 

which investigated the effect of lubricant presence on pool boiling evaporation of the 

refrigeration medium R-134a on a single enhanced surface product known as Turbo-BII-HP. 

Kedzierski compared pool boiling characteristics of twelve different R-134a/lubricant 

mixtures and pure R-134a on a Turbo-BII-HP surface.  The test groups included four 

different polyolester lubricants (POEs) of three different mass fractions under 4%.  

Kedzierski’s findings suggest that there were three primary lubricant characteristics that 
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greatly affected R-134a pool boiling: the mass concentration of the oil in the mixture, the 

bulk lubricant viscosity and the miscibility of the refrigerant/oil mixture.  

In his research and experimentation, Kedzierski discovered that in the pool boiling 

mechanism, pictured in Figure 4.7, a region designated as the lubricant excess layer existed 

at the heated wall interface that had a higher concentration of lubricant than that of the bulk 

refrigerant/oil fluid. The results of the experiment have shown that this effective boundary 

layer played a huge role in pool boiling characteristics and dictated the magnitude of heat 

transfer between the heated surface and the refrigerant/oil mixture. 

 
Figure 4.7: Pool Boiling Mechanism [17] 

 

Results found by Kedzierski have shown that across all lubricant/R134a mixtures, 

there was noticeable boiling heat transfer enhancement for lubricant mass fractions of up to 

0.5% and generally decreased after this threshold was passed.  Other findings indicated that 

the mixture with the lowest miscibility (or high CST) and the highest lubricant viscosity, 

keeping lubricant mass fraction constant, resulted in overall heat transfer increase of 100% 

+/- 20% when compared to pure R134a.  In contrast, the mixture with the highest miscibility 

and lowest lubricant viscosity resulted in a heat transfer rate of only 45% +/- 9% of pure 

R134a [17].   
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Kedzierski provided a mechanistic interpretation of the results to provide better 

understanding of the pool boiling phenomenon. The primary mechanisms that drive pool 

boiling heat transfer are individual bubble sites and bubble diameter.  The larger and more 

numerous these sites the more superheated liquid is circulated to the free surface to 

evaporate; however, bubble diameter has a larger impact on heat transfer than the site 

density. Kedzierski explains that the excess layer with larger lubricant concentrations 

increased bubble departure sites yet decreased the departing bubble diameters.  As the bubble 

diameters had a larger effect on the magnitude of heat flux than that of the site density, 

lubricant mass fraction increase led to an eventual degradation of heat transfer rate providing 

a maximum benefit to the mass fraction of oil in the mixture. Viscosity also played a 

significant role as the larger the viscosity of the fluid closest to the heated surface, as found 

in a lubricant rich medium, the thicker the thermal boundary layer.  A thicker thermal 

boundary layer resulted in more numerous bubble generation sites which caused increased 

heat transfer.  Lastly, the lubricant-refrigerant mixture acted as a nonpolar/polar mixture 

which resulted in the attraction of one to the other. As the bulk fluid temperature operated 

closer to the CST of the mixture, a lubricant rich layer began to form on the vapor bubble.  

This lubricant layer further attracted additional superheated liquid refrigerant to create films 

on the departing bubble further increasing superheated fluid circulation [17].  

This research was a crucial find as it determined that the conventional idea that the 

presence of lubricant in a liquid cooler reduces overall heat transfer is not always true. As 

Kedzierski explained, the very bulk fluid characteristics that promoted lubricant return to the 

oil sump negatively affected the nucleate pool boiling process in a flooded evaporator.  It 

should also be noted that the testing apparatus for this experiment was dramatically different 

from an actual flooded evaporative cooler.  In a flooded evaporator with a tube bundle not all 

the tube surface areas will be completely wetted by the liquid refrigerant as refrigerant that 

has already vaporized will cover a larger area of the tube runs as vapor quality increases 

vertically.  
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4.4 - Water Cooled Condensers and Evaporative Cooling 

Towers 

4.4.1 - Construction 
As previously stated in Chapter 2, the condenser’s primary role in a vapor 

compression cycle is the rejection of the theoretical sum of the heat absorbed from the chilled 

water in the evaporator and the heat of compression from the compression process to the 

ambient surroundings.  The most common condenser type for a centrifugal liquid chiller is 

the water cooled unit.  Conventional construction for this unit is similar to the flooded 

evaporator shell-and-tube type heat exchanger; however, the tube bundle is primarily 

exposed to saturated refrigerant vapor while also partially submerged in saturated liquid 

refrigerant with water flow through the tubes. The shell side refrigerant flow generally has a 

single pass that is whereas the number of tube passes can be a multiple of 2 (i.e. 2, 4, 6).  The 

tube bundle generally runs horizontally but can also run vertically. This vertical arrangement 

is least conventional as it results in poor condensate draining off the tube set due to larger 

condensate buildup at the base of the unit [11].   

Also similar to the flooded evaporator is the design of the tube bundle utilized which 

acts as the primary heat transfer surface.  The most common tube type used in most packaged 

chiller units is made of copper material with outer diameters of either 0.75 or 1.0 inches in 

size.  Integral fins are installed on the exterior of the individual tubes ranging in heights of 

0.035 to 0.061 inches with spacing of 19, 26 and 40 fins per inch [16].  These fins act as heat 

transfer modifiers as they greatly increase the area for heat transfer.  The exterior of the tubes 

are further machined to allow for greater removal of refrigerant condensate off the tubes to 

allow for greater condensation heat transfer.  The inner surface of the tubes is also augmented 

by machining rotating grooves into the surface.  These grooves increase the turbulence of the 

internal water stream thereby further increasing overall heat transfer in the heat exchanger 

[16].  Flooded condensers have a higher tube count than that of an evaporator as the 
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condenser is rejecting the addition of the heat of compression as compared to the evaporator 

which is absorbing only the energy from the cooling effect it provides. 

Evaporative cooling towers are commonly installed in tandem with water cooled 

condensers to act as the heat sink to reject energy to the ambient condition from the 

condenser water stream. Cooling towers operate on the principle of evaporation to provide 

the cooling effect on the condenser water stream very similar to the evaporative cooling 

condenser described in Section 3.1. The difference is that the evaporative cooling tower 

discussed in this section acts solely as the heat sink, not as the condenser.  Cooling towers are 

classified as either direct contact or closed circuit units [11].  Direct contact types are more 

prevalent as the direct evaporation of the condenser water stream in the ambient air provides 

a more effective heat rejection process due to significantly increased surface area.  Further 

classifications of evaporative cooling towers include induced draft or forced draft air flow.  

Induced draft fans draw air up through the cooling tower whereas forced draft units blow the 

air stream up through the unit. Figure 4.8 illustrates the layout of a direct contact type 

evaporative cooling tower. 

 



 
 
 
 
52 

 
Figure 4.8: Direct Contact Evaporative Cooling Tower [11] 

 

4.4.2 - Operation and Control 
The operation of the condenser is accomplished by the control of the two streams 

involved in the transfer of heat.  On the refrigerant side, the superheated vapor undergoes 

sensible and latent heat rejection into the condenser water flowing through the tube bundle.  

The flow of the liquid refrigerant leaving the condenser to the evaporator is typically 

controlled by a sensor that reads the level of the refrigerant in the unit and maintains the 

condenser at a set level by means of a variable orifice.  This orifice can vary from fully open 

to fully close depending on the rate of flow from the compressor.  Maintaining a set level of 



 
 
 
 
53 

saturated liquid refrigerant allows the condenser to perform sub-cooling. Sub-cooling refers 

to the further sensible heat rejection of the refrigerant to cool the medium some magnitude 

below its saturated temperature at the operating pressure.  For packaged chillers with shell-

and-tube condensers, typical sub-cooling of the refrigerant is about 2oF below saturation 

temperature.  Sub-cooling prevents “starving” of the evaporator which refers to saturated 

vapor entering the thermal expansion valve resulting in the superheated vapor within the 

lower operation pressure of the evaporator. The production of excessive superheated vapor 

causes higher mass flow rates of refrigerant to bypass the evaporator and immediately returns 

to the compressor.  This phenomenon reduces the latent capacity of the evaporator thereby 

reducing the overall cooling capacity of the chiller. If sub-cooling is employed within a 

condenser with multiple tube passes, it is best practice to construct the unit so that a portion 

of the first pass of the tube bundle is submerged in the condensate as the water stream will be 

at its lowest temperature entering the heat exchanger. An additional required safety control is 

high pressure switch that will open and interrupt the chiller main run circuit, effectively 

shutting down the chiller, if the pressure were to exceed the value described in ASHRAE 

Standard 15 [11].   

Operation of the cooling tower involves the circulation of the condenser water to 

reject the heat that is absorbed from the high pressure refrigerant by way of evaporation.  To 

maintain the temperature of the return water stream to the condenser, a thermostat is installed 

within the sump of the cooling tower.  As the temperature of this sump increases above a 

certain set point, a fan will begin to operate to increase the air flow through the tower.  This 

will result in a decrease in the of the sump temperature.  The draft system for a cooling tower 

can have multiple control schemes.  The most common method is an on/off drive for the 

motor that drives the fan system.  Other more energy efficient methods of fan control include 

multi-speed settings or VFD drives which allow the fan to vary the rotational speed and air 

flow.  Energy savings from incorporating these more complex controls can be significant as 

the power draw by a fan is a function of the cube of the speed of the fan.  Cooling towers are 
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modular in that if additional capacity is needed due to an increase in the number chillers 

serving the chilled water system, additional cooling tower cells may be installed. 

4.4.3 - Maintenance 
Maintenance of a water cooled shell-and-tube type condensers and cooling towers 

requires the treatment of the condenser water stream to minimize various deposits building 

up on the interior of the tube heat transfer surfaces as well as in the cooling tower itself.  

Common particulate buildup includes mineral accumulation from solids left over from the 

evaporation of condenser water, dirt and grass due to the flow of outside air through the 

tower and biological contaminates [11]. To remove biological deposits throughout the 

system, various chemical treatments are utilized. The removal of the remaining scale deposits 

involves the periodic blowdown of the sump to drain as well as the physical shutdown of the 

unit to provide a thorough cleaning of the system.   The cleaning of the interior tubes within 

the condenser requires periodic removal of the tube bundle and the use of a scrubber to 

individually remove the buildup on the interior walls.  Additional maintenance can be 

conducted on the tube bundle during these times to replace ruptured tubes.     
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Chapter 5  

Previous Studies Related to Polarized 

Refrigerant Oil Additives 

5.1 - Performance Study Conducted by Oak Ridge 

National Laboratory  
The first credible experiment to determine the effectiveness of the polarized 

refrigerant additive product as outlined in 1990 patent was conducted at the Oak Ridge 

National Laboratory located in Oak Ridge, Tennessee [18].  The study was a dual experiment 

on a 15 year old, 3-ton packaged air-to-air heat pump which investigated the effect of a 

condenser spray device and a polarized refrigerant additive on energy efficiency of the unit, 

the latter of which will be the primary focus of this review. The heat pump was placed in an 

environmentally controlled atmosphere with the condenser side kept at a consistent 95oF dry 

bulb temperature and the evaporator side of the unit kept at a dry bulb and wet bulb 

temperature of 80/67oF, respectively. Air flow on the evaporator side was maintained at a 

constant 1,120 cfm.  A baseline for the operation of the heat pump without the addition of the 

additive was developed as a reference (this was done prior to the testing and removal of the 

condenser spray device).  Three ounces were added to the heat pump, as per recommendation 

of the manufacturer and the system ran overnight to allow the additive to mix well 

throughout the unit.  Performance data on the operation of the unit was gathered over the 

next six days every 15 minutes.  An additional 1.5 ounces was added and tested for an 

additional day and on the ninth day an additional ounce was added and tested. At all points of 

data collection the heat pump operated in steady state. As can be seen in Table 5.1, results for 
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each addition of polarized additive showed no significant change in heat pump performance 

from the baseline performance.  

 
Table 5.1: Oak Ridge National Laboratory Polarized Additive Study Results [18] 

Ounces 
of 

Additive 

Total 
Electrical 

Power 
(Watts) 

Capacity (kBtu/h) Steady-
State EER 
(Btu/Watt)

cfm/ton 
Compressor 

Pressure 
Ratio 

Sensible Latent Total
0 5,485 23.2 8.7 31.9 5.82 422 4.12 
3 5,428 23.7 8.7 32.4 5.97 416 4.15 

4.5 5,403 23.3 8.7 31.6 5.86 423 4.29 
5.5 5,385 23.1 8.7 31.5 5.84 428 4.27 
 

 The investigators of the study expected this result. Previous research indicated that 

28% of the energy consumed by a heat pump is due to inefficiencies in heat exchanger 

performance. This is significant as heat exchanger performance affects heat transfer rates, 

which in turn affects evaporator and condenser operating temperatures and pressures thereby 

affecting compressor lift and work.  The majority of this loss can be attributed to the air side 

resistance to heat transfer, therefore a large improvement in refrigerant side heat transfer 

must be observed to make a significant difference in heat pump performance.  The 

investigators of this study recommended that a similar experiment be carried out on a liquid 

chiller to allow the refrigerant side heat transfer component to become a larger factor in the 

overall performance of the heat exchanger in the evaporator. Another consideration for a 

study similar to this experiment would be to vary the load on the heat pump to determine if 

the start up operating point of the unit would benefit more from the addition of the additive 

than full load steady state operation. 
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5.2 - Performance Study Conducted by the Florida Solar 

Energy Center 
The second notable study of a polarized refrigerant additive was carried out by the 

Florida Solar Energy Center (FSEC) in Cocoa, Florida [19].  This experiment investigated a 

product entitled PolarShield which was very similar in description to the additive in the 

ORNL study.  Developers of PolarShield claimed that the results found in the ORNL study 

of the 1990 patented product were misleading as the tested equipment always operated in 

steady state.  It was argued that the polarized additive works best in terms of operational 

efficiency when the equipment is starting up as it provides faster cool down of the evaporator 

and warm up of the condenser.  Since a typical air-to-air heat pump would operate in such a 

manner, constant loading and unloading, an experiment was needed to answer this remaining 

question. 

The experiment tested two different air-to-air heat pumps, a new 2.5 ton split (unit 

#1) unit and a 10.5 year old, 5 ton split unit (unit #2).  The units were used to condition a 

space controlled by a thermostat set at 75oF for the indoor temperature with the condenser 

side maintained at a constant 95oF.  An artificial load provided by indoor heaters would 

require the air conditioning units to operate on an 80-90% duty cycle. The spaces were 

maintained at a constant 50% relative humidity by a controlled humidification device for 

both the before and after test periods. Both test units were operated and measured for 12 days 

to develop a baseline.  Unit #1 received 0.5 ounces per ton and tested for another 12 days.  

Unit #2 received 0.5 ounces per ton and tested for 12 days.  After the initial 12 day additive 

test period for Unit #2, the additive manufacturer recommended that an additional 2.5 ounces 

be added for a total of 1 ounce per ton and tested for an additional twelve days. Results for 

the two units over each respective test period can be found in Table 5.2. 
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 Table 5.2: Florida Energy Solar Center Polarized Additive Study Results [19] 

Parameter 
Unit #1 Unit #2 - 2.5 ounces Unit #2 - 5 ounces 

% Change Result % Change Result % Change Result 

Daily Energy (kWh) 0.85% No Savings 5.05% No Savings 7.25% Uses More 

Daily Run Time (Min) 4.12% No Savings 3.37% No Savings 6.69% No Savings 

Duty Cycle (%) 4.12% No Savings 3.50% No Savings 6.76% No Savings 

Cooling (Btu/hr) 1.31% No Savings -4.93% Less Cooling -7.85% Less 
Cooling 

EER 2.12% No Savings -6.16% Lower EER -9.03% Lower EER 

Air Off Coil (F) -0.15% No Colder -0.33% Not Colder -0.46% Not Colder 

Start Up Demand (kW) 0.26% No Reduction 0.49% No Reduction -0.49% No 
Reduction 

Sound -0.17% Not Quieter 1.43% Not Quieter 2.19% Not Quieter 

 

As can be seen in Table 5.2, there were no significant energy savings related to the 

addition of the polarized additive as compared to the baseline operation for each unit with a 

confidence level of 95%. A negative percent value represents a decrease in the respective 

heat pump operating parameter from the baseline operation to the post installation operation. 

Addition of the additive in unit #2 actually saw a decrease in system performance in the 

categories of energy efficiency and air temperature off the coil.  With this result, the question 

of performance enhancement of a system in variable load due to the additive was answered 

and found negligible.  The remaining question that still requires investigation beyond this 

study is to what effect an additive such as this would have on a refrigerant to water heat 

exchanger, more specifically, a flooded evaporative cooler.  As the heat transfer resistance of 

water is much less than that of air, the margin for heat transfer enhancement would be more 

probable in a liquid cooler than a residential air-to-air direct expansion unit. 
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5.3 - NIST Study Supporting Polarized Additive in Liquid 

Coolers 
In a continuation of his previous study on the effect of lubricant on the nucleate pool 

boiling on an enhanced surface as discussed in Section 4.3.4, Kedzierski carried out a study 

on a chlorine free polarized additive, known as PROATEQ, with similar claims as the 1990 

patent [20].  His goals in this experiment were to determine if a polarized additive would 

significantly improve heat transfer related to pool boiling as well as if the additive did in fact 

displace oil build up on the surface as described in the patent using the knowledge of his 

previous accomplishments.  The experiment investigated two separate 

lubricant/refrigerant/additive mixtures including POE/R134a/additive and mineral 

oil/R123/additive on a plain copper surface submerged in liquid refrigerant heated by a hot 

water circuit.  

The results of the experiment relating to heat transfer performance can be found in 

Figure 5.1.  The x-axis refers to the heat flux when the surface was exposed to a 

refrigerant/lubricant mixture.  The y-axis is the ratio of the additive infused mixture heat flux 

as compared to the non-additive mixture.  A heat flux enhancement due to the additive is 

observed when the ratio is above unity. As can be seen in Figure 5.1, a maximum heat flux 

ratio occurred at approximately 1.95 for the R-134a/POE/additive mixture and began to fall 

below unity after a heat flux of approximately 45 kW/m2. The average heat transfer 

enhancement for this mixture was approximately 73% over the range of heat fluxes.  The 

R123/NMO/additive mixture stayed relatively close to the bench mark heat flux below values 

of 40 kW/m2 and began to degrade significantly after reaching this threshold with a 

maximum degradation of heat flux of 27%. 
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Figure 5.1: Heat Transfer Performance of Additive in NIST Study [20] 

 

Further investigation led to determine how the additive affected the oil rich excess 

layer on the heated surface.  Using a spectrofluorometer, Kedzierski determined that the 

additive, when compared to the baseline, increased the amount of oil on the heat transfer 

surface by 81% in the POE/R134a mixture.  With this result, Kedzierski developed an 

explanation as to why the additive increased lubricant surface density while also increasing 

heat flux.  Using capillary rise measurements to determine surface tensions for the lubricant 

and additive, Kedzierski found that when the liquid-vapor surface tension of the additive was 

greater than the liquid-vapor surface tension of the lubricant, a monolayer of the additive 

would develop on the heated surface acting as a barrier to separate the lubricant rich excess 

layer from that of the heat transfer surface.  As determined from Kedzierski’s previous study, 

the fluid closest to the heated surface primarily governs the nucleate boiling mechanism. 

When this monolayer of additive is developed it becomes a larger factor in the nucleate 

boiling characteristics than that of the lubricant.   
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Kedzierski noted that the viscosity of the additive was 45% greater than that of the 

lubricant in POE/R134a mixture which explained the significant increase in heat flux.  In the 

NMO/R123 mixture, since both the fluids were naphthenic based, not chemically dissimilar, 

it was hypothesized that a monolayer did not develop in that test.  Kedzierski concluded his 

second study noting that in order for an additive to successfully increase heat transfer it must 

satisfy three requirements: (1) the additive and the lubricant must be chemically dissimilar, 

(2) the liquid-vapor surface tension of the additive must be greater than that of the lubricant 

and (3) the viscosity of the additive must be greater than that of the lubricant [20]. The two 

former requirements are necessary for the monolayer of the additive to develop while the 

latter increases heat transfer. Kedzierski also noted that full scale chiller tests should be 

conducted to determine any change in chiller performance but that an increase in heat flux in 

the evaporator of the chiller does not necessarily guarantee an increase in chiller efficiency as 

there are a wide range factors that affect overall chiller performance.  These factors include 

but are not limited to the “tube bundle effect” not found in this current study as well as the 

enhanced surfaces that are typically found within a modern packaged chiller as compared to 

the flat copper surface analyzed in this study. 

5.4 - Previous Performance Chiller Study Investigating 

ColderFlow’s Refrigerant Additive 
A study conducted by Jake Walgenbach [21] investigated the effect of a polarized 

refrigerant oil additive as outlined in Section 1.3 on a liquid chiller.  The tested water cooled 

chiller was rated at a nominal cooling capacity of 450 tons with a single centrifugal VFD 

compressor utilizing R-134a refrigerant. Data collected on the chiller included the inlet and 

outlet operation temperatures of the chilled water and condenser water streams as well as the 

power consumption by the compressor. It should be noted that no volumetric flows were 

measured and it was assumed that the condenser water stream volumetric flow was a constant 

1,300 gpm for all data collection and analysis.  A baseline for chiller operation was taken 

from February 17th through the 26th, 2011. Post Colderflow installation data was taken from 
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March 23rd through April 8th, 2011. During these periods of operation, it was recommended 

to the chiller operators to run the chiller as normal. To reduce volatility within the data 

analysis to achieve constant inlet and exit stream temperatures for both chilled and condenser 

water, Walgenbach selected portions of the raw data for analysis, more specifically, February 

22nd through the 24th for the baseline period and two post installation data sets including 

March 27th through the 29th, “Post Colderflow Data Set 1”, and March 31st through April 2nd, 

“Post Colderflow Data Set 2”. 

Results from the Walgenbach’s data collection found minimal variation in the return 

temperatures for the condenser and chilled water.  As compared to the baseline, the 

maximum percent difference of the inlet condenser water temperature for both post 

installation periods was 5.05%.  When considering the chilled water return, the maximum 

percent difference was 2.00%. The results of his raw data collection allowed Walgenbach to 

neglect any variation in condenser and chilled water stream temperatures and isolate the 

effect the additive would have on chiller operation for all test periods. Walgenbach continued 

his analysis with the calculation of chiller efficiency at each data entry followed by the 

development of normalized operational data from the calculated data.  Figure 5.2 illustrates 

Walgenbach’s normalized chiller data. 
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Figure 5.2: Walgenbach’s Normalized Efficiency vs. Cooling Load [21] 

 

Without further analysis, it can be observed that there is a significant drop in the power 

consumed by the chiller per ton of cooling produced.  It was noted by Walgenbach that the 

percent difference between predicted values for efficiency observed in Figure 5.2 and the 

experimental values for efficiency were minimal. The maximum percent difference between 

the experimental values and the predicted values were 3.13% for the baseline data, 3.12% for 

the Post ColderFLOW Data Set #1 and 4.41% for the Post ColderFLOW Data Set #2. Table 

5.3 provides a numerical summary of the standardized data provided in Figure 5.2 for two 

cooling loads of 260 ton and 325 tons. 

As seen in Table 5.3, there was a statistically significant increase in the chiller 

efficiency between the baseline chiller operation and that of the post installation period with 

an average post Colderflow increase in efficiency ranging from approximately 10% to 

11.7%, depending on the load provided by the chiller.  Walgenbach concluded his study 

stating that even when considering the statistical disparity when comparing the baseline and 

post Colderflow periods, the scope of the study was limited in that as it was “difficult to find 

periods of consistent chiller operation to allow for an accurate analysis” and due to the “lack 

of extended periods of reasonably constant cooling load on the chiller within the data 
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collected greatly restricts the ability to draw reliable conclusions about the performance at 

other loads.” [21] 

 
Table 5.3: Walgenbach’s Normalized Chiller Efficiency (kW/ton) Results [21] 

260 ton Cooling Load 
Period Efficiency (kW/ton) % Increase in Efficiency

Baseline 0.534 / 
Post ColderFLOW Data Set 1 0.478 10.51% 
Post ColderFLOW Data Set 2 0.483 9.50% 
Average Post ColderFLOW  0.48 10.01% 

325 ton Cooling Load 
Period Efficiency (kW/ton) % Increase in Efficiency

Baseline  0.449 / 
Post Colderflow Data Set 1  0.393 12.48% 

Post Colderflow Data Set 2  0.400 10.91% 

Average Post Colderflow  0.397 11.70% 

 

Walgenbach also explained a significant variation in the cooling loads provided by 

the tested chiller and its significance [21]: 

“The variation in cooling load on the chiller during an hour of operation 

almost doubled after the Colderflow was added. The variation in [electric] 

current to the compressor nearly doubled as well. This tells us that the 

operating conditions after the product was added to the chiller became far 

more erratic.  Whether these changes are in any way related to the addition of 

the Colderflow or how they affect the chiller is unknown…from the data 

available it is not possible to identify the cause of increased operational 

inconsistency.” 
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Chapter 6 

Current Chiller Additive Study 

6.1 - Tested Chiller Construction and Type 
The chiller of interest was a York MaxE 2,000 nominal ton unit with dual variable 

frequency drive compressors which supplied chilled water to the facility to maintain 

manufacturing areas at a dry bulb temperature 68oF and a relative humidity of 35% during 

the cooling season. Relevant nameplate information is found in the following table: 

 
Table 6.1: Chiller Nameplate Information 

Name Plate  Value 
Model Number YD-XF-XA-J1-CZAS 
Wiring Diagram 035-18190-000 

Refrigerant 134a 
Volts 4,160 

Compressor Model YDHG-TT6930 

Evaporator Tube Description 182 (2 Pass) 

Condenser Tube Description 261 (2 Pass) 

 

In addition to the utilization of refrigerant R-134a, the chiller required the installation of 

York “K” lubricant which is synthetic oil.  The chiller oil circulation system was identical to 

the layout as described in Figure 4.1.  Lubricant reclamation was achieved with the use of an 

eductor system as described Section 4.1 with a similar layout as illustrated in Figure 4.2. The 

two compressors that were used to drive the unit were each single stage, driven by an open 

electric motor and capacity controlled with the use of pre-rotation vanes and a variable 

frequency drive.  When the chiller is serving a cooling load greater than 900 tons, both 
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compressors operate in “normal” mode which allowed both units to operate at equal load 

capacities.  If the load were to drop below 900 tons, the software will designate one 

compressor as “lead” and the other as “lag”. The lag unit will undergo a soft stop allowing 

the lead compressor to take on the full remaining load.  This operation allows the chiller to 

operate more efficiently at lower cooling loads [14].  

The condenser [14] was a shell-and-tube heat exchanger that was water cooled 

through the use of a direct contact cooling tower located on the roof of the building where the 

chiller was housed.  The condenser had a total tube count of 1,826 with outer diameters of 

0.75” inches and a wall thickness of 0.028 inches. The head-to-head length of the heat 

exchanger was 18 feet. The condenser has the capability of sub-cooling as the level of liquid 

refrigerant was monitored and controlled which was accomplished with the use of 140 tube 

runs submerged in liquid refrigerant. The evaporator was a flooded shell-and-tube heat 

exchanger. The evaporator [14] had a total tube count of 1,493 with outer diameters of 0.75” 

inches and a wall thickness of 0.028 inches. The head-to-head length of the heat exchanger 

was 18 feet.  Additional information on chiller performance curves as well as the condenser 

and evaporator heat exchangers, such as the type of enhanced tube surfaces and the fins per 

inch could not be obtained at the discretion of the manufacturer.  A picture of the tested 

chiller is given in Figure 6.1. 
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Figure 6.1: Tested Chiller [14] 

 

6.2 - Theoretical Effect of Fouling Reduction on Chiller 

Performance 

6.2.1 - Purpose and Procedure  
 A theoretical analysis was used to predict the estimated increase in COP for an ideal 

liquid chiller operating in an ideal vapor compression cycle with a reduction in thermal 

resistance on the shell side of the heat exchanger surfaces in the evaporator as was claimed 

by the developer of the product outlined in Section 1.3.  The information in this section was 

used as a reference for later experimental analysis to determine if the results were within 

reasonable magnitude. The procedure for this analysis required the determination of the 

baseline efficiency for a chiller with similar operation parameters as the actual chiller that 

was tested.  Assuming a constant cooling load provided by the chiller, the baseline “shell 



 
 
 
 
68 

side” heat transfer coefficient was isolated.  The calculations continued with an assumed 10% 

reduction in this baseline heat transfer coefficient and the overall impact a decrease in heat 

transfer resistance of this magnitude will affect the overall chiller efficiency.  

6.2.2 - Assumptions 
For all engineering problems, a crucial step to the analysis is the stating of the 

assumptions that will be used to simplify the overall problem and present to observers where 

possible errors may occur. The assumptions that were used in this analysis were based on 

research as outlined in previous sections.  The major assumptions were: 

• The theoretical chiller acted under the ideal vapor compression cycle as outlined 

in Section 2.2.  This includes isentropic compression, constant pressure heat 

rejection, etc. 

• Steady operating conditions exist. 

• Uniform properties of copper material (thermal conductivity) for the tube bundle. 

• The tubes within the evaporator were treated as plain tube geometry. 

•  The chilled water loop was considered to be completely water (no anti-freeze) 

with constant and uniform thermal and fluid properties at the selected temperature.  

The selected temperature was the average of the outlet and inlet of the chilled water 

stream to the flooded evaporator. 

• As previously outlined in Section 4.1, the presence of lubricant can affect the 

thermal properties of the selected refrigerant which can alter the operation of the 

chiller. For this analysis, it was assumed that the presence of the lubricant does not 

impact the properties of pure R-134a refrigerant, for example, the heat of 

vaporization or the saturated temperature for a given operating pressure. 

• All the tube surfaces underwent identical nucleate pool boiling mechanism, more 

specifically; it was assumed that the surfaces of all the tube runs will have an 

identical wetted diameter.  This is not typical in normal flooded evaporator operation 
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due to the mixture quality gradient that exists vertically in the shell side of the heat 

exchanger. 

• The oil fouling and the nucleate pool boiling heat transfer resistance coefficients 

were “lumped” together as previous research has determined that the two 

mechanisms were not de-coupled from one another. This lumped value will be 

referred to as the “shell side resistance.”   This is also necessary as critical design 

characteristics of the evaporator could not be obtained from the manufacturer, such 

as the surface enhancements on the external and internal surfaces of the tubes. 

6.2.3 - Given Values of Theoretical Operation 
The construction of the theoretical chiller was identical to the tested chiller as 

outlined in Section 6.1. The given operation cooling load, QL, of the chiller was chosen to be 

1,300 tons. This was a typical load of the tested chiller as will be found later in the study.  

The selected chilled water supply temperature, TCHWS, by the chiller was chosen to be 42oF, 

which was also typical of actual chiller operation, with a return chilled water temperature, 

TCHWR, of 52oF.  The thermal properties of water at 47oF are given in Table 6.2. 

 
Table 6.2: Chilled Water Thermal Properties at 47oF [8] 

Parameter Value 
Kinematic Viscosity, v 

(ft2/sec) 1.48 x 10-5

Prandtl Number, Pr 9.27 
Thermal Conductivity, kCHW 

(BTU/hr-ft-F) 0.3385 

Specific Heat, cp  
(BTU/lbm-F-hr) 1.00 

Density, ρ  
(lbm/ft3) 62.4 

 

The thermal conductivity of copper, kCu, was given as 213 BTU/hr-oF-ft [8]. The initial 

operation states of the pure refrigerant R-134a that were used in this theoretical analysis were 
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chosen based on the recorded chiller data on the day data loggers were installed on the tested 

chiller. The values for the various states were found using Engineering Equation Solver 

(ESS) [22].  The thermodynamic states for the initial properties of pure R-134a are given in 

Table 6.3. 

 
Table 6.3: Baseline Theoretical Pure R-134a Thermal Properties [22] 

Parameter State 1 State 2 State 3 State 4 
Pressure, P 

(psia) 47.7 114.7 114.7 47.7 

Temperature, T 
(oF) 37.8 93.5 87.6 37.8 

Enthalpy, h 
(BTU/lb) 108.50 116.32 40.80 40.80 

Entropy, s 
(BTU/lb*F) 0.2221 0.2221 0.0841  0.0860 

Physical State Saturated 
Vapor 

Superheated 
Vapor 

Saturated 
Liquid 

Saturated 
Liquid/Vapor

Location Leaving 
Evaporator

Compressor 
Discharge 

Leaving 
Condenser

Entering 
Evaporator 

6.2.4 - Theoretical Analysis  
The initial step was to determine the overall cycle efficiency given the parameters as 

listed in Section 6.2.3.  With a cooling load of 1,300 tons, or 15,600,000 BTU/hr, the 

baseline mass flow rate of refrigerant, , through the cycle was determined by 

conducting an energy balance around the evaporator as depicted in Figure 2.2 and utilizing 

the following equation: 

 

  (6.1) 
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The subscript B refers to baseline operation and the numerical subscript refers to the state of 

the refrigerant as listed in Table 6.3.  Inserting values from Table 6.3 into Equation (6.1), the 

initial mass flow rate of refrigerant was found to be: 

 

 , ,  /

. .
230,411 /  

 

The power consumption by the compressor to drive the cycle was determined using an 

identical approach for the compressor as was conducted for the evaporator results in the 

following equation: 

 

  (6.2) 

 

The power consumption of the theoretical chiller in the base operation was found to be: 

 

 230,411 116.323 108.501  

1,802,505 573.4   

 

The chiller operating efficiency is expressed in the conventional manner and determined as 

follows: 

 

    
   

  (6.3) 

 

The baseline chiller efficiency was calculated as follows using Equation (6.3): 

 

   .  
,  

0.441 /   
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With the baseline chiller efficiency found, the next step in the analysis required the 

determination of the baseline shell-side heat transfer resistance coefficient as this term was 

reduced for further evaluation.  The overall heat transfer for the evaporator heat exchanger, 

UAB, was found using Equation (2.6).  The correction factor F becomes unity as the 

refrigerant within the evaporator is undergoing phase change. The log mean temperature 

difference for the heat exchanger was determined using Equation (2.8) and temperature 

values for the chilled water and the refrigerant as follows: 

 

 . .
.

.

18.86   

 

The overall heat transfer coefficient, (UA)B, for the evaporator in the baseline operation was 

found, knowing the cooling load and log mean temperature difference, using Equation (2.6) 

as follows: 

 

 
, ,

.
827,009   

 

The inverse of this value, (1/UA)B, which was the overall thermal resistance of the heat 

exchanger is therefore 1.21 x 10-6 hr-oF/BTU.  Substituting the relevant notation into 

Equation (2.7), the equation for the overall heat transfer resistance in this application 

becomes:  

 

 ,  (6.4) 
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It should be noted that for a conventional liquid shell-and-tube cooler, no fouling is typically 

considered on the inner surface of the heat transfer area [11]; therefore, this term was 

negligible in the analysis and not considered in Equation (6.4). In Equation (6.4), the 

subscript CHW refers to the chilled water heat transfer coefficient and o refers to the outer 

surface of the tubes.  The thermal resistance due to oil and the nucleate pool boiling 

mechanism was “lumped” together and Equation (6.4) reduces to the following relation: 

 

  (6.5) 

 

The thermal resistance of the entire copper tube wall, Rw, was determined using Equation 

(6.6) given as follows: 

 

  (6.6) 

 

Where Do is the outer diameter of the tube, Di is the inner diameter, n is the number of 

horizontal tube runs, k is the thermal conductivity of copper and L is the horizontal tube 

length, which in this case is will be modeled to be the length of the shell.  Utilizing the 

geometric dimensions as outlined in Section 6.1, the thermal resistance of the tube for the 

entire bundle was calculated as follows: 

 

 
.  

.  
,   

2.16  10     

 

To determine the thermal resistance contribution due to the chilled water flow, 1/hCHW, the 

Reynolds number for the stream must be determined.  The total mass flow rate of chilled 
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water per tube was found rearranging Equation (2.5) and chilled water data found in Table 

6.2 as follows: 

 

  , ,  /

.   
2,090   

 

Converting the mass flow rate to volumetric flow rate, using the density water, the flow rate 

became 0.0093 ft3/s.  Dividing the volumetric flow rate by the internal tube area of 0.002627 

ft2, the flow velocity within each tube, U, was 3.54 ft/s.  The Reynolds number for internal 

fluid flow within a circular cross section was found using the following equation: 

 

   (6.7) 

 

Installing the respective values for Equation (6.7) yielded: 

 

  .  .  /
.  /

13,838  

 

The Nusselt Number for fluid flow within a tube undergoing cooling was found utilizing the 

Dittus-Boelter equation [8]: 

 

  0.023 /  (6.8) 

 

The value for n was 0.3. Plugging in the respective values for Equation (6.8) yielded: 

 

  0.023 13,838 / 9.27 . 92.2 
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The heat transfer coefficient for the internal tube flow, hCHW, was found using the following 

equation: 

 

   (6.9) 

 

The chilled water side heat transfer coefficient was found to be  

 

  
. .

.  
539.6   

 

The heat transfer surface area, ACHW, was calculated as: 

 

 п  п 0.05783 18 / 1,493 4,883   

 

The inverse of the product of hCHW and ACHW, (1/hA)CHW, resulted in a value of 3.8 x 10-7 hr-

ft/BTU.  The baseline shell side thermal resistance was determined by rearranging Equation 

(6.5) as follows: 

 

 1.209  10   3.8  10  2.16  10   

 8.27  10    

 

Assuming a 10% reduction in baseline thermal resistance on the shell side, the proposed shell 

side thermal resistance was found as follows: 

 

 8.27  10 90%  7.45  10   
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The proposed overall heat transfer resistance coefficient for the evaporator, (1/UA)P, was 

determined using the following equation:  

 

  (6.10) 

 

The proposed overall heat transfer resistance was calculated as follows using Equation 

(6.10): 

 

  3.8  10 2.16  10 7.45  10   

 1.126  10   

 

The inverse of this value resulted in the proposed overall heat transfer coefficient, (UA)P, for 

the entire evaporator heat exchanger which was found to be 887,762 BTU/hr-oF. Maintaining 

the same cooling load of 1,300 tons, the proposed log mean temperature difference was 

determined to be 17.57oF using Equation (2.6).  Implementing Equation (2.8), the new 

operating temperature of the evaporator was found to be 38.31oF.  Using ideal vapor 

compression cycle relations with the proposed evaporator temperature at State 1, the 

proposed pure refrigerant R-134a states are found in Table 6.4. 

 

 

 

 

 

 

 



 
 
 
 
77 

Table 6.4: Proposed Theoretical Pure R-134a Thermal Properties [22] 

Parameter State 1 State 2 State 3 State 4 
Pressure, P 

(psia) 48.2 114.7 114.7 48.2 

Temperature, T 
(oF) 38.3 93.4 87.6 38.3 

Enthalpy, h 
(BTU/lb) 108.57 116.30 40.80 40.80 

Entropy, s 
(BTU/lb-F) 0.2221 0.2221 0.0841  0.0860 

Physical State Saturated 
Vapor 

Superheated 
Vapor 

Saturated 
Liquid 

Saturated 
Liquid/Vapor

Location Leaving 
Evaporator

Compressor 
Discharge 

Leaving 
Condenser

Entering 
Evaporator 

 

The new refrigerant mass flow through the circuit, , was found utilizing the proposed 

refrigerant operating parameters found in Table 6.4 as follows using Equation (6.1): 

 

 , ,  /

. .
230,180 /   

 

The proposed work provided by the compressor, , was calculated to be: 

 

 230,180 116.304 108.569 1,780,444  

 566.49   

 

Dividing the proposed compressor power by the provided cooling load as follows resulted in 

the proposed chiller efficiency as follows: 

 

   .
,  

0.436 /   
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The increase in the cycle efficiency was determined by implementing the percent difference 

equation as follows: 

 

   1    
  

  100% (6.11) 

 

Therefore, the percent increase in cycle efficiency for this analysis was calculated to be: 

 

   1  .  /
.  /

  100% 1.21 % 

6.2.5 - Theoretical Analysis Results 
From the theoretical analysis it was determined that with a 10% reduction in the shell-

side thermal resistance within the evaporator, the overall power consumption by the ideal 

cycle was reduced 1.21% and occurred primarily due to a reduction in the work input into the 

cycle as the cooling load was held constant.  Referring to Equation (2.12), it can be seen that 

the primary factors that affected the power draw of the isentropic compressor included the 

decrease in mass flow rate of refrigerant through the compressor, the decrease in the 

operating pressure ratio, and an increase in the inlet temperature of the refrigerant. The 

remaining factors in Equation (2.13) are essentially held constant between the baseline and 

proposed operation, such as Rgas and k, and therefore were assumed to have minimal impact 

in the analysis. 

Due to the rise in operating temperature of the evaporator, the Gibbs Phase Rule 

states that the operating pressure must rise as a pure substance existing as two phases in 

equilibrium requires a single independent, intensive property to define the system.  From the 

analysis, the pressure ratio decreased 1.05%.  Plugging this factor into equation (2.13), 

assuming a specific heat ratio for R-134a of 1.2, yielded an overall decrease in the power 

consumed by the compressor by a factor of 1.27%. The increase in operation temperature of 
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evaporator also resulted in increased capacity of the evaporator as the heat of vaporization for 

the refrigerant increased by 0.068 BTU/lb, or 0.1%. This resulted in a proportional decrease 

in the mass flow rate of refrigerant through the compressor and power consumed by the 

compressor due to the constant load as can be observed in Equation (6.1) and (2.13), 

respectively.  The final factor that contributed to the change in compressor power 

consumption was the rise in inlet temperature to the compressor.  Converting the 

temperatures to absolute values, the percent change in the inlet temperature was 

approximately 0.1%, which resulted in a proportional increase in compressor work input as 

observed in Equation (2.13).  Summing the percent change in compressor work factor 

contributions from the change in pressure ratio, refrigerant mass flow rate and the inlet 

temperature resulted in an overall percent decrease in compressor work of 1.27%.  This value 

was highly comparable to the enthalpy analysis which resulted in a 1.21% decrease in 

compressor work. Further comparison to ASHRAE’s findings, which indicate that for every 

1oF increase in evaporator temperature, the percent increase in chiller efficiency is expected 

to range from 1-2% for an actual liquid chiller.  The analysis presented in this section 

estimated roughly a 2.42% increase in cycle efficiency for a 1oF increase in evaporator 

temperature [23], which is slightly higher than ASHRAE estimates. 

The calculations conducted result in a linear relation between the reduction in the 

shell side resistance and the increase in cycle efficiency and independent of the chosen 

cooling load.  The analysis leads one to the conclusion that for the guaranteed 10% increase 

in overall efficiency, the catalyst described in Section 1.3 would require a shell side thermal 

resistance reduction of 82.6%.  Therefore, it is theoretically possible for the additive to 

accomplish the 10% increase in equipment efficiency but theoretically impossible to achieve 

improvements of 20% as the developer stated.  It should also be noted that this analysis 

investigated the COP increase within an ideal vapor compression cycle with pure R-134a.  

Accounting for this assumption, for an actual chiller it would require the additive to improve 

the shell side heat transfer coefficient greater than 82.6% although cannot be quantified as 

the losses within a chiller significantly varies from one unit to another. 
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6.3 - Experimental Setup 
To fully isolate the experimental chiller to determine the “flange-to-flange” efficiency, 

it will be necessary to measure various thermal/mechanical inputs and outputs of the unit.  

Referring to Figure 2.1, by drawing an arbitrary boundary around the ideal vapor 

compression cycle one can have a full understanding of the operation conditions of the heat 

pump by measuring the cooling load provided by the heat pump, QL, the work input into the 

cycle, Wnet, and the heat rejected to the high temperature reservoir, QH.  For water cooled 

chiller applications, by measuring the change in temperatures and the flow of water through 

the condenser, the heat rejected from the condenser can be determined using Equation (2.5). 

Expanding Equation (2.5) to include measured condenser water flow, Equation (2.5) 

becomes: 

 

   
 

.  
 

  (6.11) 

 

Where  is the measured volumetric flow of the condenser water stream in gallons per 

minute (gpm), TLCDW is the temperature of the condenser water stream leaving the chiller and 

TECDW is the entering condenser water stream to the chiller.  The work into the cycle can be 

determined by measuring the amperage, knowing the operating voltage and power factor and 

calculated using the following equation: 

 

         √3 (6.12) 

 

Where I is the current drawn by the compressor, V is the operating voltage of the unit, C is 

the number of compressors being driven and PF is the power factor the equipment 

experiences.  The cooling load, QL, can be calculated utilizing Equation (2.1), which is 

repeated for the reader’s convenience.  
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                                                          (2.1) 

 

A detailed description of the current experimental setup is given in the subsequent sections. 

6.3.1 - Temperature Measurement 
The condenser and chilled water temperatures were measured using Onset 12-bit 

Temperature Sensors (Model Number: S-TMB-M006). The probes were installed within the 

thermometer wells. This allows the measurement near the centerline of the flow rather than 

along the pipe edges. Insulation found near the chiller was used to cover the sensor to 

minimize the influence of ambient conditions.  Duct tape was used to fix the wires to the 

outside of the pipe to ensure that the sensors could not accidently be removed. Figures 6.2 

and 6.3 illustrate the temperature probe installation for the chilled and condenser water 

streams, respectively.  Once the sensors were installed, an accuracy check of measured 

temperature value and temperature values measured by the unit’s control panel was 

conducted for both the chilled and condenser water streams.  The manual verification on the 

chiller control panel found that measured values fell within ±0.5oF. More importantly. The 

computed temperature differences were almost exact. This is a reasonable range of accuracy. 

Temperature readings were taken every three minutes. 
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Figure 6.2: Chilled Water Sensor Setup 

 

 
Figure 6.3: Condenser Water Sensor Setup 
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6.3.2 - Power Consumption Measurement 
Given that the unit has dual compressors that operate when the load is approximately 

900 tons or greater, it was necessary to log the power consumption of both compressors to 

insure that the units were equally loaded throughout the entire data collection period.  Since 

the chiller operates at 4,160 volts, the current transducer (CT) already installed that has a 0-5 

Amp output was used since our equipment is not capable of measuring at this voltage safely. 

Our CT was installed on the 0-5 Amp line from the main high voltage CT. This was 

necessary as a readily available device which was capable of operating at that high of a 

voltage potential was not available.  The existing CT were placed before the switch gear to 

avoid voltage manipulation by the VFD on each of the compressors and had an output ratio 

of 1:40, meaning that for every 1 Amp measured by the CT, the chiller consumed 40 Amps.  

Refer to Figure 6.5. 

A 25 Amp and a 100 Amp CT were installed on one leg (phase) of the 0-5 Amp high 

voltage CT for each compressor as seen in Figure 6.4.  As will be explained in further detail 

in the Data Section, the 100 amp CT failed to recognize any output that dropped below 1.5 

Amps.  This was corrected later in the data collection period by switching this unit out for a 

50 amp CT, which had no issues reading the data after its installation.  The power factor for 

the chiller was estimated to be 0.96 and will be considered constant throughout the data 

analysis.  Figure 6.5 provides a schematic of the power logger installation.  Amperage 

readings were taken every three minutes. 
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Figure 6.4: Installation of 25 Amp CT 

 

 
Figure 6.5: Power Data Logger Schematic 

 

4,160 V 
Input 

Main Control 
Panel

Our Data 
Logger 

0‐5 Amps Output 
 
Measuring 0‐200 
Amps on each 
compressor 
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6.3.3 - Condenser Water Flow Measurement 
Condenser water flow was measured using a Controlotron portable ultrasonic flow 

meter (Model Number: 1010DPTR-T1GZ) connected to an Onset U-22 data logger setup to 

read output voltage of the flow meter. This meter was placed vertically on the inlet side of 

the condenser as pictured in Figure 6.6. Based on the rate of flow, the flow meter would 

output a relative voltage; the higher the flow rates of the condenser water, the higher the 

voltage output.  It was necessary to determine the flow to voltage ratio after installation for 

data analysis. Table 6.5 shows the voltage-flow relationship that will be used to determine 

the condenser flow rate. 

 
Table 6.5: Flow Meter Installation Output 

 Reading Condenser Water Flow 
(gpm) 

Flow meter Output 
(V) 

1 5,770 2.5296 
2 5,800 2.5346 
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Figure 6.6: Condenser Water Flow Meter  

 

6.4 - Raw Data 
Installation of the loggers and data collection began on August 1, 2011 at 12:00 p.m.  

The ColderFLOW product was introduced to the evaluated chiller on August 22, 2011 at 

approximately 10:00 a.m.  Data collection was concluded and the loggers were removed on 

September 15, 2011 at 10:00 a.m. The time period before the addition of the polarized 

additive will be characterized as the “Baseline” period and the duration after the addition of 

the additive will be known as the “Post Installation” period.  On August 16 at 8:45 p.m. 

through August 17 at 7:33 a.m. and September 8, 2011 at around 11:30 a.m. through 

September 15, 2011 at 10:00 a.m. the chiller was not in operation.  The periods of chiller 

inactivity were removed from the raw data. Here, the term “raw” denotes that no data has 

been averaged or manipulated; only removed.  An additional 8 days were removed from the 
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baseline data to allow approximate equally weighted time between the Baseline period and 

Post Installation period. 

6.4.1 - Condenser Flow Meter Data 
Raw data collected from the flow meter is illustrated in Figure 6.7.  It can be seen that 

there are periods of time when the flow meter has negligible readings.  It is assumed that this 

occurred due to the plug to the flow meter being removed from the outlet from which it was 

inserted.  This was not an issue as the meter was eventually energized and returned to normal 

operation.  There are also numerous anomalies in the data where the voltage readings spike 

significantly higher and lower than what is clearly the average.  These anomalies were 

expected and can be explained by possible vibrations affecting the ultrasonic sensors that 

were separate from flow induced signals.   This noise in data collection was also not an issue 

as it will be removed in the later analysis to determine the average flow in the condenser 

pipe.  With the condenser flow noticeably constant while also equal in magnitude for both 

collection periods, the major assumption that the chiller is under constant condenser stream 

flow will be used in further analysis.  
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Figure 6.7: Baseline and Post Installation Raw Condenser Flow Meter Data 

 

6.4.2 - Condenser and Chilled Water Temperatures 
Figures 6.8 and 6.9 illustrate the raw temperature data of the Baseline and Post 

Installation Period. There were no significant issues in this portion of the data collection. It is 

immediately evident from both figures that the inlet chilled water temperatures are held 

relatively constant through both the Baseline and Post Installation periods.  This is a huge 

advantage to later analysis as this operation parameter will greatly simplify the method 

required to normalize the data.  Contrary to that of the chilled water temperature inlet, the 

inlet temperature of the condenser water varied significantly.  This must be accounted for and 

will be discussed in the analysis. 
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Figure 6.8: Baseline Raw Temperature Data 

 

 
Figure 6.9: Post Installation Raw Temperature Data 
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6.4.3 - Compressor Power Data 
Figures 6.10 and 6.11 illustrate the collected data for the power consumption for both 

chiller compressors “A” and “B”, respectively.  It is immediately evident from the graphs 

that there were issues in data collection for compressor “B” in both segments of data.  As can 

be seen from Figure 6.10, at any point when the output electric current of the primary CT fell 

below that of 1.5 Amps, the 100-Amp CT was unable to pick up any signal.  Initially, this 

was cause for concern as it was thought that it would not be possible to quantify the work 

input to the compressor “B” for approximately half of the data. Upon further consideration, it 

was decided that it would be possible to salvage these logged periods with the premise that 

the work for compressor “A” could simply be doubled to account for the power consumption 

by compressor “B”. To justify this assumption, it would be necessary to confirm that the load 

for both compressors was approximately equal for a period of time, more specifically, no 

significant change in the difference of load between compressors over time.  

 It was decided to replace the 100-Amp CT with a 50-Amp CT around the 1st of 

September to correct this issue.  Figure 6.10, after this instance, shows that the difference in 

load for each of these compressors does indeed stay constant through the second half of the 

Post Installation period.  One could argue, from the assumption of doubling one compressor 

to compensate for the other, that there would be a noticeable underestimation of the total 

power consumed by the chiller as it can be seen that Compressor “A” consistently draws 

lower amperage than that of Compressor “B”.  The key to answering this question is that this 

study is primarily investigating the change in power consumption between both collection 

periods.  As long as compressor “A” consistently lagged that of “B” with a constant 

difference in the magnitude of load, it would be possible to find the change in efficiency of 

the chiller as the additive should have an equal impact on the power draw of both 

compressors. 
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Figure 6.10: Compressor ”A” and “B” Baseline Power Consumption 

 

 
Figure 6.11: Compressor ”A” and “B” Post Installation Power Consumption 
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6.5 - Method of Analysis  
In all objective studies, it is crucial that a transparent approach be taken toward raw 

data collection and analysis. This principle of experimentation will provide third party 

observers the ability to replicate similar values following an identical analysis method. This 

section will cover, in detail, the method that was used to develop normalized curves to 

compare changes in efficiency between the Baseline and Post Installation Periods.    An 

approach similar to Walgenbach’s method of analysis will be utilized to confirm the findings 

in his previous study as well as to determine if the effect of the additive varies for different 

times of the year. 

6.5.1 - Developing Condenser Flow 
The initial step to the analysis of the raw data required the determination of the 

volumetric flow rate of the condenser water stream.  It was determined that the output 

voltage readings from the flow meter were linear. Using the flow meter installation data from 

Table 6.5, which provided a ratio of voltage output to the flow rate given by the flow meter, a 

linear regression could be developed that would predict the condenser water flow rate at each 

given point in time during data collection.  The equation used to estimate the condenser flow 

in gallons per minute (gpm), y, given a linear relation is found as follows: 

 

  (6.12) 

 

Where M is the slope of the linear line in gpm/volt, x is the voltage output of the flowmeter 

and B is the Y-intercept of the linear regression in gpm.  Using Table 6.5, the slope of the 

line could be found as follows: 

 
5,800 5,770 

2.5346 2.5296 
 

 

 6,000 /  
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With the slope of the line determined, the Y-intercept was calculated as follows: 

 

6,000
5,770

2.5296 
 

 

Solving for B, the Y-intercept for the linear regression was found to be -9,407 gpm.  The 

resulting linear equation that was used to predict condenser flow is given as: 

 

 6,000 9,407  (6.13) 

 

Using Equation (6.13) and the voltage output values from Figure 6.7, Figure 6.12 illustrates 

the flow of the condenser stream for all data collection periods in gallons per minute. 

 

 
Figure 6.12: Filtered Condenser Flow Data 
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accomplish this negation was chosen for this data set to be between 5,500 and 5,900 gpm.  

As previously stated in Section 6.4.1, it was found that the general trend of the condenser 

flow was constant for both the Baseline and the Post Installation Period; therefore, an 

average was taken of the data points in Figure 6.12.  The resulting value was 5,719 gpm and 

a reasonable estimate as the maximum percent difference between this value and the 

predicted flows was 3.66%. This average value of the condenser stream was used for all 

subsequent calculations. 

6.5.2 - Calculating Chiller Efficiency  
The next step to the analysis required the removal of the volatility in the raw data by 

taking a moving average for the measured temperatures and the power consumption by the 

compressor. Since data was taken every three minutes, this provided only a snapshot of the 

chiller operation for that given point in time.  The chiller itself has a finite amount of thermal 

capacitance and therefore a transient amount of time to react to sudden variations in ambient 

conditions as well as load.  An example of this phenomenon would be, for example, when the 

data logger collects data for a time period when there is a rise in entering condenser water 

temperature (ECDWT) yet the compressor has not reacted in time to compensate for the rise 

in the lift requirement. This scenario would result in a lower kW to ton ratio than what the 

overall trend of the chiller would truly illustrate. 

The moving average of the data would include 15 minutes (5 points) of raw data and 

continually update every 3 minutes in time.  An example for the method of this analysis is 

given in Table 6.6: 
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Table 6.6: Raw Data Moving Average Example 

  Column A Column B 

  
Raw Condenser Water Inlet 

Temperature (degrees Fahrenheit) 
Averaged Data 

(degrees Fahrenheit) 

Row 1 78.910   
Row 2 79.041   
Row 3 78.910   
Row 4 78.690   
Row 5 78.427 78.795 
Row 6 78.471 78.707 
Row 7 78.471 78.593 
Row 8 78.645 78.540 
Row 9 78.777 78.558 
Row 10 78.865 78.645 
Row 11 79.435 78.838 

 

An example of trending the raw data will be given for ECDWT data points as seen in Table 

6.6. Cell B5 is the average of cells A1-A5 and likewise, Cell B6 is the average of cells A2 

through A6.  This method was carried out for data points in collection for all temperature and 

power consumption readings. The resulting data will be further identified as “averaged” data.  

At any time where there was a discontinuity in chiller operation, a new moving average 

started so as to prevent any inconsistencies in the resulting trends. 

With the manipulated averaged data, calculations could begin to determine the 

efficiency operation of the chiller at all points in time.  The heat rejected by the chiller, , 

was calculated for each data set using Equation (6.11).  An example calculation for the first 

entry of the averaged data taken on August 9th at 10:15 a.m. is carried out as follows: 

 

5,719 60 0.1337 62.4 1 85.95 78.79   

20,497,475 /  
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Utilizing Equation (6.12), the power consumption by the chiller for this identical time period 

was found as follows: 

 

2 1.575 40: 1 4,160   √3  
,  

 0.96    

871.4 2,973,374 /  

 

Referring to Equation (2.1), the total cooling load, , can was calculated by subtracting the 

power consumption of the chiller from the total heat rejected by the chiller.  The total rate of 

heat absorption by the chiller, in tons, for this particular example was found to be: 

 

20,497,475  2,973,374     
,  /

  

17,520,000    
,  /

  

1,460 tons 

 

To find the resulting efficiency, Equation (6.3) was employed as follows: 

 

  .  
,  

0.5967 /   

 

These identical calculations were carried out for all averaged data sets for the Baseline and 

Post Installation Periods.  

6.5.3 - Isolating Operation Parameters 
The coefficient of performance for a chiller depends on three primary factors under 

constant condenser flow rate: the supply temperature of the chilled water, the inlet 

temperature of the condenser water and the cooling load provided by the chiller.  Given that 

this experiment is investigating a fourth effect on chiller efficiency, the refrigerant additive, 
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the three initial parameters must be isolated.  Referring to Equation (2.2), which governs the 

Carnot Refrigerator, it can be seen that as the high temperature reservoir increases in 

temperature, while holding the low temperature reservoir constant, the COP is reduced. 

Likewise, this same trend would be observed when the low temperature reservoir is 

decreased while holding the higher temperature reservoir constant.   

This theory not only governs the Carnot Refrigerator, but applies equally to all vapor 

compression cycles, including water chillers.  In the analysis of a chiller, the ECDWT may 

be treated as the high temperature reservoir and the chilled water supply temperature, 

CHWST, can be synonymous with the lower temperature reservoir. As was determined in 

Figures 6.8 and 6.9, the CHWST was kept relatively constant during both the Baseline and 

Post Installation Periods.  This is a critical realization for further analysis as it instantly 

eliminates the need to isolate one of the parameters that effects chiller performance, the 

variations of the lower temperature reservoir. Unlike the chilled water supply temperature, 

the ECDWT was not constant through all collection periods.  A method of parameter 

isolation was required to continue analysis. Ideally, the log mean temperature difference 

described in Equation (2.8) would be utilized to develop a more accurate state of the 

condenser.  Unfortunately, the operation pressures of the condenser could not be monitored. 

An article written by Thomas Hartman [24] stated that for VFD centrifugal chillers, when the 

condenser water stream flow and CHWST remain constant, performance curves of 

centrifugal chiller load vs. efficiency can be developed for varying ECDWT. Hartman gives 

an example in Figure 6.13: 
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Figure 6.13: Centrifugal Chiller Load vs. Efficiency for Varying ECDWT [23] 

 

In Figure 6.13, “VS” stands for variable speed, which is synonymous with VFD and “CS” 

stands for constant speed drive.  Figures for this analysis will be generated to “mimic” Figure 

6.13 to predict the normalized efficiency of the tested chiller. 

The averaged data was segregated for both periods by filtering the data for semi-

constant ECDWT data sets.  As an example, to obtain a data set for constant 75oF ECDWT 

both periods were filtered for 74.75oF to 75.25oF.  The result from this output would leave 

various periods in time where the chiller operated during this approximately constant 

ECDWT of 75oF and successfully at isolate the second required parameter.  Smaller intervals 

could not be chosen as this would result to too few data points for each set and would not 

provide sufficient trends in the data.  The remaining cooling load parameter provided by the 

chiller was isolated by correlating these values with efficiency of the chiller for both the 

Baseline and Post Installation Period.  An example of operating chiller efficiency versus 

chiller tonnage for constant 75oF ECDWT for the Baseline and Post Installation period is 

given in Figure 6.14. 
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Figure 6.14: Cooling Load vs. Efficiency for Constant 75oF ECDWT 

 

Graphs similar to Figure 6.14 were created for entering condenser water temperatures 

ranging from 73oF to 80oF for every 0.5oF increments, which totaled in 15 graphical 

iterations and can be observed in Appendix C.  With these developed figures, it was 

necessary to normalize the data to allow one to predict the curves with reasonable accuracy 

and observe the changes in the predicted efficiency.  One will notice the linear correlation 

developed in Figure 6.14.  A time weighted average slope was found using all the fifteen 

iterations, as found in Appendix C, and was taken to create a common slope across all data 

sets.  The data sets were then normalized by using the weighted average slope and the 

method of least squares.  

The method of least squares involves the minimization of the sum of the squared 

difference between the predicted and the actual efficiency by varying the predicted 

efficiency.  In other words, the percent difference between predicted and actual varied by 

changing the predicted efficiency and once a minimal percent difference was achieved, that 
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value was the desired predicted efficiency. This method was also the identical method used 

in Walgenbach’s study.  Figure 6.15 illustrates the predicted efficiency for the Baseline and 

Post installation periods for constant 75oF entering condenser water temperature. 

 

 
Figure 6.15: Normalized Cooling Load vs. Chiller Efficiency for Constant 75oF ECDWT 

 

This method was carried out for all 15 iterations of the ECDWT.  Figure 6.16 illustrates the 

changes in normalized efficiency of the chiller for various ECDWT for the respective cooling 

load range at each iteration: 
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Figure 6.16: Cooling Load vs. Predicted Efficiency for Lines of Constant ECDWT 

 

6.6 - Analysis Results and Accuracy of Method  
  A total of fifteen graphical iterations were developed for both the Baseline and Post 

Installation periods used to predict the operating efficiency of the tested chiller for various 

loads. As is observed from Figure 6.16, the cooling load measured by the chiller included 

which included all ECDWT iterations ranged from 1,200 to 1,300 tons.  Using only the 

collected data, conclusions for the change in efficiency can then only be reached for each 

ECDWT iteration within its respective cooling loads.  To develop a quantifiable value of the 

change in chiller efficiency for all ECDWT’s between the Baseline and Post Installation 

Periods it will be assumed that the normalized linear regressions behave linearly outside data 

collection as did within the collected data for all cooling loads ranging from 950 to 1,500 

tons. Extrapolation of data in statistical analysis is not recommended but required to develop 

a conclusion in this study. Using Equation (6.11), the percent difference in the normalized 

After 80F

Before 74F
Before 80F

After 74F

Before 76F
Before 78F

After 78F

After 76F

0.55

0.57

0.59

0.61

0.63

0.65

0.67

900  1,000  1,100  1,200  1,300  1,400  1,500  1,600 

Ch
ill
er
 E
ff
ic
ie
nc
y 
(k
W
/t
on

)

Cooling Load (tons)



 
 
 
 

102 

chiller efficiencies was calculated for each ECDWT for cooling loads between 950 to 1,500 

tons are summarized in Table 6.7 below. 

 
Table 6.7: Change in Normalized Chiller Efficiency 

ECDWT 
(oF) 

Load (tons) 
950 1,000 1,100 1,200 1,300 1,400 1,500 

73 -1.64% -1.66% -1.70% -1.73% -1.77% -1.81% -1.86%
73.5 -0.02% -0.02% -0.02% -0.02% -0.02% -0.02% -0.03%
74 0.78% 0.78% 0.80% 0.82% 0.84% 0.86% 0.88% 

74.5 0.48% 0.48% 0.49% 0.50% 0.51% 0.53% 0.54% 
75 1.20% 1.21% 1.24% 1.27% 1.29% 1.32% 1.35% 

75.5 1.93% 1.95% 1.99% 2.04% 2.08% 2.13% 2.17% 
76 1.14% 1.15% 1.18% 1.20% 1.23% 1.25% 1.28% 

76.5 0.62% 0.63% 0.64% 0.65% 0.67% 0.68% 0.70% 
77 -0.09% -0.09% -0.09% -0.09% -0.10% -0.10% -0.10%

77.5 -0.03% -0.03% -0.03% -0.03% -0.04% -0.04% -0.04%
78 0.31% 0.32% 0.32% 0.33% 0.34% 0.35% 0.35% 

78.5 -0.33% -0.34% -0.34% -0.35% -0.36% -0.36% -0.37%
79 0.07% 0.07% 0.07% 0.07% 0.08% 0.08% 0.08% 

79.5 0.50% 0.50% 0.51% 0.52% 0.53% 0.54% 0.55% 
80 0.00% 0.00% 0.00% 0.00% 0.00% 0.00% 0.00% 

Time 
Weighted 
Average 

0.447% 0.451% 0.461% 0.470% 0.481% 0.491% 0.502%

 

The result calculated in Table 6.7 is a time weighted average of the changes in chiller 

efficiency for varying ECDWT. More specifically, the result takes into account that the 

chiller operated with ECDWT’s around 74oF for 10.54% of the total data analysis whereas 

the chiller only operated with ECDWT’s around 73oF approximately 1.99% of the total time. 

A negative value denotes a decrease in chiller efficiency from the Baseline period to the Post 

Installation period.  It is observed that the maximum increase in chiller operating efficiency 

occurred during ECDWT’s of 75.5oF and a maximum decrease occurred during ECDWT’s of 
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approximately 73oF.  The overall resulting efficiency change ranged between 0.447% and 

0.502%, depending on loading. 

Figures 6.17 and 6.18 illustrate the impact of ECDWT on predicted chiller efficiency 

for a constant cooling load of 1,200 tons.  It can be observed that, on average, for every 0.5oF 

increase in ECDWT for both the Baseline and Post Installation periods there is an increase of 

0.60% and 0.64% in the power consumption for every ton of cooling provided by the chiller, 

respectively.  This is an excellent finding as these values fall within the expected range stated 

by ASHRAE that for every 1oF increase in ECDWT, the percent change in chiller efficiency 

is expected to decrease in a range from 1-2% [23].  Figures 6.17 and 6.18 are proof that 

without the isolation of the varying ECDWT, predicted experimental values for chiller 

efficiency would have been difficult to correlate and the accuracy of such results would have 

been compromised.  For other constant loads, the change in kW/ton values were identical in 

magnitude, however, the percent difference increased with increasing load. 

 

 
Figure 6.17: ECDWT vs. Predicted Efficiency for Constant 1,200 Ton Cooling Load During Baseline 
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Figure 6.18: ECDWT vs. Predicted Efficiency for Constant 1,200 Ton Cooling Load During Post Installation 

 

6.7 - Discussion of Results 
 As summarized in Table 6.7, there was a statistically insignificant change in 

operational efficiency of the liquid chiller at or below 0.5% between test periods depending 

on the loading of the unit. One possible reason for the lack of impact by the ColderFLOW 

product could be that there was negligible oil fouling within the evaporator of the unit. The 

chiller manual is dated for 2008 which is estimated to be the time the tested chiller was 

manufactured and would explain the lack of oil fouling as the unit is relatively new.  The lack 

of additive effect could also be due to failing to meet the requirements for a PROA that 

Kedzierski outlined in his study as summarized in Section 5.3.  Because no valuable fluid or 

thermal property information was accessible for the additive, as it is considered a “trade 

secret,” it is unknown if the product, for example, has a higher viscosity than that of the oil 

within the operating temperature and pressure conditions of the evaporator. As explained by 

Kedzierski, a higher fluid viscosity would increase nucleate boiling heat transfer. Without 

experimental data for properties of the fluid, it is not possible to conclude if the additive 
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meets the definition of a successful PROA as outlined by Kedzierski.  A final possibility to 

additive failure within the tested conditions could be argued in support of the product that 

there may have been a need for a larger “reaction” period to allow the product to begin to 

show signs of operation.  The current study did not allow for such a period as the chiller was 

not in operation during the last week of data collection. Additional data is being collected 

currently to see if this is the case. 

 

6.8 - Walgenbach’s Study: A Second Look 
 As outlined in Section 5.4, Walgenbach tested the identical ColderFLOW product on 

a smaller, but otherwise similar chiller unit as tested in the current study, but saw an increase 

in chiller performance that ranged from 9.5% to 12.48% depending on cooling load.  As the 

current study found only an overall increase of 0.447% to 0.502%, depending on loading, it 

is necessary to allow a second look of Walgenbach’s study to find the discrepancy in 

experimental results. Raw data for Walgenbach’s study for the Baseline and Post Installation 

periods are given in Figures 6.19 and 6.20. 
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Figure 6.19: Walgenbach’s Baseline Data [21] 
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Figure 6.20: Walgenbach’s Post Installation Data [21] 

 

It is immediately evident from Figure’s 6.19 and 6.20, without any data analysis, that 

there was a significant drop in power consumption, from about 180 to about 160 Amperage 

draw, between the Baseline and Post data, an 11.2% decrease. It is also clear that power 

consumption and the collected temperatures are fairly constant throughout both periods.  This 

allowed Walgenbach to come to the reasonable conclusion that the chiller condenser water 

flow rate was constant for both periods and, therefore, under constant load.  Walgenbach 

carried out his analysis utilizing Equation (6.14), a correlation developed conducting an 

energy balance around the chiller, as follows: 

  

 , · . · · . 0.94 · 489 · √3 · .  /
 

·  (6.14)  
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Where Tout is the leaving condenser water stream temperature, Tin is the entering condenser 

water stream temperature and I is the measured current drawn by the centrifugal compressor. 

The 450 ton unit operated on a measured 489 Volts with a measured power factor of 94%. It 

can also be observed that the chosen condenser water stream flow rate was a constant 1,300 

gpm for both Baseline and Post ColderFLOW periods according to plant personnel operating 

the chiller [21]. As was stated by Walgenbach, the power consumption and cooling load by 

the chiller had higher volatility in the Post Installation than the Baseline operation.  One key 

question that could be raised when considering Walgenbach’s analysis was that even though 

it can be proved that condenser flow was constant for both the Baseline and Post Installation, 

were the values identical for both periods?  The following analysis will investigate this 

inquiry. 

The following example will use measured temperature and power values in 

Walgenbach’s study to develop similar results.  First, the Baseline efficiency will be 

calculated. Using Equation (6.14) with inlet and outlet condenser water temperatures similar 

to the values that Walgenbach measured in Figure 6.19, as well as 180 Amps of compressor 

power draw that is evident from Figure 6.19, the Baseline power consumption, cooling load 

and efficiency is found as follows: 

 

  0.94 · 489 · √3 · .  /
 

· 180   

143.3  

 

 
, · . · · . . · ·√ · .  /

 ·  

, /
  

 283  

 

Baseline Chiller Efficiency  =  143.3 kW / 283 tons  =  0.51 kW/ton 
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With Walgenbach’s Baseline efficiency calculated, the Post Installation efficiency will be 

calculated as Walgenbach carried out with the same condenser flow and temperatures but 

with reduced power consumption as found in Figure 6.20: 

 

  0.94 · 489 · √3 · .  /
 

· 160   

127.4  

 

 
, · . · · . . · ·√ · .  /

 ·  

, /
  

 287.5  

 

Post Chiller Efficiency  =  127.4 kW / 287.5 tons  =  0.44 kW/ton 

 

With the assumption that condenser flow was held constant at 1,300 gpm for both periods 

and using the measured data from Figures 6.19 and 6.20, values similar to Walgenbach’s 

findings were achieved, an approximate 11% decrease in power consumption per ton of 

cooling. The analysis will continue following the reasoning that condenser flow was constant 

for the Baseline Period, but was decreased to 1,150 gpm from 1,300 gpm in the Post 

Installation period while still using the measured values found Figure 6.20. 

 

  0.94 · 489 · √3 · .  /
 

· 160   

127.4  
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Altered Post Chiller Efficiency  =  127.4 kW / 250 tons  =  0.51 kW/ton 

 

This analysis shows that, if flow were decreased by as little as 150 gpm (11.5%) 

through the condenser during the Post Installation Period in Walgenbach’s study, the same 

efficiency would be calculated for the Baseline and Post Installation Periods thereby 

nullifying any calculated effect that the polarized additive had on the chiller’s performance.  

The hypothesis that the flow was decreased would also support the idea that the chiller was 

under constant load as Walgenbach had assumed for each period.   The findings that 

condenser flow was changed between both periods of interest is entirely possible given that 

there were about 5 weeks of time between data analysis as can be seen in both Figures 6.19 

and 6.20.  It can be expected that as the ambient temperatures varied over the course of about 

a month the loading of the chiller would have likely changed, especially between the months 

of March and April.  Raw data from Walgenbach’s study support this claim as there were 

multiple “jumps” in compressor power draw.  These jumps would indicate that the load 

setting of the chiller had changed abruptly. Figures 6.21 and 6.22 illustrate the extended data 

for both periods.  It can be seen in Figure 6.22 that there was a significant change in load 

immediately before and after Walgenbach’s Post Installation Data was collected. 

The changing of flow rates was further backed up with discussions with the York 

representative that is familiar with the Merck system [15].  He indicated that flow rates 

varied somewhat, which throws Walgenbach’s conclusions into question. This information, 

which was learned after Walgenbach’s study was completed, was the reason a flow meter 

was installed on the large chiller in the current study. 
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Figure 6.21: Walgenbach Baseline Raw Data (extended) [21] 
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Figure 6.22: Walgenbach Post Installation Raw Data (extended) [21] 
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Chapter 7  

Conclusions 
 
 For the tested conditions of the liquid chiller in question, it can be stated with 

sufficient confidence that the effect of the polarized refrigerant oil additive, known as 

ColderFLOW, was statistically insignificant with respect to liquid chiller efficiency 

augmentation. To reach this conclusion, a method was developed to isolate various chiller 

operation parameters. This strategy required that condenser flow and chilled water supply 

temperature remain constant through all analysis.  This allowed one to filter the collected 

data to iterate various points in time when the entering condenser water stream temperature 

was approximately constant.  The result provided 15 graphical iterations which compared 

chiller cooling load versus chiller efficiency for both the baseline chiller operation and post 

ColderFLOW chiller operation.  The accuracy of the method was supported by numerical 

results of entering condenser water temperature versus predicted chiller efficiency for 

constant cooling load which were strongly correlated with findings of ASHRAE.  A time 

weighted average of the 15 efficiency curve iterations was performed and resulted in an 

approximate 0.5% increase in chiller efficiency, depending on load.   

The experimental results were further supported by a theoretical analysis of an ideal 

liquid chiller of similar construction which found only an approximate 1.2% increase in ideal 

cycle efficiency with a 10% decrease in shell side thermal resistance.  Additional theoretical 

calculations were carried out which found that a 82.6% decrease in shell side thermal 

resistance resulted in a 10% increase in overall ideal cycle efficiency. These calculations 

provided a frame of reference for the experimental results and also determined that it was 

theoretically possible, based on stated assumptions, for the ColderFLOW product to provide 
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cycle efficiency improvements of 10% but not physically possible to reach maximum cycle 

efficiency improvements of 20% as stated by the additive developer for a liquid cooler. 

Next steps 

Improvements to the current study would include the following: 

• Monitoring of the oil concentration within the evaporator between the baseline 

and post installation periods. 

• Allowing for a larger “reaction” period for the additive 

• Collecting data over wider cooling load ranges to develop a more distinct chiller 

efficiency curve for a greater number of entering condenser water temperatures 

Future Work 

As discussed in the previous sections, there are a number of significant steps that should 

follow to further investigate the claims by developers of PROAs: 

• A long term study investigating the effect on maintenance for both air-to-air and 

water-to-water heat pumps. 

• The development of an overall nucleate pool boiling heat transfer correlation for a 

shell-and-tube evaporator for R-134a. 
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Appendix A 

ColderFLOW Literature 
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Appendix B  

Complete Raw Experimental Data 
 

Complete Raw Flowmeter Data 
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Complete Compressor “A” Raw Current Data 
 

Complete Compressor “B” Raw Current Data 
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Complete Raw Temperature Data 
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Appendix C  

Non-Standardized Chiller Data 
 

 
Cooling Load vs. Efficiency for Constant ECDWT of 73oF 

 

 
Cooling Load vs. Efficiency for Constant ECDWT of 73.5oF 
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Cooling Load vs. Efficiency for Constant ECDWT of 74oF 

 
 

 
Cooling Load vs. Efficiency for Constant ECDWT of 74.5oF 
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Cooling Load vs. Efficiency for Constant ECDWT of 75oF 

 
 

 
Cooling Load vs. Efficiency for Constant ECDWT of 75.5oF 
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Cooling Load vs. Efficiency for Constant ECDWT of 76oF 

 

 
Cooling Load vs. Efficiency for Constant ECDWT of 76.5oF 
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Cooling Load vs. Efficiency for Constant ECDWT of 77oF 

 

 
Cooling Load vs. Efficiency for Constant ECDWT of 77.5oF 
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Cooling Load vs. Efficiency for Constant ECDWT of 78oF 

 
 

 
Cooling Load vs. Efficiency for Constant ECDWT of 78.5oF 
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Cooling Load vs. Efficiency for Constant ECDWT of 79oF 

 

 
Cooling Load vs. Efficiency for Constant ECDWT of 79.5oF 
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Cooling Load vs. Efficiency for Constant ECDWT of 80oF 
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