
ABSTRACT 

SARJA, AJAY. Numerical Investigation of Multi Pass Serpentine Internal Cooling Designs to 

Negate Coriolis Force Effect on Heat Transfer. (Under the direction of Dr. Srinath V. Ekkad). 

 

Higher turbine inlet temperatures are desirable for higher efficiency of gas turbine engines. 

Thus, the hot gas path components are subjected to high heat loads. This results in the need for 

continuous cooling of gas turbine blades to keep the metal temperature within permissible levels. 

Various internal cooling techniques and external cooling are incorporated for greater blade life. 

However, under rotation, the performance of cooling features differ than the stationary conditions. 

Rotation induces additional Coriolis and centrifugal buoyancy effects which result in non-

uniform heat transfer characteristics. In the midchord region featuring rib turbulated serpentine 

passages, for a radially outward flow, heat transfer enhancement increases on the trailing side and 

decreases on the leading side. For a radially inward flow, heat transfer decreases on the trailing 

side and increases on the leading side. This difference is combined effect of Coriolis force (which 

is a cross product of coolant velocity vector and axis of rotation) and centrifugal buoyancy. This 

non uniform heat transfer behavior results in uneven temperature distribution on the blade walls, 

inducing thermal stresses. This induces thermal stresses which are detrimental to blade life. 

An attempt is made numerically to negate the Coriolis force effect on the heat transfer 

behavior by rearranging the serpentine cooling passages, such that the cross product of coolant 

velocity vector and axis of rotation is a null vector. A proof of concept study on a smooth square 

duct comparing the heat transfer behavior under orthogonal rotation and parallel rotation was 

performed at Reynolds number 25000 and rotation numbers 0, 0.1, 0.15, 0.2 and 0.25. Nusselt 

number normalized with respect to Dittus-Boelter correlation was found. As expected, the heat 

exchange rates on leading and trailing walls was nearly similar in parallel rotation, in contrast to 

orthogonal rotation. This ensured that the Coriolis force effect on heat transfer was eliminated. 



Further, due to centrifugal buoyancy, the enhancement levels increased with increase in rotation 

numbers.  

Based on this, a four pass serpentine cooling channel connected with 180 degree bends was 

designed. The passages were arranged such that the coolant flow vector was parallel to axis of 

rotation. A radial inlet duct was used to mimic real engine inlet conditions. Numerical investigation 

on ANSYS Fluent was carried out under steady state at Reynolds number 25000 and rotation 

numbers 0, 0.1, 0.15, 0.2 and 0.25. Realizable version of k-ε turbulence model with enhanced wall 

treatment was adopted. 

           Results of normalized Nusselt number showed that the heat transfer enhancement levels 

were similar on leading and trailing walls for the four pass serpentine design. Also, it was found 

that the design was insensitive to variation in rotation speed, with heat transfer enhancement levels 

being near similar at all rotation numbers. This proved that the Coriolis force was effectively 

eliminated. Further, 180 degree bends dominated the heat transfer enhancement mechanism, 

thereby making the effect of centrifugal buoyancy insignificant. All these results proved that the 

design performed uniformly at all rotation speeds, satisfying the design intent. 

The serpentine design was then modified taking into account the blade profile. Numerical 

investigation at Reynolds numbers 5000, 10000 and 25000 on smooth and ribbed serpentine 

channels was done at stationary and rotating conditions at rotation number 0.25. The suction side 

had higher heat transfer than pressure side under both conditions. However, negligible difference 

in heat transfer levels between stationary and rotating conditions ensured that the Coriolis force 

effect on heat transfer is negated.  
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CHAPTER 1 

 INTRODUCTION AND BACKGROUND  

Gas turbines play a prominent role in today’s world, with power and propulsion sectors 

being one of the key players in global economy. With continued increase in demand for power, 

there is a need to increase the power output and thermal efficiency of gas turbines. Increasing the 

turbine inlet temperature is one of the approaches to increase thermal efficiency. Most of the 

advanced gas turbines today are subjected to turbine inlet temperatures as high as 1500℃ [1], 

which is much higher than the blade material melting point. Relatively colder air bled from the 

compressor (650℃ ) is routed to the airfoils through internal cooling channels, to cool the internal 

walls. The spent air is eventually released to the hot gas path through film cooling holes on blade 

pressure and suction surfaces and/or in some cases through blade tip.  

It is accepted amongst the gas turbine community that the life of the gas turbine blade may 

reduce by half if the predictions in temperature of the metal blade are off by 30℃ [1]. Thus, it is 

very important to accurately predict the local temperature and local heat transfer coefficients to 

avoid failure. It is important to prevent local hotspots to achieve desired blade life expectancy. 

However, due to complex fluid flow inside and around the airfoil it is difficult for designers to 

predict the accurate temperature. In this regard, gas turbine researchers put continuous effort to 

understand the fluid flow and heat transfer behavior while developing new cooling techniques to 

adequately cool the blades and vanes.  

 

1.1) Gas Turbine Blade Cooling Configuration 

For safe operation of gas turbines, the blades are cooled by air extracted from the 

compressor of the engine. It is essential to optimize the cooling technique since the coolant 
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extraction imposes additional pressure penalty and thus reduces the overall efficiency of the 

engine. Figure 1.1 shows typical cooling scheme employed in modern, turbine rotor blades which 

are cooled both internally and externally. Internal cooling is accomplished by routing the coolant 

through serpentine passages inside the blade as shown in figure 1.1 (a). The coolant after extracting 

heat from the blade wall is ejected out through discrete holes as shown in figure 1.1 (b). This 

provides a coolant film to protect the outer wall of the blade from hot gases exiting from the 

combustor. This is termed as external cooling or film cooling. 

 

Figure 1.1: (a) Blade internal cooling passages, (b) External cooling [2] 

 

Internal cooling passages are divided into three regions. The leading edge region is cooled 

by incorporating jet impingement technique. Impingement cooling is very effective because the 

coolant delivered directly impinges on the hot region. However, it can be employed only in the 

leading edge region of the blade due to structural constraints on the blade under high speed 

rotation[3]. The mid chord region of the blade features serpentine passages with rib turbulators on 
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the inner walls. Ribs break the boundary layer and act as turbulence promoters by giving rise to 

vortices. These vortices enhance mixing and hence the heat exchange rate increases. Also, angled 

ribs to the direction of bulk fluid flow are proven to perform better [4] [5]. In the trailing edge, 

neither jet impingement nor rib turbulated cooling can be used due to manufacturing constraints 

evolving from limited space. Thus, pin-fins are used for cooling the trailing edge region. Pin-fins 

also provide structural integrity.The flow is bounded by top and bottom flat surfaces, which is a 

typical internal flow case. However, since the pins protrude in the path of flow from the wall, it is 

also a case of flow around tubes [3]. Thus pin-fin cooling is a unique technique involving internal 

and external flow characteristics.   

 

1.2) Internal Cooling Under rotation 

During operation, the blades are subjected to rotation. The heat transfer behavior is very 

different in rotating coolant passages than stationary coolant passages. Both Coriolis and 

centrifugal buoyancy forces alter the flow and heat transfer in the coolant passage. Therefore, it is 

critical to investigate jet impingement cooling, rib turbulated cooling and pin fin cooling under 

rotating conditions as well. Rotating buoyancy force always acts away from the axis of rotation. 

Coriolis force, being a cross product of coolant velocity vector and rotation vector, always acts in 

a direction perpendicular to them. Therefore, under rotation, for a radially outward flow, heat 

transfer increases on the trailing side and decreases on the leading side [6]. The combined effect 

of Coriolis force and centrifugal buoyancy enhance turbulence on the trailing wall and suppresses 

turbulence on the leading wall. In other word, rotation stabilizes the flow on leading wall and 

destabilizes the flow on trailing wall, in a radially outward flow. The behavior is vice-versa for 

radially inward flow since the direction of coolant flow is reversed.  
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Wagner et al [7] [8] carried out experimental studies on four pass smooth and ribbed 

serpentine passages subjected to rotation. They concluded that the heat transfer coefficient 

decreased by 60% and increased by 250% from non-rotating conditions. They also concluded that 

the heat transfer with skewed trips was less sensitive to buoyancy than smooth or normal trips. 

Han et al [9] experimentally studied the effect of uneven wall temperature on heat transfer in a two 

pass rotating channel as shown in figure 1.2. They reported that the heat transfer coefficients were 

higher in case of walls with uneven temperature compared to walls with uniform temperature. 

Figure 1.2: Conceptual view of two pass rotating coolant flow distribution [9] 

 

Wright et al [10] studied experimentally the effect of rotation in rectangular channels with 

pin-fins used in trailing cooling. They concluded that unlike rib turbulated serpentine passages, 

the heat transfer in pin-fin cooled channel increases on all the walls when subjected to rotation. 

Parson et al [11] investigated experimentally the effect of rotation on jet impingement in smooth 
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rectangular channels with heated target wall. The authors concluded that with radial outward cross 

flow, rotation decreases heat transfer by 15%-20% when jets are in the direction of rotation. 

Numerical studies have also been performed to predict the flow field and heat transfer in 

ducts subjected to rotation. Howard et al [12] used two equation model with modifications to 

include Coriolis effect to predict flow. Prakash and Zerkle [13] predicted numerically the turbulent 

flow and heat transfer in a radially rotating square duct. They concluded that centrifugal buoyancy 

increases the radial velocity of the cooler fluid near trailing wall. Iacovides and Launder [14] 

investigated numerically the flow and heat transfer in rotating rectangular channel. A brief account 

of studies of internal cooling under rotation is presented here. Detailed literature survey is 

presented in each of the subsequent chapters as relevant. 

 

1.3) Objective of the present work and organization 

Most of the earlier studies with respect to internal cooling under rotation have reported the 

deviation in heat transfer in leading and trailing walls from non-rotating conditions. The difference 

in heat transfer levels between leading and trailing walls results in non-uniform temperature 

distribution. This is detrimental to blade life since it induces thermal stresses. Thus, though the 

Coriolis force and centrifugal enhance heat transfer on one wall, it is not desirable since it induces 

non uniformity in cooling. Further, considering the blade life expectancy, it is essential to reduce 

this non-uniformity under rotation. However, there are very few studies in the past which have 

attempted this. 

Present computational study deals with reduction of non-uniformity in heat transfer 

distribution by altering rotation vector to reduce the effect of Coriolis force by adopting parallel 

rotation configuration as opposed to conventional orthogonal configuration. The coolant flow is 
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altered such that it is parallel to rotation vector. This makes Coriolis force null, since it is a cross 

product of coolant velocity vector and rotation vector.  

Chapter one provides a general description of internal cooling of gas turbines blades and 

heat transfer behavior variation under stationary and rotating conditions. 

Chapter two presents a proof of concept study. A comparison between orthogonal mode 

rotation and parallel mode rotation for a smooth rectangular duct is performed. The heat transfer 

behavior on leading and trailing walls is investigated for both the modes of rotation. It is found 

that under parallel mode rotation, heat transfer enhancement levels on leading and trailing walls 

are very close. 

Chapter three presents a four pass serpentine internal cooling channel designed to eliminate 

Coriolis force effect on heat transfer. This design is based on the conceptual study in chapter two. 

It is found that this serpentine design was insensitive to centrifugal effects, thereby ensuring the 

elimination of Coriolis force effect. 

Chapter four presents the modified four pass serpentine internal cooling channel designed 

to eliminate Coriolis force effect, taking into account the blade profile. This study addresses the 

heat transfer and fluid flow behavior along curved surface, which is the case when the design has 

to incorporated in the actual engine blade. It is seen that suction surface has higher heat transfer 

than pressure side under stationary and rotating conditions. 

Chapter five states conclusions of the present work and scope for future studies. 
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Abstract 

 

Gas turbine blades feature multi-pass internal cooling channels, through which relatively 

colder air bled from the compressor is routed to cool internal walls. Under rotation, due to influence 

of Coriolis Effect and centrifugal buoyancy the heat transfer enhances on trailing side and reduces 

on the leading side for a radially outward passage. A reverse trend in heat transfer is observed for 

a radially inward passage. This non-uniform temperature distribution results in thermal stresses, 

and hence reduces blade life. In this study, a rotation configuration is presented to negate the 

Coriolis effect, thereby aiding uniform heat transfer on leading and trailing walls. A straight, 

smooth duct of unit aspect ratio is considered to demonstrate the concept and understand the fluid 

flow within the channel and its interaction with the wall. The new design is compared against the 

conventional rotation design. Numerical simulations under steady state were carried out at a 

Reynolds number of 25000 and Rotation numbers 0, 0.1, 0.15, 0.2, 0.25. Realizable version of k-

ε model was used for modelling turbulence. The simulations were performed using commercial 

CFD package, ANSYS Fluent. It was observed that new rotation (parallel) configuration’s heat 

transfer on leading and trailing sides were near similar, and trailing side was marginally higher 

compared to leading side. An interesting phenomenon of secondary Coriolis effect is addressed to 
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account for minor difference in heat transfer augmentation between leading and trailing walls. Due 

to centrifugal buoyancy, the fluid is pushed towards the radially outward wall, resulting in a 

counter rotating vortex pair, which also enhances the heat transfer on leading and trailing walls 

when compared to stationary case.  

Keywords: heat transfer; rotation; Coriolis Effect 

NOMENCLATURE 

𝐵𝑜 Buoyancy number, (𝛥𝜌/𝜌)(𝑅𝑥/𝑑ℎ)𝑅𝑜2 

𝑑ℎ  channel hydraulic diameter 

𝐹 Secondary Coriolis force    

ℎ heat transfer coefficient 

𝑘 thermal conductivity of air 

𝐿 Total length of the channel 

𝑁𝑢 Nusselt Number 

𝑁𝑢0 Dittus-Boelter Correlation, 0.023𝑅𝑒0.8𝑃𝑟0.4 

𝑅𝑒 Reynolds number, 𝑉𝑑ℎ/𝜐 

𝑅𝑜 Rotation number, 𝛺𝑑ℎ/𝑉 

𝑅𝑚  Mean rotating radius 

𝑇𝑏 Bulk fluid temperature 

𝑇𝑤 Wall temperature 

𝑉 Average velocity of the coolant 

𝑉𝑦 Velocity component normal to main flow 

𝑋 Distance from the inlet of the channel 
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Greek Symbols 

𝜌              Density of air 

𝜐              Kinematic viscosity 

𝛺             Angular Velocity 

Subscripts 

𝑏              Bulk Fluid 

𝑤             near wall fluid 

0 Dittus-Boelter Correlation  

 

2.1)      Introduction 

Hot gases’ temperature exiting the combustor section can be as high as 1600℃, which is 

significantly higher than the temperature which blade material can withstand [1]. Relatively colder 

air bled off from compressor discharge is fed to the internal serpentine cooling passages of gas 

turbine blade to cool its internal walls. However, usage of this colder air reduces the efficiency of 

gas turbines. Hence, it is imperative that coolant should be used judiciously. One other concern in 

turbine blade cooling is that the rotation significantly modifies the heat transfer on leading and 

trailing side internal walls due to influence of Coriolis force and centrifugal buoyancy forces. The 

heat transfer enhancement concepts developed under stationary conditions perform very 

differently when they are subjected to rotation. The non-uniform distribution of internal wall heat 

transfer coefficient leads to non-uniform metal temperature and hence increased thermal stresses. 

There have been many experimental and computational studies on fluid flow and heat 

transfer enhancement mechanism in conventional ribbed multi-pass channels under stationary and 

rotating conditions. It is well documented that under rotation, for a radially outward flow, heat 
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transfer enhances on the trailing side and reduces on the leading side. The behavior is vice-versa 

for a radially inward flow. This phenomenon is the effect of Coriolis force due to rotation and 

centrifugal buoyancy which comes into play due to density difference between colder core fluid 

and hotter near wall fluid [2-11]. 

Very few studies have addressed the problem of non-uniformity in heat transfer behavior 

of leading and trailing walls under rotation. Dutta and Han [12] investigated heat transfer behavior 

under rotation for three different model orientations. Model B of their study was unique since it 

showed heat transfer augmentation on both leading and trailing sides of the two-pass ribbed duct. 

Recently, Singh et al. [13, 14] studied heat transfer enhancement mechanism for cooling feature 

based on Model B of [12] by means of transient liquid crystal experiments. The authors exhibited 

the advantages of the model orientation where rotation actually favored the heat transfer 

enhancement on both the walls. 

All these studies are with respect to orthogonal mode of rotation where the direction of 

fluid flow and rotation axis are perpendicular to each other. However, in parallel mode of rotation, 

where the direction of fluid flow and axis of rotation are parallel to each other, Coriolis effect is 

effectively diminished. In this study, this concept is utilized and the parallel rotation configuration 

investigated at different rotation numbers is presented. 

In the past, very few studies have addressed the fluid dynamics in parallel axis mode of 

rotation. Humphreys et al. [15] [16] studied convection heat transfer in the turbulent entry region 

of a circular tube rotating about an axis parallel to itself. They concluded that inlet swirl dominated 

the heat transfer enhancement in the entry region. Morris and Woods [17] studied the heat transfer 

behavior in the entrance region of a circular tube rotating about a parallel axis in laminar and 

turbulent regimes.  They witnessed Coriolis effect in the developing region which increases radial 
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mixing and improves heat transfer. The authors also proposed correlations for Nusselt number in 

terms of Reynolds number and rotational Reynolds number. Morris and Dias [18] studied the 

turbulent convective heat transfer in a square cross sectioned tube in parallel axis rotation. They 

concluded that overall heat transfer increases with increasing rotational Reynolds number. They 

also demonstrated that heat transfer enhancement is less sensitive to mean rotating 

radius/eccentricity parameter.  Levy et al. [19] studied heat transfer and pressure drop 

characteristics for a rectangular channel (Aspect ratio 2:1) in the laminar regime. They 

demonstrated that rotation increased heat transfer and pressure drop significantly only at Grashof 

number greater than 1000.  

Soong and Yan [20] performed numerical study on parallel rotation of a rectangular duct 

in the entrance region with uniform wall temperature and uniform heat flux thermal boundary 

conditions. The flow was laminar and aspect ratios fell in the range of 0.2 to 5. They concluded 

that rotation had strongest effects for aspect ratio one. Authors also found that buoyancy induced 

vortices are stronger for iso-flux case than iso-thermal wall heating case. Mahadevappa et al. [21] 

presented numerical study of fully developed laminar flow in rectangular and elliptical ducts 

rotating about a parallel axis for various aspect ratios and Prandtl numbers. They witnessed 

increase in heat transfer with increasing Prandtl number and Rotation number. They also stated 

that elliptical duct had superior thermal hydraulic performance. Sleiti and Kapat [22] addressed 

the parallel rotation of square duct under constant heat flux case for high Rotation numbers. They 

concluded that Nusselt number increases on three surfaces and decreases on one surface with 

Rotation. Recently, Pelle et al. [23] carried out numerical study of convective heat transfer 

enhancement in a pipe rotating around a parallel axis for circular and elliptical geometries. They 

concluded that increased angle of attack opposite to pipe rotation increased heat transfer 
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enhancement in the entrance region. They also reassured that elliptical configuration had superior 

thermal hydraulic performance than circular.  

The present study addresses the parallel rotation of square duct in the fully developed 

turbulent regime under both constant temperature and constant heat flux cases at engine similar 

flow and rotation conditions. A detailed discussion on the effect of centrifugal buoyancy and 

secondary Coriolis Effect on heat transfer enhancement on each wall is presented. All the previous 

studies of parallel mode rotation treated its applicability only in electrical rotor machines. The 

novelty of this study resides in discussing the advantages of parallel mode rotation as applicable 

to gas turbine internal cooling channels, thereby eliminating non-uniformity in heat transfer 

enhancement levels. 

 

2.2)     Test Configuration  

Numerical study is carried out on a straight channel of length equal to fifty times the 

channel hydraulic diameter of square cross section. The mean rotating radius Rm was 49 times 

the hydraulic diameter for both orthogonal and parallel mode rotation as shown in Figure 2.1. A 

hexahedral mesh as shown in Figure 2.2 was generated in ICEM software. The first cell distance 

from the wall was set such that the wall y+ was around unity, which is a requirement for the near 

wall treatment used in this study. The cell count was approximately 14 million.  
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Figure 2.1: Representation of orthogonal and parallel rotation configurations (not drawn to scale) 

 

 

 

Figure 2.2: Hexahedral mesh (a) On the walls (b) At a cross section of the channel (flow into the plane) 
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2.3)      Numerical Setup  

2.3.1)   Solver and Turbulence Model 

Numerical simulations were carried out in commercial software package ANSYS 

FLUENT, which is a finite volume-based solver. Steady-state Reynolds-averaged Navier-Stokes 

equations were solved using second order discretization scheme. The working fluid is assumed 

incompressible and hence pressure based solver is used. SIMPLE scheme is used for pressure-

velocity coupling. The Reynolds number at inlet was 25000 and rotation numbers 0, 0.1, 0.15, 0.2, 

0.25. To model the turbulent flow field, realizable version of k-ε turbulence model is used with 

enhanced wall treatment. 

 

2.3.2)   Boundary Conditions 

Mass flow rate at the inlet was specified based on the Reynolds number and channel 

hydraulic diameter. Also, uniform flux was of 5000 W/m2 was specified on all walls for constant 

flux case and uniform temperature of 425 K was imposed on all walls for constant temperature 

case. The fluid temperature at the inlet was specified 300K. Turbulence intensity of 5% and 

turbulent length scale equal to hydraulic diameter was specified at the inlet. At the outlet, zero 

gauge pressure was specified. The solution was assumed converged when the continuity, 

momentum and turbulence residuals reached 1e-6 and energy residual reached 1e-8. Temperature 

was monitored at multiple locations to ensure convergence. 
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Table 2.1: Test matrix 

Reynolds 

Number 

Wall Heating 

Condition 

Rotation 

Number 

25000 Constant Flux 0.00 

25000 Constant Flux 0.10 

25000 Constant Flux 0.15 

25000 Constant Flux 0.20 

25000 Constant Flux 0.25 

25000 Constant Temperature 0.00 

25000 Constant Temperature 0.10 

25000 Constant Temperature 0.15 

25000 Constant Temperature 0.20 

25000 Constant Temperature 0.25 

 

 

2.3.3)   Data Reduction 

The local heat transfer coefficient at the walls subjected to constant heat flux is calculated 

from following equation.   

ℎ =
𝑞′′

𝑇𝑤 −  𝑇𝑚
 

 
 ( Eq2.1 ) 
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The bulk fluid temperature was calculated by considering mass weighted average of the 

temperature at ten normal planes to the flow and was then linearly interpolated along the flow 

direction. The Nusselt number is then calculated as shown in Eq.2.2,  

𝑁𝑢 =
ℎ𝑑ℎ

𝑘
 … ( Eq2.2 ) 

The calculated Nusselt number was normalized with the Dittus-Boelter correlation for 

smooth circular tube given by Eq.2.3 

𝑁𝑢0 =    0.023𝑅𝑒0.8𝑃𝑟0.4 … ( Eq2.3 ) 

 

2.4)      Results and Discussion 

2.4.1)   Comparison of heat transfer enhancement between orthogonal and  parallel rotation 

Detailed normalized Nusselt numbers (𝑁𝑢 𝑁𝑢0⁄ ) is shown in Figures 2.3 and 2.4. The inlet 

effects were diminished by the time flow reached 𝑥 𝐷ℎ⁄ = 15. It can be seen that for the stationary 

case, the Nusselt number ratio was close to unity and invariant with the streamwise location as 

seen in Figure 2.3, which indicates fully developed flow, both hydrodynamically and thermally. 

Such a configuration is chosen, so that the clear benefits of parallel rotation can be demonstrated. 

Rotational effects on orthogonal rotation mode can be seen in trailing and leading edge heat 

transfer results. The Coriolis force pushes the coolant in the core towards the trailing wall. Further, 

the coolant density being higher along the trailing edge wall when coupled with centrifugal forces, 

leads to fluid acceleration along the wall and hence in increased heat transfer. The presence of 

relatively warmer and low velocity coolant near the leading wall leads to reduced heat transfer. On 

the other hand, for parallel rotation (Figure 2.4), the Nusselt number ratios for leading and trailing 

walls were near similar for the last 25Dh of the straight duct. This trend, in turn proves that the 

rotation effects on heat transfer on leading and trailing walls can be negated when the coolant flow 
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direction is same as the rotation vector. In the parallel rotation, although the direct effects of 

Coriolis force were negated, the centrifugal buoyancy forces still act on the fluid elements. 

Centrifugal buoyancy forces pushes the coolant towards the radially outward wall of the channel, 

and hence the coolant mass flux along that wall will be relatively higher compared to the radially 

inward wall in order to satisfy the continuity equation.  

To identify quantitative differences in heat transfer level, the regionally averaged heat 

transfer data has been presented in Figure 2.5 for the highest rotation number case of 0.25. For 

orthogonal mode rotation, the heat transfer enhances on trailing wall and reduces on leading side 

which is in agreement with previous studies. For parallel mode rotation, the Nusselt number on 

both leading and trailing walls are above stationary due to enhancement caused by centrifugal 

buoyancy, where heat transfer levels for leading and trailing walls were nearly similar, with trailing 

side heat transfer marginally higher than the leading side. This minimal difference may be 

attributed to the Coriolis effect due to fluid velocity component normal to the bulk fluid flow.  

Due to centrifugal buoyancy, normal velocity to the bulk flow is relatively stronger. This 

component perpendicular to the axis of rotation induces minor Coriolis Effect. This effect pushes 

the colder core fluid towards the trailing wall, resulting in marginally higher heat transfer at that 

wall. This phenomenon is observed for other rotation numbers as well. The magnitude of 

secondary Coriolis Effect at different planar locations normal to bulk fluid flow is shown in Figure 

2.6. It is calculated as  

𝐹 =  2 𝜌  𝑉𝑦  𝜔   … ( Eq2.4 ) 
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Figure 2.3: Normalized Nusselt number (𝑁𝑢 𝑁𝑢0⁄ ) contours in the last 25 dh region for orthogonal mode rotation at 

Re=25000, Ro=0.25 for constant flux wall condition (𝑥 𝐷ℎ⁄ = 25 𝑡𝑜 50) 
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Figure 2.4: Normalized Nusselt number contours (𝑁𝑢 𝑁𝑢0⁄ )  in the last 25 dh region for parallel mode rotation at 

Re=25000, Ro=0.25 for constant flux wall condition (from x/d=25Dh to 50Dh) 

 

 

Figure 2.5: Span wise averaged normalized Nusselt number (𝑁𝑢 𝑁𝑢0⁄ ) distribution at Re=25000, Ro=0.25, for 

constant flux wall heating condition for (a) orthogonal rotation (b) parallel rotation 
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It indicates that the secondary Coriolis effect is stronger towards the trailing side than the 

leading side which supports the trend of higher heat transfer due to secondary Coriolis effect put 

forth earlier.  

Figure 2.6 : Secondary coriolis force on the planes normal to bulk flow at various axial locations 

 

2.4.2)   Variation of normalized Nusselt number (𝑵𝒖 𝑵𝒖𝟎⁄ ) with Rotation number 

The variation of normalized Nusselt number with Rotation number for orthogonal and 

parallel mode rotation is shown in Figure 2.7. For orthogonal rotation case, heat transfer increases 

on trailing wall with rotation. On the leading wall, heat transfer first decreases and then increases 

farther from the inlet with rotation number. The heat transfer on leading wall starts increasing 

along the flow when the centrifugal buoyancy effects are significant, and this trend was observed 

for all investigated Rotation numbers. The point of increase moves closer to inlet with increase in 

rotation number. This behavior is in good agreement with the earlier studies on orthogonal rotation 

[2-11]. For parallel rotation, the heat transfer almost remains constant until the flow is developed 

and increases at a later stage with Rotation number. On the trailing wall, it increases with rotation 

number. The increase of heat transfer on leading and trailing wall increase rotation number is 

attributed to the transport caused by centrifugal buoyancy. The buoyancy effect, as a function of 

rotation number increases with rotation number, thereby contributing to increased heat transfer 

enhancement. 
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From Figure 2.7, it is clear that the parallel mode rotation has two benefits over the 

conventional orthogonal mode rotation, (1) the heat transfer on leading and trailing side heat 

transfer is near similar, leading to uniformity in heat transfer, and (2) rotational energy (combined 

with density ratio) being used in favor of heat transfer enhancement on both leading and trailing 

walls. 

 

Figure 2.7: Comparison of leading and trailing wall normalized Nusselt numbers for all rotation numbers with 

constant flux case for (a) Orthogonal mode rotation (b) Parallel mode rotation 

 

The normalized Nusselt number for parallel rotation case at the four different walls is 

shown separately in Figure 2.8. Heat transfer increases with rotation number for leading, trailing 

and top walls where buoyancy contributes to enhancement, whereas the bottom wall heat transfer 

was mostly invariant with rotation. For trailing wall, the Nusselt number decreases initially as the 

flow develops and increases later once the secondary flow is established. Also, with increase in 

Rotation number, the secondary flow develops closer to inlet due to increase in buoyancy effects. 

This impact of secondary flow development on heat transfer enhancement is also visible on leading 

wall and top wall.  
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Figure 2.8: Variation of Span wise averaged normalized Nusselt number along axial location parallel mode  

                       rotation on (a) Trailing Wall (b) Leading Wall (c) Topwall (d) Bottom Wall with constant flux heating 

condition 

 

For parallel rotation case, the variation of globally averaged normalized Nusselt number 

(in the last 25dh) with rotation number is shown in Figure 2.9 for leading and trailing walls, for 

two different thermal boundary conditions. The heat transfer enhancement increases with rotation 

number under both constant heat flux and constant temperature wall heating conditions, indicating 
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the increased effect of centrifugal buoyancy with Rotation number. However, the rate of increase 

is different for constant heat flux and constant temperature wall heating condition which is 

explained in detail in the subsequent sections.   

 

Figure 2.9: Variation of global averaged normalized Nusselt number in the last 25dh with Rotation number  

                for parallel mode rotation (a) constant flux wall heating condition (b) Constant temperature  

wall heating condition 

 

2.4.3)   Secondary Flow Due To Centrifugal Buoyancy in Parallel Mode Rotation 

In parallel mode rotation, the heat transfer is highest on the top wall, which is radially 

outward and lowest on the bottom wall, which is radially inward as witnessed in Figure 2.5(b). 

This is the effect of centrifugal buoyancy, which always pushes the fluid away from the axis of 

rotation. This induces secondary flow, creating a pair of counter rotating vortices as shown in 

Figure 2.10. These vortices contribute to heat transfer augmentation on three walls of the channel 

compared to stationary. Centrifugal buoyancy decreases the heat transfer on bottom wall since the 

fluid is always pushed away from it. As the rotation number increases, the heat transfer increases 
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due to generation of stronger counter rotating pair of vortices which pushes the fluid towards the 

walls with a greater velocity.  

 

Figure 2.10: Secondary flow due to centrifugal buoyancy and normalized bulk fluid temperatures on the 

                       planes normal to bulk flow at various axial locations (a) constant heat flux (b) constant wall 

temperature 

 

2.4.4)   Turbulent Kinetic Energy on Leading and Trailing Walls 

Detailed normalized turbulent kinetic energy along the flow on planes very close to leading 

and trailing walls is shown in Figure 2.11 for orthogonal rotation. It can be seen that trailing wall 

had higher turbulent kinetic energy than the leading wall due to the Coriolis force which 

destabilizes the flow near trailing wall and stabilizes the flow near leading wall. However, this 

difference in turbulent kinetic energy is not observed in parallel rotation as shown in Figure 2.12. 

The absence of Coriolis Effect ensures near similar turbulent energy on both the walls, aiding to 
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similar heat transfer enhancement levels, which may have been different if the turbulent kinetic 

energy would be different on the two walls. Turbulent kinetic energy enhancement is also one of 

the mechanisms which leads to increased transport of energy from near wall to the channel core. 

 

2.4.5)   Effect of thermal boundary conditions on Nusselt number ratio (𝑵𝒖 𝑵𝒖𝟎⁄ ) 

The comparison of normalized Nusselt number for leading and trailing walls between two 

wall heating conditions is shown in Figure 2.13 for all rotation numbers. It can be seen that constant 

heat flux shows slightly higher enhancement than constant wall temperature case. This indicates 

that effect of centrifugal buoyancy is greater in constant heat flux case than constant temperature 

case, which was also witnessed for laminar region by Soong and Yan [20].  

The variation of buoyancy number along the axial location is shown in Fig. 2.14. The 

buoyancy number is greater in constant flux case than constant temperature case. This can be 

attributed to the difference in nature of variation of temperature under these two wall heating 

conditions. The wall temperature variation affects the magnitude of centrifugal buoyancy forces 

since the fluid density is dependent on temperature for incompressible flow. 
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Figure 2.11: Normalized turbulent kinetic energy contours in the last 25 dh region for orthogonal mode rotation at 

Re=25000, Ro=0.25 for constant flux wall condition (from x/d=25Dh to 50Dh) 

 

 

Figure 2.12: Normalized turbulent kinetic energy contours in the last 25 dh region for parallel mode rotation at 

Re=25000, Ro=0.25 for constant flux wall condition (from x/d=25Dh to 50Dh) 
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Figure 2.13: Comparison of normalized Nusselt number between constant flux and constant temperature conditions 

at rotation numbers (a) Ro 0.1 (b) Ro 0.15 (c) Ro 0.2 (d) Ro 0.25 
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Figure 2.14: Comparison of Buoyancy number between constant flux and constant temperature conditions, Ro 0.25 

 

2.5)      Conclusions 

Detailed heat transfer studies are reported for a smooth, straight square channel of length 

50 dh under orthogonal and parallel mode rotation, assuming steady state. Numerical simulations 

were carried out at Reynolds number of 25000 and rotation numbers in the range of 0 to 0.25 for 

both the configurations. Two wall heating conditions of constant heat flux and constant 

temperature are considered to verify that the heat transfer behavior is similar for both the 

conditions. Some of the conclusions from the present study are: 

 

(1) For orthogonal rotation, heat transfer increases on trailing wall and decreases on leading wall 

when compared to stationary. The difference in heat transfer enhancement levels between 

leading and trailing walls is due to the presence of Coriolis effect. The heat transfer on trailing 
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wall increases with rotation number. On the leading wall, heat transfer first decreases and 

increases when buoyancy effects are significant, with rotation number.  

(2) For parallel rotation, heat transfer increases on both leading and trailing walls when compared 

to stationary. The heat transfer enhancement levels are similar on both leading and trailing 

walls. This indicates the absence of Coriolis Effect in parallel mode rotation. The heat transfer 

on both the walls increases with increase in rotation number.  

(3) In parallel rotation, centrifugal buoyancy contributes to heat transfer augmentation on leading, 

trailing and Top (radially outward) walls. The heat transfer on the bottom (radially inward) 

wall decreases due to buoyancy. 

(4) Higher heat transfer is seen for constant flux case than constant temperature case due to 

variation in centrifugal buoyancy effects. This variation is due to the inherent difference in 

variation of wall temperature for different wall heating conditions. 
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CHAPTER 3 

FOUR PASS SERPENTINE INTERNAL COOLING CIRCUIT TO NEGATE CORIOLIS 

EFFECT ON HEAT TRANSFER 

Abstract 

Gas turbine blades incorporate serpentine internal cooling channels with 180 degree bends 

along which, coolant is fed to decrease the temperature of the internal walls. Under rotation, due 

to the effect of Coriolis force and centrifugal buoyancy induced by rotation, heat transfer increases 

on trailing side (pressure side) and decreases on leading side(suction side) for radially outward 

flow. The behavior is vice versa for radially inward flow. Present study addresses this non 

uniformity in heat transfer using parallel rotation to negate Coriolis effect. Four pass serpentine 

cooling channel where coolant flow vector is parallel to axis of rotation is studied numerically. 

Simulations on commercial CFD package ANSYS Fluent are carried out for serpentine passages 

with four passages under stationary and rotation conditions. All studies are done at Reynolds 

number 25000. Rotation numbers studied are 0, 0.1, 0.15, 0.2 and 0.25. Realizable version of the 

k-ε turbulence model is used. Heat transfer enhancement is seen to be nearly same on leading and 

trailing walls at all rotation numbers. Also, it is interesting to note that the enhancement levels 

between stationary and rotation conditions varied marginally in this design. Heat transfer 

enhancement level was level between 2 and 2.5 with respect to Dittus-Boelter correlation (for 

smooth developed flow in pipes). The variation of heat transfer enhancement with rotation 

numbers is seen to be negligible, ensuring that Coriolis force is negated. It also indicates that 

centrifugal buoyancy is not in play and 180 degree bends dominate the heat transfer enhancement 

mechanism. 
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NOMENCLATURE 

𝐵𝑜 Buoyancy number, (𝛥𝜌/𝜌)(𝑅𝑥/𝑑ℎ)𝑅𝑜2 

𝑑ℎ  channel hydraulic diameter 

𝐹 Secondary Coriolis force    

ℎ heat transfer coefficient 

𝑘 thermal conductivity of air 

𝐿 Total length of the channel 

𝑁𝑢 Nusselt Number 

𝑁𝑢0 Dittus-Boelter Correlation, 0.023𝑅𝑒0.8𝑃𝑟0.4 

𝑅𝑒 Reynolds number, 𝑉𝑑ℎ/𝜐 

𝑅𝑜 Rotation number, 𝛺𝑑ℎ/𝑉 

𝑅𝑚  Mean rotating radius 

𝑅𝑥 Local rotating radius  

𝑇𝑏 Bulk fluid temperature 

𝑇𝑤 Wall temperature 

𝑉 Average velocity of the coolant 

𝑉𝑦 Velocity component normal to main flow 

𝑋 Distance from the inlet of the channel 

 

Greek Symbols 

𝜌              Density of air 

𝜐              Kinematic viscosity 

𝛺             Angular Velocity 
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Subscripts 

𝑏              Bulk Fluid 

𝑤             near wall fluid 

1   Dittus-Boelter Correlation  

f                Film temperature 

 

3.1)      Introduction 

The numerical study of parallel and orthogonal modes of rotation in the earlier chapter has 

clearly indicated the advantages with respect to uniformity in heat transfer behavior between 

leading and trailing walls. To incorporate this concept in gas turbine blades where serpentine 

passages connected by 180 degree bends, the cooling channel has to be modified. The coolant flow 

direction has to be parallel to the axis of rotation for most of the flow length for rotation effects to 

be minimal. Based on these design constraints, novel multi pass smooth and ribbed serpentine 

internal cooling designs were proposed by Singh et al [1]. They carried out experimental and 

numerical investigation of four pass and six pass serpentine cooling channels under stationary and 

rotation conditions. The heat transfer enhancement levels was similar under stationary and rotation 

conditions. The enhancement level on leading and trailing walls under rotation was almost the 

same and close to stationary. They also reported that four pass design has higher heat transfer 

enhancement compared to six pass design. 

The maximum rotation number at which the design was tested in [1] was 0.11. Thus, the 

present study is aimed at the numerical investigation of their design at higher rotation numbers. 

Computations are done on ANSYS Fluent to predict heat transfer and fluid flow at a Reynolds 

number of 25000 and rotation numbers 0, 0.1, 0.15, 0.2 and 0.25. The chosen Reynolds number 
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and rotation numbers are typical to gas turbines in aircraft propulsion. Since the design has already 

been studied for its behavior with variation in Reynolds number, only one Reynolds number has 

been considered in this chapter. 

 

3.2)     Geometric Configuration of Serpentine Passage 

Figure 3.1 shows the proposed design of four pass serpentine passages as proposed in [1]. 

The coolant flow direction is indicated by black arrows. Inlet is perpendicular to these passages 

since it is more realistic for the design has to be implemented in gas turbine blades. The length of 

the inlet section is set for the flow to be nearly fully developed at the entrance of first pass. The 

coolant exits the final passage of the test configuration for trailing edge cooling. The final passage 

was extended to avoid any reverse flow effects on the region of interest. 

Figure 3.2 shows the orientation of proposed four pass design in the existing internal 

cooling scheme of gas turbine blades. The conventional existing serpentine passage design is 

shown in isometric view and top view of blade cooling passages is also shown. The overall blade 

aspect ratio was considered unity. In this study, 80% of the chord length is considered for a similar 

blade height. The serpentine passages are arranged along the span of the blade, parallel to axis of 

rotation. 

The proposed design has a height Ly, width Lx (=0.8 L0) and thickness t (=0.2 L0). L0 was 

first decided and divider wall thickness was considered 0.5 dh. From figure 3.1, following 

equations can be deduced: 

𝐿0 = 𝐿𝑦 = 𝑛𝑦 + 𝑛′𝑦′ … (𝐸𝑞𝑛 3.1) 

𝑦 = (
0.2𝐿0

𝑛
) [−(𝑛 − 3) + √(𝑛2 − 𝑛 + 9] … (𝐸𝑞𝑛 3.2) 
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𝑦′ = 0.5𝑑ℎ =
𝑦𝑡

𝑦 + 𝑡
… (𝐸𝑞𝑛 3.3) 

 

 

Figure 3.1: Four pass serpentine design proposed in [1] 

Detailed geometrical constraints and dimensional relationships are presented in Table 3.1 
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Table 3.1: Important dimensions and design constraints 

 

Nomenclature dimensions 
(mm) 

Relationships/ 
constraints 

𝑑ℎ 24.00 2𝑦𝑡/(𝑦 + 𝑡) 

𝐿𝑖𝑛 165.10 1.625𝐿𝑥 = 1.3𝐿0 

𝐿𝑥 101.60 0.8𝐿0 

𝐿𝑦 127.00 𝐿0 = 𝑛𝑦 + 𝑛′𝑦′ 

𝑥 24.00 ~𝑑ℎ 

𝑥′ 25.40 - 

𝑥′′ 25.40 - 

𝑦 22.75 (0.2𝐿0 𝑛⁄ ) [−(𝑛 − 3) + √𝑛2 − 𝑛 + 9] 

𝑦′ 12.00 0.5𝑑ℎ = 𝑦𝑡/(𝑦 + 𝑡) 

𝑡 25.40 0.2𝐿0 

𝑤 57.49 2𝑦 + 𝑦′ 
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Figure 3.2: Orientation of proposed design in the existing gas turbine blade [1] 

 

3.3)     Meshing And Grid Independence 

In any computational study, mesh plays a vital role in determining the applicability of 

turbulence models and accuracy of the results. So it is very important to achieve good quality 

mesh. For the serpentine configurations, hexahedral mesh as shown in figure 3.3 was generated in 

ICEM CFD meshing package. Generally, hexahedral mesh is preferred since it has better 

orthogonal quality and minimal skewness over tetrahedral/mixed cells. The cell count would also 

reduce with hexahedral mesh, resulting in lesser computation time. Thus hexahedral mesh serves 

better in terms of both quality and computational expense. Since the flow was turbulent, it was 

important to resolve flow and heat transfer characteristics in the viscous sublayer. So, inflation 
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layers were used to capture the physics in this region. Inflation layers were generated using O-

grids. The first layer height was such that its non-dimensional distance wall y+ is close to one for 

the turbulence model used in this study which is discussed in the subsequent sections.  

 

Figure 3.3: Different views of hexahedral mesh employed for computations (a) Orthogonal Plane (b) Bend Region 

 

 

A grid independence study was done for four pass configuration with 4.5 million, 6million 

and 7.5 million cells at Reynolds number 25000 and rotation number 0.25. Figure 3.4 shows the 

global average Nusselt number on leading and trailing walls. The variation between 6M and 7.5M 

was within 5%. Therefore, further studies were carried with 6M cells to ensure economic use of 

computational resources.  
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Figure 3.4: Global averaged normalized Nusselt number variation with grid size 

 

3.4)     Computational Methodology And Validation 

3.4.1)  Solver and Turbulence model 

The numerical simulations were carried out in commercial software package ANSYS 

FLUENT, which is a finite volume based solver. Steady state Reynolds Averaged Navier Stokes 

equations were solved using second order discretization schemes. The working fluid is assumed 

incompressible and hence pressure based solver is used. SIMPLE scheme is used for pressure-

velocity coupling. The Reynolds number at inlet was 25000 and rotation numbers were 0, 0.1, 

0.15, 0.2 and 0.25. To model the turbulent flow field, realizable version of k-ε turbulence model 

is used with enhanced wall treatment. This is known for its ability to perform much better than 

standard k-ε for flows involving system rotation. The mesh requirements are not as rigid as k-ω 

SST model which is another well-known RANS model to predict flows involving rotation. Also, 
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realizable k-ε converges easier than its competitor k-ω SST, with minimal compromise in 

predictions. 

 

3.4.2)  Boundary Conditions 

Mass flow rate at the inlet was specified based on the Reynolds number and channel 

hydraulic diameter. Also, uniform flux was of 5000 W/m2 was specified on leading and trailing 

walls. Inner and outer walls were set adiabatic. The fluid temperature at the inlet was specified 

300K. Turbulence intensity of 5% and turbulent length scale equal to hydraulic diameter was 

specified at the inlet. At the outlet, zero gauge pressure was specified. The solution was assumed 

converged when the continuity, momentum and turbulence residuals reached 1e-6 and energy 

residual reached 1e-8. Temperature was monitored at multiple points on leading and trailing walls 

to ensure convergence.  

 

3.4.3)   Data reduction 

The local heat transfer coefficient at the walls subjected to constant heat flux is calculated 

from following equation.  

ℎ =
𝑞′′

𝑇𝑤 −  𝑇𝑚
     (𝐸𝑞. 3.4) 

The bulk fluid temperature was calculated by considering mass weighted average of the 

temperature at five normal planes to the flow in each pass and was then linearly interpolated along 

the flow direction. The Nusselt number is then calculated as shown in Eq.3.5,  

𝑁𝑢 =
ℎ𝑑ℎ

𝑘𝑓
   (𝐸𝑞. 3.5) 
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The calculated Nusselt number was normalized with the Dittus-Boelter correlation for 

smooth circular tube given by Eq.3 

𝑁𝑢0 = 0.023𝑅𝑒0.8𝑃𝑟0.4   (𝐸𝑞. 3.6) 

 

3.4.4)   Validation of the Numerical Scheme 

The numerical scheme was verified for its accuracy and applicability with the experimental 

results in [1]. Simulations were carried out for four pass serpentine configuration at Reynolds 

number 18933 and rotation number 0 and 0.11 to match the experimental operating conditions. 

Figures 3.5 and 3.6 show the comparison of passage averaged normalized Nusselt number for 

experiments and computations under stationary and rotation conditions. It can be seen that 

computational results has a good agreement with experiments, from second passage onward. The 

deviation in heat transfer enhancement levels in the first passage can be attributed to the difference 

in inlet conditions between experiments and simulations. Due to inlet condition, the normalized 

Nusselt number in first passage is over predicted in computations. However, the normalized 

Nusselt number in subsequent passages where the inlet effect is insignificant assures that the 

numerical scheme and data reduction technique adopted in the present study are certainly valid. 

Also, the experiments were transient in nature whereas the computational studies are at steady 

state. 
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Figure 3.5: Comparison of passage averaged normalized Nusselt number in computations with experimental results 

in [1], Re 18933, Ro 0 

 

 

Figure 3.6: Comparison of passage averaged normalized Nusselt number in computations with experimental results 

in [1], Re 18933, Ro 0.11 
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3.5)     Results and Discussion 

For all the test conditions investigated, detailed normalized Nusselt number ratio has been 

presented. Nusselt number calculated was normalized with respect to Dittus – Boelter correlation 

for turbulent flow. Also, for rotations numbers 0 and 0.25, the flow field within the channel has 

been reported for better understanding of heat transfer enhancement behavior. 

 

3.5.1)  Detailed Nusselt Number Ratio under Stationary Conditions 

Figure 3.7 presents the normalized Nusselt number contour for stationary conditions. As 

seen in the description of test configuration, the inlet is a radially outward duct. When the coolant 

enters the first passage, a part of it impinges on the inner wall resulting in enhancement of heat 

transfer along that wall.  Due to pressure gradient, a part of fluid then moves along the outer wall, 

resulting in heat transfer enhancement along that wall.  

The 180 degree bends which connect the passages play a prominent role in heat transfer 

enhancement in the serpentine design. Heat transfer enhances near the outer wall corresponding to 

the 1st passage in the bend region. This is due to inertial effects which causes a part of coolant to 

stagnate (deceleration), resulting in impingement-like effect on the outer wall. Also, part of fluid 

undergoes significant change in flow direction due to radial pressure gradients resulted by the 180-

degree bend. Fluid undergoes local acceleration near the divider wall tip, thereby aiding heat 

exchange.  Along with this, the fluid along the outer wall also accelerates to satisfy continuity 

since it has to travel longer path.   
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Figure 3.7: Normalized Nusselt number contour depicting local normalized Nusselt number (under stationary 

conditions, Re 25000, Ro 0) 

 

 

Apart from acceleration due to radial pressure gradients and lengthier outer wall, there 

exists another mechanism which aids in heat transfer enhancement in the bend region. A pair of 

counter rotating vortices, called Dean type vortices are formed in the bend region which increase 

the transport. These vortices are formed in the plane perpendicular to bulk fluid flow. They result 

in enhanced mixing in orthogonal plane, transporting the hot near wall fluid to the core which 

contains relatively colder coolant. This transport increases heat exchange rates between fluid and 

the walls which are subjected to high heat transfer loads in actual engines. Also, the turning fluid 

increases near wall turbulent energy, enhancing the heat transfer rates. Post the bend, the two 

streams of fluid impinge on the outer wall and continue to travel along the outer wall. The behavior 

is same in subsequent bends of the four pass serpentine channel.  
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From design point-of-view, at Reynolds number 25000, it should be noted that the heat 

transfer enhancement (𝑁𝑢 𝑁𝑢0⁄ )was around the level of 3.0 for first-half of passages downstream 

of the 1st passage. The later-half of the passage had reduced heat transfer levels of about 1.5, due 

to decay in bend induced secondary flow strength. For this study, 80% of the blade chord-length 

was considered for heat transfer enhancement. Gas turbine hot gas path designers can consider 

above configurations and split them in two parts covering 40% of the blade chord length. This 

would ensure uniform heat transfer along the passage. 

 

3.5.2)  Flow Field under Stationary Condition 

As discussed in the previous section, the heat transfer enhancement in this four pass 

configuration is due to the presence of bends. Therefore, the transport mechanism in the vicinity 

of the bends on the plane orthogonal to the bulk flow is represented in Figure 3.8. Streamlines are 

superimposed with normalized local fluid temperature. Planes P1, P4 and P7 indicate inlet to first, 

second and third bends respectively. The streamlines move from outer wall to inner wall, 

indicating that the coolant momentum flux shifts towards the inner wall in the bend region.  The 

Dean type vortices can be observed in all the bend regions. Under stationary condition, the 

streamlines are symmetrical about the planes highlighted in the figure below, which is expected. 

Hence, the heat transfer behavior on leading and trailing sides are symmetrical due to nature of the 

configuration and its symmetricity about the mid-plane.  Due to addition of heat from the confined 

boundaries, the coolant temperature increases with the flow. The symmetric nature of the coolant 

temperature distribution is also expected under non-rotating conditions. 
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Figure 3.8: Streamlines superimposed on normalized local fluid temperature contour at planes orthogonal to bulk 

coolant flow (under stationary conditions, Re 25000, Ro 0) 

 

3.5.3)  Detailed Nusselt number ratio under rotating conditions 

Figure 3.9, Figure 3.10. Figure 3.11 and Figure 3.12 show the detailed Nusselt number 

ratio contours under both stationary and rotating conditions, at rotation numbers 0.1, 0.15, 0.2 and 

0.25 respectively. Comparisons have been made for both leading and trailing sides with that under 

stationary condition.  

As shown in Figure 3.1, the inlet to the four-passage was a straight duct aligned in the 

radially outward direction. Although the four-passage configuration was designed such that the 

Coriolis force effects can be negated, the radially outward duct feeding the serpentine passages 

still has the Coriolis effect. The combined action of Coriolis force and the Centrifugal buoyancy 

forces on the inlet duct results in enhancement of heat transfer on the trailing side and reduction in 

heat transfer on the leading side. In the present study, the heat transfer levels in the inlet duct is 

not reported. After the 90-degree turn, the inner wall of the first-passage witnessed high heat 
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transfer on the leading side due to enhancement in impingement induced heat transfer, followed 

by the stationary case and trailing side. Further, the 1st passage bend region heat transfer on leading 

side was appreciably higher compared to the trailing side, whereas the stationary case was in-

between the leading and trailing side heat transfer enhancements. This effect continues in the 2nd 

passage as well.  

Figure 3.9: Normalized Nusselt number contour depicting local normalized Nusselt number (under rotating 

conditions, Re 25000, Ro 0.1) 

 

Post the first-two passages, the heat transfer levels on leading and trailing sides were 

similar to each other, as well as similar to the stationary case. Even at a local scale, the heat transfer 

characteristics of the leading and trailing sides were similar to each other, apart from minor 

difference along the outer wall in the bend region. In the bend region, where the instantaneous 

coolant vector is not anymore parallel to axis of rotation, it is observed that the heat transfer 

enhancement is slightly higher along the outer wall of the trailing wall than the leading wall. Since 

the coolant vector and axis of rotation vector are not parallel, Coriolis effect is observed in the 

bend region which pushes the fluid towards the trailing wall since all the bends are of radially 
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outward nature. This results in higher enhancement level on the trailing wall, on a local scale. This 

phenomenon is observed in second and third bend regions where the inlet effects are diminished. 

Also, this behavior is observed in all rotation numbers whose effect is seen to increase with 

increasing rotation number. However, the local heat transfer behavior in the passage is very similar 

on leading and trailing walls, satisfying the design intent of negating the Coriolis force effects on 

heat transfer.  

 
Figure 3.10: Normalized Nusselt number contour depicting local normalized Nusselt number (under rotating 

conditions, Re 25000, Ro 0.15) 
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Figure 3.11: Normalized Nusselt number contour depicting local normalized Nusselt number (under rotating 

conditions, Re 25000, Ro 0.2) 

 

 
Figure 3.12: Normalized Nusselt number contour depicting local normalized Nusselt number (under rotating 

conditions, Re 25000, Ro 0.25) 

 

3.5.4)  Flow Field under Rotating Condition 

As mentioned earlier, the design intent of the four pass serpentine configuration was to 

negate the Coriolis effect on heat transfer on leading and trailing walls. This is achieved by making 
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coolant vector and rotation vector parallel since the cross product of rotation vector and coolant 

velocity vector will result in a null vector. However, the centrifugal buoyancy force still exists 

which always acts radially outward. It depends on the density ratio, rotation number and local 

rotating radius. This centrifugal buoyancy force affects both leading and trailing sides in a similar 

way. Thus it has no role in causing different enhancement levels on leading and trailing walls. 

 

 

Figure 3.13: Streamlines superimposed on normalized local fluid temperature contour at planes orthogonal to bulk 

coolant flow (under rotating conditions, Re 25000, Ro 0.25) 

 

Figure 3.13 shows the streamlines superimposed with normalized local fluid temperature 

on orthogonal planes to the bulk fluid flow. The plane P1 streamlines travel from outer to inner 

wall similar to that observed for the stationary case in Figure 3.8. The two symmetric vortices 

observed in the stationary case of four-passage configuration changed to one large vortex under 

rotating conditions at Plane P1. For the four-passage configuration (Plane P2) 1st pass bend-region, 

the single large vortex existed with slight skewness towards the leading side, resulting in reduced 
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heat transfer on the trailing side. Post the bend, in plane P3, the fluid is slightly skewed towards 

the trailing wall, resulting in higher heat transfer on the trailing wall just after the bend as seen in 

figure 3.12. In the plane P6, at the outlet of second bend, the fluid is directed towards the trailing 

wall due to Coriolis force effect in the bend region. This endorses the heat transfer behavior in the 

bend region as discussed in the earlier section. For the four-passage configuration, the streamlines 

were near symmetric about the channel center-plane from Plan P7 onward. The coolant 

temperature distribution is not exactly symmetric about the plane as in stationary case. This is 

expected since the vortices are not exactly symmetric. However, the difference is only observed 

in the region very close to the walls. 

 

3.5.5)  Passage Averaged Normalized Nusselt Number Ratio (𝑵𝒖 𝑵𝒖𝟎⁄ ) under Stationary   

           And Rotating Conditions 

 

Passage averaged normalized Nusselt number ratio has been presented in Figure 3.14 for 

stationary and rotating conditions at rotation number 0.25. It can be seen that the first passage heat 

transfer was higher compared to subsequent passages. This can be attributed to the inlet effects 

and inlet turbulent parameters specification. The turbulent parameters specified at the inlet are as 

suggested in ANSYS Fluent 18 user guide [2]. However, this might not be the case for every test 

condition. Thus the passage averaged normalized Nusselt number in the first pass is over predicted 

as mentioned earlier in section 3.4.4 of this chapter. The subsequent passages which have reduced 

dependence on inlet conditions had almost constant heat transfer enhancement. Further, the heat 

transfer enhancement levels is similar for leading and trailing walls. This proves that the Coriolis 

effect is eliminated and satisfies the design intent.  
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Figure 3.14: Passage averaged normalized Nusselt number for four pass serpentine configuration (under rotating 

conditions, Re 25000, Ro 0.25) 

 

Figure 3.15 shows the variation of passage averaged normalized Nusselt number for all 

rotation numbers on leading and trailing walls. It can be seen that the passage averaged normalized 

Nusselt number remains more or less same with variation in rotation number apart form first pass 

where inlet effects are significant which increases with rotation number. The slight deviation in 

heat transfer enhancement levels with varying rotation number the second and third is due the 

effect of Coriolis force in the bend region as explained earlier. However, these results only 

strengthen the earlier findings that the Coriolis Effect is eliminated. 

Although the centrifugal buoyancy exists which increases with increase in rotation number, 

its effect on heat transfer is found to be minimal. As seen earlier in chapter two, the centrifugal 

buoyancy contributes to heat transfer enhancement only after the flow is fully developed, without 
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any influence of the inlet. However, in the serpentine configuration, the flow encountered bends 

at regular intervals, resulting in suppression of centrifugal buoyancy effects. Thus 180 degree 

bends are the major contributors for heat transfer enhancement in the four pass serpentine design.  

 

 

Figure 3.15: Passage averaged normalized Nusselt number for four pass serpentine at all rotation numbers on (a) 

leading wall (b) trailing wall 

 

3.6)     Conclusions 

Novel four pass serpentine configuration to negate Coriolis Effect proposed in [1] is 

investigated numerically for heat transfer and fluid flow behavior. The goal of the study is to prove 

that the proposed configuration performs equally well at higher rotation numbers typical to aircraft 

engines. The coolant flow vector is aligned such that it is parallel to axis of rotation making the 

cross product a null vector. Detailed Nusselt number ratio on local and passage averaged scale are 

presented at Reynolds number 25000 and rotation numbers 0, 0.1, 0.15, 0.2 and 0.25. Some of the 

conclusions from the present study are: 
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(a) The heat transfer behavior is similar for leading and trailing walls, post the first bend where 

the inlet effects are diminished. The enhancement levels on leading and trailing walls are near 

similar, satisfying the objective of the design. 

(b) The heat transfer enhancement levels post the first bend remain more or less same with 

variation in rotation number. The design is insensitive to rotation speed on a global scale. 

(c) In the four pass serpentine configuration, the bend region dominates the heat transfer 

enhancement mechanism. Bend suppresses the influence of centrifugal buoyancy on heat 

transfer behavior. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 



  60 

 

 

REFERENCES 

1. Singh, P., Ji, Y. and Ekkad, S.V., 2018, June. Multi-Pass Serpentine Cooling Designs for 

Negating Coriolis Force Effect on Heat Transfer: Smooth Channels. In ASME Turbo Expo 

2018: Turbomachinery Technical Conference and Exposition (pp. V05AT16A011-

V05AT16A011). American Society of Mechanical Engineers. 

2. ANSYS Fluent 18 user guide 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 



  61 

 

 

CHAPTER 4 

Effect of Blade Profile on Four-Passage Serpentine Internal Cooling Designed to Negate 

Coriolis Effect on Heat Transfer and Fluid Flow 

Ajay Sarja, Srivatsan Madhavan, Prashant Singh, Srinath V. Ekkad 

     Department of Mechanical and Aerospace Engineering 

North Carolina State University 

Raleigh, NC USA 

 

Submitted to ASME Turbo Expo 2019: Turbomachinery Technical Conference and Exposition, 

June 17 – 21, 2019, Phoenix, Arizona 

 

Abstract 

Gas turbine blades are equipped with serpentine internal cooling channels with 180-degree 

bends, through which relatively colder air is routed to cool the internal walls. It has been 

established that under the influence of rotation, pressure and suction side internal wall heat transfer 

characteristics are very different, which leads to non-uniform metal temperatures, and hence higher 

levels of thermal stresses. Present study addresses this non-uniformity in heat transfer using 

parallel rotation to negate Coriolis effect. Further, the blade curvature does not allow rectangular 

or trapezoidal passages, which are typically studied. In this paper, we have numerically 

investigated a realistic design for the four-passage channel, where the cooling design can actually 

be incorporated in a blade. Four-passage configuration also features 90-degree square shaped rib 

turbulators, and the corresponding baseline case is smooth channel. Numerical simulations have 

been carried out at Reynolds numbers of 5000, 10000 and 25000 and Rotation numbers were varied 

between 0 and 0.25. For smooth case, heat transfer enhancement was found to be higher on suction 

(leading) side compared to pressure (trailing) side under both stationary and rotating conditions. 

The enhancement levels between stationary and rotation conditions varied marginally in these 

designs, indicating that buoyancy effects were insignificant. For ribbed case, the effect of 90-
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degree rib turbulators on local heat transfer was more pronounced on the suction side when 

compared to smooth case. Under rotating conditions, it was found that the cooling levels were 

similar to the stationary condition for both pressure and suction side internal walls.  

Keywords: Coriolis force; centrifugal buoyancy; serpentine passage; rib turbulator.  

 

4.1)     Introduction 

The temperature of hot gases exiting the combustor section of a gas turbine engine can be 

as high as 1300℃, which is much greater than the temperature, blade material can withstand [1]. 

Relatively colder air from the compressor is supplied to the internal cooling passages of gas turbine 

blades to reduce the internal wall temperature. Highly efficient cooling concepts are required to 

achieve reduced coolant usage for higher overall efficiency. One other aim of hot gas path designer 

is to achieve uniformity in cooling. Rotation significantly modifies the heat transfer behavior on 

leading and trailing side internal walls due to influence of Coriolis force and centrifugal buoyancy 

forces. Heat transfer enhancement features developed under stationary conditions behave very 

different under rotation. The non-uniform distribution of internal wall heat transfer coefficient 

leads to non-uniform metal temperature, which essentially results in elevated thermal stress levels. 

There have been several experimental and computational studies on fluid flow and heat 

transfer enhancement in conventional smooth and ribbed multi-pass channels under stationary and 

rotating conditions. It is known that, under the influence of rotation, for a radially outward flow, 

heat transfer enhances on the trailing side and reduces on the leading side. However, for a radially 

inward flow, this trend flips. This phenomenon is due to Coriolis force which pushes the coolant 

in the core of the channel towards trailing wall for a radially outward flow. Further, an additional 
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centrifugal buoyancy force acts on all fluid elements in radially outward direction. This force is 

directly proportional to local fluid density [2-9].   

Further, rib turbulators of various shapes have been studied in past, e.g. [10-12]. Han and 

Park studied the effect of rib angle of attack with coolant flow on heat transfer in a straight channel 

with opposite walls roughened by rib turbulators [10]. Han et al. [11] investigated various 

continuous-type and parallel rib shapes with angle of attacks of 45-degree and 60-degree. They 

concluded that 60-degree V-shaped ribs had the highest levels of heat transfer enhancement 

compared to other rib shapes. In a continued study, Han and Zhang [12] investigated broken ribs 

and found that broken-type ribs performed better than continuous in terms of heat transfer 

enhancement. There have been many other studies focused on development of high performance 

rib turbulated cooling channels and a comprehensive review can be found in [13]. 

Numerous computational studies have addressed fluid flow and heat transfer characteristics 

in two-pass ribbed cooling passages. Al-Qahtani et al. [14] modeled flow and heat transfer 

behavior of two-pass rectangular channel with 45-degree angled rib turbulators under stationary 

and rotation conditions. Su et. al [15] numerically predicted three-dimensional flow and heat 

transfer in a rectangular channel with 45-degree V-shaped ribs. Shevchuk et al. [16] predicted heat 

transfer behavior in a two-pass varying aspect ratio channel with divider wall to tip distances at 

Reynolds number of 100,000. They validated their computational results with PIV measurements, 

ensuring that that RANS turbulence models are fairly capable of predicting the flow and heat 

transfer behavior in multi-pass channel. Singh et al. [17] performed experimental and numerical 

studies on heat transfer and fluid flow behavior of various angled rib turbulators and proved that 

predictions of realizable k-ε turbulence were reasonable by validating with experimental results. 

Above studies were carried out for traditional rectangular or trapezoidal channels.  
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Relatively fewer studies have been carried out to address the curvature of gas turbine blades 

and vanes when addressing flow and heat transfer behavior. Mayle et al. [18] reported turbulent 

boundary layer heat transfer characteristics curved surfaces. They stated that concave surface had 

the highest heat transfer followed by flat plate and convex surface. Simon and Moffat [19] 

experimentally investigated heat transfer behavior on convex surfaces in turbulent regime. York 

and Leylek [20] and Facchini et al. [21] performed conjugate heat transfer simulation on an 

internally cooled gas turbine vane to predict metal temperatures. Dees et al. [22, 23] carried out 

numerical and experimental studies on smooth and 90-degree ribbed internally cooled simulated 

gas turbine vane and presented external temperature and heat transfer coefficients. Takeishi et al. 

[24] investigated film cooling effectiveness on a gas turbine rotor under stationary and rotating 

conditions. They found that the film cooling effectiveness was low on pressure side when 

compared to stationary and the suction side behavior was similar under stationary and rotating 

conditions. Most of the studies were focused in external cooling and curvature effects with respect 

to internal cooling in mid-chord region have rarely been addressed. 

The problem of non-uniformity in heat transfer behavior of leading and trailing walls under 

rotation is also not widely addressed. Dutta and Han [25] investigated heat transfer behavior under 

rotation for three different model orientations., where one of the models showed promise in terms 

of enhanced heat transfer on both leading and trailing internal walls. Singh et al. [26] studied heat 

transfer enhancement mechanism for cooling feature based on Model B of [25] by means of 

transient liquid crystal experiments. The authors exhibited the advantages of the model orientation 

where rotation actually favored the heat transfer enhancement on both the walls. 

All the above-mentioned studies are with respect to orthogonal mode of rotation where the 

direction of fluid flow and rotation axis are perpendicular to each other, i.e. the conventional 
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method which exists in modern gas turbine blades. However, in parallel mode of rotation, where 

the direction of fluid flow and axis of rotation are parallel to each other, Coriolis effect is 

effectively negated. Although few researchers have addressed fluid flow and heat transfer behavior 

for rectangular duct under parallel rotation, the application was mostly limited to cooling of 

electrical rotors.  Singh et al. [27] utilized this concept and proposed novel smooth and ribbed 

multi-pass serpentine designs for internal cooling in gas turbine blades. They found that heat 

transfer enhancement level was similar under stationary and rotation, thus successfully cancelling 

out the Coriolis Effect. 

The current study is an extension of [27] study taking into consideration the curvature 

effects of the gas turbine rotor. The serpentine passage was designed considering the airfoil shape 

such that it could fit into in a modern gas turbine rotor. Computational studies were carried out 

under steady-state heat transfer scenario, for Reynolds numbers of 5000, 10000 and 25000 based 

on mean hydraulic diameter for smooth and ribbed serpentine passages. 90-degree ribs were 

incorporated in the baseline case of smooth channel to achieve enhanced heat transfer. Rotation 

conditions were varied between 0 and 0.25. Following sections present detailed analysis of heat 

and fluid flow in the above proposed novel cooling design with blade curvature effects.  

 

4.2)    Configuration Geometry Details 

Figure 4.1 shows the proposed design of smooth four-pass serpentine passages. Two 

designs with smooth and 90-degree ribs are shown. The coolant flow direction is indicated by 

black arrows. Inlet is perpendicular to these passages since it is more realistic if the design has to 

be implemented in gas turbine blades. The length of the inlet section is such that the flow is nearly 

fully developed at the entrance of first-pass. The coolant exits the final passage of the configuration 
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for trailing edge cooling. An exit length is provided in the last passage to avoid back pressure 

effects on the region of interest where the heat transfer behavior is studied.  

Figure 4.2 shows the orientation of proposed design in the existing internal cooling configuration 

of gas turbine blades. The conventional existing serpentine passage design is shown in isometric 

view and top view of blade cooling passages is also shown. The overall blade aspect ratio is 

considered unity. In the current study, 80% of the chord length is considered for a similar blade 

height. The serpentine passages are arranged along the span of the blade. The proposed design has 

a height Ly, width Lx (=0.8L0). Thickness is governed by the airfoil profile. L0 is first decided and 

divider wall thickness is considered 0.5dh. Since hydraulic diameter varies along the streamwise 

direction, it was considered as a function of local streamwise location (x) and mean hydraulic 

diameter was found to be 25.4 mm .The inlet was a radially outward duct with length equal to 6.5 

times the mean hydraulic diameter.  

 

Figure 4.1: (a) Smooth four pass serpentine fluid domain (b) Nomenclature (Smooth) (c) Nomenclature (Ribbed) 

 

The detailed dimensions are given in Table 4.1.  
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Figure 4.2: Orientation of proposed design in the existing gas turbine blade 

 

For the ribbed configuration, the pitch, p is 0.8 times the mean hydraulic diameter. The cross 

section of the rib was square, with width (e) equal to 0.1 times mean hydraulic diameter.  
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Table 4.1: Detailed dimensions of the geometry 

 

 

4.3)     Meshing  

For the serpentine configurations, tetrahedral/hexahedral mixed cell mesh as shown in Fig. 

4.3 was generated in ANSYS WORKBENCH package. For the turbulent flow, for accurate 

resolution of flow and heat transfer in the viscous sublayer, inflation layers were incorporated in 

the near-wall region. The first layer height is such that its non-dimensional distance wall y+ is close 
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to one for the turbulence model used in this study which is discussed in the subsequent sections. 

The grid had a total of 10 million cells for the highest Reynolds number and Rotation number. 

 

 

Figure 4.3: Unstructured grid employed in present study (a) Bend region (b) Inflation layers 

 

4.4)     Computational Methodology 

4.4.1)  Solver and Turbulence model 

The numerical simulations were carried out in commercial software package ANSYS 

FLUENT, which is a finite-volume based solver. Steady-state Reynolds-Averaged Navier-Stokes 

equations were solved using second order discretization schemes. The working fluid is assumed 

incompressible and hence pressure-based solver is used. SIMPLE scheme is used for pressure-

velocity coupling. To model the turbulent flow field, realizable version of k-ε turbulence model is 

used with enhanced wall treatment. This model is known for its ability to perform much better than 

standard k-ε for flows involving system rotation and streamline curvature. 
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4.4.2)  Boundary Conditions 

Mass flow rate at the inlet was specified based on the Reynolds number and mean channel 

hydraulic diameter. Uniform flux was of 5000 W/m2 was specified on leading and trailing walls 

where heat transfer is calculated. Inner and outer walls were declared adiabatic. The fluid 

temperature at the inlet was specified 300K. Turbulence intensity of 5% and turbulent length scale 

equal to hydraulic diameter was specified at the inlet. At the outlet, zero-gauge pressure was 

specified. The solution was assumed converged when the continuity, momentum and turbulence 

residuals reached 1e-6 and energy residual reached 1e-8. Temperature was monitored at multiple 

points on leading and trailing walls to ensure convergence.  

 

4.4.3)  Data Reduction 

The local heat transfer coefficient at the walls subjected to constant heat flux is calculated 

from following equation 

ℎ(𝑥, 𝑦) =
𝑞′′

𝑇𝑤(𝑥, 𝑦) −  𝑇𝑚(𝑥)
     (𝐸𝑞. 4.1) 

The bulk fluid temperature was calculated by considering mass weighted average of the 

temperature at five normal planes to the flow in each pass and was then linearly interpolated along 

the flow direction. The normalized Nusselt number is then calculated as shown in Eq.4. 2,  

𝑁𝑢(𝑥, 𝑦)

𝑁𝑢0
=

ℎ(𝑥, 𝑦)𝑑ℎ(𝑥)

𝑘𝑓(0.023𝑅𝑒𝑥
0.8𝑃𝑟0.4)

   (𝐸𝑞. 4.2) 

The calculated Nusselt number was normalized with the Dittus-Boelter correlation for 

smooth circular tube. Nu0 was calculated for Reynolds number based on local hydraulic diameter. 
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4.5)       Results and Discussions 

4.5.1)    Smooth Channel 

4.5.1.1) Normalized Nusselt number (𝑵𝒖 𝑵𝒖𝟎⁄ ) contours under stationary conditions 

 Figure 4.4 presents the normalized Nusselt number contour for stationary conditions at 

highest Reynolds number 25000. As shown in Fig. 4.1, the inlet of the serpentine four-pass 

configuration was the radially outward duct. Coolant first impinges on the inner wall of the 1st 

passage and then travel along the wall until the bend region, where turn induced pressure gradient 

results in local fluid acceleration. . The enhancement in heat transfer was found to be higher on 

the leading side compared to the trailing side. 

 

Figure 4.4: Detailed normalized Nusselt number ratio on pressure and suction sides under stationary condition 

 

Heat transfer along the leading side was generally higher compared to the trailing side, and 

this phenomena is explained later via flow contours. The primary factor for heat transfer 

enhancement in the serpentine duct is the 180-degree bend. The reason for heat transfer 

enhancement in this configuration is the 180-degree bends.  
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Dean-type vortices are formed in the bend region which are essentially a pair of counter-

rotating vortices. These vortices are formed in a plane orthogonal to the direction of bulk coolant 

flow. The vortices result in enhanced mixing in the orthogonal plane, where the coolant 

exchanging heat near the walls with heat flux (in actual engines) is brought to the core of the 

channel which contains relatively colder air. This enhancement in turbulent transport of relatively 

hotter fluid from the walls towards the colder core results in increase in heat exchange. However, 

when the flow is bounded by curved walls instead of flat, these vortices are not developed 

completely. This results in difference in enhancement levels between pressure and suction sides 

post bend. 

In the 2nd passage, the heat transfer is enhanced on the outer wall corresponding to both 

leading and trailing walls due to inertial effects. On the trailing side, the flow separates 

immediately after the bend due to the convex nature of the surface. Thus the heat transfer is lower 

in the beginning of 2nd passage. The differences in local heat transfer characteristics between 

leading and trailing side can be attributed to concave and convex profiles, respectively. The fluid 

along the suction (concave) side has to traverse longer distance than the pressure (convex) side. 

Thus to maintain continuity, the coolant mass flux along the leading side is higher compared to 

trailing side, resulting in higher heat transfer. The behavior is qualitatively similar for successive 

bends.  

 

4.5.1.2) Flow field under stationary conditions 

 As mentioned in the previous section, the heat transfer enhancement mechanism in this 

study’s four pass configuration is due to the presence of bends. The transport mechanism in the 

plane orthogonal to the bulk flow is represented by streamlines superimposed with local fluid 
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temperature in Figure 4.5 for the highest Reynolds number of 25000. It can be seen that the dean 

type vortices are not completely formed in the planes P2, P5 and P8. The coolant is skewed towards 

the suction side, leading to higher heat transfer on suction side in the vicinity of the bend. As 

expected, due to addition of heat from all the confined boundaries, the coolant gets heated up as it 

flows through the serpentine passages. 

 

 

Figure 4.5: Normalized fluid temperature contour at planes orthogonal to bulk coolant flow  

(Under stationary conditions, Re 25000, Ro 0) 
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4.5.1.3) Normalized Nusselt number (𝑵𝒖 𝑵𝒖𝟎⁄ ) contours under rotating conditions 

  Figure 4.6 shows the normalized Nusselt number contour on suction and pressure surfaces 

at Reynolds number 25000 and rotation number 0.25. It can be seen that post the first pass, the 

behavior is similar to stationary case, which indicates that the design intent of negating the effect 

of Coriolis force on heat and fluid flow is satisfied. Some differences in local heat transfer 

coefficients can be observed between stationary and rotating conditions (Figs. 4.4 and 4.6) due to 

the inlet effects. The inlet duct was radially outward, and hence it faced the effect of Coriolis and 

centrifugal buoyancy forces. This effect sustained in the 1st passage and some of it is also reflected 

in the 2nd passage as well. However, post the 2nd passage, the heat transfer levels were very similar 

when leading side is compared to leading side for stationary and rotating conditions, and so trailing 

side is compared to the trailing side for stationary and rotating conditions.  

 

 

Figure 4.6: Detailed Nusselt number ratio contour under rotating condition 
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4.5.1.4) Flow field under rotating conditions 

 Similar to Fig. 4.5, the transport phenomena in the orthogonal plane for rotating condition 

is shown in Fig. 4.7 for Reynolds number 25000 and Rotation number 0.25. The flow field was 

similar to that in stationary condition, post the first pass, where the inlet effects diminished. The 

flow is skewed towards the suction side, resulting in higher heat transfer enhancement along that 

surface. 

 

 

Figure 4.7: Normalized fluid temperature contour at planes orthogonal to bulk coolant flow 

 (Under rotating conditions, Re 25000, Ro 0.25) 
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4.5.1.5) Passage averaged Nusselt number ratio (𝑵𝒖 𝑵𝒖𝟎⁄ ) under stationary and  

              Rotating condition 

  Passage averaged Nusselt number ratio for all Reynolds numbers has been presented in 

Figs. 4.8 and 4.9 under stationary and rotating conditions respectively. The higher heat transfer in 

the first passage is attributed the inlet effects. The passages in the middle which have reduced 

dependence on inlet and exit conditions had almost constant heat transfer enhancement. Also, the 

heat transfer enhancement ratio was found to be reducing with increasing Reynolds number.  

Figure 4.10 represents the comparison of passage averaged normalized Nusselt number 

under stationary and rotating conditions. It can be seen that the difference between suctions side 

and pressure side decreased under rotation, which might be due to centrifugal buoyancy. The 

similar enhancement levels on pressure and suction side satisfies the design intent of the proposed 

serpentine configuration. 

 

 
Figure 4.8: Passage averaged normalized Nusselt number (a) Suction Side (b) Pressure Side  

(Under stationary conditions) 
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Figure 4.9: Passage averaged normalized Nusselt number (a) Suction Side (b) Pressure Side 

(Under rotating conditions, Ro 0.25) 

 

 

 

 

 

Figure 4.10: Passage averaged normalized Nusselt number for stationary and rotating conditions at Re 25000, Ro 

0.25 
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4.5.2)    Ribbed Channel 

4.5.2.1) Normalized Nusselt number (𝑵𝒖 𝑵𝒖𝟎⁄ ) contours under stationary conditions 

 Figure 4.11 presents the normalized Nusselt number contour for ribbed configuration 

under stationary conditions at highest Reynolds number 25000. As the coolant enters the first 

passage, a part of it impinges on the inner wall leading to enhanced heat transfer along that wall. 

This is observed on both pressure and suction surfaces. The reasons for heat transfer enhancement 

in this configuration are the 90-degree ribs and 180-degree bends. The heat transfer enhancement 

mechanism due to bends is similar to smooth duct as explained earlier. Further, 90-degree ribs act 

as primary source of heat transfer enhancement. It breaks the boundary layer and enhances near 

wall turbulent transport and results in heat transfer enhancement at the point of reattachment and 

slightly downstream regions. Due to flow separation, a recirculation loop exists just downstream 

the rib. Due to recirculation, the heat transfer in the immediate downstream of the rib is low. Ribs 

were installed on both leading and trailing walls. However their effectiveness on the leading wall 

was higher when compared to trailing side, since the coolant mass flux was higher along the 

leading side. 

 

4.5.2.2) Flow field under stationary conditions 

 The transport mechanism in the plane orthogonal to the bulk flow is represented by 

streamlines superimposed with local fluid temperature in Fig. 4.12 for Reynolds number of 25000. 

It can be seen that the flow is directed towards the suction at the entrance of each passage, leading 

to higher enhancement on that surface. As expected, the temperature increases along the flow due 

to heat addition.  
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Figure 4.11: Detailed normalized Nusselt number ratio on pressure and suction sides under stationary condition 

 

 

 

Figure 4.12: Normalized fluid temperature contour at planes orthogonal to bulk coolant flow  

(Under stationary conditions, Re 25000, Ro 0) 
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4.5.2.3) Normalized Nusselt number (𝑵𝒖 𝑵𝒖𝟎⁄ ) contours under rotating conditions 

  Figure 4.13 shows the normalized Nusselt number contour on suction and pressure 

surfaces at Reynolds number 25000 and rotation number 0.25. It is seen that post the first pass, the 

behavior is similar to stationary case. Heat transfer behavior under rotating condition for the ribbed 

configuration was similar to that under stationary condition. It is hence demonstrated that the 

Coriolis force effect on heat transfer on leading and trailing side ribbed surfaces can be negated 

even with a serpentine design incorporating the blade curvature. 

 

Figure 4.13: Detailed Nusselt number ratio contour under rotating condition 

 

4.5.2.4) Flow field under rotating conditions 

 Similar to Fig. 4.12, the transport phenomena in the orthogonal plane for rotating condition 

is shown in Fig. 4.14 for Reynolds number 25000 and rotation number 0.25. The flow field was 

similar to that in stationary condition, post the first pass, where the inlet effects diminished. The 
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flow is skewed towards the suction side, resulting in higher heat transfer enhancement along that 

surface.  

 

Figure 4.14: Normalized fluid temperature contour at planes orthogonal to bulk coolant flow 

 (Under rotating conditions, Re 25000, Ro 0.25) 

 

 

 

4.5.2.5) Passage averaged Nusselt number ratio (𝑵𝒖 𝑵𝒖𝟎⁄ ) under stationary and rotating                                                                      

a           condition 

 Passage averaged Nusselt number ratio for all Reynolds numbers has been presented in 

Figures. 4.15 and 4.16 under stationary and rotating conditions respectively. The higher heat 

transfer in the first passage is attributed to the inlet effects as discussed earlier. The passages in the 

middle which have reduced dependence on inlet and exit conditions had similar  heat transfer 

enhancement. Also, the heat transfer enhancement ratio was found to be reducing with increasing 

Reynolds number.  
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Figure 4.15: Passage averaged normalized Nusselt number for ribbed configuration  

(a) Suction Side (b) Pressure Side (under stationary conditions) 

 

 

 

Figure 4.16: Passage averaged normalized Nusselt number ribbed configuration 

(a) Suction Side (b) Pressure Side (under rotating conditions) 
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Figure 4.17 represents the comparison of passage averaged normalized Nusselt number 

between smooth and ribbed configurations under stationary and rotating conditions. It can be seen 

that the ribbed configuration has higher heat transfer enhancement than stationary, as expected. 

Also, ribs aid in greater enhancement on suction side than pressure side. 

 

 

Figure 4.17: Comparison of Passage averaged normalized Nusselt number for smooth and ribbed 

at Re 25000 (a) Stationary (b) Rotation, Ro 0.25 

 

 

4.6)     Conclusions 

Present study proposes a four-pass serpentine smooth and ribbed designs to negate Coriolis 

effect under rotation, considering curvature of the blade profile. The coolant flow vector was 

parallel to axis of rotation, which implies a null vector for cross product between rotation vector 

and coolant flow velocity vector. Numerical simulations were performed under stationary and 

rotating conditions for Reynolds number 5000, 10000 and 25000. The rotation number was set to 

0.25.   
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For both smooth and ribbed configurations, the suction side had a slightly higher heat 

transfer enhancement than the pressure side due to the skewed distribution of coolant mass flux. 

However, the deviation in heat transfer enhancements between stationary and rotating conditions 

was negligible, satisfying the design intent. Further, the ribbed configuration had greater heat 

transfer enhancement levels than the smooth configuration. Future studies will include 

experimental investigation and study of angled ribs, while accounting for blade curvature. 

 

NOMENCLATURE 

𝐵𝑜 Buoyancy number, (𝛥𝜌/𝜌)(𝑅𝑥/𝑑ℎ)𝑅𝑜2 

𝑑ℎ  channel hydraulic diameter 

𝐹 Secondary Coriolis force    

ℎ heat transfer coefficient 

𝑘 thermal conductivity of air 

𝐿 Total length of the channel 

𝑁𝑢 Nusselt Number 

𝑁𝑢0 Dittus-Boelter Correlation, 0.023𝑅𝑒0.8𝑃𝑟0.4 

𝑅𝑒 Reynolds number, 𝑉𝑑ℎ/𝜐 

𝑅𝑜 Rotation number, 𝛺𝑑ℎ/𝑉 

𝑅𝑚  Mean rotating radius 

𝑅𝑥 Local rotating radius  

𝑇𝑏 Bulk fluid temperature 

𝑇𝑤 Wall temperature 

𝑉 Average velocity of the coolant 
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𝑉𝑦 Velocity component normal to main flow 

𝑋 Distance from the inlet of the channel 

 

Greek Symbols 

𝜌              Density of air 

𝜐              Kinematic viscosity 

𝛺             Angular Velocity 

 

Subscripts 

𝑏              Bulk Fluid 

𝑤             near wall fluid 

0 Dittus-Boelter Correlation  
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CHAPTER 5 

CONCLUSIONS AND RECOMMENDATIONS FOR FUTURE WORK 

Present study is aimed at development of internal cooling channels for gas turbine blades 

where effects of Coriolis force on heat and fluid flow is diminished. Coriolis force being a cross 

product of velocity vector and axis of rotation, it is evident that making the cross product a null 

vector would diminish the Coriolis force effect. Since the axis of rotation can’t be changed in an 

actual gas turbine engine, one way to reduce the Coriolis force effect is to redefine the coolant 

flow in the internal cooling channels, such that the coolant flow direction and axis of rotation are 

parallel. 

Conceptual study of parallel axis rotation in comparison with orthogonal rotation for a 

smooth rectangular duct gave some valuable insight about heat transfer characteristics. In 

orthogonal rotation, the heat transfer increased on the trailing side and decreased on the leading 

side for the radially outward flow. This deviation increased with increase in rotation number. For 

parallel rotation, it is seen that the heat transfer behavior on leading and trailing sides are very 

close. The marginal difference is due to the secondary Coriolis force effect arising from velocity 

components perpendicular to mean flow. Further, the highest heat transfer is witnessed on the top 

wall/ radially outer wall due to centrifugal buoyancy force acting on all fluid elements from blade 

root to tip direction. The heat transfer enhancement ratio on leading, trailing and top walls 

increases with rotation number in parallel axis rotation. 

A novel four pass serpentine internal cooling passage is proposed to incorporate in gas 

turbine blades. The passages are aligned such that coolant flow direction is parallel to axis of 

rotation. The passages are connected by 180 degree bends which also serve as enhancement. It is 

witnessed that the heat transfer behavior on leading and trailing walls are similar. Further, the heat 
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transfer enhancement levels are similar for all rotation speeds. This proved that the proposed 

design is insensitive to rotation. The effect of centrifugal buoyancy is suppressed by bend 

dominated heat transfer mechanism. 

However, when the curvature of the blade profile is considered in the serpentine design, a 

difference in heat transfer enhancement levels between pressure side and suction side is witnessed. 

This difference is due to the convex and concave nature of suction side and pressure sides 

respectively. The behavior continues in case of rib turbulated serpentine channel also. 

Future work on the proposed design could be investigating the performance of different rib 

turbulators. It would be interesting for the gas turbine community to witness the behavior of rib 

turbulators under parallel axis rotation. Also, experimental investigation of channels considering 

the curvature of the blade would be of great academic and industrial interest. 

 

 

 

 

 

 

 

 

 


