
 

    

ABSTRACT 

RAJAMUTHU, VARUN PRASANNA. Thermal Hydraulic Performance of Strategically Packed 

High Porosity High Pore-Density Thin Copper Foams Under Array Jet Impingement. (Under the 

direction of Dr. Srinath V. Ekkad). 

 

Metal foams have shown promise in enhancing heat dissipation from heated surfaces and 

find applications in forced convection cooling environments like electronics cooling. The thermal 

and hydraulic performance of metal foams have a strong correlation to its pore density (pores per 

inch: PPI) and porosity. While high pore density is desired to enhance heat dissipation (due to 

higher effective heat transfer area), high porosity is suitable to maintain low pressure drop in forced 

convective cooling applications. Towards this end, an experimental study was carried out to 

evaluate the thermal-hydraulic performance of high pore density (90 PPI), high porosity (96%), 

thin Copper foams (3mm thick) strategically placed over a heated surface of base area 

20 mm ×  20 mm . Heat transfer was facilitated with air as the working fluid impinging through 

a 3 × 3 array of circular nozzles of three different jet-to-jet spacings (𝑥 𝑑𝑗⁄ = 𝑦 𝑑𝑗⁄ = 2,4 𝑎𝑛𝑑 6) 

with diameters, 𝑑𝑗 = 1, 1.5 and 3 mm respectively. Three metal foam-heated surface 

configurations were tested,  a full foam configuration; where the metal foam covered the entire 

heated surface area, and two foam stripes configuration, where metal foam stripes were 

strategically placed over the heated surface, were studied for their heat transfer, pressure drop and 

thermal hydraulic performance at Reynolds numbers (𝑅𝑒𝑗) between 3000 and 12000. A smooth 

surface, without metal foam, served as the baseline case, taking into account an appropriate jet-to-

target spacing for the different jet plate configurations. Additionally, the effect of varying jet-to-

target plate distance (𝑧) as 𝑧 𝑑𝑗⁄ = 2, 3, 5, 7 was studied. To further analyze the effect of pore-

density, a lower pore-density 40PPI foam of two different configurations (a full foam, and a foam 

stripes configuration where jets impinge onto the foam) were also tested and their performance is 



 

    

compared against the corresponding 90PPI foams. From experiments, it was observed that for 

each of the 90PPI foam configurations the best heat transfer performance is obtained when the 

foams are in contact with the jet plate (𝑧/𝑑𝑗  =  1, 2, 3 𝑓𝑜𝑟 𝑥/𝑑𝑗 = 2,4, 6 𝑟𝑒𝑠𝑝𝑒𝑐𝑡𝑖𝑣𝑒𝑙𝑦) and the 

open area ratio is maximum (𝑥/𝑑𝑗  =  2 ). Furthermore, it was also observed that the stripes 

configuration, where the jets impinge in between the foam stripes  had highest heat transfer 

coefficient enhancement of about 1.45 times that of the smooth surface target for the 𝑥 𝑑𝑗⁄ =

𝑦 𝑑𝑗⁄ = 4 case, at the expense of a marginal increase in pumping power, thereby making it the best 

configuration in terms of thermal hydraulic performance. As for the effect of pore-density, the 

40PPI foam configurations were observed to perform better than the corresponding 

90PPI counterparts. But through strategic placement of the 90PPI foams in the 90PPI_ST2.5 

configuration, a THP that is almost on par with the 40PPI_FF configuration is obtained thus 

indicating that through strategic placement of 90PPI foams, a superior heat transfer performance 

is obtainable while keeping the volume of foams used to a minimum. 
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CHAPTER 1 

INTRODUCTION 

If we look at life one hundred years in the past, and evaluate that with what we have at 

present, we are going to notice that science has dramatically changed human life. With the 

daybreak of the industrial revolution in the 18th century, the effect of science on human life has 

changed rapidly. Actuated largely through technology, science has had a profound impact on the 

way we live and function. 

 

Figure 1.1: IR image of a cellphone [1] 

Technology in the form of various electronic devices has become an important and 

ubiquitous part of our life. They find a place in our daily routine in the form of phones, tablets, 

computers, data centers to electronic devices installed in airplanes, satellites, radars, etc.  These 

electronic devices rely on the flow and control of electrical current to perform a variety of 

functions, in every industry throughout the world. Whenever electrical current flows through a 

resistive element, heat is generated in that element. An increase in the current or resistance 

produces an increase in the amount of heat that is generated in the element (𝐼2𝑅). The heat 

continues to be generated as long as the current continues to flow and as the heat builds up, the 
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temperature of the resistive element starts to rise, unless the heat can find a flow path that carries 

it away from the element.[2] 

 

1.1 Electronic Cooling – A Brief Overview 

The ever-increasing computing power coupled with miniaturization of electronic devices 

has resulted in an increase of heat flux generated by these devices (> 100 𝑊/𝑐𝑚2) at the chip 

level [3].  Therefore, there is a rise in the need for developing efficient cooling schemes in order 

to keep the components within their threshold temperatures for reliable operation. This poses 

challenge for Thermal Engineers to develop novel cooling strategies to effectively transport heat 

away from the components to ensure smooth functioning of the electronic systems.   

Cooling Technologies can be divided broadly into two categories namely,  

A) Passive cooling:  

Passive thermal management is a cost-effective and energy-efficient solution that relies on 

heat sinks, heat spreaders, heat pipes or thermal interface materials (TIM), in the absence of an 

external element that drives the flow (e.g. Fan), to maintain optimal operating temperatures. 

Passive cooling achieves high levels of natural convection and heat dissipation by utilizing a heat 

spreader or a heat sink to maximize the radiation and convection heat transfer modes.  

B) Active Cooling:  

Active cooling solutions include forced air through a fan or blower, forced liquid, and 

thermoelectric coolers (TECs), which can be used to optimize thermal management on all levels. 

Fans are used when natural convection is insufficient to remove heat. They are commonly 

integrated into electronics, such as computer cases, or are attached to CPUs, hard drives or chipsets 

to maintain thermal conditions and reduce failure risk. 
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Figure 1.2: Passive cooling and Active Cooling [4]    

The advantage of active cooling strategies is the higher heat transfer rate that they provide 

in comparison to the passive strategies.  

 

Figure 1.3: Heat fluxes that can be attained at specified temperature differences with various 

heat transfer mechanisms [5] 
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Figure 1.3 gives the temperature differences attainable at specified heat fluxes for some 

common heat transfer mechanisms that are currently employed to cool electronic systems in the 

industry. When the power rating of the device is known, the flux is determined by dividing the 

rated power by surface area exposed after which suitable heat transfer mechanisms are selected. 

For example, a heat flux of 1 𝑊/𝑐𝑚2 from an electronic component would result in a temperature 

difference of about 250℃ when direct air forced convection is used and over 600℃ when using 

only natural convection and radiation. Considering that maximum allowable temperature, for 

reliable operation of the device would be ~80℃, a better alternative to consider would be the 

forced water or immersion boiling methods. 

 

1.2 Objective of the present work and organization 

With the need for developing novel cooling strategies to effectively transport heat being 

established in the previous sections, the current research aims to address this challenge.  

Jet impingement is one such forced convection method that has proved to be a reliable 

thermal management technology and effective in high heat flux cooling applications like 

electronics cooling. Owing to the thin boundary layer formed at the heated surface by a jet 

impingement, it has higher heat transfer coefficients than the duct flow type convective cooling. 

Jet impingement is classified as single jet impingement and array jet impingement. Though the 

cooling is more localized in case of single jet impingement, the multiple jet configuration provides 

a more uniform cooling and a higher average heat transfer performance. 

Another cooling strategy that is gaining traction in the thermal management community is 

the use of porous media such as metal foams. A metal foam is a cellular structure consisting of a 

solid base metal (e.g.: Aluminum, Copper) with gas-filled pores consisting of a large portion of 
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the volume. They are found to have superior heat transfer performance over conventional heat sink 

geometries while being compact, rigid, and light weight, making them an apt choice in compact 

cooling arrangements like electronic cooling. Such metal foams are mainly characterized by two 

parameters, 

a)  Porosity: Defined as the ratio of the volume of free space to the total volume of bulk material.  

b) Pore-density: Which is usually given in terms of Pores Per Inch (PPI), which indicates the 

number of pores in the foam per inch 

The metal foams that have been used in studies so far have very high porosities (> 0.9) and have 

pore-densities up to 40PPI. 

Additionally, the combined performance of metal foams under a jet impingement 

configuration has also been investigated in several works and has been seen to enhance the heat 

transferred from the heated surface. But this enhancement was observed to come at the cost of an 

increased pumping power. 

The pore-density has a strong effect on the thinness of the metal foam that can be fabricated 

while keeping its cell structure intact. For instance, metal foam of 5 PPI cannot be thinner than 

19 mm, while 10, 20 and 40 PPI foams have to be at least 12 mm, 6.35 mm and 3 mm thick 

respectively.  Thus, it’s evident that compact metal foams can be fabricated by increasing its pore-

density. This is great from electronics thermal packaging point of view where integrating effective 

cooling strategies within available constraints is a severe challenge.  

Therefore, this study aims to explore the competing effects of heat transfer area 

enhancement and increased pressure drop achieved by strategic placement of various 

configurations of high porosity (96%), high pore-density (90 PPI) copper foams of 3 mm thickness 

over the heated surface.   
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The following gives an overview of the organization of the thesis with a brief description 

of what each of the chapters contain:  

Chapter 1 provided a general introduction about electronic cooling, different cooling strategies 

that are currently in use and an introduction to the current work. 

Chapter 2 provides a detailed literature survey, along with further explanations of jet impingement, 

thermal transport in metal foam, and a combination of metal foams and jet impingement. 

Chapter 3 explains the overall experimental procedure adopted and the various configurations that 

were tested. Furthermore, it gives an insight into the data reduction procedure along with 

uncertainties involved in computations. 

Chapter 4 presents the results of the experiments along with detailed explanations of the heat 

transfer mechanisms.  

Finally, Chapter 5 presents the conclusions of the study along with a brief about the future scope 

of work. 
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CHAPTER 2 

LITERATURE SURVEY 

2.1 Jet Impingement 

Heating or cooling of large surface area products is often carried out in devices consisting 

of arrays of round or slot nozzles, through which air (or another gaseous medium) impinges 

orthogonally upon the product surface. Such impinging flow devices allow for short flow paths on 

the surface and therefore relatively high heat transfer rates. The enhanced heat and mass transfer 

rates obtained through the use of impinging jets have made them an attractive alternative in 

industrial applications ranging from the annealing of steel to the drying of paper and textiles, food 

processing, and the thermal management of electronics. 

 

Figure 2.1: Schematic Diagram of flow region around an impinging jet [7]  

Martin [6], and Han and Goldstein [7] in their work give a general overview of the various 

aspects of Jet impingement. They report the flow fields of an impinging jet to be consisting of a 

free jet region, a stagnation region, a stagnation flow region and a wall jet region (Figure 2.1).  
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The free jet region is further divided into the flow development region, which consists the 

potential core region, and the fully developed region, where the axial velocity profile is 

approximated to be Gaussian. Furthermore, in the stagnation region, the flow is affected by the 

presence of the impingement surface and the radial velocity component keeps increasing as the 

surface is approached. Finally, the wall jet region is characterized by a flow in the outward radial 

direction. In this region, the boundary layer that develops from the stagnation point has a direct 

impact on the local and averaged heat transfer rates [7].  

Huber and Viskanta [8] in their work study the effects of jet-to-jet spacing (𝑋/𝐷 = 4,6,8) 

at low nozzle-plate spacings (𝐻/𝐷 =  0.25, 1.0 𝑎𝑛𝑑 6.0) and spent air exits located between the 

jet orifices. They present the local and average Nusselt numbers for a Reynolds number range of 

3500 − 20400. They found that for an array jet impingement, owing to the adjacent jet 

interference, as 𝐻/𝐷 is increased, the Nusselt number decreases. They also observed that of the 

three jet-to-jet spacings, the 𝑋𝑛/𝐷, = 4 case had the highest average Nusselt number, while also 

having the most uniform heat transfer rate throughout the entire surface. This was attributed to a 

higher mass flow rate per unit surface area. 

In a similar work, Garimella and Schroeder [9] carried out an array jet impingement, 

without the spent air exits between the jet orifices, for a 2 × 2 and a 3 × 3 array of jets and 

compared the heat transfer performance with the corresponding single jet impingement case. They 

perform their study for a Reynolds number range of 5000 − 20000 while varying the jet-to-target 

spacings from 0.5 to 4. Similar to the results in [8], they also observed the heat transfer coefficient 

(HTC) to decrease with an increase with jet-to-target spacing, with the effect more pronounced at 

higher Reynolds numbers. On closer observation of the local heat transfer data, they observe that 

for the 3 × 3 jet array, the central jet had a higher stagnation-region heat transfer than the 
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corresponding single jet impingement, whereas for 4 jet arrangement, each stagnation region heat 

transfer was comparable to the corresponding single jet impingement. It was further observed that 

although the three-nozzle case had a non-uniform heat transfer distribution, that was higher at the 

interior than the edges, than the two-nozzle case. Ultimately, the average heat transfer coefficient 

was largely unaffected by the interjet spacing.    

Array jet impingement, based on the crossflow scheme is classified as minimum, 

intermediate and maximum based on the amount of crossflow interaction between the array of jets 

along the spanwise direction.  

 

Figure 2.2: Types of Crossflow Schemes [10] 
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Obot and Trabold [10] carried out an experimental study to study the effects of the three 

different crossflow schemes for a Reynolds number, jet-to-target spacing, and open area of 1000 −

21,000, 2 − 16 jet hole diameters, and 1 − 4 percent, respectively. They found the minimum 

scheme, which has an unrestricted flow path for the spent air, to give the best heat transfer 

performance. The intermediate and the maximum crossflow schemes are observed to have 

moderate and substantial reductions in heat transfer, respectively.  

A comprehensive review summarizing the results of several studies that explain the flow 

physics of a multiple jet impingement is presented by Weigand and Spring [11]. 

 

2.2 Metal Foams in Forced Convection Cooling 

 

Figure 2.3: Forced Convection Through Metal Foams [12] 
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Recently, metal foams have been gaining traction in the thermal management community 

owing to superior heat transfer performance offered over conventional heat sink geometries. They 

offer a high surface-to-volume ratio, while being compact, rigid, and light weight making them an 

apt choice in compact cooling arrangements like electronic cooling. Zhao [12] in his review of 

thermal transport in open celled metal foams attributes the high heat dissipation in metal foams to 

the high surface area-to-volume ratio, enhanced flow mixing, thermal dispersion caused by highly 

tortuous flow paths, and high effective thermal conductivity due to the presence of metallic fibers. 

Furthermore, Hunt and Tien [13] in their study attributed the thermal dispersion to a non-Darcian 

phenomenon that describes the intra pore mixing. They also found that on using foams of different 

materials (Al and C foams) but with the same porosity (0.97) and pore-density (10 Pores per cm), 

the heat transfer remained the same, indicating that transport through dispersion overwhelms 

transport through solid conduction. Finally, they showed that forced convection in metal foams 

can be described by a single energy equation to model the transport.   

Lu et al. [14] developed a numerical model that was based on crossflow across a bank of 

cylinders to mimic flow through foams. Calmidi and Mahajan [15] experimentally investigated 

high-porosity metal foams with both air and water as the working fluid. Through the results of the 

study, they proposed an empirical correlation to characterize the effective thermal conductivity of 

foams, which they found to be a strong function of porosity and fiber diameter. In another study, 

Calmidi and Mahajan [16] performed numerical and experimental studies in a forced convection 

arrangement with aluminum foams, over a range of porosities (0.89-0.97) and pore densities (5-40 

PPI). They proposed a correlation to quantify interstitial heat transfer coefficient and found 

negligible effect of thermal dispersion on overall heat transfer when the working fluid is air. 
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Battacharya et al. [17] presented a comprehensive analytical and experimental method to 

determine the effective thermal conductivity, permeability and inertial coefficient of high porosity 

metal foams. They found that the thermal conductivity depends on porosity, and cross section of 

fibers and intersections. Furthermore, they conclude that while the permeability depends on the 

pore diameter and porosity, the inertial coefficient depended only on the porosity of the foam.  

Mancin et al. [18] investigated the heat transfer performance of two 20 PPI, high porosity 

aluminum foams (around 0.93) at two different foam heights (20mm and 40mm). Through their 

study they found that increasing the foam height, while keeping the porosity and pore-density 

constant, reduces the heat transfer performance of the foams. 

Singh et al [19] performed an experimental and numerical investigation of a jet array 

impingement in a channel flow configuration for jet-to-jet spacing, pore densities and Reynolds 

number range of  𝑋/𝐷 = 2,3 and 5; 10,20 and 40PPI; and 2500 − 13500 respectively. They 

observed the configuration with the widest jet (𝑋/𝐷 = 2) and highest pore-density foam (40PPI) 

to give the highest enhancement in terms of heat transfer coefficient in comparison to the 

corresponding heat transfer coefficient for a developed turbulent flow in a duct. 

All the above studies and several other studies [20-23] have the flow passing through the 

metal foam in a forced convection arrangement, wherein the flow direction is parallel to the heated 

surface and hence the fluid is forced to pass through the entire foam. This leads to a considerable 

increase in the pumping power requirement and also to a more non-uniform cooling, where the 

cooling reduces progressively along the downstream direction. Yet another flow configuration in 

metal foams is through jet impingement, where jets impinge onto the metal foams orthogonally. 

The combined performance of metal foams under a jet impingement configuration has also been 

investigated in several works. Jeng and Tzeng [24] carried out a numerical study of a slot jet 
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impinging onto a 10 PPI aluminum foam of 0.93 porosity. They found the Nusselt number with 

the aluminum foam to be 2-3 times larger than the baseline case. Aluminum foam also proved 

instrumental in reducing the overall thermal resistance by 30% compared to a conventional plate 

fin heat sink for a given volume flow rate.  

Feng et al. [25] studied the effects of finned metal foam (FMF) heat sinks and metal foam 

heat sinks under impinging air jet cooling. They used 8 PPI, 96.3% porous aluminum foams in 

their work. Their experiments showed that the heat transfer of the metal foam heat sinks decreased 

monotonously with increase in foam height for a given flow rate, while for a given pumping power, 

heat transfer was found to be insensitive for variations in foam height. 

An array jet impingement by a 5 × 5 jet array at various jet-to-jet spacings onto high 

porosity (porosity ~0.94-0.96) aluminum foams of 5, 10 and 20 PPI was performed by Singh et al. 

[26]. They found the metal foams to enhance heat transfer, with the greatest enhancement of about 

2.3 to 2.8 times that of a plain surface target obtained for the 20 PPI foam, however, this came at 

the cost of an increased pressure drop of 2.85 times that of the plain surface target. As a 

continuation to the previous study Singh et al. [27] studied the effect of foam thickness and pore-

density at a fixed porosity and the overall heat transfer and thermal hydraulic performance for 

varying pore-densities and foam heights. They also perform numerical simulations and present a 

detailed structure of the flow field for various configurations. Through the study, they conclude 

that thinner foams facilitate greater jet penetration and increased foam volume usage, resulting in 

higher heat transfer rates for a given pore-density, especially when combined with jet 

configurations with larger open areas. 

Madhavan et al. [28] studied the effects of jet impingement of air by a 3 × 6 jet array onto 

high porosity, 3mm thick, 40PPI aluminum foams. Apart from the full foam configuration, where 
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the foam covered the entire heated surface area, two additional stripe configurations, one in which 

the jets impinged onto the foam stripes and the other in which the jets impinged in between the 

foam stripes, were tested to investigate their effects on thermal-hydraulic performance. They 

reported superior thermal-hydraulic performance by incorporating the full foam configuration. In 

another work, Madhavan et al. [29] experimentally investigated the effect of array jet impingement 

onto high porosity (93%) thin aluminum foams of different pore-densities 

(5, 20 and 40PPI)  subject to an intermediate crossflow scheme.  They observed a 50 − 100%  

heat transfer enhancement over a baseline smooth case over the flow range tested and observed 

this enhancement to increase with an increase in pore-density.  

Shih et al. [30] determined the optimum height-to-diameter ratio of a cylindrical aluminum 

metal foam under axial jet impingement. An increasing-decreasing trend was observed in Nusselt 

number as the ratio was reduced and the optimum value was reported as 0.23. The same research 

group used a flow mask to partially restrict the spent air escape in the radial direction [31]. The 

Nusselt number improved with increase in the length of the flow restricting mask and a Nusselt 

number enhancement of 1.2-1.8 times was reported for different heights of the restricting mask. 

 

2.3 Description of the current work 

 As pointed out earlier, the pore-density has a strong effect on the thinness of the metal 

foam that can be fabricated while keeping its cell structure intact. Therefore, going with a foam 

with high pore-density is great from electronics cooling standpoint. Panse et al. [32] performed an 

experimental study to evaluate the heat transfer performance of a high porosity (0.96) high pore-

density copper foam (90 PPI) in buoyancy induced flow conditions. To optimize performance 

three different configurations are tested where, in the first the foam covered the entire heated 
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surface, in the second stripes of foam are symmetrically placed about the center, and in the third 

blocks of foam are strategically placed on the heated surface. Through the experiments, they found 

the metal foam configurations to enhance performance over the baseline smooth surface. 

Furthermore, they observe the stripes and blocks configurations to have a higher heat transfer 

performance when compared to the full metal foam configuration, despite the fact that the latter 

had higher heat transfer surface area. This was attributed to the lower permeability which hampers 

the fluid flow in the case of high pore-density foams. 

With the advantage of  high pore-density metal foams in terms of enhancing heat transfer 

performance and compactness established, it is important to focus attention on their lower 

permeability due to minuscule pore sizes (approx.200 − 500 𝜇𝑚), which causes a high resistance 

to fluid flow through them. Hence, their arrangement should be optimized to effectively avail the 

benefits it provides with respect to area enhancement and flow mixing.  Therefore, this study aims 

to explore the competing effects of heat transfer area enhancement and increased pressure drop 

achieved by strategic placement of high porosity (96%), high pore-density (90 PPI) copper foams 

of 3 mm thickness over the heated surface.  

In this study, metal foam-heated surface arrangements are subjected to an array jet 

impingement through a 3 × 3 array of jets under a minimum cross flow condition. Three different 

foam configurations; firstly, a full foam configuration, where the metal foam covers the entire 

heated surface; secondly, a stripe configuration in which the jets impinge on to the stripes; and 

thirdly, a stripe configuration where the jets impinge directly onto the smooth surface in between 

the metal foam stripes,  have been studied.  The stripe configuration allows for strategic placement 

of metal foams over the heated surface with an aim to enhance the thermal-hydraulic performance. 
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Furthermore, the effect of varying the jet-to-jet spacing, and jet-to-target spacing on the heat 

transfer performance have been investigated.  

In addition to this, to study the effect of pore-density, experiments are conducted for two 

configurations of (40 PPI) copper foams, a full foam configuration and a stripe configuration 

where the jets impinge on to the stripes, and the heat transfer results are compared with those of 

the corresponding 90 PPI configurations. 
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CHAPTER 3 

EXPERIMENTAL PROCEDURE 

3.1 Experimental Setup 

 

Figure 3.1: Schematic of Experimental Setup 

 

Figure 3.1. represents a schematic of the experimental setup. Compressed air from an 

external supply was drawn and stored in a buffer tank. The buffer tank along with the pressure 

regulator at the downstream of the buffer tank ensured supply of air at a constant pressure, without 

any fluctuations, to the test section. The pressure regulator and the 2-way gate valve were used to 

set the flow at the desired flow rate, which was measured using an orifice meter. A length of 35 

pipe diameters upstream and 10 pipe diameters downstream was provided at the upstream and the 

downstream of the orifice plate to facilitate the full development of the flow before entering the 

orifice plate. In order to measure the flow rate, the static pressure was measured at the upstream 

of the orifice plate using an Omega PX319; 0 − 15 PSIG pressure gauge and the differential 
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pressure across the orifice plate was measured using a Dwyer 607-4; 0 − 2 𝑖𝑛𝑤𝑐 differential 

pressure transmitter. In addition, the temperature of the air was measured using a J-type 

thermocouple in order to account for the density variations that occurred over the course of the 

experiments. 

A diffuser is used at the upstream of the test section to aid in the transition of the flow from 

the circular cross section of the pipe to the rectangular cross section of the plenum. The plenum 

was made of plexiglass and had a sufficiently long length, of about 10 times the channel hydraulic 

diameter (10 𝑑ℎ ), so as to ensure hydrodynamic development of the flow and uniform velocity of 

the flow at the entry of the jet nozzles. The static pressure of the plenum was measured and used 

to calculate the amount of work required to maintain the desired Reynolds number across the jet 

plate.  The temperature of the air in the plenum was measured using a T-Type thermocouple. 

 

Figure 3.2: (a) Details of Target Surface, (b) Exploded View of Target Surface 

 

A schematic of the target surface is presented in Figure 3.2 The target surface was a 

20𝑚𝑚 ×  20𝑚𝑚 square surface that is extruded from a 25.4𝑚𝑚 ×  25.4𝑚𝑚 square copper 
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block onto which a patch heater (Minco: HAP6947) of similar size is attached and powered 

through a DC power source to provide a constant heat flux. The metal foam, made of copper, is 

attached to the copper surface with highly conductive thermal grease (Omega OT-201), having a 

thermal conductivity of 2.31 𝑊/𝑚 𝐾. The copper block was held in position with the help of a 3-

D printed support plate, which doubled down and acted as an insulator. Finally, the copper block 

was insulated from the back with the help of another 3-D printed back support. The temperature 

of the copper block is measured using a T-Type thermocouple. 

Continuous data acquisition is done using a NI data acquisition system. Once steady state 

is reached a set of 60 readings is taken over a span of a minute and the average of the values is 

taken for heat transfer and Reynolds number calculations. 

 

3.2 Test Configurations  

3.2.1 Jet Plate Configurations 

 

Figure 3.3: Jet Plate Configurations 

 

 

Jets were issued through a  3 × 3 array of jets. Three different jet plate configurations, 

represented in Figure 3.3,  were obtained by fixing the center to center distance at 6mm and 

varying the jet diameters (𝑑𝑗)  from 3mm to 1.5mm to 1mm to obtain the 3 jet plate 
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configurations with normalized jet-to-jet spacings of  𝑥 𝑑𝑗⁄  =  𝑦 𝑑𝑗  =  2, 4⁄  𝑎𝑛𝑑 6 respectively. 

The thickness of the jet plates was fixed at 12.7mm which gave a nozzle ratio (𝐿 𝑑𝑗)  > 4⁄  for all 

the 3 configurations which ensured jet flow development, before it impinged onto the target 

surface. The jet configuration parameters are shown in Table 3.1.  

Table 3.1: Jet Plate Configurations 

 

 

3.2.2 Target Plate Configurations 

Figure 3.4 represents a schematic and figure 3.5 the actual Target Plate Configurations that 

were tested. Configuration (a) represents the smooth target surface, without any metal foam, which 

served as the baseline case. Configurations (b), (c) and (d) are of obtained by attaching 90PPI 

copper foams while configurations (e) and (f) are obtained by using 40PPI copper foams.   

Of the foam target plate configurations, configurations (b) and (e) represent the case where 

the metal foam covers the entire surface, while configurations (c) and (f) represent the stripe 

configuration where metal foam stripes are strategically placed over the heated surface, such that 

the jets directly impinge onto the stripes. Configuration (d) represents the case where the jets 

impinge in between adjacent stripes. The parameters of the Target Plate configurations are 

presented in Table 3.2  

 

Jet 

Configuration # 

Normalized spacing 

between Jets 

𝑥 𝑑𝑗⁄  =  𝑦 𝑑𝑗  ⁄  

Jet Diameter 

𝑑𝑗 (mm) 

Nozzle 

Aspect Ratio 

𝐿 𝑑𝑗⁄  
 

Open Area 

Ratio 

𝐴𝑓 (𝑚𝑚2) 

Discharge 

Coefficient 

𝐶𝑑 

1 2 3 4.23 π/16 0.8 

2 4 1.5 8.46 π/36 0.75 

3 6 1 12.7 π/144 0.68 
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Figure 3.4: Schematic of Target Plate Configurations 

 

 

Figure 3.5: Target Plate Configurations 
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Table 3.2: Target Plate Configurations 

 

 

 

 

 

 

 

 

3.2.3 Foam Properties 

To analyze the effect of pore-density on heat transfer, foams of two different pore-densities, 

40PPI and 90PPI are used in this study (Figure 3.6). The 40PPI foams are obtained from ERG 

aerospace while the 90PPI foams are obtained from Suzhou Jiashide metal foam co ltd. Figure 3.7 

shows scanning electron microscope (SEM) image of both foams taken at a 15 × zoom. The open-

celled structures of the metal foams, made of interconnecting strut shaped pores and cells is clearly 

seen in both 40PPI and 90PPI foams. Furthermore, the 90PPI foams are clearly seen to have a 

much higher density of pores in a given area. Figure 3.8 gives the zoomed in view of a single pore 

taken in 50 × zoom level for the 40PPI  foam and 250 × zoom level for the 90PPI  foam.  

Table 3.4 lists the relevant geometrical parameters defining foam samples used in the 

present study. For reference, the properties of a 40PPI aluminum foam used in [17] is provided.  

The porosity was measured by weighing the sample on high precision micro balance. The fiber 

diameter was measured by analyzing the SEM images of each sample in MATLAB. The 

calibration of pixel size to physical length was carried out through the scale in the images. A 

Target Plate 

Configuration 
 

Foam Pore-

density 

(PPI) 

Foam Dimensions 

𝑙 ×  𝑏  × ℎ 

Smooth - - 

90PPI_FF 90 20 ×  20  × 3 

90_PPI_ST5 90 20 ×  5 × 3 

90_PPI_ST2.5 90 20 ×  2.5  × 3 

40PPI_FF 40 20 ×  20  × 3 

40_PPI_ST5 40 20 ×  5  × 3 
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sample size of over twenty digitized fiber diameter measurements was used to calculate the mean 

fiber diameter of a particular foam sample. Finally, the pore diameter is calculated through the 

relationship given by Calmidi [33], which gives that the pore diameter is related to the fiber 

diameter as 

𝑑𝑝 = 𝑑𝑓 (1.18 √
1 − 𝜖

3 𝜋
 

1

(1 − 𝑒−(1−𝜖) 0.04⁄ )
)

−1

 (1) 

Table 3.3: Foam Properties 

Parameter 40PPI 90PPI 40PPI [17] 

Porosity (𝜖) 0.92 0.96 0.91 

Fiber Diameter (mm) 0.18 0.04 0.20 

Pore Diameter (mm) 1.43 0.33 1.8 

 

 

Figure 3.6: 𝟒𝟎𝐏𝐏𝐈 and  𝟗𝟎𝐏𝐏𝐈 foams 
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Figure 3.7: SEM images at 15X zoom 

 

 

 

Figure 3.8: Individual pore of the foam 

 

3.3 Experimental Setups 

In the present study heat transfer experiments have been conducted to evaluate the thermal 

hydraulic performance of the high-density high porosity 90PPI foams. To this end, experiments 

are performed for a combination of three different Jet Plate configurations and six different Target 

Plate configurations as described in above sections. In all the foam configurations, the foams were 
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pressed against the target plates to maintain a zero-gap flush between their mating interfaces. 

Accordingly, the smooth target baseline case’s normalized Jet Plate to Target Plate spacing 𝑧 𝑑𝑗  ⁄ , 

for each of the Jet Plate configurations, was determined by removing the foam from the foamed 

impingement case. 

Table 3.4: Experimental Setup Configurations 

Jet Plate Configuration 

𝒙 𝒅𝒋⁄  =  𝒚 𝒅𝒋 ⁄  
Target Plate 

Configuration 

Jet-to-Target plate Spacing 

𝒛 𝒅𝒋 ⁄  

2 

Smooth 1 

90PPI_FF 1∗ 

90PPI_ST5 1∗ 

90PPI_ST2.5 1∗ 

4 

Smooth 2,3,5,7 

90PPI_FF 2∗, 3,5,7 

90PPI_ST5 2∗, 3,5,7 

90PPI_ST2.5 2∗, 3,5,7 

40PPI_FF 2∗ 

40PPI_ST5 2∗ 

6 

Smooth 3 

90PPI_FF 3∗ 

90PPI_ST5 3∗ 

90PPI_ST2.5 3∗ 

 

Additionally, for the 𝑥 𝑑𝑗  = 4⁄  case, four different jet-to- target spacings are tested for the 

smooth and the three 90PPI foam Target Plate configurations. The jet to target spacings tested 

include 𝑧 𝑑𝑗  =  2, 3, 5 𝑎𝑛𝑑 7⁄ , where the 𝑧 𝑑𝑗  =  2⁄  case corresponds to when the jet plate is 

completely flush with the metal foam. So, in total 26 different setups were experimented with, 

which are represented in Table 3.3. The configurations where the foams are flush with the jet plate 
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are represented with a *. For each of these experimental setups, the heat transfer experiments were 

performed for a Reynolds number (based on jet diameter) range of 𝑅𝑒𝑗 = 3000 − 12000  

 

3.4 Heat Transfer Coefficient Calculation 

The heat transfer coefficients are calculated through steady state experiments, where a 

steady state was assumed to be reached when the change in wall temperature was under 0.1 ˚C in 

a span of over 10 minutes. The convective heat transfer coefficient was computed as 

ℎ =
𝑞𝑐𝑜𝑛𝑣𝑒𝑐𝑡𝑖𝑜𝑛

𝐴𝑏 ∆𝑇
 =  

𝑞𝑡𝑜𝑡𝑎𝑙
′′  −  𝑞𝑙𝑜𝑠𝑠

′′

(𝑇𝑤  −  𝑇𝑝𝑙)
 (2) 

where 𝑞𝑡𝑜𝑡𝑎𝑙
′′ , is the total constant heat flux that is supplied to the system through the patch heater, 

the value of which is computed through voltage and resistance measurements taken across the 

heater. The  𝑞𝑙𝑜𝑠𝑠
′′  term represents the heat loss in the form of conduction heat losses through the 

back of the heater and radiation heat losses from the base plate to the surrounding. Prior to the start 

of forced convection experiment with each new setup, a separate heat loss experiment is performed 

to establish a relationship between the heat loss versus wall temperature and ambient air 

temperature in the absence of forced convection. This was done by supplying an adequate voltage 

such that the steady state wall temperature lies in the range of the forced convection experiments. 

The heat loss is around 10% −  3% for the Reynolds number ranging from 3000 − 12000.  

The film temperature, i.e. the mean of the local wall temperature and the static temperature 

measured at the plenum chamber   that are subsequently used in the heat transfer and Nusselt 

Number calculations. The following equation is used to compute the Nusselt number  

𝑁𝑢𝑗 =
 ℎ 𝑑𝑗

𝑘𝑓
 (3) 
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Finally, the gain in heat transfer coefficient for a given foam configuration relative to the 

corresponding heat transfer coefficient of the smooth base line case is defined as   

휀 =
 𝑁𝑢𝑗− 𝑓𝑜𝑎𝑚

𝑁𝑢𝑗−𝑠𝑚𝑜𝑜𝑡ℎ
 (4) 

 

2.5 Uncertainty Analysis 

 

The main source of uncertainty in h calculation was uncertainties in the measurements of 

input power q, area Ab and temperature difference ΔT. For 𝑁𝑢𝑗  calculations, neglecting the 

uncertainties in 𝑘𝑓 , uncertainties stem from uncertainties in h and in 𝑑𝑗 . The uncertainties in 

voltage, resistance and temperature were taken from the manufacturer’s data sheets and were taken 

to be 1%, 0.5% respectively.The uncertainties in Nusselt number and Reynolds number were 

computed using the sequential perturbation method prescribed by Moffat [34]. Error propagation 

for any property 𝑃 as a function of 𝑛 independent variables 𝑅 is given as: 

𝛿𝑃 = √∑ (
𝜕𝑃

𝜕𝑅𝑖
𝛿𝑅𝑖)

2𝑛

𝑖=1

  (5) 

The average uncertainty in Nusselt number calculation was found to be around 5.1%, with 

a maximum uncertainty of 8.75% observed for the 𝑅𝑒𝑗 = 12000. 

The uncertainties in the Reynolds number calculation was found to be under ±0.5%. This 

uncertainty in measurement is due to the uncertainty in the measurement of static pressure, 

differential pressure and temperature of the flow whose uncertainties are 1%, 0.5% and 0.5˚C 

respectively 
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CHAPTER4 

RESULTS AND DISCUSSIONS 

4.1 Validation Studies 

In order to establish the validity of the experiments performed, heat transfer data obtained 

in the present study for the smooth target surfaces are compared with correlations prescribed by 

Huber and Viskanta [8], Garimella and Schroeder [9], Obot and Trabold [10], and Singh et al. [35]. 

Table 4.1 gives the range of validity of these correlations and Table 4.2 gives the correlations used 

for each jet plate configuration along with the average deviation of experimental data from these 

correlations.  

Table 4.1: Correlations used for Validation 

Authors  Correlation Validity range 

Huber  

and  

Viskanta [8] 

𝑁𝑢𝑗 = 0.285 𝑅𝑒𝑗
0.710𝑃𝑟0.33(𝑧 𝑑𝑗⁄ )

−0.123
(𝑥 𝑑𝑗⁄ )

−0.725
 

 4 ≤ 𝑥 𝑑𝑗⁄ ≤ 8 

 0.25 ≤ 𝑧 𝑑𝑗⁄ ≤

6 

3400 ≤ 𝑅𝑒𝑗

≤ 20500 

Garimella 

and 

Schroeder[9] 

𝑁𝑢𝑗 = 0.127 𝑅𝑒𝑗
0.693𝑃𝑟0.4(𝑧 𝑑𝑗⁄ )

−0.105
 

3 x 3 array, 𝑑𝑗

= 1.59𝑚𝑚 

 0.5 ≤ 𝑧 𝑑𝑗⁄ ≤ 4 

5000 ≤ 𝑅𝑒𝑗

≤ 20000 

Obot  

and  

Trabold[10] 

𝑁𝑢𝑗 = 0.863 𝑅𝑒𝑗
0.8(𝑧 𝑑𝑗⁄ )

−0.26
𝐴𝑓

0.815 

0.0098 ≤ 𝐴𝑓

≤ 0.0352 

 2 ≤ 𝑧 𝑑𝑗⁄ ≤ 16 

1000 ≤ 𝑅𝑒𝑗

≤ 21000 

Singh et 

al.[35] 

𝑁𝑢𝑗

= 0.310041 𝑅𝑒𝑗
0.669731(𝑧 𝑑𝑗⁄ )

−0.10078
(𝑥 𝑑𝑗⁄ )

−0.55076
𝑃𝑟

1
3  

2 ≤ 𝑥 𝑑𝑗⁄ ≤ 5 

 1 ≤ 𝑧 𝑑𝑗⁄ ≤ 5 

2500 ≤ 𝑅𝑒𝑗

≤ 10000 
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Figure 4.1: Validation of baseline case with correlations from the literature 

 

Table 4.2: Average Deviation of Experiment with Correlation 

Jet-to-Jet Spacing 

x dj⁄  
Correlation 

Average Deviation of 

Experiment with Correlation 

(%) 

2 Singh et al. 9.66 

4 

Garimella and Schroeder 1.06 

Huber and Viskanta 2.81 

Singh et al. 3.81 

6 
Huber and Viskanta 5.73 

Obot and Trabold 0.76 

 

Figure 4.1 shows the plots comparing the experimental data with the corresponding 

correlations for each of the jet-to-jet spacings. From Fig. 4.1 it is clearly seen that there is a very 
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good agreement between the experimental data and the correlations. The average deviation is well 

within 5% for the 𝑥 𝑑𝑗⁄ =  4  and 6 cases, while it was within 10% for 𝑥 𝑑𝑗⁄ = 2 case.  

 

4.2 Heat Transfer Results: Variation of Nusselt number and Normalized Nusselt Number 

(ε) with Reynolds Number 

4.2.1 Effect of Target Surface Configurations 

 

Figure 4.2: Heat transfer results for different target plate configurations; 𝑥 𝑑𝑗⁄ = 4, 𝑧 𝑑𝑗⁄ = 2    

 

Figure 4.2 shows the variation of Nusselt number with Reynolds number for different 

90PPI target plate configurations tested. The figure also shows the enhancement in heat transfer 

performance over the baseline surface (휀) on the secondary Y-axis. The results presented are for 

the intermediate jet-to-jet spacing of 𝑥 𝑑𝑗⁄ = 4, with the foams completely flush with the jet plate, 

which corresponds to a normalized stand-off distance, 𝑧 𝑑𝑗⁄ = 2.  
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From Figure 4.2 it is evident that Nu increases with an increase in 𝑅𝑒𝑗 as expected, which 

is due to the higher mass flow rate taking away more heat. The heat transfer mechanisms of each 

of the configurations will be discussed subsequently.  

The heat transfer mechanism for the smooth target configuration can be attributed to the 

very thin boundary layer that is formed over the heat transfer surface as a result of the multiple 

stagnation regions on the heated surface. Singh et al. [27] further ascribe the heat transfer 

enhancement to three factors- the potential core, turbulent energy generation around the potential 

core, and jet deflection due to crossflow. Of these, the first two factors aid in heat transfer 

enhancement while the last one has a detrimental effect. 

The strength of the potential core diminishes as the jet-to-target spacing increases and since 

in the current case the normalized jet-to-target spacing is 𝑧 𝑑𝑗⁄ = 2, the potential core would still 

be intact. Furthermore, turbulent kinetic energy buildup also occurs along the periphery of the 

potential core. Both these factors, therefore, positively influence heat transfer performance.  As 

for the effect of crossflow, the study in [35] establishes that an array of 5 × 5 jets that it utilizes 

has minimum crossflow, despite the fact that the jets on the periphery are under the influence of a 

crossflow from the two interior rows. Hence, it’s safe to assume that the current study which uses 

a 3 × 3 array of jets, where the 8 jets on the periphery are under the influence of crossflow from a 

single central jet, also has minimum crossflow. Furthermore, from validation studies, it is evident 

that the present study has higher heat transfer performance than the correlation proposed in [35], 

which implies that the effect of crossflow in the present study is in fact lower than the one in [35].  

Therefore, from the above, the smooth target case is influenced only by the two factors that 

contribute to the enhancement of heat transfer performance. 
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 The heat transfer mechanism for the foam configurations where the jets impinge directly 

onto the foam, namely the full foam configuration 90_FF and the 5mm stripes configuration 

90_ST5 is explained through the breakdown of the impinging fluid into smaller pockets of air when 

they come in contact with the foam, which then interact with the fibers of the metal foam. At the 

fiber level, the flow through metal foams can be deduced by assuming the metal foam fibers to be 

cylinders, which reduces the flow over the fiber to be a simple case of flow over cylinders. Through 

this assumption, the heat transfer augmentation could be attributed to the stagnation of the flow at 

points where the flow comes in contact with the fibers; to the vortices that are shed in the wake of 

the fibers post interaction, which results in mixing, and to the increased heat transfer area [26,28]  

Of the three foam target plate configurations, configuration 90_ST2.5 has the highest Nu 

value and highest 휀. This is contrary to the observations made by Madhavan et al. [28], wherein 

the full foam configuration had the best performance in terms of Nu and 휀. This difference is a 

consequence of the high pore-density of the foams (90PPI) used in the current work, whereas in 

[28], they use 40PPI foams. According to Shih et al. [30] and Singh et al. [27] there exists an 

interplay of two competing factors for jet impingement onto foams. For a given thickness of foam, 

on one hand, while increasing pore-density of the foam results in an increase in fiber surface area 

that is available for heat transfer between solid interface and working fluid, on the other hand it 

leads to an increase in  the resistance to fluid flow, thereby preventing the cooling air from reaching 

the heated surface.  

Therefore, the higher pore-density of the foam used in the present study impedes the flow 

of coolant through foam, because of increased tortuosity of flow paths, which is a consequence of 

smaller pore diameters and higher number of fibers per unit length. Since the coolant always finds 

the least resistant path, in configurations 90_FF and 90_ST5, once the air impinges directly onto 
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metal foam, it takes the least resistance path and escapes the foamed section through the sides, 

without penetrating deeper into the foam. This causes a significant part of the metal foam to be 

unused, particularly the fibers which are closer to the heated surface. This behavior is further 

established in numerical simulations performed by Singh et al. [26]. This is also similar to 

observations made by Feng et al [25] in their study, where introducing increased resistance to fluid 

flow resulted in a similar unused part of the foam, resulting in reduced heat transfer performance. 

However, in the case of [25], the increased resistance was due to the use of foams of same pore-

density but of higher thickness.     

Furthermore, from Figure 4.2, it can be clearly seen that configuration 90_ST5 has the 

worst performance in terms of heat transfer rate, having an enhancement factor 휀~0.96 at higher 

Reynolds Numbers, which implies that the smooth target surface performs better. This is a result 

of the combined effect of reduced penetration depth due to the high pore-density of foam, and the 

lower fiber area (~25% lower) available for heat transfer when compared with the 90_FF 

configuration.  

In the case of 90_ST2.5 configuration since the jets are impinging directly onto the heated 

surface, they are able to remove more heat, which results in the higher Nu than the other two foam 

target surface cases. Additionally, the jets also come in contact with the sides of the foam stripes, 

which effectively increases the wetted surface of the jets, which ultimately results in the jets having 

a better heat transfer performance with an enhancement of about 1.5 times that of the smooth target 

surface at 𝑅𝑒𝑗 = 3000.  
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4.2.2 Variation of Jet-to-Target spacings 

Figure 4.3 shows the variation of Nusselt number with Reynolds number for all 

90PPI foam target plate configurations tested at 𝑧 𝑑𝑗 = 2,3,5,7⁄ . For the smooth configuration 

(baseline case) 𝑁𝑢 was observed to decrease with increase in jet-to-target spacing, with the highest 

value obtained for 𝑧 𝑑𝑗 = 2⁄  (Fig. 4.3 (a)). This decrease in Nu with increasing stand-off distance 

can be attributed to an increased interference of the jets prior to jet impingement, which results in 

a mixing that causes a reduction in the axial velocity [10]. Furthermore, this trend can be ascribed 

to the potential core of the jet losing its strength with increasing separation distance. This loss of 

strength happens because of an increased shear force action, that arises due to interaction of the 

periphery of the jet and surrounding stationary air, which consequently leads to jet entrainment 

[36].   

In all the foam configurations, a jet-to-target spacing of  𝑧 𝑑𝑗  =  2 ⁄ , which represents the 

case where the metal foam is in contact with the jet plate, has the highest Nu (Fig. 4.3). By 

performing separate heat loss experiments for each of the test cases, prior to forced convection 

experiments, as done in [28], the effect of conduction through the jet plate is excluded in the 𝑁𝑢 

calculations. This facilitates a true comparison of only the forced convection heat transfer 

coefficients at different jet-to-target spacings.  

In configuration 90_ST2.5 , the jets impinge directly onto the copper surface, in between 

the foam stripes. For this configuration, due to the lower area of the foam stripe in contact with the 

base surface, it was not possible to perform experiments for flows above Re=7000, for jet-to-target 

spacings of 3,5 and 7, while keeping the foam stripes adhered to the base surface. Hence heat 

transfer, pressure drop, and thermal hydraulic performance for configuration 3 has been presented 

only up to Rej =7000 for 𝑧 𝑑𝑗  =  3, 5, 𝑎𝑛𝑑 7 ⁄ .  
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Figure 4.3: Heat transfer results for different jet-to-target spacings  

 

Figure 4.3 also shows the relative gain in Nu in comparison to the smooth surface target. 

For all the foam configurations, the maximum enhancement was seen for the 𝑧 𝑑𝑗  = 7 ⁄ case 

followed by 𝑧 𝑑𝑗  = 5 ⁄ , 𝑧 𝑑𝑗  = 2 ⁄ and finally, the least enhancement is observed for 

𝑧 𝑑𝑗  = 3 ⁄ case. This trend is observed because the magnitude of decrease in Nu for the smooth 

surface target with increasing jet-to-target spacing at a given Reynolds number is much greater, 

than the corresponding magnitude of decrease in Nu for foam configurations for the same jet-to-
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target spacings. Consequently, this increases the ratio of the Nusselt number as the jet-to-target 

spacing is increased, resulting in the observed trend. 

 

4.2.3 Variation of Jet-to-Jet spacings 

Figure 4.4 shows the variation of Nusselt number with Reynolds number for all high 

porosity, high pore-density target plate configurations tested at jet-to-jet spacings of 𝑥 𝑑𝑗 = 2,4,6⁄ . 

In all the configurations presented, the foams are completely flush with the jet plate. Additionally, 

the heat transfer results of the corresponding smooth target surface kept at appropriate jet-to-target 

spacing of 𝑧 𝑑𝑗 = 1, 2 and 3⁄  respectively, and the relative gain in heat transfer performance of 

each configuration are presented.  

From the figure, it can be observed that for any given target plate configuration, the jet 

configuration with the highest open area ratio, i.e. the 𝑥/𝑑𝑗 = 2 case, has the highest heat transfer 

rate and the greatest enhancement relative to the smooth target surface. This is due to the fact that 

the larger open area ratio leads to larger stagnation regions, which as explained earlier is the basis 

for heat transfer enhancement in jet impingement. While these larger stagnation areas lead to a 

greater volume of foam to participate in heat transfer, in the case of 90_FF and 90_ST5 

configurations (where the jets directly impinge onto the foams), in the case of  90_ST2.5 

configuration (where the jets impinge in between the foams) , they have a larger foot print on the 

base surface and thus result in higher transfer performance.   

Yet another observation is that, while in the case of 𝑥/𝑑𝑗 = 2, 90_FF configuration exhibits 

the best heat transfer performance, in the case of 𝑥/𝑑𝑗 = 4 and 6, the 90_ST2.5 configuration 

showed superior heat transfer performance. This behavior is a consequence of the interplay 
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between the penetration depth and total fiber surface area of foam that is involved in terms of heat 

transfer.  

Figure 4.4: Heat transfer results for different jet plate configurations  

 

For the 𝑥/𝑑𝑗 = 2 case, despite having a lower penetration depth due to high pore-density 

of the foam, since a larger open area ratio causes more of the foam fibers to participate in heat 

transfer, the 90_FF foam performs the best. However, for the 𝑥/𝑑𝑗 = 4 and 6 case, a decreased 

foam volume participation due to the lower open area ratio along with lower penetration depth 

result in the 90_FF foams to have lower heat transfer performance than the 90_ST2.5 

configuration.  
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It is also interesting to note that for the 𝑥/𝑑𝑗 = 6 case, for the foam configurations where 

the jets impinge directly, the enhancement reduces to values below 1 as the Reynolds number 

increases. This observation is more evident for the 90_ST5 case, where the combined effects of 

lower open area ration, lower penetration depth and lower volume of foam than full foam all 

combine to result in very poor heat transfer performance. 

 

4.2.4 Variation of Pore-Density 

The effect of varying pore-density on the heat transfer performance is presented in figure 

4.4. The results presented are for the 𝑥 𝑑𝑗⁄ = 4 case where foams are completely flush with the jet 

plate. Foams of two different pore-densities, 40PPI and 90PPI are compared. Since for a 40PPI 

foam, the minimum dimensions it can be fabricated to while keeping the pore structure intact is 

3mm, the results of only the full foam configuration 40PPI_FF and the 5mm stripes configuration 

40_ST5 are presented for the 40PPI foams. 

From the figure it is clear that the 40PPI foams have a higher heat transfer performance 

and a higher enhancement than the 90PPI foams for a case when the foams are 3mm thick. This 

observation is a result of the higher resistance to fluid flow offered by the 90PPI foams, which in 

turn reduce the extent to which the jets penetrate through the foams. Therefore, although the 40PPI 

have a lower fiber surface area when compared to the 90PPI foams, since they offer lower 

resistance to the flow, the jets penetrate deeper through the foams and hence are more efficient in 

heat removal.  
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Figure 4.5: Heat transfer results for different pore-density foams 

 

4.3 Pressure Drop 

A good measure to assess the applicability of the proposed foam-based cooling assembly 

in a real-life scenario would be assess the accompanying cost of heat transfer enhancement in terms 

of the pumping power required to maintain a certain flow rate. A way to quantify the pumping 

power requirement would be to assess the variation of the supply pressure with Reynolds number.  

 Figure 4.6 gives the variation of plenum supply pressure with Reynolds number for the 

different target plate configurations for the 𝑥 𝑑𝑗⁄ = 4 , 𝑧 𝑑𝑗⁄ = 2 case. As expected, due to absence 

of any obstruction to the flow, the smooth target surface had the lowest supply pressure 

requirement. This is followed closely by the 90_ST2.5 configuration, where since the jets do not 

directly impinge on to the foams, the supply pressure requirements are almost on par with the 

smooth case. For the 40PPI and 90PPI foam cases where the jets directly impinge onto the foams, 
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the tortuous flow paths of the foams offer higher resistance to the flow. Furthermore, this resistance 

to the fluid flow increases with increase in pore-density resulting in a higher supply pressure 

requirement for the higher pore-density pores. This trend is duly seen in Fig 4.6   

 

Figure 4.6: Supply pressure variation with Reynolds number for different target plate 

configurations for 𝑥 𝑑𝑗⁄ = 4 , 𝑧 𝑑𝑗⁄ = 2 

 

The variation of supply pressure with Reynolds number for different jet plate 

configurations is presented in figure 4.7. The trend of a decrease in supply pressure with decrease 

in 𝑥 𝑑𝑗⁄   that is observed can be ascribed to the trends in discharge coefficients of the jet plates 

wherein, a higher discharge coefficient (𝐶𝑑) is indicative of a lower resistance to flow. Hence the 

𝑥 𝑑𝑗⁄ = 2 case, which has the highest 𝐶𝑑 ,has the lowest supply pressure and vice-versa.    
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Figure 4.7:Supply pressure variation with Reynolds number for different jet plate configurations 

 

Finally, figure 4.8 illustrates the variation of supply pressure for the high pore-density 

target plate configurations at different jet-to-target spacings. The highest supply pressure is 

observed for 90_FF and  90_ST5 configurations, at a jet-to-target spacing of 𝑧 𝑑𝑗  = 2 ⁄ , which 

represents the case when the jet plate is in contact with the copper foams. This is an expected trend 

as the foams add resistance to the flow. The pressure drop in this case was found to be around 1.4 

times that of smooth surface target. For jet-to-target spacings of 3,5 and 7, the pressure drop was 

marginally higher than the corresponding smooth target cases, which is indicative of the fact that 

the flow takes the least resistant path of going to the ambient than through the foam. 

For the smooth surface target, and configuration 90_ST2.5, the pressure drop is observed 

to be weakly dependent on the jet-to-target spacing. Furthermore, in this configuration, the 
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pressure drop values are, again, found to be only slightly higher than the corresponding smooth 

target values. 

 

Figure 4.8: Supply pressure variation with Reynolds number for different jet-to-target spacings 

for 𝑥 𝑑𝑗 =⁄ 4  
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4.4 Thermal Hydraulic Performance 

In this subsection, the thermal hydraulic performance of all the configurations expressed 

in terms of a raw heat transfer coefficient (HTC) as a function of the pumping power is presented. 

These plots enable cooling system designers to easily choose the appropriate configuration given 

the pumping power available for the forced convection system. 

 

 Figure 4.9: THP for different jet plate configurations 

 

Figure 4.9 shows that the THP for high pore-density configurations is highest at the lowest 

jet-to-jet spacing. Furthermore, of the high pore-density configurations, it can be seen that for a 

given jet-to-jet spacing, the 90_ST2.5 configuration has the best THP, which is followed by the 

90_FF configuration and then the 90_ST5 configuration. The later configuration performs poorer 

than the smooth target case for the je-to-jet spacings of 4 and 6, especially at higher pumping 

power. 
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The THP variation with jet-to-target spacings for the 𝑥 𝑑𝑗⁄ = 4  case is presented next, in 

Figure 4.10. The pumping power required for the foam configuration, where the jets directly 

impinge onto the foams, i.e. configuration 90_FF and 90_ST5  , at a jet-to-target spacing of 

𝑧 𝑑𝑗  = 2 ⁄ was the highest, which is expected, since the increased resistance in the flow paths 

requires a higher pumping power to maintain a flow of the same Reynolds number. At this 

combination, especially at the higher Reynolds number, 𝑅𝑒𝑗 > 9000, there was negligible 

enhancement in HTC when compared to the smooth target at the same Reynolds number.  At the 

other jet-to-target spacings, even though the enhancement in HTC wasn’t considerable with these 

configurations, they are seen to perform slightly better than the smooth surface target of similar 

jet-to-target spacings. 

 

Figure 4.10: THP for different jet-to-target plate spacings for 𝑥 𝑑𝑗⁄ = 4 
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Finally, a comparison of the THP of high pore-density 90PPI and relatively lower 40PPI 

foams for the 𝑥 𝑑𝑗⁄ = 4 , 𝑧 𝑑𝑗⁄ = 2 configuration is represented in Figure 4.11. Clearly the 40PPI 

foam configurations perform better than the corresponding 90PPI counterparts. But through 

strategic placement of the 90PPI foams in the 90PPI_ST2.5 configuration, a THP that is almost 

on par with the 40PPI_FF configuration and on an average 1.45 times that of a corresponding 

smooth target plate is obtained. 

 

 

   Figure 4.11: THP for different pore-density foams for 𝑥 𝑑𝑗⁄ = 4 
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CHAPTER 5 

CONCLUSIONS AND FUTURE SCOPE 

Metal foams, owing to their high surface area to volume ratio enhance heat transfer by 

increasing the wetted surface area. High pore density metal foams can be designed to be 

accommodated in places with strict restrictions on dimensions, while keeping their pore structure 

intact, which makes them a favorable design choice to enhance heat transfer in electronic devices. 

In this thesis, an experimental study of an array jet impingement onto  high porosity (96%), high 

pore density (90PPI), thin copper foams (3mm thickness),  performed at different, jet-to-jet and 

jet-to-target spacings is presented. Steady state heat transfer experiments were performed using a 

constant flux heat source for a Reynolds number (based on jet diameter) range of 3000 − 12000. 

Four different target surface configurations for the 90PPI foam, a smooth surface, a full foam, a 

foam stripes configuration where jets impinge onto the foams, and a foam stripes configuration 

where the jets impinge between the foams were investigated in terms of their heat transfer, pressure 

drop and thermal hydraulic performance. Additionally, to analyze the influence of the pore-

density, experiments were performed for two configurations (a full foam, and a foam stripes 

configuration where jets impinge onto the foam) of a lower pore-density (40PPI)  foam and a 

comparison was presented.  The following conclusions are drawn from the study: 

1.  Of the high pore-density configurations, it was observed that the stripes configuration 

90PPI_ST2.5, with the jets impinging in between the foams had the highest heat transfer 

enhancement of about 1.45 times that of the smooth surface target, for a jet-to-jet spacing 

of 4 and jet-to-target spacing of 2. This enhancement comes at the expense of a marginal 

increase in pumping power, thereby making it the best configuration in terms of thermal 

hydraulic performance. 
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2. For a given high pore-density target surface configuration, the jet plate configuration with 

highest open area ratio was observed to have the highest heat dissipation rate. Furthermore, 

it was seen that this came at lower plenum supply pressure requirement in comparison to 

the other jet plate configurations.  

3. The 40PPI foam configurations were observed to perform better than the corresponding 

90PPI counterparts. But through strategic placement of the 90PPI foams in the 

90PPI_ST2.5 configuration, a THP that is almost on par with the 40PPI_FF configuration 

and on an average 1.45 times that of a corresponding smooth target plate was obtained. 

This indicates that through strategic placement of 90PPI foams, a superior heat transfer 

performance is obtainable while keeping the volume of foams used to a minimum. 

 

Future work could be on extrapolating the current study by validating it with a numerically 

developed code and accurately studying the local temperature distribution on the heated surface 

and the heat transfer at the pore level. Also, from this study it is evident that due to high resistance 

to fluid flow the fluid does not penetrate deep into the foams for the 90PPI case, thereby leaving 

the fibers closer to the heat generating surface unused. Now, since 90PPI foams can be fabricated 

to dimensions that are much thinner than 3mm, and thinner foams are more suitable from an 

electronics thermal packaging point of view, it would be interesting to see how the interplay 

between penetration depth and fiber surface area plays out in such a case.   
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Nomenclature 

𝐴𝑏 area of base, m2 

𝑑ℎ channel hydraulic diameter, m 

x center-to-center jet spacing in x-direction, m  

y center-to-center jet spacing in y-direction, m 

q heat, W 

h heat transfer coefficient, W/m2K 

𝑑𝑗 jet diameter, m 

z jet-to-target spacing, m  

𝑇𝑝𝑙 plenum temperature, K 

∆𝑝 pressure drop across test section, Pa 

𝑅𝑒𝑗 Reynolds number based on jet diameter  

∆𝑇 temperature Difference, K 

k thermal conductivity, W/mK  

𝑇𝑤 wall temperature, K 

Greek symbols 

 휀 enhancement factor 

Subscripts 

w wall 

pl plenum 

f fluid 
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