ABSTRACT
MADHAVAN, SRIVATSAN. Jet Impingement Heat Transfer in Various Cooling Configurations
under Stationary and Rotating Conditions. (Under the direction of Dr. Srinath Ekkad).
Development of highly efficient gas turbines is imperative in order to achieve increased
power while still keeping the fuel consumption economically viable. The efficiency of gas turbine
increases with increase in turbine inlet temperature. This subjects the gas turbine blade (especially
HPT blades under rotation) to very high heat loads. The exposure of high pressure gas turbine
blades to such large thermal stresses could lead to permanent failure if not maintained properly. In
order to keep the turbine airfoil temperatures under safe limits of operation, about 30% of highpressure relatively colder air is bled off from the compressor section. The pressurized coolant is
then routed to the turbine airfoils through complex internal passages and finally exits into hot gas
path via film cooling holes. The airfoil internals usually feature jet impingement for leading edge
cooling, turbulence promotors for mid-chord section, pin fin array for trailing edge cooling etc.
All of these cooling technologies are designed to increase the heat transfer between the coolant
and the internal walls of the airfoils. However, cooling is achieved at a cost of higher supply
pressures and increased coolant flow rates, which has a direct effect on the efficiency of the engine.
The current study focusses on a particular cooling concept typically employed in the leading
edge of gas turbine blades: Jet impingement. The leading edge is directly exposed to the hot gases
that exit from the combustor section and is subjected to very high heat loads. While single jets are
used for localized cooling, an array of circular impinging jets provides uniform cooling throughout
the test surface.
The primary focus of this study will be on developing cooling technologies using jet
impingement that will be tested under stationary and rotating conditions. The aim would be to
provide better cooling concepts (in terms of thermal-hydraulic performance) by understanding the

underlying flow mechanisms associated with jet impingement systems. The secondary aim of this
study would be to analyze different heat transfer measurement techniques (steady and transient)
that can be used to evaluate local/average heat transfer coefficient.
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INTRODUCTION
Jet impingement cooling is considered to be one of the most effective cooling concepts due to the
potential to produce high heat transfer coefficient. It is typically employed in applications where
high rates of heat dissipation are required such as in gas turbine blades, automotives, electronics,
etc. Jet impingement has the potential to produce upto three times the heat transfer coefficient
compared to confined parallel flow at a given flow rate and for a given heat transfer coefficient,
flow required for impingement could be two orders of magnitude lower than confined parallel flow
[0.1]. Therefore, impingement cooling could be used to dissipate large amounts of heat for a given
area. On the other hand, there are also challenges associated with designing jet impingement
cooling systems. Structural integrity can be a major concern due to the perforations and there is
possibility of additional thermal stress. Also, non-uniformity in heat transfer distribution is a
limitation as impingement can create stagnation zones with very high heat transfer coefficient and
other areas with relatively lower heat transfer coefficient. This non-uniformity, however, can be
countered to a large extent by employing an array of jets.

Figure 0.1: Different flow regions associated with a single jet [0.2].
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Before moving onto discussion of array of jets, let us take a look at single jet physics and some
benchmark studies devoted to this topic [0.2, 0.3]. Viskanta [2] demarcated the different regions
associated with a free jet as shown in Fig. 0.1. The free jet region is the portion where the jet
interacts with the surrounding and this shear-driven interaction causes entrainment of surrounding
fluid into the potential jet core. The region where the jet impinges on the target surface is called
the stagnation region where velocity reaches zero and produces maximum heat transfer coefficient.
Finally, the walljet region is where the axial momentum of the fluid is converted to radial
momentum and results in the formation and growth of the boundary layer along the wall. Single
jet physics is governed by a number of parameters such as jet diameter/width, working fluid,
surrounding fluid, jet-to-target distance, etc. For practical implication of impingement cooling, an
array of jets was introduced to cool larger areas as well as reduce the non-uniformity in heat
transfer distribution on the surface.

Figure 0.2: Typical gas turbine blade with different internal cooling configurations [0.4].
Array jet impingement cooling is widely employed in the leading edge of high pressure gas turbine
blades that undergo rotation [0.4]. The leading edge is directly exposed to the hot gases that exit
from the combustor section and is subjected to very high heat loads. To keep the blade within
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operable temperature limits, the leading edge is actively cooled using an array of inline jets. The
array of jets are commonly fed by a plenum that is maintained at constant pressure. Several factors
such as jet-to-jet spacing, jet-to-target spacing, jet diameter, shape of jet nozzle, type of fluid, target
surface characteristics, etc. determine the heat transfer coefficient distribution. Florschuetz and
group [0.5-0.7] have produced a vast body of work in this field that serves as a benchmark for
impingement studies till date. The authors investigated streamwise flow and heat transfer
distribution for an inline array of jets with initial crossflow effects. This type of flow scenario is
applicable to the mid-chord portion of the gas turbine blade where initial crossflow from the
upstream extension of the channel interacts with the impinging array of jets. Recently, a
comprehensive review of air-based impingement systems covering advances in nozzle shape,
target surface modifications, novel heat sink designs, etc. can be found in Singh and Ekkad [0.8].

Figure 0.3: (a) Schematic of impingement cooling employed in mid-chord region [5] (b)
Mass flux distribution along a row of jets highlighting crossflow effect [6].
Since we are discussing impingement cooling as applicable to gas turbine blades, it is essential to
introduce studies that have investigated the effects of rotation on impingement systems. With the
3

addition of Coriolis and buoyancy forces under rotation, the complexity of flow physics behind
the jet-jet interaction increases. Mattern and Hennecke [0.9], Parsons et al. [0.10], Lamont et al.
[0.11] are some select studies that have used different experimental methods such as naphthalene
sublimation, transient liquid crystal and steady state heat transfer techniques to evaluate heat
transfer distributions on both leading and trailing surfaces of an impingement system under
rotation.
Among the different factors that influence the heat transfer distribution, surface
enhancements/modifications play a major role. Hansen and Webb [0.12] were among the first few
authors to introduce micro-scale enhancement features on a smooth surface and study the effect of
impingement on it. While these surface modifications were performed by conventional
manufacturing methods, metal additive manufacturing has gained significant traction in the past
decade. With the advent of Direct Metal Laser Sintering (DMLS) and the conformation of its
applicability in manufacturing complex features to very small length scales, it opens up limitless
opportunities in the design and development of turbine cooling technologies. DMLS being the
center of attraction in cutting edge research in turbomachinery makes it a promising candidate in
the upcoming decades with a capability to completely reinvent turbine cooling concepts. Thole
and group [0.13-0.15] have extensively investigated the heat transfer and friction factor
performance of additively manufactured cooling geometries. Current capabilities allow
manufacturing of complex pin-fin shapes such as star and dimpled-sphere while maintaining
reasonable dimensional accuracy [0.13]. Their work also covers topics such as effect of additive
manufacturing process parameters, effect of surface roughness and ways to tailor this surface
roughness to augment thermal-hydraulic performance. Singh et al. [0.16] experimentally
investigated additively manufactured micro pin-fin heat sinks subjected to array jet impingement.
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These heat sinks were produced through a metal binder jet process wherein a liquid binder is
selectively applied to join particles, layer upon layer. This technology can be leveraged to produce
complex 3D shapes that can be used to produce superior cooling designs.

Figure 0.4: (a) Additively manufactured stars and dimpled-sphere pin fins (b) Effect of
build direction on surface roughness [0.13, 0.14].
Measurement techniques
In this section, an attempt has been made to highlight different experimental heat transfer
techniques that have been used over the years to capture gas turbine internal cooling heat transfer
measurements [0.17]. Transient liquid crystal thermography has been used extensively to make
detailed heat transfer measurements in gas turbine internal cooling applications over the past two
decades. A comprehensive review of the method, data reduction, its applications and historical
view has been presented in Ekkad and Han [0.18]. Although numerous articles have been
published using TLC technique, two articles that have used TLC measurements in unique ways to
deduce the heat transfer map have been highlighted in this section. Wang et al. [0.19] discussed
the hue history time scaling method by which the 1D semi-infinite conduction model equation can
be reduced to a very simple equation, such as, 𝑡′2 = (ℎ2 ⁄ℎ1 )2 𝑡2. In order to reduce it to this form,
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a known heat transfer coefficient would be required in the domain of interest. The highlight of this
technique is that it does not require any surface temperature calibration. The second work is by
Wolfersdorf et al. [0.20] in which the authors used a hybrid transient step-heating heat transfer
measurement technique. The experimental setup consists of a heater foil covered with TLC coating
and controlled by a known heat flux input. Here, the heat transfer coefficient map can be
determined by knowing the two times, heating ratio and switchover time. TLC has also been used
in internal measurements of rotating systems and a detailed review of this can be found in Singh
and Ekkad [0.21]. Infrared thermography (IR) is another non-intrusive technique through which
surface temperature measurements can be recorded directly. Recently, Cuadrado et al. [0.22]
proposed a non-iterative, inverse heat transfer approach by which internal heat flux was predicted
using external surface temperature measurements through IR. Berdanier et al. [0.23] proposed a
wireless measurement technique where sensors were deposited directly on the additively
manufactured parts and their performance was evaluated. The explosive growth in sensor
technologies and the potential to integrate it seamlessly with actual test geometries can prove to
be invaluable in making heat transfer measurements, especially in complex geometries such as gas
turbine blades. In addition to experimental techniques, computational tools are essential to capture
intricate flow physics that are difficult to obtain through physical measurements. A review of the
latest CFD tools, high fidelity simulations and improved model accuracy can be found in [0.1].
Scope of current thesis
The scope of the current thesis is to develop advanced cooling configurations using jet
impingement heat transfer based on thermal-hydraulic performance. The thesis aims to propose
novel cooling designs by understanding the fundamental physics associated with impinging jets
through experimental and computational means. Various complex parameters such as jet-jet
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interaction, crossflow accumulation, exit flow scenarios and surface modifications have been
investigated as part of this study to push the envelope in terms of efficient cooling designs. A
number of experimental techniques, both steady and transient, have been used as part of this study
to obtain local/average heat transfer coefficient maps.
Thesis organization
Chapter 1 describes array impingement on strategically placed thin metal foams to augment
thermal-hydraulic performance. This chapter discusses the physics associated with impingementfoam structures and uses a steady state heat transfer experimental technique using patch heaters
and thermocouples to obtain average heat transfer results.
Chapter 2 discusses the detrimental effects of crossflow accumulation on impingement heat
transfer. A novel cooling design has been proposed in this chapter to counter this crossflow effect
using a transient liquid crystal thermography technique. Non-conjugate heat transfer simulations
were performed to understand the underlying flow physics.
Chapter 3 investigates heat transfer performance of lobe-shaped jets. A steady state experimental
technique using a thin stainless steel foil was employed in this study to obtain local heat transfer
maps. The modified jets were compared against a conventional circular jet and superior design
was proposed.
Chapter 4 analyzes the effect of rotation on a novel cooling design containing crossover jets. A
transient liquid crystal thermography technique using liquid nitrogen was employed in this study
to obtain high resolution heat transfer data. The novel design was compared against conventional
axial flow cooling designs to highlight the superior cooling performance.
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CHAPTER 1
Jet Impingement Heat Transfer Enhancement by Packing High-Porosity Thin Metal
Foams between Jet Exit Plane and Target Surface
1.1 ABSTRACT
High porosity metal foams are known for providing high heat transfer rates, as they provide
significant increase in wetted surface area as well as highly tortuous flow paths resulting in
enhanced mixing. Further, jet impingement offers high convective cooling, particularly at the jet
footprint areas on the target surface due to flow stagnation. In this study, high porosity thin metal
foams were subjected to array jet impingement, for a special crossflow scheme. High porosity
(92.65%), high pore density (40 pores per inch, ppi) and thin foams (3 mm) have been used. In
order to reduce the pumping power requirements imposed by full metal foam design, two striped
metal foam configurations were also investigated. For that, the jets were arranged in 3 x 6 array
(𝑥/𝑑𝑗 = 3.42, 𝑦/𝑑𝑗 = 2), such that the crossflow is dominantly sideways. Steady state heat transfer
experiments have been conducted for varying jet-to-target plate distance 𝑧/𝑑𝑗 = 0.75, 2 and 4 for
Reynolds numbers ranging from 3000 to 12000. The baseline case was jet impingement onto a
smooth target surface. Enhancement in heat transfer due to impingement onto thin metal foams
has been evaluated against the pumping power penalty. For the case of 𝑧/𝑑𝑗 = 0.75 with the base
surface fully covered with metal foam, an average heat transfer enhancement of 2.42 times was
observed for a concomitant pressure drop penalty of 1.67 times over the flow range tested.
Keywords: Jet impingement; metal foam; heat transfer enhancement.
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1.2 INTRODUCTION
Jet impingement is an effective method for cooling surfaces with large heat loads, having
applications in electronic cooling, gas turbine blade cooling, processing industries, etc. While
single jets are used for localized cooling, an array of circular impinging jets provides uniform
cooling throughout the test surface. Extensive research has been carried out in the past, on the
effect of jet-to-jet spacing, jet-to-target spacing [1.1 – 1.3] under different crossflow schemes [1.4],
on jet impingement heat transfer. In addition to the enhancement obtained through array jet
impingement, target surfaces can be modified to increase the wetted surface area and alter the flow
structure in such a way that the overall convective thermal resistance (1⁄ℎ𝐴) reduces. To this end,
researchers have focused on enhancing heat transfer due to jet impingement onto roughened/
extended target surfaces [1.5, 1.6]. This papers aims to combine array impingement with one such
extended surface technique: metal foams.
High porosity metal foams are widely used in electronics cooling since they are compact,
lightweight and have a very large surface area to volume ratio. In addition to enhancing heat
transfer through surface area enlargement, metal foams also reduce the wall temperature gradient
by enhancing the flow mixing in the interstitial pores. This enables metal foams to cool surfaces
with large heat loads. Some of the benchmark studies on characterization of flow and heat transfer
under forced and buoyancy induced convection for high porosity metal foams was carried out by
Calmidi, Bhattacharya and Mahajan [1.7-1.9]. Calmidi and Mahajan [1.7] carried out experimental
and analytical study on characterization of effective thermal conductivity (𝑘𝑒𝑓𝑓 ) of high porosity
metal foams (metal foam + air/water). They developed an analytical model by considering the unit
cells in metal foams as hexagonal structures with lumped square intersections and assuming one
dimensional heat conduction model. Bhattacharya and Mahajan [1.8] studied forced convection in
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finned metal foam heat sinks and reported an enhancement of 1.5 – 2 times in heat transfer as
compared to the traditional heat sinks at constant pumping power. Calmidi and Mahajan [1.9]
studied forced convection through aluminum foams for a variety of samples ranging from 5 – 40
ppi and porosities ranging from 0.89 - 0.97. They quantified the thermal dispersion in metal foams
by calculating the interstitial heat transfer coefficient (ℎ𝑠𝑓 ) using air and water as fluid phases. A
number of studies have also focused on jet impingement onto metal foam heat sinks. Shih et al.
[1.10] studied the effect of foam height on heat transfer characteristics of aluminum foam heat
sinks under jet impingement. They concluded that there is an optimal height (𝐻/𝐷 = 0.23, where
𝐷 is the diameter of the heat sink) for the foam at which there is a balance between increase in heat
transfer area and resistance to flow through the foam. Kim et al. [1.11] investigated the effect of
pore density, jet velocity, jet-to-jet spacing and jet-to-target spacing on an aluminum foam heat
sink subjected to jet impingement. They reported an enhancement of 2-29% over the conventional
plate fin heat sink for a multi-jet impingement case. Jeng et al. [1.12] experimentally investigated
the effect of slot jet impingement on aluminum metal foam blocks of porosity 93%. They
parametrically studied the effect of ratio of nozzle width to foam height and ratio of jet-to-foam
tip distance and metal foam height on the heat transfer and pressure drop behavior of aluminum
metal foams. They concluded that a heat transfer enhancement of 3 - 5 times was obtained for the
case with metal foam as compared to the baseline case, i.e. without metal foam. Feng et al. [1.13]
experimentally and numerically compared the performance of configurations where metal foams
were packed between longitudinal fins with metal foam block under impingement cooling. It was
observed that the heat transfer performance of metal foam heat sinks monotonically decreases with
increase in foam height. However, at a constant pumping power, the heat transfer behavior of metal
foam heat sinks is found to be insensitive to changes in foam height.
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The present study is aimed at studying the effect of jet impingement heat transfer onto target
surfaces featuring high porosity (93%), thin metal foams (thickness of 3 mm) under a minimum
crossflow condition for different jet-to-foam spacings. Two unique configurations of striped metal
foams have been evaluated in this study and compared against base surface fully covered with
metal foam. The contribution of jet impingement on heat transfer enhancement in metal foams has
been investigated independently.

Figure 1.1: Schematic of experimental setup.
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(a)

(b)

(c)
Figure 1.2: (a) Details of target surface and measurement location of thermocouples, (b)
Test module, (c) Picture of different target plate configurations.
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1.3 EXPERIMENTAL SETUP
A schematic of the experimental setup is shown in Fig 1.1. Compressed air was drawn from a
reservoir to a buffer tank placed in proximity of the test section. A pressure regulator was
connected downstream of the buffer tank to maintain a constant pressure supply. A flow control
valve was connected further downstream to set the flowrate to the desired value as measured by
the orifice meter. Thirty-five pipe diameters was provided upstream and ten pipe diameters was
provided downstream of the orifice to ensure flow development. Flowrate was determined by
measuring the differential pressure across the orifice plate, static pressure upstream and
temperature downstream of the orifice meter. A diffuser was used for a smooth transitioning from
a circular cross section to a rectangular cross section. Honeycomb meshes were placed
immediately after the diffuser to straighten the flow. In addition, the length of the plenum was
sufficiently long (fifteen times channel hydraulic diameter) to ensure uniform velocity inlet to the
jet array.
Uniform velocity profile ensures that the supply pressure at the nozzle entrance was uniform and
the nozzle thickness was sufficiently long to ensure jet flow development. The other part of the
experimental setup is the target surface where heat transfer coefficient was intended to be
measured. A closer view of the heat source, insulation and location of thermocouples has been
shown in Fig. 1.2.
A constant heat flux was provided to the target plate of dimension 50.8 mm by 50.8 mm. The
target plate was made of aluminum and a patch heater of similar size was used to heat it through a
DC power supply. The metal foam was attached to the base plate using a thin layer of highly
conductive thermal paste (Omega OT-201) with thermal conductivity of 2.31 𝑊/𝑚𝐾. Fiberglass
insulation was provided at the rear side of the heater to minimize the heat loss. T-type
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thermocouples were embedded in the thickness of the target plate to measure the average wall
temperature and the locations for thermocouple measurements are shown in Fig. 1.2(a).
1.4 DESCRIPTION OF TEST CONFIGURATIONS
A fixed jet plate configuration was used for all the experiments. The jets were arranged in an
array of 3 x 6 jets with a fixed jet-to-jet spacing of 𝑥/𝑑𝑗 = 3.42, 𝑦/𝑑𝑗 = 2 and jet diameter (𝑑𝑗 ) of
4.23 mm, as shown in Fig. 1.3.

Figure 1.3: Description of jet configuration.
Four different types of target plate configurations were tested (Fig. 1.2(c) and Fig. 1.4).
Configuration 1 corresponds to the baseline case which is the smooth target surface. Configuration
2 corresponds to the smooth surface entirely covered with metal foam of dimensions 50.8 mm by
50.8 mm. In configuration 3, the jets directly impinge onto the smooth surface while in
configuration 4, the jets directly impinge onto the metal foam stripes. The metal foam stripes in
configuration 3 and 4 are of dimensions 50.8 mm x 7.26 mm. All foam samples are 3 mm thick.
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Figure 1.4: Jet plate superimposed on target plate for four different target plate
configurations (metal foam shown in green).
The SEM image of the aluminum foam sample used in the experiments is shown in Figure 1.5.
The sample was made of T6 – 6101 aluminum alloy with 4 – 6% relative density and 40 pores per
inch (40 ppi). The minimum possible thickness of high porosity 40 ppi metal foam was specified
to be 3 mm by the manufacturer (ERG Aerospace) without distorting the characteristics of the
foam. The fiber diameter (𝑑𝑓 ) of the foam sample was calculated by processing several sets of
SEM images, and the mean of all those instances was found to be 233 𝜇𝑚. Porosity(𝜖) of the foam
sample was evaluated using a precision weighing balance and was found to be 92.65%.

Figure 1.5: SEM image of metal foam sample used.
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1.5 EXPERIMENTAL CONDITIONS
In present study, heat transfer experiments have been carried out for 12 different configurations
using the jet plate described in section 1.4, and 4 different configurations without a jet plate. The
baseline case was the smooth target with three different jet-to-target spacing. Three variations of
foamed target was studied, viz., full foam, stripes (4) and stripes (3) (Fig. 1.2c and Fig. 1.4). Static
pressure measurements have been carried out in the plenum chamber to calculate the rate of work
done to maintain a given Reynolds number across the jet plate. The experiments were performed
for a Reynolds number range of 𝑅𝑒 = 3000 – 12000 which corresponds to a flow rate of 3 – 11
g/s at standard temperature and pressure. The temperature of the working fluid was ambient air
approximately at 21℃.

1.6 CONVECTIVE HEAT TRANSFER COEFFICIENT CALCULATION
Heat transfer coefficient was calculated through wall and fluid temperature measurements in
our steady state experiments. Constant heat flux was provided through patch heater on the back
side of aluminum base plate. Heat supply (𝑞") to the target plate was calculated from voltage and
resistance measurements across the patch heater. Convective heat transfer coefficient is given as,
ℎ=

𝑞𝑐𝑜𝑛𝑣
𝑞"𝑡𝑜𝑡𝑎𝑙 − 𝑞"𝑙𝑜𝑠𝑠
=
(𝐸𝑞. 1)
𝐴∆𝑇
𝑇𝑤 − 𝑇𝑝𝑙

Prior to forced convection experiments, heat loss experiments were carried out to establish a
relationship between heat loss versus wall temperature and ambient fluid temperature difference.
Two heat loss experiments were carried out and the wall temperatures were maintained such that
the forced convection steady state wall temperatures lie in that range. The heat loss varied between
6% and 1% for Reynolds numbers ranging from 3000 and 12000, and is an indicator of good
insulation and lower uncertainty levels in heat transfer coefficient measurements.
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Since the flow lies in the low Mach region, compressibility effects can be neglected. Therefore,
the reference temperature for the heat transfer coefficient calculation was taken to be the fluid
temperature in the plenum (𝑇𝑝𝑙 ) just before entering the jet array.
For normalization of heat transfer coefficient obtained from Eq. 1, following equation has been
used.
𝑁𝑢 =

ℎ𝑑𝑗
(𝐸𝑞. 2)
𝑘𝑓

1.7 UNCERTAINTY QUANTIFICATION
The main uncertainties in the experiment are in voltage, resistance and temperature
measurement. The error in voltage and resistance measurement was taken to be 0.5% and
uncertainty in measuring temperature was 0.75%. The conduction losses through the thermal
interface material and the thermocouples have been neglected. Uncertainty calculation has been
carried out using sequential perturbation method prescribed by Moffat [1.14]. For a Nusselt
number value of 80, the uncertainty was ±1.24%. Uncertainty in calculation of a Reynolds number
of 6000 was ±0.6%.
1.8 THERMAL RESISTANCE NETWORK
Before moving onto results and discussion, this section will discuss about the one-dimensional
thermal resistance network and the effect of contact resistance on overall heat transfer calculation.
As discussed in the previous sections, the experiment was setup such that the heat producing
components are separated from the impinging jets by a metallic foam. This problem can be broken
down into simpler cases and the resistance networks can be analyzed individually. Consider three
cases viz., a) heated aluminum plate with no metal foam, b) heated aluminum plate with metal
foam under natural convection and c) heated aluminum plate with metal foam and subjected to
impinging jets as shown in Fig. 1.6.
20

Figure 1.6: 1D thermal resistance networks for different scenarios.
Consider a baseline case of impingement onto the heated surface in the absence of metal foam.
Now in this particular segment, when there is no forced convection, the supplied heat flux will
be utilized in maintaining the aluminum base temperature and depending upon the difference
between the base temperature and ambient temperature, buoyancy induced transport can be
determined. So, essentially there are two thermal resistances from the point where heat flux is
provided – one is the conduction resistance offered by base aluminum (of the type 𝑙/𝑘) and the
other is the buoyancy induced transport resistance (of the type 1/ℎ𝑛𝑎𝑡 ). Now, consider the case
of jet impingement onto aluminum base. In this case, a parallel resistance (1/ℎ𝑓𝑜𝑟𝑐𝑒𝑑 ) is going
to be added along with the buoyancy induced transport resistance, since forced convection is an
added mechanism of heat dissipation now. Hence, the equivalent resistance 1/(ℎ𝑓𝑜𝑟𝑐𝑒𝑑 + ℎ𝑛𝑎𝑡 )
now will the one derived from two resistances in parallel and we know that thermal resistance
of the forced convection will be much lower than that of the buoyancy induced mechanism. That
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is how the effective thermal resistance is reduced in case of jet impingement onto flat aluminum
base ℎ

1

𝑓𝑜𝑟𝑐𝑒𝑑 +ℎ𝑛𝑎𝑡

≪ℎ

1

𝑛𝑎𝑡

.

Now consider metal foams. To start with, let us consider metal foams when they are not subjected
to any forced convection (Fig. 1.7). Calmidi and Mahajan [1.7] presented a conduction model
where a unit cell of metal foam was considered and heat flow through it was analytically
analyzed. In the above case, heat transfer at every layer comprises of heat transfer in solid (fiber)
and heat transfer in fluid (air) in a parallel mode. Likewise, the same mechanism is followed in
layers 2 and 3. Hence at a unit cell level, one can say that the heat transfer happens in individual
layers in series, where within a layer, there are two parallel modes of heat transfer (one in solidphase and one in fluid-phase). Through this analysis, a model for effective thermal conductivity
was prescribed by Calmidi and Mahajan.

Figure 1.7: Heat transfer scheme in metal foams [1.7].
The effective thermal conductivity under buoyancy-induced convection is given by the following
equation,
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If one has to compare the effect of just the metal foams under buoyancy induced convection with
a case where no metal foam is present, the thermal resistances in these two cases will be
𝑡𝑓𝑜𝑎𝑚 /𝑘𝑒𝑓𝑓,𝑓𝑜𝑎𝑚 𝐴𝑏𝑎𝑠𝑒 and 1/ℎ𝑛𝑎𝑡 𝐴𝑏𝑎𝑠𝑒 ). For a 3mm foam having an effective thermal
conductivity of roughly 5 W/mK, the thermal resistance in the foam case will be 0.012 times the
thermal resistance in the case without it (ℎ𝑛𝑎𝑡 ~20 𝑊 ⁄𝑚2 𝐾 ).

Now, consider the case where these metal foams are subjected to forced convection. This forced
convection will be an added mechanism of heat dissipation and hence the resistance offered by
forced convection (𝑜𝑓 𝑡ℎ𝑒 𝑓𝑜𝑟𝑚 1⁄ℎ𝑠𝑓 𝑎𝑠𝑓 𝑡𝑓𝑜𝑎𝑚 𝐴𝑏𝑎𝑠𝑒 ) will be added in parallel to the previous
effective thermal resistance of the foam 𝑡𝑓𝑜𝑎𝑚 /𝑘𝑒𝑓𝑓,𝑓𝑜𝑎𝑚 𝐴𝑏𝑎𝑠𝑒 . By a similar analogy presented
earlier, one can identify that this parallel arrangement of heat dissipation mechanisms result in
significant reduction in the thermal resistances. This is what we have observed in our
experimental results.
1.9 VALIDATION STUDY
For heat transfer studies related to jet impingement, typically a square array of jets is employed.
For the purpose of validating our heat transfer data, heat transfer experiments were carried out for
a standard 4 x 4 array of jets arranged such that the normalized jet-to-jet spacing in 𝑥 and 𝑦
direction, 𝑥⁄𝑑𝑗 = 𝑦⁄𝑑𝑗 = 4 and jet-to-target spacing was 𝑧⁄𝑑𝑗 = 1. Heat transfer data for the
present study has been compared with Singh et al. [1.15] and the validation plot has been shown
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in Fig. 1.8. The agreement between our experimental data and Singh et al. [1.15] correlation was
excellent. Also, shown is the heat transfer data for the original 3 x 6 array, which had consistently
higher heat transfer than the square 4 x 4 array, due to reduced crossflow effects where just half of
the jet flux of the center row contributed to crossflow for the jet rows on the either side.

Figure 1.8: Validation of present study’s heat transfer results with Singh et al.
[1.15].
To this end, post validation of heat transfer data with existing correlation, pressure drop and heat
transfer results for a 3 X 6 jet array will be presented.
1.10 RESULTS AND DISCUSSION
This section presents the experimental results obtained through heat transfer and pressure drop
experiments, and the heat transfer enhancement mechanisms and thermal hydraulic performance
of different configurations has been discussed in detail.
1.10.1 Plenum pressure measurements with and without jet plate for 𝒛 = 3.175 mm
(equivalent to 𝒛/𝒅𝒋 = 0.75)
The coolant was issued through a jet plate featuring an array of 3 x 6 jets. The frictional losses
across the jet is presented in terms of discharge coefficient as a function of plenum pressure ratio.
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For the measurement of plenum pressure for discharge coefficient (𝐶𝑑 ) determination, the
target plate was not installed, i.e. the jet plates were exposed to laboratory ambient. This procedure
brings out the jet characteristics, as in, higher the discharge coefficient, lower is the frictional loss.
Figure 1.9 shows the variation of discharge coefficient with Reynolds number. The discharge
coefficient showed a weak dependence on the investigated range of Reynolds number, and the
typical value was approximately 0.8.

Figure 1.9: Discharge coefficient variation with Reynolds number (also shown is the jet
plate).
In order to evaluate the role of jet impingement in heat transfer enhancement using metal foams,
initial experiments were conducted without a jet plate. Air was allowed to flow through a duct of
size 50.8 by 50.8 mm with the target plate attached at the end of the duct (target plate
configurations are shown in section 1.4). In all these cases, the distance between end of plenum
and base surface on which metal foams were installed was maintained at 𝑧 = 3.175 mm.
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Figure 1.10: Variation of supply pressure with Reynolds number without jet plate.

Figure 1.11: Variation of supply pressure with Reynolds number with jet plate.
Figures 1.10 and 1.11 show the variation of plenum pressure with Reynolds number for all four
configurations tested. For the case of duct flow (single jet, Fig. 1.10) and for the case of array jet
impingement (Fig. 1.11), the Reynolds numbers are defined based on channel hydraulic diameter
(50.8 mm) and jet diameter (4.23 mm) respectively. Pressure drop for the cases where jet
impingement plate was introduced was significantly higher than the case without it. For the
baseline case of duct flow, the pressure drop was highest for the full foam case. Further,
configuration 3 which was four stripes had higher pressure drop compared to configuration 4
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which had three stripes. This trend is expected for duct type flow, which can also be treated as
single jet impingement where more metal foam content contributes to increased flow resistance.
However, for the jet impingement case, the pressure drop was still highest for the full foam case.
The pressure trends for the stripe cases are flipped for the jet impingement case, where the three
stripe case was subjected to orthogonal impingement had more pressure drop compared to four
stripe case where impingement was on the space between adjacent stripes of metal foam, and where
metal foams offered flow resistance to the wall jet.

1.10.2 Heat transfer results with and without jet plate for 𝒛 = 3.175 mm (equivalent to 𝒛/𝒅𝒋 =
0.75)
Heat transfer coefficients (HTC) measured for all four configurations described in section 1.4 is
presented in Fig. 1.12 (without jet plate) and Fig. 1.13 (with jet plate). The baseline case was jet
impingement onto smooth surface, and this configuration yielded lowest heat transfer rates.
Heat transfer enhancement through metal foams is due to increased heat transfer area, fluid flow
path tortuosity, and stagnation heat transfer at leading edge of metal foam fibers. The reason behind
the choice of thin foam is to have high foam participation area in heat dissipation, a phenomenon
which is difficult to achieve in case of block of foams. Figure 1.10 shows the heat transfer
coefficient values obtained for the baseline case of without jet plates, or the case of single jet
impingement onto different configurations. The heat transfer coefficient trends follow that of the
pressure drop. Here, impingement as such does not have any effect, apart from providing coolant.
The configuration that had more metal foam content in the volume between the jet-issuing plane
and the plate with heat flux had higher cooling level.
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Figure 1.13 shows the heat transfer coefficient trends when metal foam and baseline configurations
were subjected to array jet impingement. Here also, the heat transfer trends follow the pressure
drop trends, which is expected. It is clear that the full foam configuration will have the highest
heat transfer due to higher metal participation in heat dissipation.

Figure 1.12: Variation of heat transfer coefficient (HTC) with Reynolds number without jet
plate.
Apart from that, the three stripe configuration has higher heat transfer than the four stripe
configuration due to stagnation type heat transfer. When the stripes are subjected to stagnation
impingement, the heat transfer is higher as opposed to the case when foams face wall jets (spent
air, post impingement). It should be noted that stagnation heat transfer with just three stripes is
higher than wall jet type heat transfer with four stripes.
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Figure 1.13: Variation of heat transfer coefficient (HTC) with Reynolds number with jet
plate.
Variation of Heat transfer coefficient for the above two cases of with and without jet impingement,
with pumping power requirements is shown in the figure below.

Figure 1.14: Variation of heat transfer coefficient (HTC) with pumping power.
For a given pumping power, full foam case with jet plate produced highest heat transfer coefficient.
This is followed by striped configurations 3 and 4. Although the pumping power requirements
increase with the addition of a jet plate, the corresponding heat transfer coefficient (HTC) values
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also increase. Hence, an array jet impingement yields higher thermal hydraulic performance
configuration.
Henceforth, the discussion is focused on heat transfer and pressure loss characteristics of array jet
impingement on different foam configurations with the effect of jet-to-foam/target spacing.

Figure 1.15: Variation of supply pressure with Reynolds number.
1.10.3 Pressure drop variation with Reynolds number: effect of jet-to-target spacing.
Figure 1.15 shows the variation of static pressure in the plenum chamber for different
configurations. The static pressure for the baseline case of smooth target surface was lowest
compared to foamed targets, which is an expected trend, since foams add flow resistance. Pressure
drop increased with decreasing jet-to-foam distance, which is also an expected trend.
The two stripe cases (configurations 3 and 4) had similar pressure drop with configuration 4 being
slightly higher, and in those cases as well, the 𝑧/𝑑𝑗 = 0.75 cases yield maximum pressure drop. A
common trend observed in all foamed configurations is that 𝑧/𝑑𝑗 = 2 and 4 pressure drops are near
similar.
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1.10.4 Heat transfer results: effect of jet-to-target spacing
Nusselt numbers for all four configurations studied here, are presented in Fig. 16.
Configuration 1 is for jet impingement onto smooth target for three different jet-to-target spacing
of 0.75, 2 and 4. The heat transfer was highest when the target was closest to the jet plate. For such
impingement, the jets issued from the plate have well defined potential core as it interacts with the
target. The jet potential core loses its strength as the target plate is moved away, since the shear
force acting between the periphery of potential core and surrounding stationary environment, leads
to jet entrainment [1.16, 1.17]. For details of flow and heat transfer characteristics of single jet, the
reader is referred to Viskanta’s review paper [1.16]. This phenomenon is reflected in our heat
transfer data as well, which shows a reducing trend in heat transfer for increasing z/d values.
For the foam configurations (#s 2, 3 and 4), “𝑧” is the distance between the jet and the aluminum
base on which metal foams have been installed. Configuration 2 was the case where metal foam
of cross-sectional area 50.8 mm x 50.8 mm (3 mm thick) has been inserted between the jet and
target. In this case, 𝑧⁄𝑑𝑗 = 0.75 case signifies that the metal foam was essentially touching the jet
plate. This configuration yields highest heat transfer enhancement compared to other two foamed
configurations and the baseline case of smooth target impingement. The reason behind high levels
of cooling is, firstly, the full foam configuration (#2) had highest content of ligaments (or fibers)
in contact with the aluminum base which was subjected to constant heat flux. That provides
increased conduction heat transfer from aluminum base to the foam. Now, this efficiently
transported heat from base to fibers is transported away through forced convection from incoming
jets. The impinging jets onto foams would be broken down into small pockets of air, which
essentially interacts with the fibers. The heat transfer rates at the fiber level is governed by the
fiber diameter. A standard metal foam fiber can be considered as a cylinder, and the fluid dynamics
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around the fiber can be considered to be equivalent to that around a cylinder. The heat transfer
enhancement mechanism is due to flow stagnation on the upstream edge of the fiber, enhanced
flow mixing due to highly tortuous flow paths [1.18] and increased heat transfer participation area.
Note that, zero jet-to-target plate spacing is only possible for porous media heat transfer.
One can also speculate that since the foams were touching the jet plate, the jet plate and its
associated parts were also involved in taking away the heat conducted from aluminum base to
foam to jet plate, and hence this will have some effect on the overall heat transfer data shown for
𝑧⁄𝑑𝑗 = 0.75 case. However, heat loss experiments were performed prior to forced convection
experiments. These heat loss experiments yield total heat required to maintain a given temperature
of the aluminum base, and these values are subtracted from the total heat supplied during the forced
convection experiments. It was noticed that the heat losses were higher for the case of foam
touching the jet plate due to increased contact area, hence higher conductance.
With increasing z/d, the heat transfer levels reduced significantly for the configuration 2 due to
reduced potential strength of the jets reaching the foam, leading to reduction in their ability to
penetrate through the pores. Although configuration 2 had highest cooling, it comes at a cost of
increased pumping power requirements.
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Figure 1.16: Variation of Nusselt number with Reynolds number (for foam configurations
2, 3 and 4 – “z” is always the distance between the jet plate and the aluminum base on
which metal foams have been installed.

In an attempt to design cooling configurations with high thermal hydraulic performance,
configurations 3 and 4 were studied. Configuration 3 was designed such that heat transfer is
enhanced due to jets impinging on the aluminum base directly, and the spent air was routed through
stripes of thin foams. The aim behind the design of configuration 3 was to obtain best of both
worlds, as in, impingement heat transfer enhancement due to flow stagnation, conduction through
foams, and increased convective heat transfer between the crossflow and the foams. However, this
configuration’s heat transfer levels were found to be significantly lower than full foam case of
Configuration 2. Configuration 3, was however, higher than the baseline case of smooth target
impingement.
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One other variation in the attempt to design high thermal hydraulic performance
configuration resulted in configuration 4, where the jets impingement was directly onto the stripes
of metal foam. With increasing 𝑧/𝑑𝑗 , the enhancement levels underwent significant reduction for
configuration # 2, however, the enhancement levels were still about 90% higher than the smooth
target. Configuration 3 was about 70% better in terms of heat transfer compared to the baseline
case. Configuration 4 was about 80% higher compared to the baseline case, and the enhancement
was highest when the foamed target was closer to the jet plate.
The relative gain in heat transfer compared to baseline case of smooth target (without foam)
is presented in Fig. 1.17 for all three configurations. For all the configurations, maximum gain was
observed when the foams were flushed with the jet plate. The gain in heat transfer for the full foam
case was approximately 140% more than the baseline case.

Figure 1.17: Enhancement in heat transfer over the smooth target impingement.
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Figure 1.18: Heat transfer coefficient variation with pumping power.
Heat transfer coefficients for different configurations have also been compared with the pumping
power (Fig. 1.18). This plot presents the actual cooling rates with respect to its cost. A preferred
cooling design would lie somewhere on the top left corner of the figure. As expected, the pumping
power requirements for the baseline case was lowest compared to foamed configurations 2, 3 and
4. The pumping power requirement for the full foam case was highest compared to striped foam
configurations (3 and 4). However, the gain in heat transfer for configuration for the full foam case
was also very high – hence qualifying configuration 2 as the highest thermal hydraulic
performance configuration. For configuration 2, that the case where foam touches the jet plate has
the highest thermal hydraulic performance, compared to instances where the foam and jets have
some distance between them.
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Configuration 3 thermal hydraulic performance was lower than configuration 2, and that
the 𝑧⁄𝑑𝑗 effect was almost negligible. Configuration 4’s 𝑧/𝑑𝑗 = 0.75 and 2 cases had near similar
thermal hydraulic performance whereas 𝑧⁄𝑑𝑗 = 4 was definitely lower. Configurations 3 and 4 had
comparable thermal hydraulic performances, although configuration 4 had higher levels of heat
transfer enhancement compared to that of configuration 3.
1.11 CONCLUSIONS
This paper presents experimental study to characterize heat transfer and pressure drop for jet
impingement onto thin foams (full and stripes). Thin foam was considered for optimum usage of
metal fibers which is tough to achieve in case of thick foams. Thin foams were subjected to array
jet impingement as opposed to traditional duct type or single jet impingement. The aim for the
cooling designs was to achieve high metal participation volume in heat transfer dissipation and to
further increase heat transfer by routing the duct flow through cylindrical jets to locally increase
the flow velocities which eventually enhanced heat transfer at the fiber and pore levels. To gain
on the pumping power penalty front, which was observed for full foam case, two additional
configurations were investigated, which had stripes of foam.
Detailed analysis of experimentally obtained heat transfer and pressure losses indicate that the
full foam subjected to array jet impingement has the highest thermal hydraulic performance, as
compared to the cases where stripes of foams are used. The thermal hydraulic performance of full
foam configuration was about 100% higher than that of the baseline case of smooth target (no
foam), and the thermal hydraulic performance of the striped foam cases was 50% higher than the
baseline case of orthogonal jet impingement. This study shows very promising results related to
applicability of thin foams in enhanced heat transfer research, and more studies are expected to
follow.
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NOMENCLATURE
𝐶𝑑

discharge coefficient

𝑑𝑗

jet diameter (m)

𝑑𝑝

pore diameter

𝑑𝑓

fiber diameter (µm)

h

heat transfer coefficient (W/m2K)

𝑘

thermal conductivity (W/mK)

K

permeability

𝑚̇ 𝑗

mass flow rate per jet (kg/s)

Nu

Nusselt number (ℎ𝑑𝑗 /𝑘𝑓 )

𝑝1

total plenum pressure (Pa)

𝑝2

laboratory ambient pressure (Pa)

∆𝑝

pressure drop across test section (Pa)

q

heat (W)

Re

̇ 𝑗 /𝜋𝑑𝑗 µ)
Reynolds number (4𝑚

t

time (sec)

𝑇2

plenum temperature (K)

𝑇𝑤

wall temperature (K)

𝑇𝑎𝑤

mainstream temperature (K)

u

average coolant velocity in the duct (m/s)

x

center-to-center jet spacing in x-direction (m)

y

center-to-center jet spacing in y-direction (m)

z

jet-to-target spacing (m)

Greek symbols
𝜀

enhancement factor

𝜖

porosity

𝛾

𝑐𝑝 /𝑐𝑣

ρ

density of air (kg/m3)

𝜐

kinematic viscosity of air (m2/s)
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Subscripts
s

solid

f

fluid

eff

effective
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CHAPTER 2
Jet impingement heat transfer enhancement by U-shaped crossflow diverters

2.1 ABSTRACT
Array jet impingement is typically used in gas turbine blade near-wall cooling, where high
rates of heat dissipation is required. The accumulated crossflow massflux results in significant
reduction in jet effectiveness in the downstream rows, leading to reduced cooling performance. In
this paper, a jet impingement system equipped with U-shaped ribs (hereafter referred as ‘diverter’)
were used for diverting the crossflow away from the jets emanating from the nozzle plate. To this
end, a baseline configuration of array jet impingement onto smooth target surface is considered,
where the normalized jet-to-jet spacing (𝑥⁄𝑑𝑗 = 𝑦⁄𝑑𝑗 ) was 6 and the normalized jet-to-target
spacing (𝑧⁄𝑑𝑗 ) was 2. Crossflow diverters with thickness ‘𝑡’ of 1.5875 mm and height ‘ℎ’ of 2𝑑𝑗 (=
𝑧) were installed at a distance of 2𝑑𝑗 from the respective jet centers. Detailed heat transfer
coefficients have been calculated through transient liquid crystal experiments carried out over
Reynolds numbers ranging from 3500 to 12000. It has been observed that crossflow diverters
protect the downstream jets from upstream jet deflection thereby maximizing their stagnation
cooling potential. An average of 15-30% enhancement in Nusselt number is obtained over the flow
range tested. This benefit in heat transfer came at a cost of increased pumping power to maintain
similar flow rate in the system. At a given pumping power, crossflow diverters yielded an
enhancement of 9 – 15% in heat transfer compared to the baseline case.

Keywords: Jet Impingement; Crossflow diverter; Liquid Crystal Thermography.
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2.2 INTRODUCTION
Jet impingement is a popular cooling concept, typically employed in high heat flux dissipation
applications such as gas turbine blade internals [2.1], combustor liner wall [2.2], mechanical
system design (e.g. disc brake cooling [2.3, 2.4]), etc. There have been many studies in the past,
which have focused on the heat and fluid flow characterization of single- and array-jet
impingement systems. Goldstein et al. [2.5, 2.6] conducted some of the earlier studies on single
jet impingement. Viskanta [2.7] provided a comprehensive review on single jet impingement,
which delineates the fundamentals of interaction between an isothermal impinging jet and surface.
For other such studies on single jet impingement heat and fluid flow characteristics, the reader is
referred to a comprehensive review by Zuckerman and Lior [2.8].

Often times, single jet impingement is extended to array of jets when a larger surface area is to be
cooled. Due to jets emanating from the upstream rows, certain crossflow impact situations may
arise depending upon the connection between the target and the nozzle plate, such as minimum,
intermediate and maximum. Kercher and Tabakoff [2.9] studied the effect of normalized jet-to-jet
spacing (𝑥/𝑑𝑗 ) and normalized jet-to-target spacing (𝑧/𝑑𝑗 ) under maximum crossflow condition
on area-averaged jet impingement heat transfer on the the target wall. Obot and Trabold [2.10]
also carried out comprehensive experimental study on maximum crossflow array jet impingement
and provided correlations for Nusselt numbers over wide range of geometrical and flow
parameters. Florschuetz et al. [2.11] investigated the effect of /𝑑𝑗 (= 𝑦/𝑑𝑗 ), 𝑧/𝑑𝑗 on local heat
transfer coefficient under maximum crossflow condition and provided correlations for row-wise
averaged Nusselt numbers, which to this date are widely used for validation of similar
experimental and numerical studies. The correlation for Nusselt number was a function of
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𝑥/𝑑𝑗 , 𝑦/𝑑𝑗 , 𝑧/𝑑𝑗 , local jet Reynolds number (𝑅𝑒𝑑𝑗 ) and crossflow massflux-to-jet massflux ratio
(𝐺𝑐 ⁄𝐺𝑗 ). The prescribed correlation indicates a monotonically decreasing heat transfer trend with
increasing streamwise distance, with an anomaly for low jet-to-target spacing (𝑧/𝑑𝑗 ) of unity. For
low jet-to-target spacing, Li et al. [2.12] and Singh et al. [2.13] also reported an increasing heat
transfer trend with streamwise distance, as observed in [2.11]. Li et al. [2.12] further extended the
study of Florschuetz et al. [2.11] to include very low jet-to-target plate distances (𝑧/𝑑𝑗 < 1) and
effect of hole inclination on local heat transfer behavior using transient liquid crystal (TLC)
technique. Singh et al. [2.13] studied the effect of different crossflow schemes in an impingementeffusion system at 𝑧/𝑑𝑗 = 1 and concluded that minimum crossflow condition had maximum
thermal hydraulic performance while the maximum crossflow condition had minimum. Huang et
al. [2.14] and Ekkad et al. [2.15] investigated the heat transfer distribution on a target surface with
and without film cooling holes under maximum and intermediate crossflow condition using
transient liquid crystal (TLC) technique. Spanwise averaged plots indicate that intermediate
crossflow scheme has maximum heat transfer at the center of the plate with minimum at either of
the exits while maximum crossflow scheme produces maximum heat transfer farthest away from
the exit of the plate. A number of studies have also focused on jet impingement onto curved
surfaces that mimic the actual leading edge of a gas turbine blade to investigate the effects of jet
shape [2.16], exit crossflow condition [2.17] on heat transfer distribution.

Above studies confirm a common trend of significant heat transfer degradation for 𝑧/𝑑𝑗 > 1
under maximum crossflow condition. This effect may lead to lower cooling levels and nonuniform temperature gradients. There have been some studies on mitigating the negative effects of
accumulated crossflow removal on jet effectiveness. Ji et al. [2.18] numerically investigated the
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effect of crossflow regulation by varying jet diameter along the streamwise direction, where a total
of five configurations were studied. This study [2.18] provided recommendations on arranging the
jet diameters to achieve uniformity in heat transfer as well as enhancement in thermal hydraulic
performance. Esposito et al. [2.19] developed a novel impingement design for combustor liner
cooling application to avoid the negative effects of crossflow in jet impingement heat transfer.
Three cooling designs, viz. corrugated wall, uniform extended port and variable extended port
were investigated, where 40-50% enhancement in heat transfer was reported. Chi et al. [2.20]
studied the ‘anti-crossflow (ACF)’ cooling structure for applications in gas turbine vanes. Their
design was similar to the corrugated configurations reported in [2.19], where a wider range of test
parameters were investigated using liquid crystal thermography. The ACF model cooled the
turbine vane 10 – 30 K more than the actual prototype at the same pumping power. Wang and
Sunden [2.21] performed an experimental study using liquid crystal thermography to control the
crossflow effect due to jet impingement in the presence of a rib.

The above-mentioned studies outline the negative effects of crossflow on jet impingement
effectiveness under maximum crossflow condition as well as concepts which have been developed
to mitigate this negative effect. In the present work, a novel design featuring U-shaped diverters
joining the jet and target plates together is reported, such that the incoming crossflow was
effectively diverted away from emanating jets. The aim of this study is to achieve higher cooling
levels with relatively lower penalty on the pumping power. The proposed design is evaluated
against the baseline case of array jet impingement onto smooth target, in terms of local Nusselt
numbers and their respective thermal hydraulic performances. The following sections in the paper
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discuss in detail about the experimental setup, data reduction procedure, uncertainty analysis and
results and discussion.

2.3 DESCRIPTION OF TEST CONFIGURATIONS AND EXPERIMENTAL
CONDITIONS
The crossflow diverter configuration is shown in Fig. 2.1. The crossflow diverters were made
in the shape of U (semi-circle) and were integrally manufactured with the jet plate featuring an
array of 10 x 5 jets. The U-shaped diverters were placed at a distance of 2𝑑𝑗 downstream of the
center of a jet. The adjacent jet spacing in streamwise and spanwise directions was 6𝑑𝑗 . The
thickness (𝑡𝑑 ) of the crossflow diverters was 1.59 mm and the height (ℎ) was equal to 2𝑑𝑗 , i.e. the
diverters were in contact with both the jet plate and the target plate. The outer radius of the
crossflow diverter was equal to 1.5𝑑𝑗 . The jet plate featuring the U-shaped diverters was additively
manufactured using ABS material.

To achieve maximum crossflow condition, a three-sided spacer of thickness 2𝑑𝑗 was used to
separate the jet and target plates. The three components, viz. target plate, jet plate and the spacer
were attached together via series of screws and thin gaskets and were sealed with caution, ensuring
no leakage of air from the impingement system. The baseline configuration was jet impingement
onto smooth target, i.e. in the absence of crossflow diverters.

Transient liquid crystal (TLC) experiments have been carried out for the two configurations at four
different Reynolds numbers (𝑅𝑒𝑑𝑗 ~ 3500, 5000, 7500 and 12000) at a fixed jet-to-target spacing
of 2𝑑𝑗 . Further, the flow characteristics of the impingement configurations were determined
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through static pressure measurements in the impingement channel as well as in the plenum
chamber. These measurements were used to find the row-wise jet mass flux distribution and hence
accumulated crossflow massflux. The plenum pressure was also used to calculate the pumping
power required to maintain a certain average jet Reynolds number in the system. Above
measurements have been further discussed in following sections.

Figure 2.1: Relative arrangement of impingement holes and crossflow diverters on the jet
plate.

2.4 EXPERIMENTAL SETUP
The experimental setup used in this study has been schematically shown in Fig. 2.2. Compressed
air was drawn from a reservoir and routed to a buffer tank, placed in close vicinity of the test
section. The buffer tank was always maintained at 0.8 MPa, to ensure that the supply pressure (and
hence the total mass flow rate) across the impingement system during the short duration (~50
seconds) was nearly constant. A fine control ball valve was used to set the desired flowrate. The
mass flow rate was calculated through pressure and temperature measurements carried across the
ASME orifice plate. The differential pressure across the orifice plate was measured using Dwyer
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475-2 pressure transducer. Further, the static pressure and temperature was also measured to
calculate the density of air flowing through the orifice plate. Above three measurements were used
in conjunction and were fed as inputs to an in-house code written in MATLAB for mass flow rate
determination.

Figure 2.2: Schematic of experimental setup.
As mentioned earlier, the heat transfer coefficients were calculated through transient heat
transfer experiments based on liquid crystal thermography. For such experiments, a sudden change
in the fluid temperature is required to drive wall temperature change from its laboratory ambient
initial temperature. To this end, a heated thermal reservoir was created prior to every transient run.
An 8-kW inline heater was used to heat the incoming air, which was further routed to the thermal
reservoir. In this heating process, the air was continuously vented into the laboratory ambient once
it exits the thermal reservoir. The thermal reservoir comprised of low thermal conductivity and
high heat capacity materials and was designed such that it retained the thermal energy which was
accumulated during the above-mentioned heating stage. The aim of the thermal reservoir was to
impart a constant thermal energy to the fluid entering the heated section during the actual transient
experiment, to obtain a desired step change in fluid temperature and its further evolution in time.
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Once a desired thermal reservoir was achieved, the experimental setup was deemed ready for the
transient experiment.

The total mass flow rate required to maintain the test Reynolds number was now established
with the air still being vented to laboratory ambient via the 3-way valve installed upstream of the
test section. The transient experiment could be commenced by switching the valve position to
direct the flow to the test section. The details of the test section are shown in Fig. 2.3. The target
surface where heat transfer coefficient was to be calculated was first sprayed by a thin coating of
Thermochromic liquid crystals (TLC). Another coating of water-soluble black paint was applied
on top of the TLC coating to obtain good contrast in the color change of LCs during the transient
experiment. More details regarding this assembly can be found in [2.13].

The LC color change was recorded via a CCD camera. Simultaneous measurements of the fluid
temperature upstream of the jet plate were made. Above measurements and recording were used
as inputs for heat transfer coefficient calculation, which is discussed in following section.

Figure 2.3: Details of test section (cut-section view).
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2.5 HEAT TRANSFER COEFFICIENT CALCULATION METHODOLOGY IN
EXPERIMENTS
Detailed heat transfer coefficients were calculated through local wall temperatures determined
by thermochromic liquid crystals sprayed on the clear acrylic target surface. This material (acrylic)
has low thermal conductivity and low thermal diffusivity, which allowed the heat conduction to
be modeled as one-dimensional and thickness of the solid was chosen such that it can also be
treated as semi-infinite solid. The governing equation for one-dimensional semi-infinite
conduction and the corresponding boundary and initial conditions have been described in detail in
[2.22]. The analytical temperature solution on the solid surface for one-dimensional semi-infinite
conduction is given as,

𝑇𝑤 (𝑡) − 𝑇𝑖
ℎ2 𝑡
𝑡
) (𝐸𝑞. 1)
= 1 − exp (
) 𝑒𝑟𝑓𝑐 (ℎ√
𝑇𝑚 − 𝑇𝑖
𝜌𝑠 𝑐𝑠 𝑘𝑠
𝜌𝑠 𝑐𝑠 𝑘𝑠

In the above equation, the fluid temperature is taken to be time invariant. However, the transient
experiments in present study had time-variant fluid temperature. A typical evolution of the
mainstream temperatures measured at two discrete locations in the plenum chamber is shown in
Fig. 2.4. The reference temperature was taken to be the mean of the two temperature measurements
in the plenum chamber.
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Figure 2.4: Evolution of plenum temperature with time.

To account for the time dependence of the mainstream temperature, the Duhamel’s superposition
principle was employed in Eq. 1, where the evolution of fluid temperature was divided into several
discrete time steps, and at each time step, the fluid temperature was taken to be constant and wall
temperature was built accordingly. The modified analytical expression for wall temperature
evolution is given as,

𝑖=𝑛max

ℎ2 (𝑡 − 𝑡𝑖 )
𝑡 − 𝑡𝑖
)] (𝐸𝑞. 2)
𝑇𝑤 = 𝑇𝑖 + ( ∑ (𝑇𝑚,𝑖 − 𝑇𝑚,𝑖−1 )) [1 − exp (
) 𝑒𝑟𝑓𝑐 (ℎ√
𝜌𝑠 𝑐𝑠 𝑘𝑠
𝜌𝑠 𝑐𝑠 𝑘𝑠
𝑖=1

In the above expression, wall temperature was determined by calibrated liquid crystals. The
detailed procedure can be found in [2.23, 2.24] and has not been described here in the interest of
brevity. The heat transfer coefficient was subsequently determined from Eq. 2 through an error
minimization routine [2.23, 2.24]. The heat transfer coefficient (ℎ) was further nondimensionalized to obtain the Nusselt number (𝑁𝑢) as shown below in Eq. 3:
𝑁𝑢 =

ℎ𝑑𝑗
(𝐸𝑞. 3)
𝑘𝑓
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where, 𝑘𝑓 is the thermal conductivity of air evaluated at the film temperature (𝑇𝑓 ) where 𝑇𝑓 =
(𝑇𝑤 + 𝑇𝑝𝑙 )⁄2

2.6 COMPUTATIONAL DETAILS
Numerical simulations were carried out to understand the underlying flow-physics in the
impingement channel with and without the crossflow diverters. To this end, selected test conditions
were simulated, and their details are provided below.

2.6.1 Overview
The mean flow- and thermal-fields were obtained by solving Reynolds-averaged NavierStokes (RANS) equations and the energy equation (fluid domain). The computations were
performed using a finite-volume based solver FLUENT 19.2. A realizable k-ε model with
enhanced wall treatment was used to model the turbulence and the justification for using the above
turbulence model is provided in the following subsection. A second order discretization scheme
was employed for higher accuracy of numerical predictions. SIMPLE algorithm was used for
pressure-velocity coupling. The residual convergence criteria for continuity, momentum and
turbulence equations was 10−5, and for energy equation it was 10−8 . Note that in computations,
only the fluid domain was simulated. The governing equations viz., continuity, momentum,
energy, turbulent kinetic energy transport and turbulent dissipation rate transport are not described
here in the interest of brevity and can be found in [2.24].
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2.6.2 Turbulence model selection
The realizable k-ε model with enhanced wall treatment was chosen for turbulence modeling in
this study. The choice was made to strike a balance between prediction accuracy at local and global
scales and computational cost. RKE with enhanced wall treatment has been used by several
researchers in the past with acceptable agreement with experimental data, e.g. [2.25, 2.26]. There
have been some studies where standard k-ε model was used in multi-jet impingement systems
[2.27 – 2.29], however, wall treatment was deemed essential in this study as the wall bounding the
flow plays a critical role in the rapid changes in mean velocity flow field and turbulence.

2.6.3 Boundary conditions and heat transfer coefficient calculations
The fluid domain is shown in Fig. 2.5, where only a part of the plenum chamber is shown. A
mass flow type boundary condition was specified at the entrance plane of the plenum chamber.
The total mass flow rate across the inlet plane was calculated based on the average jet Reynolds
number and the total number of jets. The inlet air temperature was set to 295K and the thermophysical properties of air was allowed to change with local temperature. Since only the fluid
domain was simulated, a constant wall heat flux (3 𝑘𝑊 ⁄𝑚2) type boundary condition (with noslip) was specified at the target wall. The heat flux value was chosen such that an appreciable
difference between the lowest wall temperature and fluid temperature can be maintained, to reduce
the uncertainties incurred due to numerical calculations. All other walls bounding the fluid domain
was set as adiabatic with no-slip condition. The crossflow diverter walls were also adiabatic with
no-slip boundary condition. The outlet plane was set to zero-gauge pressure.
The local heat transfer coefficient calculation methodology in the simulations was different
from that in experiments, due to the difference in the nature of experiments (transient) and
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computations (steady) and the target wall boundary conditions. For a constant wall heat flux
boundary condition, the local wall temperatures obtained after the solution of the governing
equations was used in conjunction with the plenum air temperature to obtain the local heat transfer
coefficient, given as, ℎ(𝑥, 𝑦) = 𝑞"𝑤 ⁄(𝑇𝑤 (𝑥, 𝑦) − 𝑇∞ ). This practice is very commonly employed
in combined experimental and numerical studies, e.g. [2.20, 2.29].

2.6.4 Grid independence study
The grids were generated in ANSYS workbench. An unstructured grid comprising of
tetrahedron and hexahedron elements with prismatic layers, was created for discretization of the
fluid domain. Ten inflation layers with first layer wall distance equivalent to a wall 𝑦 + of 1 were
provided on the target surface to resolve near wall flow features and to meet the wall 𝑦 +
requirement for the chosen solver. For grid independence studies, three different mesh schemes
were simulated for baseline case, which resulted in a total of 13.3M, 14.75M, and 17.23M
elements. The value of normalized Nusselt number from coarse to fine mesh for a Reynolds
number of 3500 varied within 3%. To strike a balance between accuracy and computational cost,
the mesh with 14.75M elements has been chosen for all numerical results presented in this work.
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Figure 2.5: Boundary conditions employed in computations, with relative arrangements
of diverters with respect to the emanating jets in an isometric view.

2.7 UNCERTAINTY ANALYSIS
Uncertainty measurements in both Nusselt number and Reynolds number have been carried out
using the method prescribed by Moffat [30]. The factors contributing to uncertainty in Nusselt
number are 𝑇𝑤 , 𝑇𝑖 , 𝑇𝑚 , 𝑡, √𝜌𝑠 𝑐𝑠 𝑘𝑠 . Uncertainty in temperature measurement of thin T-type
thermocouples was taken to be 0.5%. The contribution of time (t) was taken to be 0.0416 seconds.
Accounting for each of the factors and their corresponding uncertainties stated above, a sequential
perturbation was performed and the overall uncertainty was determined and plotted as shown in
Fig. 2.6. Fig. 2.6 shows the uncertainty contour for the baseline configuration at the highest
Reynolds number of Re = 11082 for a single row of jets. It can be observed that the uncertainty is
55

highest at the stagnation region and decreases radially along the jet as expected. The average
uncertainty for a typical Nusselt number of 25 was found to be to around 13%. For a typical
Reynolds number of 7500, uncertainty was found to be 1.6%.

Figure 2.6: Uncertainty contour for baseline configuration at Re = 11082.

2.8 RESULTS AND DISCUSSION
This section presents the experimental and numerical results for different test configurations
and flow conditions. The normalized jet mass-flux, normalized crossflow massflux and row-wise
averaged Nusselt numbers, obtained experimentally and numerically have been validated with the
correlation prescribed by Florschuetz et al. [2.11]. Detailed Nusselt numbers have been presented
and numerically predicted flow field is used to explain the benefits of using crossflow diverters to
enhance heat transfer and thermal hydraulic performance.

2.8.1 Discharge coefficient and streamwise channel pressure distribution
For the determination of flow distribution in the jet rows and the crossflow mass flux
accumulation, static pressure measurements were carried out to characterize the flow losses
through the jet plate along with separate experiments to measure the supply pressure in the plenum
chamber and static pressure in the impingement channel. The discharge coefficient 𝐶𝑑 was found
to have a weak dependence on the plenum pressure ratio and had a typical value of 0.7 over the
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investigated jet Reynolds numbers. Once the discharge coefficient of the jet plate was determined,
static pressure measurements were carried out on the target wall. These pressure taps were located
midway between the jet centers of adjacent rows in streamwise direction. In this case, ten pressure
taps were used to capture the local pressure variation. The local flow rate through each jet row was
then determined using the discharge coefficient (𝐶𝑑 ), plenum supply pressure (𝑝1) and local target
pressure (𝑝2 ). Following sections provide the flow distribution results and later in the text, the
supply pressure is used to rank the impingement configurations in terms of their thermal hydraulic
performance.

2.8.2. Validation study
The baseline massflow and Nusselt number distribution in the present study were obtained both
experimentally and numerically and is compared with Florschuetz et al. [2.11]. Fig. 2.7 shows the
jet mass flux to average jet mass flux ratio and the crossflow mass flux to local jet mass flux ratio
variation with streamwise distance from the blocked end. The agreement between the experiments,
computations and the correlation prescribed in [2.11] was satisfactory.

The jet row that is closest to the exit (ambient) had the maximum coolant supply due to lowest
flow resistance for both the baseline and crossflow diverter configurations. However, the
distribution was more non-uniform for the diverter configuration because the diverters produce
additional flow resistance as compared to the baseline case. From Fig. 2.7(a), it can be observed
that in the baseline impingement case, the 10th row of jets received ~28.4% more coolant than the
first row of jets, while for crossflow diverters, the 10th row of jets received ~134.4% more coolant
than the first row of jets. The ratio 𝐺𝑐 /𝐺𝑗 was lower for the diverter configuration as the crossflow
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accumulation was lower than the baseline configuration due to skewed flow distribution in the
former case.

̅̅̅𝒋 ) with
Figure 2.7: (a) Variation of local jet mass flux to average jet mass flux (𝑮𝒋 /𝑮
streamwise distance (𝒙/𝒙𝒏 ), (b) Variation of crossflow mass flux to jet mass flux (𝑮𝒄 /𝑮𝒋 )
with streamwise distance (𝒙/𝒙𝒏 ).

Further, the heat transfer distribution obtained experimentally and numerically is also compared
with the correlation in [2.11]. Fig. 2.8(a) shows the variation of the local row-wise averaged
Nusselt number (𝑁𝑢⁄𝑁𝑢1 ) normalized with the Nusselt number of the first row which was closest
from the blocked end (𝑁𝑢1 ). This normalization scheme quantifies the degradation in heat transfer
as the coolant moves towards the exit of the impingement channel. The average deviation between
experimental and CFD data was 5.24% and also agreed satisfactorily with Florschuetz et al. [2.11]
data as seen in Fig. 2.8(a). This validation is provided for a representative jet Reynolds number
of 3,500. Further, globally averaged Nusselt number was also compared with [2.11] for the entire
range of the investigated Reynolds number as shown in Fig. 2.8(b). At the global scale as well, the
agreements were found to be satisfactory. An average deviation of 13.46% and 11.46% was
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observed between the experimental and CFD data for baseline and diverter configurations
respectively.

Figure 2.8: (a) Variation of normalized row-wise averaged Nusselt number 𝑵𝒖/𝑵𝒖𝟏 with
crossflow mass-flux to jet mass-flux ratio (𝑮𝒄 ⁄𝑮𝒋 ), (b) variation of globally averaged
Nusselt numbers with Reynolds number.

2.8.3 Detailed Nusselt number contours and flow predictions
Figure 2.9 shows the detailed experimental and CFD Nusselt number distributions for the
baseline case of impingement onto smooth target surface and the configuration with crossflow
diverters at Reynolds number of 3500. For the baseline configuration, the effect of crossflow
massflux accumulation on the downstream jets can be distinctively identified in the last three rows.
The experimental data and numerical predictions both agree well at a local scale as well. The
accumulated crossflow mass flux strength grows with the increasing streamwise distance from the
blocked end of a maximum crossflow configuration resulting in jet deflection and hence reduction
in their effectiveness for stagnation heat transfer. Although the jet mass flux was higher for the
downstream rows, the crossflow massflux strength suppresses the jet mass flux and results in
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reduced heat transfer. This is a detrimental or undesired effect which is addressed in this study by
employing crossflow diverters.

For the crossflow diverter configuration, an overall increasing trend was observed with increasing
streamwise distance from the blocked end, primarily because of the skewed jet massflux towards
the rows closer to the exit. This trend has been explained through Fig. 2.7 as well. The important
observation here is that the jet potential core was intact for all the rows, resulting in high jet
effectiveness. The initial few rows did exhibit lower heat transfer levels, however, that was due to
low attendant massflux and not due to jet strength degradation due to interaction with the
crossflow.

Figure 2.9: Nusselt number contours, experiments (TLCT) and CFD (steady state) at Re
3,500.
Fig. 2.10 shows the 3D streamlines for flow in the impingement channel for baseline and diverter
configurations. This figure shows that diverters were effective in protecting the jet potential core
(not shown here for clarity) as they deflected the oncoming crossflow towards the space between
the two adjacent jets in the span. The jet protection effectiveness was high even for the later rows,
which is a very encouraging result.
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Figure 2.10: 3D streamlines colored by velocity magnitude for baseline and diverter
configurations.

The potential core of the jets is shown in a different view through Fig. 2.11 where the contour is
representative of the turbulent kinetic energy (TKE). Enhancement in TKE is also one mechanism
through which the heat transfer is enhanced. Earlier studies have shown that the periphery of the
potential core interacts with quiescent fluid around it resulting in enhanced shear around the
potential core leading to increased TKE which subsequently persists or gets transported to the
target wall. The above phenomena is observed for the baseline configuration while the diverter
configuration had relatively lower TKE. The enhanced TKE clearly is not the first order effect on
heat transfer. In the shown view, the jet deflection can be observed for baseline configuration
starting from the 3rd row itself, whereas the diverter configuration showed minimal jet deflection
even at the last row.

61

Figure 2.11: Turbulent kinetic energy with streamlines for baseline and diverter
configurations.

Further, the counter-rotating vortex pair (CRVP) was observed between two adjacent jets in the
streamwise direction, where these structures were also found to be invariant with increasing
streamwise distance. The CRVP is an additional mechanism through which heat transport is
facilitated from the target surface.

2.8.4 Spanwise averaged heat transfer and thermal hydraulic performance
The spanwise averaged Nusselt number variation with normalized streamwise location is shown
in Fig. 2.12, where the jet centers correspond to 𝑥⁄𝑑𝑗 = 0, 6, 12, … and so on. The stagnation heat
transfer region which corresponds to the peak Nusselt number was found to be shifting from the
3rd row itself for the baseline configuration. Subsequently, with the strengthening of crossflow
massflux with increasing 𝑥⁄𝑑𝑗 this deflection also keeps increasing from the jet centerline with
reduced jet effectiveness as well. Above trend was observed for all the flow conditions.
However, in the crossflow diverter configuration, the peak heat transfer (stagnation region)
remains intact at its default location in an increasing trend indicating that the diverters had
effectively protected the jet potential core from the oncoming crossflow.
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Figure 2.12: Spanwise averaged Nusselt number (a) baseline (b) diverter case from
experimental study. The jet centers correspond to 𝒙⁄𝒅𝒋 = 𝟎, 𝟔, 𝟏𝟐, …

The above comparison of the two configuration holds true when a certain average jet Reynolds
number is maintained across the impingement configurations, which is how these concepts are
employed in actual gas turbine blade cooling or combustor line wall cooling. However, to quantify
the crossflow diverter effect, one can maintain the same jet mass flux distribution in the baseline
configuration and then evaluate the heat transfer levels. To this end, numerical analysis was carried
out by inputting the experimental jet massflux into the computational setup to mimic the crossflow
diverter jet massflux distribution in the baseline configuration. Fig. 2.12 shows the detailed Nusselt
number contours and the spanwise averaged heat transfer for the above analysis.
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Figure 2.13: (a) Detailed Nusselt number contours for the two different coolant flow
conditions, plenum fed baseline and controlled jet mass flux taken from the diverter
configuration and applied on the baseline configuration, (b) spanwise averaged Nusselt
numbers corresponding to the contours.

With the skewed jet mass flux distribution, the baseline configuration heat transfer underwent
reduced jet deflection compared to the self-distributed mass flux. However, the overall heat
transfer levels were still lower compared to the diverter configuration as can be seen in Fig. 2.13
(b). This indicates that the crossflow diverters were still more effective in protecting the jets, even
when the jet massflux distribution in the baseline configuration was similar. Above exercise
effectively eliminates the impact of jet massflux redistribution due to addition of diverters and
proves the validity of proposed concept for enhanced jet impingement heat transfer.
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Now, the addition of diverters also imposes a penalty on the pumping power required to maintain
a certain coolant mass flow rate across the impingement system. Pumping power was calculated
as:

𝑊 = (0.25𝑅𝑒𝜋𝑑𝑗 𝜈𝑁)∆𝑝 (𝐸𝑞. 4)

where ∆𝑝 is calculated using the plenum supply pressure. From Fig. 2.14(a), it can be observed
that the pumping power requirement of diverter configuration was consistently higher than the
baseline configuration. Further, the globally averaged heat transfer coefficient is evaluated against
the pumping power and is shown in Fig. 2.14(b).

Figure 2.14: Variation of heat transfer coefficient with pumping power.

Heat transfer enhancement (𝑁𝑢/𝑁𝑢0 ) of 15 - 30% was observed for the diverters compared to the
baseline impingement configuration. However, this comes at the expense of pumping power due
to the addition of crossflow diverters. Although the diverters imposed higher penalty on the
pumping power, the gain in heat transfer supersedes the flow losses. At a pumping power of 40W,
crossflow diverters produced 10% higher heat transfer compared to the baseline configuration.
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2.9 CONCLUSIONS AND RECOMMENDATIONS
This paper reports an experimental and numerical investigation on a new proposed concept
which enhances the jet impingement heat transfer under maximum crossflow condition by
protecting the emanating jet potential cores by U-shaped diverters. Transient liquid crystal
experiments were carried out over a wide range of jet Reynolds numbers (3,500 to 12,000) and the
numerical simulations were carried out at a representative jet Reynolds number for analysis of
flow physics to explain the performance of the two configurations. The major findings of this study
are as follows:

(i)

The baseline jet impingement configurations undergo significant jet effectiveness
degradation due to accumulated crossflow mass flux from the upstream rows.

(ii)

Employing crossflow diverters upstream of each jet results in significant increase in the
jet massflux, such that higher coolant flow rates were observed for jet rows closest to the
exit.

(iii)

The crossflow diverter configuration effectively protected the potential core of the
emanating jets by effectively deflecting the crossflow away in the space between adjacent
jets in the spanwise direction.

(iv)

A gain of 15 - 30% in global heat transfer levels was observed for the crossflow diverter
configuration.

(v)

Crossflow diverters also had higher thermal hydraulic performance compared to the
baseline configuration.
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Present study did not account for the conjugate effects of the diverters as they spanned full
impingement channel height connecting the target wall to the jet plate. Hence the diverters also act
as extended surfaces and will contribute to enhanced heat dissipation. It is recommended that
crossflow diverters should be further developed such that they can also yield more uniformity in
the local heat transfer coefficient distribution on the target wall. A parametric study is also
recommended to investigate the effectiveness of the diverters for varying geometrical parameters,
such as jet-to-jet spacing and jet-to-target spacing.
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NOMENCLATURE
𝐴𝑐

cross-sectional area of jet

𝑐

specific heat capacity of target surface

𝐶𝑑

discharge coefficient

𝑑𝑗

jet diameter

𝐺

mass flux

ℎ

heat transfer coefficient

𝑘

thermal conductivity

𝑚̇

mass flow rate

𝑁

number of holes

𝑁𝑢

Nusselt number

𝑝1

plenum supply pressure

𝑝2

pressure on target surface (ambient in case of finding discharge coefficient)

𝑞"

heat flux

𝑅𝑒

Reynolds number = 𝑚̇𝑗 𝑑𝑗 /𝜇𝐴𝑗

𝑡

time

𝑡𝑑

thickness of diverter

𝑇

temperature

𝑇∞

plenum temperature used for computational study

𝑊

pumping power

𝑥

jet-to-jet spacing in x-direction

𝑦

jet-to-jet spacing in y-direction
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Greek symbols
𝜌

density

𝜈

kinematic viscosity

Subscripts
𝑐

crossflow

𝑖

initial

𝑗

jet

𝑠

solid

𝑓

film

𝑚

mainstream

𝑝𝑙

plenum

𝑟

reference

𝑤

wall
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CHAPTER 3
Impingement Heat Transfer of Various Lobe Shaped Nozzles

3.1 ABSTRACT
This paper presents heat transfer characteristics of lobed nozzles, three different lobe
configurations viz. three-, four- and six-lobe jets have been tested over a range of Reynolds
numbers (based on the effective jet diameter, 𝑑𝑒 ) between 8000 and 16000 and normalized jet-totarget spacings (𝑧/𝑑𝑒 ) of 1, 2 and 4. The heat transfer results of lobed configurations were
compared to the baseline configuration of circular jets. Steady-state infrared thermography (IRT)
experiments were carried out for convective heat transfer coefficient calculations. Experimental
results show that the three lobe configuration has a superior heat transfer performance compared
to other configurations. Jet-to-target plate standoff distance had drastic effect on the heat transfer
performance and contour plots for the lobed nozzles, as heat transfer performance diminished with
increase in 𝑧⁄𝑑𝑒 . For the lobe configurations, with increase in jet-to-target spacing (𝑧⁄𝑑𝑒 ), the
heat transfer coefficient maps tend towards a more circular profile due to the effect of jet diffusion.
Keywords: jet impingement; lobe jets; infrared thermography
3.2 INTRODUCTION
Jet impingement heat transfer has been proven to be an effective mechanism to enhance heat
transfer from a heated surface. A jet impingement system comprises of a fluid emerging out of a
nozzle or array of nozzles placed at a finite distance from the heated surface. Jet impingement
finds its applications in areas like electronics cooling, gas turbine cooling, combustor liner cooling,
drying etc. The parameters that have been widely considered in the jet-impingement literature are
nozzle geometry, nozzle to target spacing, and jet Reynolds number. A detailed review of heat
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transfer in single and array of jets impinging onto a target surface has been provided by Han and
Goldstein [3.1]. Jambunathan et al. [3.2] reviewed the heat transfer for a single circular jet.
Viskanta [3.3] has classified the flow regions in the impinging jet into free jet region, stagnation
region and wall jet region. Further, free jet region is classified into the potential core zone, the
developing zone, and the developed zone. The local fluid velocities are highest in the potential
core region leading to high heat transfer coefficient in the corresponding stagnation region. The
wall region is characterized by flow in the radially outward direction post impingement. Lytle and
Webb [3.4] investigated the effect of low jet-to-target spacing (𝑧/𝑑𝑗 < 1) on the local heat transfer
distribution on a flat plate impinged by a circular air jet. They observed regions of high heat
transfer in the wall jet region due to flow acceleration and increase in turbulent intensity at low
jet-to-target spacing. This effect was found to be more pronounced at higher Reynolds numbers.
Gardon and Carbonpue [3.5] also found a local minimum at low nozzle-target spacing (𝑧/𝑑𝑗 <
0.25) at the stagnation point, and primary and secondary maxima at ~ 𝑟⁄𝑑𝑗 = 0.5 and ~ 𝑟⁄𝑑𝑗 =
2. Katti and Prabhu [3.6] carried out infrared thermography on a single circular jet impinging onto
a heated target surface for jet Reynolds numbers ranging between 12000 and 28000 and jet-totarget spacing between 0.5 to 8 times the jet diameter. Stagnation Nusselt number was found to
increase with increase in jet-to-target spacing, and the near wall turbulent intensity increase was
attributed to this trend. Lee et al. [3.7] studied the effect of nozzle diameter on jet impingement
heat transfer and fluid flow. They reported increase in local Nusselt numbers in the region
corresponding to 0 < 𝑟⁄𝑑𝑗 < 0.5 with increase in nozzle diameter.
Many prior studies have focused on the role of nozzle configuration on impingement heat
transfer. Garimella et al. [3.8] conducted series of experiments to study the effect of nozzle aspect
ratio (length of nozzle/nozzle diameter, 𝑙 ⁄𝑑𝑗 ) on impingement heat transfer rates in confined
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submerged liquid jet of FC-77. Maximum heat transfer was achieved for nozzle aspect ratios lower
than 0.5. Brignoni and Garimella [3.9] studied the effect of jet inlet chamfering on pressure drop
and heat transfer. Lee and Lee [3.10] investigated jets of various shapes for 𝑙 ⁄𝑑𝑗 < 0.2 and
reported jets with sharp-edged orifice performed better. Popiel and Boguslawski [3.11] compared
the performance of a contoured nozzle to a sharp-edged orifice and found higher mass (analogous
to heat) transfer rates with the sharp-edged orifice. Few researchers have focused on influence of
lobed-nozzles and cross-shaped orifices on heat transfer due to their enhanced mixing capabilities.
Yuan [3.12] investigated lobed jets for passive control of jet flows to improve the efficiency of
combustion process to reduce noise and pollutant in the mixing chamber. They observed
development of complex streamwise vortices originating from the troughs of the lobed jets which
facilitate turbulence enhancement and flow expansion near the lobe exit. Kristiawan et al. [3.13]
found 40% higher mass transfer rates with cross-shaped jet than a converging circular jet. Since
the lobed jets were marked by intense vortex formation and enhanced turbulent kinetic energy, it
is imperative to validate the enhancement in heat transfer when considered in impinging
configuration. To this end, Martin and Buchlin [3.14] compared the heat transfer performance in
three and four lobe jets and compared with a conventional circular jet. They found the three lobe
jet to provide better heat transfer rate at low jet-to-target spacing compared to the four lobe jet.
Oyakawa et al. [3.15] studied jet separations within the jet-to-plate spacing for a jet issuing from
a cross-shaped nozzle impinging on the target plate. Furthermore, they reported how the
phenomenon of axis switching reflected on the flow and heat transfer behavior on the target plate.
It was found that the heat transfer coefficient at the stagnation point attains a maximum value
further downstream due to the lengthened potential core region, and its magnitude enhances due
to increase in turbulent intensity.
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In the present study, steady-state heat transfer experiments have been carried out to determine
local heat transfer coefficients. The Reynolds numbers, based on the effective jet diameter (𝑑𝑒 ),
were varied from 8000 to 16,000 and non-dimensional jet-to-plate spacing (𝑧/𝑑𝑒 ) were varied as
1, 2 and 4. Infrared thermography (IRT) was used to measure local temperatures of the heated
surface and lumped capacitance model was employed to determine the cooled sidewall
temperatures. Local heat transfer coefficients were then determined by measuring the total
convective heat transfer and the local difference between the wall and fluid temperatures.
Following sections provide details of experimental setup, heat transfer coefficient calculation
methodology and then results and discussion has been provided before concluding this work.
3.3 EXPERIMENTAL SETUP
The schematic of the test facility used for heat transfer experiments is shown in Fig. 3.1.
Compressed air at 27 °C and 700 kPa was fed into a buffer tank placed inside the test facility. The
pressure downstream of the discharge tank was controlled by a pressure regulator and was set at
275 kPa. Mass flow rate was metered using an orifice plate downstream of the flow control valve.
At the orifice plate, the differential pressure, static pressure and temperature was measured to
calculate the mass flow rate accounting for air density. The air was then routed through the jet
nozzle and impinged orthogonally on to a heated target surface.
The target plate(100 𝑚𝑚 x 90 𝑚𝑚; 0.2 𝑚𝑚 thick stainless steel foil) was clamped tightly and
stretched between two copper bus bars was heated using a DC power source of 0-60A capacity.
The back side of the impingement surface was painted with Rust-Oleum® black paint (ε = 0.88).
The emissivity was calculated by calibrating the IR camera against a surface thermocouple and
entering the emissivity value into the IR software. Detailed 2-D temperature plots were obtained
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using FLIR SC600 infrared (IR) camera. The normalized nozzle-to-target surface spacing (𝑧/𝑑𝑒 )
was varied as 1, 2, 4 respectively.

Figure 3.1: Schematic of experimental setup.
Four jet nozzle geometries namely, circular (baseline) and lobe geometries consisting of three,
four and six lobes were tested. Table 1 lists the geometric details of the jet configurations. The
effective jet diameter (𝑑𝑒 ) was maintained almost a constant around 7.6 mm across all the
configurations. This allows normalization based on a constant geometric parameter across jets of
various shapes. Jet area (𝐴𝑗𝑒𝑡 ) corresponds to the cross-sectional area of the jet nozzle. The jet
nozzle featuring lobe jets are shown in Fig. 3.2. All local heat transfer measurements were gathered
along the major axis of the lobe jets as shown in Fig. 3.2.

Figure 3.2: Schematic of lobe jet configurations tested in the study.
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Table 1: Geomteric details of lobe jet configurations

3.4 ENERGY BALANCE

Figure 3.3: Energy balance for a differential element on the stainless steel foil [3.16].
An energy balance was performed for a differential element on the stainless-steel foil. The energy
balance equation is given as,
𝐸𝑖𝑛 − 𝐸𝑜𝑢𝑡 + 𝐸𝑔𝑒𝑛 = 𝐸𝑠𝑡𝑜𝑟𝑒𝑑 (1)
Since the experiment was performed under steady state conditions, 𝐸𝑠𝑡𝑜𝑟𝑒𝑑 = 0
Accounting for conduction, convection and radiation terms for energy in and out of the differential
element, we get,
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[𝑞𝑥 ]𝑓 + [𝑞𝑦 ] + [𝑞𝑥 ]𝑝 + [𝑞𝑦 ] + 𝑞𝑔𝑒𝑛 𝑑𝑥𝑑𝑦𝑡𝑓 − [𝑞𝑥+𝑑𝑥 ]𝑓 − [𝑞𝑦+𝑑𝑦 ] −[𝑞𝑥+𝑑𝑥 ]𝑝 − [𝑞𝑦+𝑑𝑦 ] −
𝑓
𝑝
𝑓
𝑝
𝑞𝑛𝑐 𝑑𝑥𝑑𝑦 − 𝑞𝑟𝑎𝑑 𝑑𝑥𝑑𝑦 − 𝑞𝑓𝑐 𝑑𝑥𝑑𝑦 = 0 (2)
Grouping the loss terms together (radiation & conduction) and simplifying the equation, we get,
𝑞𝑓𝑐

𝜕 2 𝑇𝑚 𝜕 2 𝑇𝑚
= 𝑞𝑔𝑒𝑛 − 𝑞𝑙𝑜𝑠𝑠 + (𝑘𝑓 𝑡𝑓 + 𝑘𝑝 𝑡𝑝 ) ( 2 +
) (3)
𝜕𝑥
𝜕𝑦 2
𝑞𝑔𝑒𝑛 = 𝑉𝐼 ⁄𝐴 (4)

Since the conduction terms was calculated to be negligible, we get the final equation,
ℎ𝑓𝑐 =

𝑞𝑔𝑒𝑛 − 𝑞𝑙𝑜𝑠𝑠
(5)
𝑇𝑚 − 𝑇𝑎𝑤

The loss term includes both radiation and natural convection components and was determined
experimentally as described in section 3.5.
3.5 DATA REDUCTION PROCEDURE
Target plate surface temperature contour was taken from the IR image at steady state on rear
face of the plate (i.e. face opposite to jet impingement surface). Since the Biot number of the target
plate is very small, we can assume that the temperature on either side of the plate through its
thickness remains the same. All three modes of heat transfer viz. conduction, convection and
radiation contribute to heat removal from the metal target surface. Heated surface of the plate
conducts the temperature through the thickness while it also loses some heat due to radiation and
natural convection to the room. Initially, an IR image was recorded by heating up the target plate
to four different steady state temperatures without any flow impinging on it. These set of images
were used to compute the heat loss due to radiation and natural convection from the target plate.
A polynomial fit was obtained for an area averaged wall temperature between the four heat loss
experiments that were carried out as shown in Fig. 3.4. While calculating heat transfer coefficient
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at any given pixel on the target plate, heat loss value for that pixel’s temperature was found using
the polynomial fit obtained and the net heat flux value was thus calculated using Eq. 6.
𝑞"𝑛𝑒𝑡 = 𝑞"𝑗𝑜𝑢𝑙𝑒 − 𝑞"𝑙𝑜𝑠𝑠 (6)
Heat input (𝑞"𝑗𝑜𝑢𝑙𝑒 ) was computed using the voltage and current measurements across the target
surface. The local heat transfer coefficient at each cell is calculated from:

ℎ𝑖,𝑗 =

𝑞"𝑗𝑜𝑢𝑙𝑒 − 𝑞"𝑙𝑜𝑠𝑠
𝑞"𝑛𝑒𝑡
=
(7)
∆𝑇
(𝑇𝑤𝑖,𝑗 − 𝑇𝑎𝑤 )

Plenum fluid temperature 𝑇∞ = 𝑇𝑝𝑙𝑒𝑛𝑢𝑚 = 𝑇𝑎𝑤 was measured using a thin T-type thermocouple.
For low jet velocities, measured 𝑇∞ can be assumed to be equal to the adiabatic wall temperature
(𝑇𝑎𝑤 ).
Once heat transfer coefficient was determined, Nusselt number was calculated using Eq. 8.

𝑁𝑢𝑖,𝑗 =

ℎ𝑖,𝑗 𝑑𝑒
(8)
𝑘𝑓

Figure 3.4: Quadratic relation between heat loss (𝒒"𝒍𝒐𝒔𝒔 ) and wall temperature difference
(∆𝑻).
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3.6 UNCERTAINTY ANALYSIS
The uncertainties associated with each quantity was calculated using the sequential
perturbation method from Moffat [3.17]. The uncertainty calculation of heat transfer coefficient
was performed by evaluating the uncertainties in heat supplied (𝑄), surface area (𝐴𝑠 ) and
temperature measurements. Uncertainty in thermocouple measurement was taken as 0.5°C, while
in voltage and current measurements was calculated to be 1% and 0.5% respectively. For a typical
Reynolds number of 12000, uncertainty in heat transfer coefficient was calculated to be 6.4%.
3.7 RESULTS AND DISCUSSIONS
In this study, four jet nozzle geometries were tested at three jet-to-target plate stand-off
distances of 7.6 , 15.2 and 30.4 mm corresponding to normalized jet-to-target surface distances,
𝑧/𝑑𝑒 of 1, 2 and 4 at Reynolds numbers (𝑅e) of 8000, 12000 and 16,000 based on the jet effective
diameter (𝑑𝑒 ).
3.7.1 Heat transfer in circular jet (baseline case)
For validation of current system with literature, heat transfer measurements were carried out
for the circular jet at a jet-to-target spacing of 𝑧/𝑑𝑒 = 1, 2 and 4 for Reynolds number of 8000 16000 and compared with the data from Lytle and Webb [3.4], Katti and Prabhu [3.6], Martin and
Buchlin [3.16] (Fig. 3.5). A good agreement was obtained with multiple studies within the region
of interest 0 < 𝑟/𝑑𝑒 < 2. As expected, Nusselt number decreases with increase in radial distance
(𝑟/𝑑𝑒 ). As radial distance increases, the thermal boundary layer thickness also increases, thereby
reducing the heat transfer along that direction. As stated by Jambunathan et al. [3.2] in their review
paper, maximum boundary layer thickness is observed in the wall jet region where the fluid also
attains maximum velocity.
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Figure 3.5: Variation of local Nusselt number with non-dimensional radial distance
(𝒓/𝒅𝒆 ) validated with data from literature [3.4, 3.6 and 3.14].
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Figure 3.6: Detailed Nusselt number contours for a baseline circular jet at Re = 16000.

Figure 3.6 shows detailed Nusselt number contours for the baseline circular jet for 𝑧/𝑑𝑒 =1, 2
and 4 at Reynolds number of 16000. The local Nusselt number was found to be maximum at the
stagnation point and decreased monotonically in the radial direction. The radial contours do not
display regions of secondary maxima ascribed to low jet momentum and thus, weaker turbulent
intensity at the Reynolds number tested. Katti and Prabhu [3.6] also made similar observations
where secondary maxima was only evident for jet Reynolds number higher than 16000. The
stagnation point Nusselt number is almost invariant with jet-to-target spacing (z/d) variation. This
observation is very consistent with other studies from literature [3.6, 3.18].

3.7.2 Heat transfer in lobe jets
Figure 3.7 shows the radial variation in Nusselt number for the all the lobed jets at 𝑧/𝑑𝑒 of 1
and 4. As expected, the Nusselt number increases with increase in Reynolds number for the all
cases. For the 3 lobe jet, Nusselt number variation shows an asymmetric profile at the lowest jet-
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to-target surface spacing, 𝑧/𝑑𝑒 =1 along the jet centerline. A gentle change in slope is also
observed within 0 < 𝑟⁄𝑑𝑒 < 1 due to the asymmetric shape of the jet across the centerline,
𝑟⁄𝑑𝑒 = 0. However, the skewness in the profile diminishes with increase in jet-to-target spacing
to 𝑧/𝑑𝑒 = 4 and the curves become smoother and symmetric.

Figure 3.7: (a) Radial variation of local Nusselt number for all lobe jet configurations at (a)
𝒛/𝒅𝒆 = 𝟏, (b) 𝒛/𝒅𝒆 = 𝟒.
The local Nusselt number profile is symmetric for the 4 lobe geometry at both 𝑧/𝑑𝑒 tested and
smoothly decreases along the radial direction. Although slight inflections are noticed at radial
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locations within jet diameter from the centerline, they are absent at lower Reynolds numbers and
larger stand-off distances. These inflections are due to the slight increase in turbulence intensity in
the wall jet region. Similar inflection in radial Nusselt number were also observed by

Figure 3.8: Detailed Nusselt number contours for lobe jet impingement configurations at
𝒛/𝒅𝒆 = 𝟏.
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Figure 3.9: Detailed Nusselt number contours for lobe jet impingement at 𝒛⁄𝒅𝒆 = 𝟏, 𝟒 at
Re = 12000.
Martin and Buchlin [3.13] and Oyakawa et al. [3.14] for four lobe jets. Six lobe jet behaves similar
to the four lobe jet. Overall, the form of the heat transfer distribution does not change with the
Reynolds number across all cases.
Typical Nusselt number contours for lobe jets are displayed in Fig. 3.8. They show
qualitatively the effect of the jet shape at 𝑧/𝑑𝑒 = 1 for all jet Reynolds numbers. The exit plane
orientation within the infrared images remains the same as reported in Fig. 3.2. The three-lobe
nozzle produces a triangular thermal footprint while the four-lobe and six-lobe nozzles lead to
square and hexagonal profiles respectively. The three-lobe jet provides better heat transfer in a
large area around the stagnation point than the four and six lobe jets.
Another noticeable feature shared between all lobe jets is the phenomenon of axis switching.
Nastase et al. [3.20] found that the continuous development of secondary streamwise structures
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emanating from the jet exit plane enable the generation of a complex 3-D distortion leading to 45°
rotation of the initial jet field. Such streamwise structures were also observed by Kristiawan et al.
[3.12] who carried out detailed flow visualization of low Reynolds number flows from four lobe
jet similar to the one in the present study. They observed acceleration of these counter rotating
streamwise vortices along the minor axis (45° to the major axis) of the lobe jet leading to the
distortion effect. This phenomenon was noticeable up until 𝑧⁄𝑑𝑒 < 4, which explains the circular
nature of heat transfer contours for 𝑧/𝑑𝑒 = 4 in Fig. 3.9. With increase in 𝑧/𝑑𝑒 , the Nusselt number
profile resembles that of the circular jet. Increase in jet-to-target spacing increases the interaction
of the high velocity fluid exiting the jet nozzle with quiescent ambient air thereby diffusing the jet
potential core region due to shear action. Since the lobed orifice jet is characterized by intensified
vortical dynamics and turbulent kinetic energy in its initial region, this leads to enhanced heat
transfer when considered in impinging configuration [3.12, 3.19]. Dvořák [3.21] reported a rapid
mixing process for this three lobed jet geometry as a result of the higher turbulent kinetic energy.
The presence of high kinetic energy in the flow, along with a large amount of entrainment as a
result of non-viscous circulation in the flow of ambient fluid, improves mixing and thereby heat
transfer [3.12].
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Figure 3.10: Influence of nozzle geometry on area-averaged Nusselt number for various jetto-target spacings (z/d) [Note: Area-averaged across square area measuring 4de by 4de].
Figure 3.10 shows the influence of nozzle geometry on area-averaged Nusselt number values
for various jet-to-target sapcings (z/de) from 1 to 4. A square area of 4de by 4de was chosen around
the stagnation point for this calculation. At the lowest jet-to-target spacing (z/d) of 1, the 3-lobe
geometry had the highest averaged value followed by 4 lobe and 6 lobe while circular jet produces
lowest heat transfer. At very low nozzle plate spacing, the entrainment effect is minimal, which
allows the lobe geometries to produce high heat transfer over a large footprint. As discussed earlier,
due to the axis switching phenomenon, the 3 lobe jet produces an inverted triangular contour as
seen in Fig. 3.7 and is capable of producing high heat transfer over a larger region around the
stagnation point as compared to 4 lobe and 6 lobe. At z/d = 2, the 4 lobe and 6 lobe configurations
produce similar heat transfer performance compared to a circular jet while 3 lobe jet is still
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superior. This can be due to the asymmetric nature of the 3 lobe jet which makes it relatively
unaffected by the entrainment of surrounding fluid. At z/d=4, all geometries collapse to a single
curve as the interaction of the high velocity fluid exiting the jet nozzle interacts with quiescent
ambient air thereby diffusing the jet potential core region due to shear action.
3.8 CONCLUSIONS
Steady state heat transfer experiments have been carried out using IR thermography to
investigate the effect of lobed jets on jet impingement heat transfer. The tests were conducted for
different Reynolds numbers (𝑅𝑒 = 8000 − 16000) and different jet-to-target spacing (𝑧⁄𝑑𝑒 =
1, 2, 4). The 3 lobe jet configuration produced the highest area-averaged heat transfer, 10-15%
higher than baseline circular jet at z/d = 1. At z/d = 2, area-averaged heat transfer curves of both 4
lobe and 6 lobe geometries collapsed onto the circular jet curve. At z/d = 2, 3 lobe geometry
produced ~9% higher heat transfer than a circular jet. At z/d = 4 all lobe jets resembled a circular
heat transfer profile due to jet diffusion.
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NOMENCLATURE
a

trough radius, 𝑚𝑚

As

surface area, 𝑚2

Aj

jet cross-sectional area, 𝑚𝑚2

dj

jet diameter, 𝑚𝑚

de

effective diameter, 𝑚𝑚

h

heat transfer coefficient, 𝑊/𝑚2 𝐾

k

thermal conductivity, 𝑊/𝑚𝐾

Nu

Nusselt number

Q

heat, 𝑊

q”

heat flux, 𝑊/𝑚2

r

radial distance, 𝑚𝑚

Re

Reynolds number based on mean velocity = 𝜌𝑉0 𝑑𝑗 /𝜇

𝑡

lobe width, 𝑚𝑚

T

Temperature, °𝐶

V0

mean velocity in plain nozzle, 𝑚/𝑠

𝑧

jet-to-target spacing, 𝑚𝑚

Greek symbols
𝜇

dynamic viscosity, 𝑃𝑎 − 𝑠

ρ

density, 𝑘𝑔/𝑚3

𝜖

emissivity

𝜙

lobe inner diameter, 𝑚𝑚
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∞

ambient

Subscripts
𝑎𝑤

adiabatic wall

𝑓

fluid

𝑖

horizontal pixel

𝑗

vertical pixel

𝑗𝑜𝑢𝑙𝑒

total input

𝑛𝑒𝑡

effective input

𝑙𝑜𝑠𝑠

lost to ambient

𝑤

wall
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CHAPTER 4
Effect of Rotation on Heat Transfer in AR = 2:1 and AR = 4:1 Channels Connected by a
Series of Crossover Jets

4.1 ABSTRACT
Detailed heat transfer measurements using transient liquid crystal thermography were performed
on a novel cooling design covering the mid-chord and trailing edge region of a typical gas turbine
blade under stationary and rotating conditions. The test section comprised of two channels with
aspect ratio (AR) of 2:1 (mid-chord) and 4:1 (trailing edge), where the coolant was fed into the
AR=2:1 channel from the root. Rib turbulators with a pitch-to-rib height ratio (p/e) of 10 and rib
height-to-channel hydraulic diameter ratio (e/Dh ) of 0.075 were placed in the AR=2:1 channel at
an angle of 60° relative to the direction of flow. The coolant after entering this section was routed
to the AR=4:1 section through a set of crossover jets. The purpose of the crossover jets was to
induce sideways impingement onto the pin fins that were placed in the 4:1 section to enhance heat
transfer. The 4:1 section had a realistic trapezoidal shape that mimics the trailing edge of an actual
gas turbine blade. The pin fins were arranged in a staggered array with a center-to-center spacing
of 2.5 times the pin diameter in both spanwise and streamwise directions. The trailing edge section
consisted of both radial and cutback exit holes for flow exit. Experiments were performed for a
Reynolds number (Redh(AR=2:1) ) of 20,000 at Rotation numbers (Rodh (AR=2:1)) of 0, 0.1 and 0.14.
The channel averaged heat transfer coefficient on trailing side was ~28% (AR = 2:1) and ~7.6%
(AR = 4:1) higher than the leading side for Rotation number (Ro) of 0.1. It is shown that the
combination of crossover jets and pin-fins can be an effective method for cooling wedge shaped
trailing edge channels over axial cooling flow designs.
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4.2 INTRODUCTION
High pressure gas turbine blades under rotation are subjected to extreme heat loads from the hot
combustor exhaust gases. Thus, sophisticated internal cooling techniques are required to maintain
the temperature of the blade within operable limits. A typical schematic of internal cooling
channels in a gas turbine blade is shown in Fig. 1. Leading edge is commonly cooled by jet
impingement, mid-chord region features rib turbulators and trailing edge consists of pin-fins [4.1].
Internal cooling of gas turbine blades has been investigated extensively in literature over several
decades and a comprehensive compilation of these efforts can be found in [4.1]. However, the
focus of this current research will be on a novel cooling design covering the mid-chord and trailing
edge regions of the blade featuring rib turbulators and pin-fins respectively.
Rib turbulators are known to enhance heat transfer through boundary layer tripping, surface area
enhancement and generation of complex secondary flow patterns that aids in fluid mixing. Han
and Park [4.2] investigated the effects of rib angle-of-attack and channel aspect ratio on heat
transfer distribution and found that square channels with 𝛼 = 30 − 45° ribs provided a superior
heat transfer performance of 30% over 𝛼 = 90° ribs at constant pumping power. They also
observed that with increase in aspect ratio, the heat transfer performance of 𝛼 = 30 − 45° ribs
were only incremental over 𝛼 = 90° ribs. Ekkad and Han [4.3] studied detailed heat transfer
distributions of different ribbed two-pass channels using transient liquid crystal thermography.
They observed that overall, 60° parallel ribs produced the highest heat transfer enhancement
among the different rib configurations investigated. Han et al. [4.4] studied the effect of wall heat
flux on heat transfer augmentation of different ribbed geometries. They concluded that two ribbed
wall heating provides maximum heat transfer augmentation and found 60° V and 60° parallel ribs
to be the best performing configurations. They also proposed an empirical correlation for the heat
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transfer roughness function (𝐺̅ ) which is widely used in academia and industry for design of rib
turbulator channels. Tanda [4.5] experimentally investigated effect of rib spacing on 45° rib
turbulators on one/two walls using steady state transient liquid crystal thermography method. They
concluded that the rib configuration with pitch-to-rib height ratio (𝑝/𝑒) of 6.66 – 10 was found to
be the most optimal performing configuration. Apart from single rib configurations, a number of
studies have also explored compound rib channels with combination of two or more enhancement
features [4.6-4.8]. All of these studies concluded that rib-dimple compound channels had superior
thermal hydraulic performance over rib/dimple only channels by ~10 − 30%. All of the abovementioned studies were performed under stationary conditions while the actual gas turbine blade
undergoes rotation.
Rotation plays a significant role in heat transfer degradation/enhancement due to the additional
presence of Coriolis and centrifugal buoyancy forces [4.9-4.13]. Azad et al. [4.11] explored heat
transfer distribution in a two-pass 45° ribbed channel (AR = 2:1) under orthogonal (90) and 135°
rotation. For the radially outward channel, the trailing side heat transfer was enhanced significantly
over the leading side and vice versa in the radially inward channel due to the presence of Coriolis
forces. They also observed that the difference in heat transfer between leading and trailing sides
was significantly dampened for 135° rotation as compared to orthogonal rotation. Al-Hadhrami
and Han [4.12] compared heat transfer performance of five different orientations of 45° rib
turbulators for a Reynolds number range of Re = 5,000-25,000 at a constant Rotation number of
Ro = 0.11 and found that parallel ribs provided higher heat transfer enhancement than crossed ribs.
Fu et al. [4.13] studied heat transfer in rotating ribbed channels with AR = 1:2 and AR = 1:4 for
varying Rotation numbers (Ro) from 0.026-0.3 and concluded that the difference in heat transfer
between trailing and leading side increased with Rotation number (Ro).
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Figure 4.1: Schematic of typical internal cooling channels in a gas turbine blade [4.1].

Pin fins are commonly used in the trailing edge section of the gas turbine blade which typically
has wide and short channels. Pin fins offer reasonable heat transfer enhancement in addition to the
much needed structural integrity in the trailing edge region. Numerous studies have been
performed to understand the heat transfer and flow dynamics in long channels with an array of pin
fins [4.14-4.16]. Van Fossen [4.14] investigated the effects of inline and staggered arrangement
on pin fin heat transfer. They found that addition of pin fin rows in inline arrangement did not alter
the heat transfer characteristics significantly while it had a significant impact on a staggered
arrangement. Metzger and Haley [4.15] provided flow and heat transfer data for flow through short
pin fins with different pitch to diameter ratios and found that turbulence level increased with
decrease in streamwise spacing. Chyu et al. [4.16] studied heat transfer augmentation provided by
pin fins and found that they enhance heat transfer by 10-20% compared to endwall. Siw et al.
[4.17] investigated the effect of clearance between top endwall and pin fin for three different pin
height to diameter ratios of 4, 3 and 2. They concluded that pin fins with clearance to diameter
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ratio of unity resulted in 15% higher heat transfer than fully attached pin fin with a 35% reduction
in pressure drop. This heat transfer enhancement was attributed to the turbulence generation in the
clearance between top endwall and pin fin with increased near wall shear. Hwang and Lui [4.18]
provided comparison of heat transfer in trapezoidal ducts with pin fins subjected to different lateral
outlet flows. In the straight trapezoidal duct, they observed that heat transfer reduced along the
streamwise direction from long sidewall to the short sidewall. In ducts with 90 turn, they observed
heat transfer to improve significantly near the lateral exit with heat transfer deterioration in the
corner.
There have been many studies on heat transfer in trailing edge section with lateral and radial
ejection holes. Kumaran et al. [4.19] reported heat transfer in pin fin channel with varying ejection
hole lengths. They observed that pin fin channels with straight flow always had higher heat transfer
than with ejection holes. They also found that length of ejection hole plays an insignificant role in
heat transfer. Lau et al. [4.20] experimentally investigated the effect of ejection ratio on overall
heat transfer in a long channel with pin fins and found that Nusselt number decreased by 25% as
ejection ratio increased from 0 to 1. A few researchers have also explored characterization of heat
transfer in pin-fin channels under rotation [4.21-4.23]. Wright et al. [4.21] studied the effect of
rotation on a narrow rectangular channel with conducting (copper) and non-conducting (Plexiglas)
pin-fins. They concluded that the heat transfer on all the surfaces was enhanced compared to the
stationary case with pin-fins under rotation. Rallabandi et al. [4.22] conducted an experimental
study on heat transfer in wedge shaped pin-fin channels under 135° rotation for a Reynolds number
range of Re = 10,000-40,000 and Rotation number of Ro = 0-0.8. A significant enhancement in
heat transfer, roughly of same magnitude was observed for the pin-fin channel compared to the
smooth channel for both stationary and rotating conditions.
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The present study investigates heat transfer characteristics of a novel cooling design for the
combined mid chord and trailing edge region of gas turbine blade, where the two channel are
connected by a series of crossover jets. Taslim and Li [4.24] investigated heat transfer performance
of a rib-roughened trailing edge cavity with crossover jets and concluded that a combination of
crossover jets and angled ribs is an effective method for heat transfer enhancement over axial flow
through the channel. Coletti and co-workers [4.25-4.27] conducted a series of studies on flow and
heat transfer analysis of crossover jets in combination with rib-roughened channels. They observed
that the vertical flow structures generated by the jet-rib interaction is responsible for enhancing
heat transfer by upto 25% on the bottom wall and 16% on the upper wall. A few notable efforts
have also been made in measuring heat transfer coefficient for the entire blade geometry [4.284.30] covering leading, mid-chord and trailing edge regions of the blade. The use of crossover jets
could have a dual benefit, i.e. enhancing heat transfer coefficient and reducing the difference in
heat transfer between trailing and leading surfaces owing to alignment of flow and rotation
direction. The attempt to negate the Coriolis force effect under rotation has been explored
successfully by a few authors in the past [4.31-4.34].

The objective of the current work is to obtain local heat transfer distribution in an AR = 2:1
rib-roughened channel and AR = 4:1 pin-fin channel connected by a series of crossover jets using
transient liquid crystal thermography under both stationary and rotating conditions. The AR = 2:1
rib-roughened channel consists of 60° angled ribs separated by a pitch of ten times rib height (p/e
= 10). The pin-fins occupy the entire height of the channel and their aspect ratio varied from
~0.3 − 0.9 due to the wedge-shaped channel mimicking the actual trailing edge design. The study
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has been conducted for a Reynolds number (Re) of 20,000 based on hydraulic diameter of AR =
2:1 channel and Rotation number (Ro) of 0, 0.1 and 0.14.

Figure 4.2: Schematic of experimental setup.

4.3 EXPERIMENTAL SETUP
The schematic of the experimental setup is shown in Fig. 4.2. The details of the experimental setup
and the procedure for a transient liquid crystal experiment under rotation has been provided in
reference [4.32]. A minor modification was made to the rotating rig used in [4.32] in terms of mass
flow rate data acquisition. The flowrate was measured continuously throughout the transient run
as shown in Fig. 4.3 by measuring the differential pressure across the orificemeter using Dwyer
607-9 and static pressure using Omega PX619-015GI.
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Figure 4.3: Variation of mass flow rate during transient run (transient experiment starts at
t=0 sec).

4.4 DESCRIPTION OF TEST CONFIGURATION
The details of the test section used in the current study is shown in Fig. 4.4. There are two channels
with AR = 2:1 and AR = 4:1 connected by a series of crossover jets. The AR = 2:1 section consists
of 60 deg angled ribs with rib height (𝑒) equal to 3.125 mm, pitch-to-rib height ratio (𝑝/𝑒) of 10
and rib-to-channel height ratio of 10. The jet diameter (𝑑𝑗 ) is equal to 3.125 mm and is equally
spaced along the length of the test section with a distance of 10𝑑𝑗 between the jets. Pin fins are
placed in a staggered array in the AR = 4:1 section with a lateral spacing (𝑥/𝑑𝑝 ) and longitudinal
spacing (𝑦/𝑑𝑝 ) of 2.5. The pin fins occupy the entire height of the channel and decrease in height
as the cross-section tapers. The AR = 4:1 section consists of six radial exit holes with diameter
(𝑑𝑟 ) of 3.125 mm placed 6𝑑𝑟 apart. Cutback holes have been provided for lateral ejection of the
coolant and are spaced 10𝑑𝑗 apart from each other. The test section was 3D printed using ABS
plastic and the pin fins were integrally manufactured with it. The top wall covering the test section
was made of low thermally conductive clear acrylic which allowed viewing access to the color
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change of liquid crystals sprayed on its inside wall with the help of CCD camera. The camera that
was used to capture the color change was mounted on to the test section with white lighting. The
entire system was rotated to capture the color change that was viewed through the transparent
acrylic. Liquid crystal was sprayed on only one wall and the test section was rotated in opposite
directions (in two different runs) to capture the leading side and trailing side effects from the same
wall.

4.5 HEAT TRANSFER DATA REDUCTION PROCEDURE
This section details the data reduction procedure for a typical transient liquid crystal experiment
using the 1D semi-infinite model. The 1D transient conduction equation is given as:

𝑘

𝜕 2𝑇
𝜕𝑇
= 𝜌𝐶𝑝
(𝐸𝑞. 1)
2
𝜕𝑥
𝜕𝑡

Solving Eq. 1 with the one initial condition and two boundary conditions, we get the following
equation (Ekkad and Han [4.35]):

𝑇𝑤 − 𝑇𝑖
ℎ2 𝑡
𝑡
) (𝐸𝑞. 2)
= 1 − exp (
) 𝑒𝑟𝑓𝑐 (ℎ√
𝑇𝑚 − 𝑇𝑖
𝜌𝑐𝑘𝑡
𝜌𝑐𝑘𝑡

Here, 𝑇𝑚 represents the mainstream temperature. In the current study, mainstream temperature was
captured at three axial locations along the ribbed passage at equal intervals from inlet to exit as
shown in Fig. 4.4. The mainstream temperature was linearly interpolated between these three
locations to obtain continuous streamwise variation with time. This local mainstream temperature
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was used as the reference fluid temperature for both AR=2:1 and AR=4:1 channels for a given
streamwise location.

Since the mainstream temperature had an evolution with time as shown in Fig. 4.5, Duhamel’s
superposition principle was employed to account for the effect of this mainstream temperature in
each discretized time step. Therefore, modified

Figure 4.4: (a) Geometric details of test configuration (b) 3D model assembly of test section.
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Eq. 2 is given as:

𝑖=𝑛max

𝑇𝑤 = 𝑇𝑖 + ( ∑ (𝑇𝑚,𝑖 − 𝑇𝑚,𝑖−1 )) [1 − exp (
𝑖=1

ℎ2 (𝑡 − 𝑡𝑖 )
𝑡 − 𝑡𝑖
) 𝑒𝑟𝑓𝑐 (ℎ√
)] (𝐸𝑞. 3)
𝜌𝑐𝑘𝑡
𝜌𝑐𝑘𝑡

In Eq. 3, 𝑛𝑚𝑎𝑥 corresponds to the frame number associated with the time taken for that particular
pixel to reach reference hue. It should also be noted that the experimental run time in the current
study was anywhere between 50 – 80 seconds to avoid violating the boundary condition employed
in the 1D semi-infinite model.

Figure 4.5: Variation of mainstream temperature and surface temperature with time.

Mainstream and surface temperatures were measured using a thin K-type thermocouple and
continuous data acquisition was enabled using a LabVIEW program. The initial temperature, 𝑇𝑖
was obtained upon averaging the surface temperature measurements before start of the experiment.
At this stage, there are three variables ℎ, 𝑇𝑤 and 𝑡 that remain to be solved in Eq. 6.
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The heat transfer coefficient (h) was determined through a Hue based technique which has
proven to be a very robust method for data reduction in transient liquid crystal experiments. The
details of this technique can be found in [4.32]. The liquid crystal coating used in the current study
had a color play range from 9 – 10 °C (R9C1W). A reference hue (𝐻𝑟𝑒𝑓 ) of 0.5 was chosen
corresponding to a wall temperature (𝑇𝑤 ) of 9.6 °C obtained from the calibration curve shown in
Fig. 4.6.

Figure 4.6: Variation of hue with wall temperature.

4.6 UNCERTAINTY ANALYSIS
Uncertainty measurements in both Nusselt number and Reynolds number have been carried out
using the method prescribed by Moffat [4.36]. The factors contributing to uncertainty in Nusselt
number are 𝑇𝑤 , 𝑇𝑖 , 𝑇𝑚 , 𝑡, √𝜌𝑐𝑘𝑠 . Uncertainty in temperature measurement of thin K-type
thermocouples was taken to be ±1.1 °C. The contribution of time (t) was taken to be 0.0416
seconds. The uncertainty for a typical heat transfer coefficient of 75 W/m 2K was found to be to
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around ±13%. For Reynolds number of 20,000, uncertainty in flow rate measurement was found
to be 1.6%.

4.7 RESULTS & DISCUSSION
Experiments were conducted for a Reynolds number (Re) of 20000 at Rotation numbers (Ro) of
0, 0.1 and 0.14. The test section in this study was rotated orthogonally to the direction of flow in
the AR = 2:1 ribbed channel. This section will discuss local heat transfer distribution in both AR
= 2:1 and AR = 4:1 channels for stationary, leading and trailing surfaces. The initial portion of the
discussion will focus on qualitative heat transfer distribution and the underlying flow physics
associated with it. Beyond which, spanwise averaged heat transfer coefficient distribution in both
AR = 2:1 and AR = 4:1 channels will be discussed and compared with existing cooling designs.

4.7.1 Heat Transfer Distribution in AR = 2:1 Ribbed Channel
In the AR = 2:1 channel, 60° ribs parallel to each other were attached on both walls and were
chosen for this study based on their superior heat transfer performance documented in literature
[4.3, 4.4]. Angled ribs enhance heat transfer through periodic boundary layer disruption, surface
area enhancement and generation of complex secondary flow patterns that aid in fluid mixing. The
experimental methodology adopted in this study did not account for the surface area enhancement
effects. Schematic of the anticipated secondary flow patterns in the AR = 2:1 channel is shown in
Fig. 4.7. For the stationary case (4.7a), a double cell secondary flow structure emanating from the
ribbed wall to center of the channel can be conceptualized. Given that the angle of attack in the
current study is 𝛼 = 60°, the rib-induced secondary flow travels along the rib and interacts with
the sidewall and forms a vortex covering half width of the channel. Since the channel is symmetric,
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a counter rotating vortex pair is formed which covers the entire cross section height and helps
increase turbulent transport in the direction perpendicular to flow. From Fig. 4.8, we can observe
that there is low heat transfer immediately downstream of the rib due to flow separation. When the
flow reattaches with the main flow, it results in the thinning of thermal boundary layer, increase
in near-wall TKE and subsequent enhancement in heat transfer. The high heat transfer region starts
near the point of incidence and progressively reduces along the angle of the rib. Since there was
lateral ejection along the axial direction in the AR = 2:1 channel, it can be posited that the strength
of these secondary vortices will diminish in strength and size along this direction. This can be
clearly observed from the local heat transfer distribution plot shown in Figs. 8-10. Whereas, for a
channel flow with rib turbulators and single outlet, the heat transfer becomes periodic in the
consecutive rib pitches after the 3rd/4th rib passage [4.4]. It is also very important to understand the
secondary flow patterns induced under rotating conditions to help explain the local heat transfer
distribution seen in Fig. 4.9 & 4.10. In addition to the vortices generated under stationary condition,
an additional set of counter rotating vortex pair is produced under rotation (4.7b).

The rotation induced secondary flow is generated by the Coriolis forces and travels between the
leading and trailing surfaces and interacts with the rib-induced secondary flow. The Coriolis force
pushes the fluid towards the trailing surface in case of radially outward flow and therefore
enhances the heat transfer on this surface as compared to the leading surface. There is also an
aiding centrifugal buoyancy force effect along the trailing wall for the radially outward flows
which helps enhance heat transfer on the trailing side, however, for the density ratio and the
normalized rotating radius for these experiments, this effect is not significant, and that the Coriolis
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force is the dominant factor influencing the rotating heat transfer on the leading and trailing walls
in both the passages.

The above discussion on secondary flow patterns shown in Fig. 4.7(a) and 4.7(b) has been
documented previously in literature for radially outward flows. However, an interesting
observation can be made on the leading surface heat transfer (Fig. 4.9(b) & 4.10(b)) beyond the
third rib, which is unlike the heat transfer distribution for a radially outward channel with radial
exit. Beyond the third rib passage, we can observe a relatively high heat transfer region emanating
from the intersection of the leading and inner wall. Due to the angle of the rib, flow moves from
the outer to inner wall, impinges on the inner wall and circulates back to the outer wall [4.13].
Since there is only lateral ejection from the AR = 2:1 channel through the crossover jets, the
impingement effect of the flow on the inner wall is expected to be much stronger than a radial exit
scenario (4.7c), which pushes the fluid back onto the leading surface. It should be noted that it was
difficult to obtain color change in the final rib passage due to insufficient spread of coolant and
time constraint associated with a transient liquid crystal experiment.

Figure 4.7: Anticipated secondary flow pattern in AR=2:1 channel for (a) stationary (b)
rotating (Rib 1-3) and (c) rotating (Rib 4-8) channel (flow is into the plane).
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4.7.2 Heat Transfer Distribution in AR = 4:1 Pin-Fin Channel
In the AR = 4:1 channel, a staggered array of twelve rows of pin fins with lateral and longitudinal
pitch of 𝑥⁄𝑑𝑝 = 𝑦⁄𝑑𝑝 = 2.5 was chosen based on heat transfer performance of this design for a
channel flow situation from existing literature [4.14-4.16]. The local heat transfer distribution
suggests that the heat transfer was fairly periodic along radially outward direction (every 4 rows)
and the difference in heat transfer between leading and trailing surfaces was reduced as compared
to the AR = 2:1 ribbed channel. This periodicity in heat transfer is possibly due to equal distribution
of the inlet mass flow rate amongst the eight jets. Also, given that the flow through the crossover
jets can exit radially through the tip holes and laterally through the cutback holes, the resistance to
flow is reduced, further adding strength to the earlier hypothesis. The highest heat transfer in the
pin-fin region is found to be directly aligned with jets 2, 5 and 8 which impinge directly onto the
pin-fins. This enhancement can be attributed to the stagnation heat transfer at the leading edge of
the pin-fin and the subsequent shedding of the horseshoe vortices in the wake of the pin-fins. Due
to the shedding of the horseshoe vortices, a relatively low heat transfer region can be found in the
wake region of the pin-fins. It is important to note that the flow in the AR = 4:1 pin-fin channel is
a combination of sideways impingement of the crossover jets and accumulated crossflow along
the radial direction. Since the direction of flow from the jet holes is aligned parallel to the direction
of rotation, the Coriolis force is effectively nullified for sideways impingement. Therefore, the
difference in heat transfer between the trailing and leading surfaces is greatly dampened as
compared to the ribbed channel. However, the accumulated crossflow that exits through the radial
tip will still experience Coriolis force pushing the fluid towards the trailing surface.
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Figure 4.8: Detailed heat transfer coefficient map for stationary channel at Re=20,000.

This crossflow can be considered analogous to channel flow through pin-fins as in [4.22].
Rallabandi et al. [4.22] investigated heat transfer in wedge shaped channels with pin-fins and
lateral
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Figure 4.9: Detailed heat transfer coefficient map for (a) trailing and (b) leading surface
under rotation (Ro=0.1) at Re=20,000.

Figure 4.10: Detailed heat transfer coefficient map for (a) trailing and (b) leading
surface under rotation (Ro=0.14) at Re=20,000.
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slot ejection under rotation. They found that the counter rotating vortex pair found in a smooth
wedge channel was suppressed once pin-fins were added to the channel. This led to a reduction in
difference in heat transfer between leading and trailing surfaces, a trend that is also corroborated
in the current study. Although the crossflow effect is dampened due to addition of pin-fins and
lateral ejection, it can still be observed in pin-fin rows #7 and #11, with the stagnation heat transfer
zone slightly skewed as compared to pin-fin row #3. Low heat transfer zones are accumulated near
the crossover jet wall and the tapered portion of the channel close to the cutback holes due to
inadequate spread of coolant in these regions.

4.7.3 Spanwise Averaged Heat Transfer Coefficient under Stationary and Rotating
Conditions
Figure 4.11 shows the spanwise averaged heat transfer coefficient for the AR = 2:1 rib-roughened
channel. A decreasing trend in heat transfer with axial distance was observed for all the cases due
to lateral ejection through the crossover jets. The reduction in heat transfer coefficient between
successive ribbed passages was found to be approximately a constant of ~10%, possibly because
of the uniform extraction of coolant from the AR=2:1 passage – a trend discussed above as well.
Heat transfer on the trailing surface was found to be the highest due to the presence of Coriolis
force, followed by the stationary and leading surfaces for AR=2:1 channel. Beyond 𝑋/𝐷ℎ > 5, a
slight recovery in heat transfer was observed on the leading surface due to the impingement effect
of the flow onto the inner wall, as discussed previously in this section (Fig. 4.7c). The channelaveraged heat transfer coefficient for the different cases investigated is shown in Table 1. It can be
seen that the average heat transfer on the leading/trailing surfaces was found to be fairly
independent of Rotation number (Ro) in the range tested. The difference in heat transfer between
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the trailing and leading surfaces for the two rotation numbers (Ro = 0.1 & 0.14) was found to be
28.0% and 24.2% respectively. As seen in Fig. 4.10(b), the recovery in heat transfer beyond 3rd
rib passage reduces the difference in heat transfer between trailing and leading surfaces as
compared to Ro=0.1 case.
To validate the current study against existing literature, the Nusselt number for the first rib passage
was normalized against the heat transfer correlation for fully developed turbulent flow
as 𝑁𝑢/(0.023𝑅𝑒 0.8 𝑃𝑟 0.4 ). From Fig. 4.11, the normalized Nusselt number for the first rib passage
was found to be 𝑁𝑢⁄𝑁𝑢0 = 3.62 for Reynolds number (Re) of 20,000. Han et al. [4.4] reported
an average heat transfer enhancement (𝑁𝑢⁄𝑁𝑢0 ) of 3.72 for a single pass 60° rib roughened
channel at Reynolds number of 20,000 for ‘two ribbed walls heated’ condition. Han et al. [4.36]
studied heat transfer augmentation in square channels with 60° ribs and reported a normalized
Nusselt number (Nu/Nu0) of 3.21 in the first passage for a Reynolds number (Re) of 14,297. Choi
et al. [4.6] experimentally investigated 60° ribs using transient liquid crystal thermography and
reported a periodic heat transfer enhancement of 3.4 at a Reynolds number (Re) of 30,000. Thus,
the agreement between the current study and existing literature was found to be acceptable.
Figure 4.12 shows the spanwise averaged heat transfer coefficient for the AR = 4:1 pin-fin channel.
A fairly periodic heat transfer pattern can be observed with normalized axial distance (𝑋/𝐷𝑝 ) for
a set of four consecutive pin-fin rows. Highest spanwise average heat transfer was obtained in the
regions corresponding to jets #2, #5 and #8 where the jets impinged directly onto the pin-fins. Jets
#3 and #6 impinged in-between the pin-fins and produced a streak of high transfer that gave rise
to a secondary peak. The choice of reference temperature for computing heat transfer coefficient
near the radial exit of the AR=4:1 section (20 < 𝑥/𝑑𝑝 < 30) is complicated due to the mixed flow
type scenario where maximum interaction of crossflow accumulation and sideways impingement
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occurs. The reported heat transfer coefficient in the AR=4:1 channel had a reference temperature
measured in the AR=2:1 channel. Although this choice is suitable for impingement type flows
where AR=2:1 channel can be considered as a plenum for AR=4:1 channel, the reference
temperature for the pin fins closer to the tip and the trailing edge may be different from the above.
One should expect relatively higher heat transfer coefficient in those regions compared to the
reported data. We justify our choice of reference temperature in AR=4:1 channel since it is
complicated to determine local mixed temperature in AR=4:1 channel and that the reported heat
transfer coefficient is on the more conservative side.
A Reynolds number of 20,000 corresponding to hydraulic diameter of AR = 2:1 channel is
equivalent to an average Reynolds number of ~48,500 corresponding to crossover jet diameter.
The difference in heat transfer between trailing and leading surfaces was found to be 7.6% and
6.6% for Rotation numbers (Ro) of 0.1 and 0.14 respectively. This difference is significantly lower
compared to the AR = 2:1 rib-roughened channel and signifies that sideways impingement coupled
with the presence of pin fins dampens the effect of rotation but enhances heat transfer on both
leading and trailing surfaces.
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Figure 4.11: Spanwise averaged heat transfer coefficient for AR=2:1 ribbed channel
under stationary and rotating conditions.

Figure 4.12: Spanwise averaged heat transfer coefficient for AR=4:1 pin-fin channel
under stationary and rotating conditions.

Figure 4.13 shows the comparison of the current study with existing cooling designs which
examined channel flow through pin-fins under stationary conditions. Data point corresponding to
each row is calculated from the average heat transfer coefficient computed between one-half the
inter-pin spacing upstream and downstream of each row
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Table 4.1: Channel averaged heat transfer coefficient for AR=2:1 and AR=4:1 channels

A Reynolds number of 20,000 corresponding to the hydraulic diameter of AR = 2:1 channel is
equivalent to a Reynolds number of ~13,000 corresponding to the hydraulic diameter of the AR =
4:1 channel. Here, Nusselt number (Nu) is defined based on the hydraulic diameter of the AR =
4:1 pin-fin channel and normalized against the heat transfer correlation for fully developed
turbulent flow as 𝑁𝑢/(0.023𝑅𝑒 0.8 𝑃𝑟 0.4 ). Metzger et al. [4.37] studied heat transfer in

Figure 4.13: Row-wise averaged Nusselt number ratio (Nu/Nu0) for AR=4:1 pin-fin
channel under stationary and rotating conditions.

rectangular ducts with staggered pin-fin arrays for aspect ratio, 𝐻/𝐷 = 1 and inter-pin
spacing, 𝑥/𝑑𝑝 = 𝑦/𝑑𝑝 = 2.5 at Re = 16,000. Wright et al. [4.21] conducted a study on effect of
rotation on a rectangular channel with pin fins arranged in a staggered array with uniform
streamwise and spanwise spacing of 𝑥⁄𝑑𝑝 = 𝑦⁄𝑑𝑝 = 2.0 at Re = 15,000. Huang et al. [4.23]
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performed a transient liquid crystal study on a staggered pin-fin array with 𝑥⁄𝑑𝑝 = 𝑦⁄𝑑𝑝 = 2.0
and reported an average heat transfer enhancement value from the periodic region. An average
heat transfer enhancement of 13% over [4.36] and 20% over [4.23] at approximately same
Reynolds number (Re) was obtained. In comparison to [4.21], there was no significant heat transfer
enhancement. However, none of these studies included lateral ejection which could reduce heat
transfer upto 25% as reported by Kumaran et al. [4.19].

4.8 CONCLUSIONS
This paper investigated the effect of rotation on AR = 2:1 and AR = 4:1 channels connected
by a series of crossover jets. An experimental study was conducted using liquid crystal
thermography to obtain heat transfer distribution in these channels at a Reynolds number (Re) of
20000 and Rotation numbers (Ro) of 0, 0.1 and 0.14. The important conclusions from this study
are as follows:
(1) Heat transfer in rib roughened ducts with continuous coolant extraction results in decrease in
heat transfer in the radial direction. An approximate drop of 10% in heat transfer can be
observed for successive ribbed passages.
(2) The difference in heat transfer between leading and trailing surfaces under rotation is
significantly higher in the AR = 2:1 channel with rib turbulators as opposed to AR = 4:1
channel with pin fins. Under rotation, the difference in channel averaged heat transfer
coefficient between trailing and leading surfaces was found to be 28.0% for the AR = 2:1
channel and 7.6% for the AR = 4:1 channel at a Rotation number (Ro) of 0.1.
(3) It appears through a comparative analysis of averaged heat transfer values, that a sideways
coolant impingement on the pins (present study) yields higher cooling compared to a strictly
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channel flow [4.21,4.23,4.37] in a geometrically similar duct for a given total mass flow rate,
despite lateral coolant ejection. Therefore, this study shows promise and warrants further
investigation to advance the proposed concept.
The current study serves as an initial effort towards optimizing the cooling design for better heat
transfer performance. The design of the crossover jets can be modified by changing the number,
streamwise spacing and angle of jets and their alignment with the pin-fins to optimize the heat
transfer performance.
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NOMENCLATURE
𝐴

cross sectional area of AR = 2:1 channel

𝑐

specific heat capacity of target surface

𝑒

rib height

𝑑𝑗

jet diameter

𝑑𝑝

pin diameter

𝐷ℎ

hydraulic diameter of AR = 2 :1 channel

ℎ

heat transfer coefficient

𝑘

thermal conductivity

𝑚̇

mass flow rate

𝑁𝑢

Nusselt number

𝑝

rib pitch

𝑅𝑒

Reynolds number = (𝑚̇𝐷ℎ ⁄𝐴𝜇 )

𝑅𝑜

Rotation number = (𝜔𝐷ℎ ⁄𝑣 )

𝑡

time

𝑇

temperature

𝑇𝐾𝐸

turbulent kinetic energy

𝑣

coolant velocity in AR = 2:1 channel

𝑥

pin-to-pin spacing in x-direction

𝑋

running coordinate in the x-direction

𝑦

pin-to-pin spacing in y-direction
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Greek symbols
𝜔

rotational speed

𝜌

density

𝜈

kinematic viscosity

Subscripts
𝑖

initial

𝑗

jet

𝑠

solid

𝑚

mainstream

𝑤

wall
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RECOMMENDATIONS
1. Porous metal foams can be a great candidate for dissipation of large amounts of heat. A
thorough investigation of the thermal impedance offered by metal foams against
conventional cooling techniques will be beneficial. Also, local heat transfer maps
consisting metal foams are very scarce in literature. This data can provide valuable insights
into the heat transfer capabilities of high porosity metal foams.
2. In the gas turbine internal cooling community, there is a strong need to obtain detailed heat
transfer coefficient maps for an actual gas turbine blade geometry with leading, mid-chord
and trailing edge portions fed by a common plenum. With the ever expanding capabilities
of plastic 3D printing, this could provide very valuable local heat transfer data.
3. Metal 3D printing through binder jetting, DMLS, SLM additive manufacturing, etc. has
gained significant traction over the past decade. As metal additive manufacturing grows in
importance, there is a need to completely understand the process parameters and their effect
on heat transfer and pressure drop. Additionally, geometric dimensions of actual 3D printed
geometries differ from intended geometries. This difference needs to be accounted for and
modeled appropriately both in experiments and CFD modeling which is a challenging
problem.
4. Chapter 3 talks about jet geometry modification and a recommendation has been made for
the use of 3 lobe geometry. It would be interesting to evaluate the heat transfer performance
of an inline array of 3-lobe jets and analyze the jet-jet interaction. Since it is a passive
cooling method, it can be practically implemented in the leading edge portion of the gas
turbine blade.
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5. Chapter 4 outlines the need for novel cooling configurations and the use of crossover jets
for cooling the trailing edge portion of the gas turbine blade. It would be interesting to
explore different shapes of crossover jets such as racetrack, rectangular slots, elliptical jets,
etc. to tailor the internal cooling design according to our needs. A detailed parametric
analysis can be performed to evaluate the potential of this novel concept.
6. Although additively manufactured geometries are being studies for their heat transfer and
pressure drop performance in stationary systems, there is lack of data for rotating systems.
Micro roughness features have proven to be an excellent choice for jet impingement
systems since they produce superior heat transfer performance with little to no penalty in
pressure drop. Jet impingement onto micro roughness features under rotation can be a very
valuable study to the community.
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