
ABSTRACT 

ZACCARDO, VICTOR M. Novel Sensing and Actuation for Tip Clearance Reduction in High 

Speed Turbomachines: Enabling Technologies for Enhanced Performance and Efficiency. 

(Under the direction of Dr. Gregory Buckner). 

 

Turbomachines are critical technologies that enable many aspects of modern life; they are 

responsible for generating 97.2% of our electricity, powering 94% of commercial aircraft, and 

pump the majority of our water supplies. This widespread adoption means that efficiency-

enhancing technologies for turbomachinery have the potential to make a significant impact on 

global energy consumption and carbon emissions. The focus of this dissertation is the 

development of three such technologies that enable reductions in rotor-stator clearance and 

corresponding efficiency improvements.  

High-speed turbomachinery frequently operates at rotational speeds above the rotor’s first 

mechanical resonance, so-called supercritical operation. During startup and shutdown the rotor’s 

speed must traverse this resonance, at which point lateral rotor vibration (LRV, defined as rotor 

deflection normal to the spin axis) is at a maximum. This resonance magnitude is a constraint 

that designers must accommodate to avoid rotor-stator contact; tip clearance is inversely 

proportional to machine efficiency. Critical-induced LRV is often mitigated via squeeze film 

dampers (SFDs) mounted in series with bearing supports. Such devices, while relatively simple 

in construction, impose design and performance limitations associated with their passive 

characteristics.  

To mitigate or eliminate the shortcomings of SFDs, Chapter 2 describes the modeling, 

design, fabrication, and experimental validation of an active magnetic damper (AMD). Computer 

simulations and experimental testing reveal that AMDs can reduce peak critical-induced LRV by 

an average of 79% through the shaft's first critical speed.   



Traditional AMDs rely on external position sensors to measure the mover’s radial 

position, though these sensors add cost, complexity, failure modes, and potential sources of error 

due to the axial non-colocation of actuator and sensor. An alternate, so-called “self-sensing” 

approach is presented in Chapter 3, which seeks to exploit displacement-induced changes in 

electromagnet inductance to determine mover position. This chapter details a novel, magnetic-

saturation tolerant self-sensing approach for AMDs. The theoretical basis is presented; it is 

validated both experimentally and via transient magnetic finite-element analysis (FEA). A 

position estimation error of 0.164 mils RMS is experimentally demonstrated over a typical 

mover position range and a theoretical bandwidth of 250 Hz is achieved. 

Because the efficiency of turbomachines, specifically gas turbines, is closely associated 

with rotor-stator clearance, engine manufacturers spend significant design effort reducing this 

gap. Technologies exist for controlling blade tip clearance (BTC), but in-service sensing is not 

yet possible due to the line-of-sight requirements of existing sensors. In Chapter 4, a novel 

passive eddy current (PEC) sensor for BTC is proposed which eliminates the line-of-sight 

limitations. Its sensor geometry is optimized using 2D magnetic FEA, and the model is validated 

via fabrication and experimental testing of a prototype sensor on a high-speed test stand. Sensor 

timing is shown to be linear with BTC and relatively insensitive to other system parameters 

(rotation speed, magnet width, housing thickness, and blade width). Close agreement is shown 

between simulated and experimental performance; differences in BTC timing sensitivity are 

within 1.5% over a range of 2.54 mm, thus validating the 2D magnetic model as a useful design 

tool. 
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1. Chapter 1: Introduction 

Overview 

Turbomachines are critical technologies that enable many aspects of modern life; they are 

responsible for generating 97.2% of our electricity [1], powering 94% of commercial aircraft [2], 

and pump the majority of our water supplies [3]. Because of their widespread utilization, 

technologies that can enhance their performance and efficiency have the potential for significant 

reductions in global energy consumption and carbon emissions. The focus of this dissertation is 

the development of sensing and actuation technologies whose objective is to provide these 

benefits through reductions in blade-case clearance; these technologies can be broadly divided 

into two categories: 

1.1: Reduction in Critical-Speed Induced Lateral Rotor Vibration 

Many turbomachines operate supercritically – that is, their rotation frequency is greater 

than one or more of the shaft’s natural frequencies. When the machine starts up or shuts down it 

must transition through at least one of these critical speeds, the result of which is a self-excited 

mechanical resonance and produces shaft deflection orthogonal to the spin axis, known as lateral 

rotor vibration (LRV). There are many drawbacks to LRV, but one of the most significant is the 

increase in blade tip-case clearance engine designers must include to avoid blade-case rubs. 

Increased clearance has a direct impact on efficiency; in gas turbine engines a 0.010” decrease in 

turbine blade tip clearance (BTC) leads to a 1% increase in overall efficiency [4]. 

Critical-induced LRV is often mitigated via squeeze film dampers (SFDs) mounted in 

series with bearing supports. Such devices, while relatively simple in construction, impose 

design and performance limitations associated with their passive characteristics [5]. Chapter 2 

describes the design, construction, and experimental validation of an active electromechanical 
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actuator for reducing critical-induced LRV. Chapter 3 describes the development and 

experimental validation of a self-sensing technology for the aforementioned actuator, eliminating 

the need for external position sensors.  

1.2: Blade Tip Clearance Monitoring 

Because operating tip clearances are often small (on the order of 0.010” [4]) relative to 

the tip diameter (greater than 36”), tip clearance control can be achieved via thermally expanding 

or shrinking the outer case. This practice has been commonplace in industrial applications for 

some time, but a method of sensing tip clearance over the life of the equipment has not yet been 

developed. Instead, model-based control is used which must assume worst-case mechanical 

tolerances, leading to lower engine efficiency. Chapter 4 describes the design and experimental 

validation of a novel blade tip clearance measurement system. 
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2. Chapter 2: Active Magnetic Dampers for High-Speed Shafts 

Parts of this chapter have been previously published in: 

Zaccardo, Victor M., and Gregory D. Buckner. "Active magnetic dampers for controlling lateral 

rotor vibration in high-speed rotating shafts." Mechanical Systems and Signal Processing 152 

(2021): 107445. 

 

2.1: Abstract 

High-speed rotating machinery frequently operates supercritically, traversing a self-

excited resonance during startup and shutdown. The rotor's peak radial displacement often occurs 

during these critical transitions, thus defining minimum clearances between the rotor and stator. 

Squeeze film dampers (SFDs) are frequently used to reduce lateral rotor vibration (LRV), but 

their passive nature imposes design and performance limitations. An alternate approach, the 

subject of this paper, employs active magnetic dampers (AMDs) to overcome the inherent 

tradeoffs associated with squeeze film dampers. This paper details the design, fabrication, and 

experimental demonstration of an AMD for reducing LRV in a high-speed rotating shaft through 

its critical speed. A finite-element method (FEM) model of a high-speed flexible shaft with an 

AMD mounted proximal to a compliant bearing support is developed and parameterized using 

test data. Different actuator locations are evaluated using the FEM model, revealing that the 

primary mechanism for LRV reduction is the moment exerted about the compliant bearing. 

Performance of a SFD is simulated for comparison, revealing that the AMD more effectively 

reduces LRV. Peak radial deflection is reduced by an average of 79% through the shaft's first 

critical speed.  

2.2: Introduction 

Lateral rotor vibration (LRV) is a rotordynamic phenomenon originating from mass 

imbalance and is typically the most significant vibration component in high-speed rotating 
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machines [1]. Limiting LRV is an important design consideration in many types of high-speed 

machinery, especially turbomachines such as compressors, gas turbine engines and generators, 

and turbochargers [2]. The consequences of LRV can range from increased bearing wear to rotor 

crack formation and propagation, contact between the rotor and stator, and ultimately rotor 

failure. Care must be taken by designers to provide sufficient rotor-stator clearance to 

accommodate the traversal of critical speeds, where LRV is most problematic.  

A common design strategy for minimizing LRV in aviation gas turbines is to implement 

one or more squeeze film dampers (SFDs) in series with traditional ball bearings. This approach, 

exemplified in Figure 2.1, adds compliance and damping to the bearing supports. The SFD 

journal is free to translate radially but is rotationally constrained by an anti-rotation pin. A 

passage on top of the housing feeds pressurized oil into a cylindrical groove, which in turn 

distributes pressurized oil to the squeeze gap around the annulus of the cartridge. Oil is circulated 

through the damper via the feed and drain (on the bottom of the housing). This oil is contained 

within the squeeze gap using a variety of methods; the SFD of Figure 2.1 utilizes O-rings for oil 

containment and to provide centering stiffness.  
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Figure 2.1: A typical squeeze film damper journal assembly used in aviation gas turbine engines 

This SFD configuration provides a shaft boundary condition that can be modeled as a 

spring and viscous damper in parallel, with the O-rings contributing stiffness and the squeeze 

film providing damping. Radial displacement of the damper results in reduced squeeze film 

clearance on one side and expansion on the other, forcing oil in the gap to flow around the SFD’s 

annulus. The viscous and inertial effects of this flow add damping to the system. Due to the 

passive nature of SFDs, damping performance is a function of both bearing design parameters 

(length, diameter, and radial clearance) and operating conditions (oil pressure, oil flowrate, oil 

viscosity and density), all of which depend on oil temperature and bearing life. Furthermore, 

SFDs permit some degree of radial rotor movement during all phases of operation, not only 

during the passage of critical speeds. This requires designers to add additional rotor tip clearance, 

which is detrimental to engine specific fuel consumption [3].  
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While properly designed dampers can reduce transient and steady-state LRV, inadequate 

or excessive damping may be ineffective at reducing vibration amplitude. Unfortunately, the 

dynamics of SFDs are difficult to accurately model and thus complicate the design process. 

Theoretical models often fail to include nonlinear terms such as end seal compliance, tribological 

effects, dynamic cavitation, and cross-coupling terms between axes of movement [4]. Thus, the 

design process for squeeze film dampers often involves iterative experimental processes, 

including prototype fabrication and testing, until satisfactory results are obtained. Not only is this 

design approach costly, it also lengthens the development cycle for new engines. 

Researchers have investigated a variety of electromechanical solutions to overcome the 

design challenges and performance limitations of SFDs. Some have tried using active magnetic 

dampers (AMDs) to add damping at the point of largest LRV [5], but this is often an impractical 

solution due to mechanical interference with work-producing components. Attempts have been 

made to replace conventional SFDs with piezo-electric actuators [6], shape-memory alloys [7], 

electro-rheological fluid based SFDs [8], magneto-rheological based SFDs [9], and passive 

magnetic technologies [10], but to the authors’ knowledge there has been no application of active 

control to an electromagnetic actuator located at bearings. This paper details the design, 

construction, and experimental testing of an AMD to reduce critical-induced LRV on high-speed 

rotating shafts. 

2.3: Methods 

2.3.1: High Speed Test Stand 

A high-speed rotor test stand, shown in Figure 4.10, was designed and constructed to 

provide a controllable range of shaft speeds up to 20,000 RPM. A high-speed spindle drive 

(Spindel 60120-0) powers a Fischer MFV-1712 spindle mounted below a heavy-duty table. The 
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spindle is cooled by a Turmoil OC-50R chiller and lubricated using a Precise 334916 oil-air 

lubricator. The drive section of this test stand (the right portion of Figure 4.10) consists of an 

integral domed pulley driven by a second domed pulley mounted to the high-speed spindle. The 

two pulleys are connected using a Brecoflex ESB high-speed flat belt; the 2:1 ratio of pulley 

diameters results in the drive section spinning at twice the spindle speed. The non-driven side of 

the belt is tensioned using a flat idler pulley, with tensioning force provided by a calibrated 

weight. The drive section’s shaft is supported on either side of the belt using a pair of SKF 7602 

angular-contact bearings, arranged in a face-to-face configuration. The inner race of the bearings 

is constrained axially on the shaft using a shoulder and bearing nut, and the outer race on the 

right side is constrained axially using cover plates on either side of the bearings. The left pair of 

bearings is axially unconstrained. Both pairs of bearings are lubricated and cooled using a 

Fischer 104310 oil-air system. A Monarch ROLS laser tachometer is mounted on the drive 

section to monitor shaft speed. 
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(a) 

 
(b) 

Figure 2.2: Schematic (a) and photograph (b) of the AMD test stand. A high-speed spindle, mounted below the table, drives a 

flat belt. The belt spins the drive portion of the test stand, mounted on the right side of the table. This in turn drives the test 

section (left) via a bellows coupling. 

The left side of the test stand, the test section, is connected to the drive section via a 

GAM KHS15 flexible coupling. Like the drive section, it is supported using two pairs of SKF 

7602 angular contact bearings, with the inner races clamped and the outer races axially 

constrained on the right side and axially floating on the left side. The shaft is made of 4340 steel 

with a nominal diameter of 30.0 mm. The right pair of bearings is mounted to a solid steel 
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bearing block, also constructed from 4340. The left pair of bearings is constrained radially using 

O-rings with an effective stiffness of 10.5 MN/m (60,000 lb/in). The left support is rigidly 

mounted to a Kistler 9021A force plate. A 152.4 mm (6 inch) diameter, 25.4 mm (1 inch) thick 

Inconel toothed flywheel is mounted using a taper lock mechanism halfway between the 

bearings, resulting in a Jeffcott rotor configuration. The vertical and horizontal positions of the 

shaft are measured using two Bentley Nevada 3300 XL inductive proximity sensors on both 

sides of the soft support, as well as immediately to the right of the toothed flywheel.  

 

2.3.2: Active Magnetic Damper 

An active magnetic damper (AMD) was designed and constructed to exert independent 

radial forces in the vertical and horizontal directions. Similar in construction to an active 

magnetic bearing (AMB), the AMD consists of a stator and a mover, and electromagnetic coils 

that exert controllable radial forces on the mover. A single electromagnet of the AMD is shown 

in Figure 2.3; the physical prototype consists of four such electromagnets spaced 

circumferentially at 90° intervals. Whereas an AMB actively levitates the rotor, the mover in an 

AMD is supported via external compliance (e.g. O-rings, cage springs, etc.). The external 

compliance supports the rotor’s static weight and allows the electromagnetic actuator to be 

smaller and more energy efficient than that of a traditional AMB. Conventional AMBs and 

AMDs both use horseshoe-shaped electromagnets with large numbers of turns, though these 

coils require significant radial space. An alternate topology, adopted here and shown in Figure 

2.3, splits the poles into three segments: a large center pole with two smaller adjacent poles. This 

geometry significantly reduces the radial space required by the windings, though at the expense 

of larger cosine losses. All three coils are wired in series such that any bidirectional current 



   

11 

 

produces reluctance force in the direction of decreasing air gap. To achieve bidirectional force, 

pairs of opposing electromagnets are used for the horizontal and vertical axes. 

The AMD design process began with physical space constraints similar to those imposed 

on a SFD: the test stand of Figure 4.10 dictated a maximum OD of 209.6 mm and a minimum ID 

of 105.8 mm, and a 0.18 mm (0.007 in) air gap at a diameter of 140.8 mm. Electrical constraints 

included the 8.0 A peak current and 120 V RMS voltage available from the AMC 16A20AC 

motor drive, which powered each of the four AMD coils. Conventional magnetic steels were 

specified to reduce prototyping costs.  

Based on these design constraints and baseline dimensions, a 2D CAD model of the 

AMD was created using Autodesk Inventor. A 2D finite element solver, Finite Element Method 

Magnetics (FEMM), was used to evaluate the electromechanical performance of each candidate 

design (Figure 2.3). Specifying the stator’s center pole width, 𝑊𝑝, represented a design tradeoff: 

increasing this dimension reduced flux density and saturation, but resulted in less area for 

windings and hence limited the magnetic field. A 1D optimization was performed by fixing the 

side pole widths (adjacent to each center pole) at half the center pole width, sweeping the center 

pole width from 0.75 to 1.25 inches, and maximizing the number of coil turns based on the space 

permitted. Current was applied at the maximum design frequency of 137 Hz (corresponding to a 

shaft speed of 8,220 RPM, well above the first critical speed of the test stand), and the current 

magnitude was varied to simulate constant power. The resulting currents, voltages, inductances, 

and reluctance forces exerted on the mover are shown in Figure 2.4. 
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(a) 

 

 
(b) 

Figure 2.3: Schematic of AMD with baseline dimensions (a) and FEA-computed flux distributions in stator and rotor (b). The 

coils (orange) are wired in series such that they produce the magnetic flux represented by the vector plot.  
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Figure 2.4: Design optimization results from parametric sweep of central stator pole width 𝑤 driven at constant power (nominal 

design airgap of 0.178 mm (0.007 in), coil excitation of 137 Hz). Maximum force is achieved between 25.40 and 26.67 mm of 

pole width. Voltage and current measurements are peak values. 

These FEA results reveal a distinct peak in force output at a center pole width between 

25.40 and 26.67 mm, which corresponds to an applied current of 2.9 Amps and an applied 

voltage of 105 VRMS, both of which are within the capabilities of the AMC motor drive. The 

remaining space permitted 92 turns on the center pole and 100 turns on each adjacent pole.  

The stator and mover were constructed using laser-cut laminations of M19 steel, 1.27 mm 

(0.050 in) thick, with M5 electrically insulating coating. Laminations were stacked, aligned, and 

bonded together. Due to the small air gap, dimensional accuracy of the air gap facing surfaces 

was critical, and the lamination stack was ground to the ID of the stator and OD of the mover to 

achieve an air gap with a ±0.005 mm (0.0002 in) tolerance. Coils were constructed by winding 

16 AWG bondable magnet wire on Nomex bobbins, which were then heated to produce a rigid 

coil assembly. The AMD was assembled by sliding these coils onto the appropriate poles and 
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epoxying in place. The coils were wired in series, and each electromagnet was connected to a 

terminal block epoxied to the stator.  

The AMD was mounted between the two shaft supports using a custom bracket and 

spacer, as shown in Figure 2.5. The bracket attaches the stator to the fixed portion of the 

compliant mount, while the spacer fastens the mover to the soft mounted portion of the support. 

The air gap was set by first tightening the stator, then placing shim stock between the center 

poles of each electromagnet and the mover. With the shim stock in place the mover was 

tightened. Though the AMD was positioned as close to the bearing mount as possible, its center 

of force was located 57.8 mm from the bearings; its radial forces also produced moments on the 

bearings.  

 

 

 
Figure 2.5: Compliant bearing support without the AMD (left). Visible are the vertical and horizontal displacement sensors, 

AMD mounting bracket, and AMD mounting spacer. AMD installed on the compliant mount (right). Coils and terminal blocks 

are labeled clockwise from 1 to 4 

Real-time monitoring and control were achieved using a dSPACE 1501 real-time data 

acquisition and control platform, paired with a custom anti-aliasing signal conditioner. Software 

was written in Simulink to synchronously demodulate and record magnitude and phase data from 
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the six displacement sensors and generate sinusoidal current commands. The magnitude, phase, 

and frequency of each current command could either be manually or automatically prescribed as 

a function of shaft speed (using interpolated lookup tables) 

2.3.3: Finite Element Beam Model 

For a Jeffcott rotor configuration [11], the inertial cross-coupling moments exerted by an 

axially-centered mass are significantly reduced by way of symmetry, and thus contribute only 

secondary rotordynamic effects [2]. For this reason, the vertical and horizontal rotor dynamics 

can be assumed decoupled and resembling the lateral dynamics of simply-supported 1D beam. 

This assumption enables a large number of beam analysis techniques to be applied, including 

finite element method (FEM) beam analysis. FEM techniques have several advantages, including 

the ability to exert any number of time-varying forces at any points along the shaft span. 

Additionally, boundary conditions can be altered to include stiffness and damping, much like 

what exists in physical rotordynamic systems.  

A custom 1D FEM beam code was written in MATLAB to simulate a N-segment shaft, 

with each segment having configurable diameter, length, mass per unit length, modulus of 

elasticity, and area moment of inertia. Additionally, each segment has the option of including 

radial forces (including spring, damper, or external forces) as functions of time at any point 

along the segment. This model, while a simplification of real rotodynamic systems, provides 

flexibility in the application of external and control forces that isn’t available in closed-form 

solutions or many commercial rotordynamic codes, and was therefore useful in qualitative 

evaluation of control strategies. 

The high-speed shaft of Figure 4.10 was modeled as a 7-segment beam, with segments 

numbered from 1 to 7 from left to right (Figure 2.6). Segments 1 and 7 represent the shaft 
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segments outside of the bearing supports, Segments 2 and 6 represent the bearings and are very 

stiff relative to the others, Segments 3 and 5 are the span of the test section, and Segment 4 is the 

toothed flywheel which is also very stiff relative to the other segments, as detailed in the model 

properties of Table 1. Springs and dampers to ground exist on Segments 2 and 6, which have 

stiffnesses of 10.5 kN/mm (60,000 lb/in) and 157.6 kN/mm (900,000 lb/in), respectively. The 

stiffness of the Segment 6 support, a rigid mount, was chosen to be 15 times that of Segment 2, a 

compliant mount (e.g. a SFD). Torsional dampers to ground at segment interfaces were 

employed to provide a material damping ratio of 0.03, which is typical of continuous metallic 

structures [12]. The specified characteristics resulted in the mode shapes shown in Figure 2.6. 

Mode 1 is the first bending mode of the beam, Mode 2 is a bounce mode for the compliant 

bearing support (Segment 2), and Mode 3 is the beam’s second bending mode. 

 

Table 2.1: Physical properties for FEM beam model of high-speed rotating shaft of Figure 2.6 

Property 
 

Units 
 

Segment 
1 

Segment 
2 

Segment 
3 

Segment 
4 

Segment 
5 

Segment 
6 

Segment 
7 

Diameter mm 30.0 62.0 30.0 139.7 30.0 62.0 30.0 

Length mm 132.75 36.0 312.5 25.4 312.5 36.0 132.8 

Mass kg/mm 0.0055 0.0102 0.0055 0.1253 0.0055 0.0102 0.0055 

Modulus of 
Elasticity 

GPa 200 2,000 200 2,000 200 2,000 200 

Area Moment of 
Inertia 

mm^4 39,761 725,332 39,761 39,761 39,761 725,332 39,761 

Spring to Ground 
Rate 

N/mm - 10,508 - - - 150,000 - 

Spring to Ground 
Location 

mm - 18.0 - - - 18.0 - 

Damper to 
Ground Rate 

N-
s/mm 

- 0.050 - - - 0.001 - 

Damper to 
Ground Location 

mm - 18.0 - - - 18.0 - 

External Force 
Location  

mm - 75.9 - 12.7 - - - 
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(a) 

 
(b) 

Figure 2.6: (a): FEM beam model of high-speed shaft with Segments 1-7 annotated. 𝐹𝑑 the mass imbalance disturbance function, 

𝐹𝑐 is the control force exerted by the AMD, and 𝑙𝑐 is 59.9 mm. (b): Mode shapes for the first three vibration modes and the 

speeds at which they occur. Mode 1 is the first bending mode of the beam, Mode 2 is a bounce mode for the compliant bearing 

support (Segment 2), and Mode 3 is the beam’s second bending mode. 

The FEM code was validated by comparing the simulated modal frequencies to the 

analytical solutions of a pined-pinned beam with unit length and a uniform diameter of 30 mm, 
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with rigid (10 GN/m) supports at both ends of the beam. By comparison to the closed-form 

frequencies, the finite element model slightly overestimates the modal frequencies by 0.001%, 

0.038%, and 0.203%, for the first, second, and third modes, respectively. Because the focus of 

this paper is to minimize the first bending mode, this level of accuracy is deemed acceptable.  

Simulations of rotating mass imbalance were conducted by offsetting a mass segment a 

specific distance, the eccentricity 𝜀, from the axis of rotation, and uniformly sweeping shaft 

speed from 16.67 Hz (1,000 RPM) to 166.67 Hz (10,000 RPM) at a rate of 6.93 Hz/sec (416 

RPM/sec). The instantaneous location of the center of mass G is a function of both shaft 

deflection d and eccentricity 𝜀, as shown in Figure 2.7.  

 

 

 
Figure 2.7: Instantaneous position of shaft centerline S and rotor mass G as viewed along the bearing centerline O 

The center of mass G rotates about the instantaneous shaft centerline S at shaft speed �̇�, 

and the shaft centerline deflects from the bearing centerline, O, in response to the mass 

imbalance. The position of G relative to O is: 
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𝑢𝐺 = 𝑢 + 𝜀 cos(𝜃)                                                      (2.1𝑎) 

𝑣𝐺 = 𝜈 + 𝜀 sin(𝜃)                                                      (2.1𝑏) 

 

Where 𝑢 and 𝜈 are the horizontal and vertical components of shaft deflection, 𝑑, 

respectively. The corresponding acceleration of 𝐺 is: 

 

�̈�𝐺 = �̈� + 𝜀(−�̇�2 cos(𝜃) − �̈� sin(𝜃))                                    (2.2𝑎) 

�̈�𝐺 = �̈� + 𝜀(−�̇�2 sin(𝜃) + �̈� cos(𝜃))                                    (2.2𝑏) 

 

For the operating conditions of this paper, the radial component of acceleration (�̇�2) 

dominates the tangential component (�̈�) by a ratio of more than 100:1, validating the simplified 

forcing functions: 

 

FuG
= m(ü − εθ̇2 cos(θ))                              (2.3𝑎) 

𝐹𝑣𝐺
= 𝑚(�̈� − 𝜀�̇�2 sin(𝜃))                                (2.3𝑏) 

 

The 𝑢-axis component (Equation 2.3a) served as the forcing function for the 1D FEM 

model. Simulated sweep responses compared favorably to experimental data collected from the 

test stand; the model predicted the first bending mode to within 3.27 Hz (3.96%), as shown in 

Figure 2.8. This difference is due to uncertainty in the shaft’s modulus of elasticity, E, which was 

initialized to the published value for 4340 steel (200 GPa: [22]); increasing E by 12% (Figure 

2.8b) eliminated this difference in natural frequency. Similarly, uncertainty in the test stand’s 

mass imbalance required parameter estimation, which scaled the magnitude of deflection at 

resonance to match the test data. The damping ratio was identified using the following 

relationship [21]: 
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3

2
dB

n





−


=                                                         (2.4) 

 

where 3dB
−

  is the width of the resonant peak at the -3dB point and n  is the resonant 

frequency. The damping ratio calculated using (2.4) was 0.0291, within 1% of the published 

value ( 0.03 = , [12]) used in the FEM model. 

 

 
Figure 2.8: Left: Comparison of demodulated mid-span deflection of the FEM model and test stand. The first bending mode 

occurs at 79.27 Hz for the FEM model and 82.54 Hz for the test stand, a difference of 3.96% Right: Increasing shaft elastic 

modulus by 12% results in the FEM model’s natural frequency matching that measured on the test stand. 

2.3.4: Control Strategy 

Turbomachinery often has asymmetric shaft boundary conditions in the vertical and 

horizontal planes when viewed axially. This asymmetry is due to the weight of the machine and 

the associated structural support typically being located in the vertical plane. With conventional 

means of reducing LRV, a compromise must be struck between choosing the correct damping 

value for both planes, as the correction applied has a circumferentially uniform response. Active 

solutions, like the one described above, have the unique ability to separate these two planes into 

independent solutions, which assumes minimal inertial cross-coupling. The control strategy 
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chosen, a modified three-point balancing algorithm, uses this unique ability to minimize LRV 

across the rotational frequency spectrum. 

This approach simplifies the control problem to one of specifying a force vector with 

fixed magnitude and phase relative to the shaft, which can then be modulated into x and y forces. 

Balancing algorithms are typically optimized to reduce peak LRV over the entire operating speed 

range, but with an active system this operating range can be divided into discrete frequency 

bands. Optimal solutions can be calculated for each band; solutions can be linearly interpolated 

between as functions of shaft speed. This strategy reduces controller bandwidth requirements 

over displacement feedback control and compensates for phase delay in the feedback path, 

similar to algorithms used in motor control. 

This three-point method, sometimes referred to as ‘balancing without phase’ because 

only magnitude information is used, is particularly useful in circumstances under which accurate 

phase information is difficult to obtain, such as when attempting to balance a shaft passing 

through its critical speed. The three-point method also compensates for system nonlinearities 

[13]. Because of the minimal cross-coupling and asymmetric boundary conditions, the vertical 

and horizontal planes were considered independent balancing planes. By decoupling the two 

planes, non-circular rotating forces may be generated by the AMD to minimize LRV in both 

planes.  

The three-point algorithm uses four runs to triangulate the transfer function from control 

input to the sensor: one baseline run and three trial runs. Traditionally, each trial run is 

performed with a known weight placed at a known angular position and the magnitude response 

is recorded. For this AMD application, the balancing weights have been replaced with a circular 

forces of precisely controlled magnitude and phase, emulating known masses at fixed radii. The 
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method, outlined in [14], relates the three trial vibration response vectors to the baseline 

vibration vector, and quantifies effects of each trial weight through the exterior angle law of 

cosines: 

 

𝑢1
2 = 𝑢𝑏

2 + 𝑥1
2 + 2𝑢𝑏𝑥1 𝑐𝑜𝑠(𝜙 + 𝛾1) (2.5𝑎)                                    

𝑢2
2 = 𝑢𝑏

2 + 𝑥2
2 + 2𝑢𝑏𝑥2 𝑐𝑜𝑠(𝜙 + 𝛾2) (2.5𝑏)      

𝑢3
2 = 𝑢𝑏

2 + 𝑥3
2 + 2𝑢𝑏𝑥3 𝑐𝑜𝑠(𝜙 + 𝛾3) (2.5𝑐)      

 

Where 𝑢𝑖 is the magnitude of vibration with the 𝑖𝑡ℎ trial weight installed, 𝑢𝑏is the 

magnitude of the baseline vibration response, 𝑥𝑖 is the effect vector for trial weight 𝑖, 𝜙 is the 

angle between the baseline vibration vector and the vector that represents the effect of adding a 

trail weight at 0°, and 𝛾𝑖 is the angle of the 𝑖𝑡ℎ trial weight. By making the substitutions in 

Equations 2.6a – 2.6d and expanding trigonometric terms using the cosine addition formula, the 

relationship in Equation 2.7 can be derived:  

 

𝑥𝑖 = 𝑟𝑖|ℎ| (2.6𝑎) 

𝐴 = |ℎ| 𝑐𝑜𝑠(𝜙) (2.6𝑏) 

𝐵 = |ℎ| 𝑠𝑖𝑛(𝜙) (2.6𝑐)  

𝐶 = |ℎ|2 (2.6𝑑) 

 

[

2𝑢𝑟1 𝑐𝑜𝑠(𝛾1) −2𝑢𝑟1 𝑠𝑖𝑛(𝛾1) 𝑟1
2

2𝑢𝑟2 𝑐𝑜𝑠(𝛾2) −2𝑢𝑟2 𝑠𝑖𝑛(𝛾2) 𝑟2
2

2𝑢𝑟3 𝑐𝑜𝑠(𝛾3) −2𝑢𝑟3 𝑠𝑖𝑛(𝛾3) 𝑟3
2

] [
𝐴
𝐵
𝐶

] = [

𝑢1
2 − 𝑢2

𝑢2
2 − 𝑢2

𝑢3
2 − 𝑢2

] (2.7)      

 

Where 𝑟𝑖 is the correction authority (mass ∙ radius) of the 𝑖𝑡ℎ trial and ℎ is the transfer 

function from input to measurement plane. Solving for 𝐴, 𝐵, and 𝐶 is straightforward, and the 

transfer function can be written in complex form as: 
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ℎ =  𝐴 + 𝑖𝐵  (2.8) 

 

The traditional three-point method for determining a balance solution is to set the sum of 

the baseline vibration and the correction vectors equal to zero and solve for the correction 

authority, 𝑊𝑐: 

 

𝑢 + ℎ𝑊𝑐 = 0 (2.9𝑎) 

𝑊𝑐 = −
𝑢

ℎ
(2.9𝑏) 

 

This approach works well for one-shot balancing but does not consider control saturation, 

a necessary consideration for active systems. The method in Equation 2.9b was replaced with a 

steepest descent algorithm described in [15]. This algorithm is repeated until an iteration limit is 

reached or a convergence criterion is met: 

 

𝑏𝑘+1 = βbk − 𝜇ℎ𝑒𝑘 (2.10) 

 

Where 𝑏𝑘 is the control action at timestep 𝑘, 𝛽 is a leakage coefficient, 𝜇 is a 

convergence coefficient, ℎ is the transfer function of Equation 2.8, and 𝑒𝑘 is error at the current 

timestep. For offline solution calculations, error is defined as: 

 

𝑒𝑘 = ℎ ∙ 𝑏𝑘+1 + 𝑢 (2.11) 

 

This can be adapted for real-time minimization by replacing 𝑒𝑘 with the measured system 

response. The calculated control action, 𝑏𝑘+1, is saturated at every iteration, thus the algorithm 

finds the optimal solution while considering control saturation.  

This approach was emulated using the AMD by performing a baseline run, then three 

subsequent runs with a circular force command at three angular positions, each 120° apart. Data 
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from the three runs was used to calculate a control solution consisting of the magnitude and 

phase of each frequency bin. The calculated solution was saturated at 334 N peak (occurring at 

58 Hz) when implemented on the test stand to avoid contact between the mover and stator. In 

order to replicate test conditions, the control force in the FEM model was saturated at the same 

frequency. 

2.4: Results 

2.4.1: Simulation 

The FEM model was excited at the flywheel center using a sinusoidal forcing function 

(Equation 2.3a), its magnitude representing a 0.0032 kg-m imbalance. The simulated imbalance 

was swept from 16.67 Hz (1,000 RPM) to 166.67 Hz (10,000 RPM) at a rate of 6.93 Hz/sec (416 

RPM/sec). Displacement magnitude and phase at the flywheel center were demodulated from the 

time-series data and graphed versus frequency for the uncontrolled and AMD controlled cases, 

assuming unlimited control authority. The resulting responses are shown in Figure 2.9, which 

reveals a 99% reduction in peak mid-span deflection through the first critical speed. Peak control 

authority, approximately 250 N. occurred at the maximum speed of 160 Hz, with approximately 

100 N being required to traverse the critical speed 

The effects of AMD placement were investigated by moving the simulated actuator to the 

center of the bearing, as well as applying two equal and opposite forces 57.8 mm from the center 

of the bearing (a so-called moment actuator). In the case of the moment actuator, the control 

force at each actuator was divided by two, such that the moment about the bearing was equal to 

the moment produced in the test stand configuration. Applying the unsaturated three-point 

algorithm to these geometries also resulted in a 99% reduction in mid-span deflection through 

the critical speed, albeit with noticeably different control authorities. These control authorities, 
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shown in Figure 2.10, reveal that the bearing-centered radial actuation force requires 

approximately 5 times the authority, while the moment actuator requires 23% more authority 

than the test stand configuration to achieve similar performance. 

 

 
Figure 2.9: Displacement magnitude and phase at flywheel center for uncontrolled and unsaturated AMD control cases 
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Figure 2.10: Comparison of required control authorities needed to achieve a 99% reduction in mid-span deflection through the 

critical speed. The test stand configuration, a single AMD actuator located 58 mm to the right of the soft support, requires the 

least control authority to achieve this level of performance. 

To explore the effects of AMD control saturation, a realistic limitation present in the test 

stand, the simulations of Figure 2.9 were repeated using a control saturation of 36 N. The 

resulting responses are shown in Figure 2.11, which reveals a 54% reduction in critical-induced 

mid-span deflection; control saturation is evident between 58 and 166 Hz. 
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Figure 2.11: Displacement magnitude and phase at the center of the flywheel for uncontrolled and saturated AMD control cases; 

maximum control force of 36.0 N is consistent with AMD test rig limitations. 

To better visualize the FEM modeling results, a beam animation was generated as shaft 

speed varied linearly from 16.66 Hz (1,000 RPM) to 166.66 Hz (10,000 RPM) at a rate of 6.93 

Hz/sec (416 RPM/sec). A screenshot of this animation at 70 Hz (4,200 RPM), shown in Figure 

2.12, highlights the radial and moment deflections at the left bearing support as well as the 

relative magnitudes of control and disturbance forces.  
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Figure 2.12: FEM-predicted beam deflection at 70 Hz (4,200 RPM) in the test stand configuration. The left arrow represents the 

AMD control action and the center arrow represents the disturbance force. 

2.4.2: Test Stand 

Experimental testing revealed intermittent contact between the stator and mover when 

moderate control action was applied, the result of a non-uniform circumferential air gap. The 

mover was machined to increase the air gap to 0.305 mm (0.012 in), which eliminated the 

intermittent stator/mover contact, albeit at the expense of reduced control authority.  

The test stand was also swept from 16.66 Hz (1,000 RPM) to 166.66 Hz (10,000 RPM) at 

a rate of 6.93 Hz/sec (416 RPM/sec). The uncontrolled response was recorded, then another 

sweep was made with the calculated control solution. The demodulated magnitude and phase of 

the two runs are compared in Figure 2.13. The control action reduced mid-span deflection by 

82% and 75% in the horizontal and vertical planes, respectively.  
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Figure 2.13: Experimentally measured mid-span response magnitude (top) and phase (bottom) with and without AMD control.  

To put these results into better context, the FEM model was used to predict the 

performance of a SFD under the same shaft and boundary conditions as previously simulated. 

Damping at the left support (Segment 2) was optimized to minimize mid-span deflection through 

the critical speed. More specifically, damping in this compliant mount was varied between 5 and 

500 N-s/mm, while the stiffness of each mount remained fixed, for simulated sweeps in shaft 

speed from 16.67 Hz (1,000 RPM) to 166.67 Hz (10,000 RPM) at a rate of 6.93 Hz/sec (416 

RPM/sec). A SFD damping constant of 20 N-s/mm provided the greatest reduction in mid-span 

deflection, 18.6% (approximately one-third the simulated AMD performance), as shown in 

Figure 2.14. 
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Figure 2.14: FEM model results comparing baseline and optimized SFD mid-span deflections and phases.  

The dependence of actuator force magnitude with gap and current was validated using 

computational and analytical tools. It can be shown that the that the force produced between the 

mover and stator of one electromagnet in the AMD has the following relationship [16] 

 

𝐹𝐸𝑀 = 𝐶
𝑖2

𝑔2
 

 

Where 𝑖 is the current applied to the electromagnet, 𝑔 is the air gap dimension between 

the mover and stator, and 𝐶 is a constant determined by the physical system. The theoretical 

value was calculated by using FEMM to simulate a constant current through the AMB and 

recording the force at various gaps. Experimentally, the spring rate of the compliant mount was 

measured by hanging known weights from the mount and recording deflection. Known currents 

were then driven through the actuator, and the resulting deflection was measured. Force was 
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calculated from the measured displacement and experimentally determined spring rate. 𝐶 was 

then calculated at each drive current; results are shown in Figure 2.15.  

 

 
Figure 2.15: Theoretical and experimentally measured values of C 

Results from the three tests converge on a value of 4.454 ∗ 10−6 𝑁∗𝑚2

𝐴2 , 8.6% lower than 

predicted by FEA. The test data likely converges at higher currents due to applied forces 

overcoming any non-stiffness related components of the support, such as stick-slip conditions 

which may persist lower levels. 

2.5: Discussion 

Experimental results confirm that an AMD is effective at reducing mid-span deflection 

through the critical speed of a slender shaft. A numerical finite-element beam code was written 

and validated against the test data, which reproduced the results within 10% once the magnetic 

nonlinearities of the AMD were taken into consideration. Different actuator locations were 
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evaluated using the FEM model, revealing that the primary mechanism for LRV reduction was 

the moment exerted about the bearing. Performance of a squeeze film damper was simulated, and 

it was determined that for the given support stiffness, the AMD was considerably more effective 

at reducing LRV. 

The control-saturated FEM model correlates reasonably well with experimental data, 

predicting a 54% reduction in LRV vs. the experimentally measured average of 78.5%. This 

discrepancy is likely due to neglecting the inverse square relationship between reluctance force 

and air gap. It was assumed that the relatively small changes in air gap at the actuator would 

produce a negligible effect on force output, but once the test data was post-processed, it was 

calculated that the peak force output was approximately 60% higher than what was commanded. 

When this is accounted for in the FEM model, an 88% reduction in mid-span deflection is 

achieved. This result compares more favorably to the experimental data and indicates that future 

iterations of the actuator control law should compensate for displacement when current 

commands are determined.  

Several other factors may have contributed to this discrepancy. Because the mover can 

never be perfectly centered, any static misalignment between the stator and mover will result in 

asymmetric forces. Additionally, the compliant mount is assumed to be composed of a radial 

linear spring and damper, which may not be representative of the elastomeric support. The 

physical system may include nonlinearities in stiffness and damping, as well as torsional stiffness 

and damping as the bearing rotates perpendicular to the shaft’s axis. The saturation limit imposes 

a control nonlinearity in both the physical system and the model, which makes predicting system 

performance more challenging.  
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The model proved useful for qualitative comparison between control strategies, 

demonstrating that for a given result, the actuator placement used on the test stand required the 

lowest control authority. The other two actuator placements considered revealed that most 

control authority in the cantilevered configuration is derived from the moment it generates, rather 

than the radial force. This has several practical considerations when implementing in a 

turbomachine, the most obvious being that the bearing must be able to withstand these moments 

while still supporting radial loads. If this is detrimental to bearing health and longevity, the 

mover may be attached to (and rotate with) the shaft with minimal performance degradation. 

This is a unique ability when compared to other methods of exerting control forces on a rotating 

shaft, and can achieve similar results with lower bearing loads. 

The AMD was effective at reducing mid-span deflection on the test stand, averaging a 

78.5% reduction through the first bend mode and a 47% reduction between 55 and 160 Hz. This 

compares favorably to the simulated SFD, which provided a 18.6% reduction. The performance 

of the SFD was expected to be limited by the high stiffness of the bearing support, which was 

designed to represent the dynamics of a commercial aircraft engine. A softer bearing support 

may help reduce critical-induced LRV, but would also have the potential drawbacks mentioned 

previously. 

Even with the imposed saturation limit, the AMD was effective at reducing rotor LRV 

across the entire frequency range. Provided the saturation limit is removed, further performance 

gains could be achieved by implementing the steepest descent algorithm in a 1-Hz loop while the 

shaft is rotating. Such a loop would not only ensure the lowest-possible LRV, but changes to this 

solution over time could indicate mechanical changes in the system and could be used for health 

monitoring. 



   

34 

 

Mid-span LRV was chosen as the feedback variable for this study, but any number of 

variables could be minimized. The modified balancing algorithm chosen will minimize any 

provided feedback signal, be it a displacement, acceleration, or a weighted sum of multiple 

variables. Solutions using different feedback sources could be utilized during different operating 

regimes of the machine. 
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3. Chapter 3: Saturation-Tolerant Self-Sensing for Active Magnetic Dampers 

3.1: Abstract 

Traditional active magnetic damper (AMD) systems rely on external position sensors to 

measure the mover’s radial position, though these sensors add cost, complexity, failure modes, 

and potential sources of error due to the axial non-colocation of actuator and sensor. An 

alternate, so-called “self-sensing” approach seeks to exploit displacement-induced changes in 

electromagnet inductance to determine mover position; such techniques have been described in 

active magnetic bearing (AMB) and AMD literature since the 1980s. This paper details a novel, 

magnetic-saturation tolerant self-sensing approach for AMDs. The theoretical basis is presented; 

it is validated both experimentally and via a transient magnetic finite-element model. A position 

estimation error of 0.164 mils RMS is experimentally demonstrated over a typical mover 

position range and a theoretical bandwidth of 250 Hz is achieved. 

3.2: Introduction 

Active magnetic bearings (AMBs) are known to provide frictionless and wear-free 

suspension of rotating shafts, but their implementation has been limited due to high development 

costs, power consumption, and physical size. Many of the rotordynamic benefits of AMBs can 

be realized using active magnetic dampers (AMDs), which are similar in construction to AMBs 

but do not support the rotor’s weight; instead they rely on traditional rolling element bearings or 

fluid film bearings to do so. This key difference provides the benefits of significantly reducing 

the actuator’s size, cost, and power requirements while being open-loop stable and retaining the 

high-bandwidth controllability of AMBs. Because AMBs and AMDs share very similar 

hardware, much of AMB research has application to AMDs. 
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Figure 3.1: Diagrams depicting the major components of an active magnetic bearing (left) and active magnetic damper (right). 

AMBs use magnetic reluctance force to levitate the rotor whereas AMDs use a traditional bearing and compliant element to 

support the rotor’s weight, reducing actuator’s required force capacity  

AMDs have been proposed for use in high-speed rotating machines [1] [2] [3] and have 

shown to provide significant reductions in lateral rotor vibration (LRV), defined as dynamic 

shaft deflection normal to the spin axis. Ideally, actuators are located close to the sources of 

imbalance, though colocation can be limited by the mechanical layout of rotating machines. 

Fortunately, it has been shown that AMDs can be effective when located close to bearing 

supports [4], offering more practical solutions to the reduction of LRV. 

Traditional AMD systems use at least two external shaft position sensors to determine the 

mover’s radial position, though these sensors add cost, complexity, failure modes, and potential 

sources of error due to the axial non-colocation of actuator and sensor. An alternate approach, 

first proposed in the late 1980s and early 1990s [5] [6], seeks to eliminate external position 

sensors by exploiting the relationship between mover position and electromagnet inductance to 

determine mover position. This so-called ”self-sensing” technique has been the subject of AMB 

research for some time, and can be broadly divided into two categories: DC and AC bias flux.  
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Figure 3.2: Radial AMD model, consisting of a stator comprised of two electromagnets (top and bottom, labeled EM1 and EM3) 

and a mover (middle). Voltage 𝑉 is applied to each coil with 𝑁 turns, resulting in coil current 𝑖 and magnetic flux 𝜙 through the 

mover with mass 𝑚. Mover-stator clearances 𝑠1 and 𝑠3, and mover offset 𝑥 are defined as shown. This model is also 

representative of AMBs, in which the mover can be replaced by a rotating shaft. 

Initial self-sensing strategies used linear time invariant (LTI) electromechanical models 

of the AMB (or AMD) structure of Figure 3.2, and assumed constant (DC) bias flux [6] [26] [27] 

[28]. Measured voltages and currents were used as inputs to a state estimator with rotor (or 

mover) position modeled as an estimated state. In this configuration no additional sensing 

disturbance was added and thus control perturbations were relied upon to generate changes in 

voltage and current. While initially appealing, this technique suffered from poor gain and phase 

margins, the inability to estimate a static rotor position offset [7], and force feed-through: a 

phenomenon where force information infiltrates position estimates [8]. These consequences, 
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stemming from the LTI, DC-bias assumption [9] has shifted more recent research towards AC 

bias flux-based approaches. 

First proposed in 2003 [10] and explored extensively in [9] and [11], AC bias flux 

techniques seek to superimpose an AC waveform on the DC bias flux. This AC component leads 

to a linear periodic (LP) system model and, most significantly, separates force and position terms 

in the frequency, eliminating the tendency for force and position terms to cancel as they would in 

LTI models [7]. Because AMB and AMDs are typically driven with switching amplifiers, the 

majority of subsequent research has focused on using the switching voltage as the perturbation 

source and the resulting current ripple as the position estimation mechanism. Either current slope 

[12] [13] [14], a demodulation of current ripple at the switching frequency [8] [10] [15] [16], or 

the switching frequency itself [17] [18] is used as the self-sensing metric and is correlated to 

mover position. 

Switching ripple methods aim to implement self-sensing using an existing perturbation 

source, however this leads to significant limitations in the actuator’s useful operation envelope. 

In order to maintain a minimum current ripple amplitude, duty cycle (𝛼) is often restricted to a 

range of 25-75%. [19]. Additionally, the excitation harmonic content changes nonlinearly with 

duty cycle, creating another variable that requires compensation in the self-sensing algorithm. 

Other work has proposed alternating between control and fixed sensing duty cycles [20], though 

despite removing 𝛼-related effects on current ripple, the effective duty cycle range limitations 

persist. Current slope approaches seek to remove harmonic content effects by measuring 𝑑𝑖/𝑑𝑡, 

but eddy current effects in the back iron cause a cusping phenomenon, requiring additional 

compensation [14].  
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Magnetic nonlinearities further complicate and reduce the accuracy of self-sensing 

strategies. Back iron reluctance is often several orders of magnitude lower than that of the air gap 

and is therefore frequently neglected. This assumption is valid in silicon electrical steels for flux 

densities between approximately 0.1-0.8 T, but outside this range material nonlinearities impact 

self-sensing accuracy. Magnetic saturation at high bias currents and small clearances causes 

inductance to not increase as linear theory would predict; inductance ceases to increase inversely 

proportional to mover-stator clearance 𝑠. As illustrated in Figure 3.3, this deviation causes the 

self-sensing problem to become non-invertible; a given measurement produces two or more 

clearance estimates.  

  
Figure 3.3: Left: Electromagnet inductance as a function mover-stator clearance, 𝑠. As bias currents increase, saturation effects 

at small clearances cause inductance to deviate from the inverse relationship with clearance 𝑠 as linear theory would predict. 

Right: Self-sensing metric versus clearance at various bias currents. Saturation effects cause a slope sign change, leading to 

clearance estimation via a self-sensing metric to become non-invertible. 

Several papers in the literature [8] [10] [19] address this issue by constructing parameter 

estimators. Voltage, control current, and estimated position serve as inputs to inductance models, 

the output of which is estimated ripple current. The error between estimated and measured ripple 

current is fed into a PI controller, with estimated position being adjusted until position estimation 

error is driven to zero. This technique has the advantage of being able to model a non-invertible 

system, however the control loop integrator limits system bandwidth and the loop itself can 
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become unstable during the transition between unsaturated and saturated regions; it must traverse 

a region of infinite slope. This can also cause the controller to converge on the wrong solution. 

Additionally, the accuracy of this approach is limited by the accuracy of the bearing model; any 

inaccuracies in the model translate directly into measurement error. 

This paper seeks to solve two of the aforementioned problems, namely excitation 

nonlinearities and saturation effects. The first problem is addressed by summing a sinusoidal 

interrogation voltage with the control voltage and demodulating current at the same frequency. 

This has the advantage of keeping the interrogation signal monotonic and fixed in amplitude, 

regardless of duty cycle. PWM duty cycle constraints still apply, though they are less restrictive 

than previous work. In addition, current sample rate and timing requirements for this technique 

are less stringent than that of current ripple-based approaches. 

Saturation effects are addressed via a novel compensation approach, building on the work 

laid out in [15] and [21]. Unlike previous research this approach produces accurate position 

estimates at flux densities below and above typical operating ranges, including when passing 

between unsaturated and saturated regions. Position estimates are valid in the saturation region 

for indefinite timescales and there is no controller to tune or associated bandwidth limitations. 

Additionally, this technique is less sensitive to current measurement error than previous 

approaches. This new approach is analyzed via a magnetic finite element analysis (FEA) model 

and validated experimentally using the actuator described in [4]. 
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3.3: Methods 

3.3.1: Theoretical Model 

A single self-sensing AMD axis is commonly modeled as two opposing electromagnets 

with a ferromagnetic mover positioned between them (Figure 3.2). The electrical dynamics of 

each actuator can be modeled: 

 

 
𝑉 − 𝑖𝑅 = 𝐿

𝑑𝑖

𝑑𝑡
 (3.1) 

 

Where 𝑉 is the voltage across the coil, 𝑖 is current through the coil, 𝑅 is the coil’s 

resistance, and 𝐿 is the actuator inductance. Not neglecting iron reluctance, inductance can be 

expanded:  

 

 
𝐿 =

𝜇0𝑁2𝐴

2𝑠 +
𝑙𝑓𝑒

𝜇𝑟

 
(3.2) 

 

Where 𝑙𝑓𝑒 and 𝜇𝑟 are the mean iron path length and relative permeability, respectively. 

Substituting (3.2) into (3.1) and rearranging: 

 

 

𝑉 = (𝜇0𝑁2𝐴)
𝑑

𝑑𝑡
[

𝑖

2𝑠 +
𝑙𝑓𝑒

𝜇𝑟

] + 𝑖𝑅 
(3.3) 

 

For AMDs the inductive impedance is often much greater than the resistive component; 

for the prototype used in this paper the resistance makes up 0.13% of the overall excitation 

frequency impedance, therefore the 𝑖𝑅 term in (3.3) neglected. Integrating both sides with 

respect to time and solving for current yields: 
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𝑖 = (

1

𝜇0𝑁2𝐴
) (2𝑠 +

𝑙𝑓𝑒

𝜇𝑟
) ∫ 𝑉𝑑𝑡  

(3.4) 

 

Self-sensing is achieved by injecting a high-frequency sinusoidal voltage and measuring 

the corresponding demodulated current. With this modification equation (3.4) becomes: 

 

 
𝑖 = (

1

𝜇0𝑁2𝐴
) (2𝑠 +

𝑙𝑓𝑒

𝜇𝑟
) ∫ 𝑉𝑒𝑠𝑖𝑛(𝜔𝑒𝑡) 𝑑𝑡  

(3.5) 

 

Where 𝑉𝑒 and 𝜔𝑒 are the excitation voltage magnitude and frequency, respectively. 

Integrating, demodulating by multiplying by 2 cos(𝜔𝑒𝑡), and low-pass filtering to remove 

content at frequencies greater than 0.75𝜔𝑒 yields the demodulated current magnitude, 𝑖𝑑 

 

 
𝑖𝑑 = (

−1

𝜇0𝑁2𝐴𝜔𝑒
) (2𝑠 +

𝑙𝑓𝑒

𝜇𝑟
) 𝑉𝑒  

(3.6) 

 

Rearranging and solving for the estimated mover-EM clearance, 𝑠𝑒𝑠𝑡 

 

 
𝑠𝑒𝑠𝑡 = −

𝜇0𝑁2𝐴𝜔𝑒

2𝑉𝑒
 𝑖𝑑 −

𝑙𝑓𝑒

2𝜇𝑟
 (3.7) 

 

It should be noted that while this derivation follows the technique described in [15], an 

identical result is obtained by following the derivation in [7], albeit requiring more intermediate 

steps. Equation (3.7) predicts that estimated position is proportional to demodulated current 

magnitude minus a term proportional to the inverse of relative permeability, leading to the 

estimator structure described in [15]. An alternate signal processing strategy building on this 

technique is depicted in Figure 3.4.  
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3.3.2: Signal Processing 

 

 
Figure 3.4: Proposed self-sensing signal processing strategy for Electromagnet 1. A sinusoidal interrogation voltage with 

magnitude 𝑉𝑒 and frequency 𝜔𝑒  is summed with the control voltage 𝑉(𝑡), producing current that is demodulated, 𝑖𝑑, and low-pass 

filtered, 𝑖𝐿. These two signals are used in conjunction with a unit-delayed position estimate, 𝑠𝑓𝑏 , to provide a saturation 

compensated position estimate, 𝑠𝑐𝑒  

A harmonic excitation voltage with amplitude 𝑉𝑒 and frequency 𝜔𝑒 is summed with the 

control voltage, 𝑉(𝑡). The resulting current is sampled and separated in the frequency domain by 

demodulating at the excitation frequency (𝑖𝑑) and low-pass filtering below 𝜔𝑒 (𝑖𝐿). The 

uncompensated position estimate, 𝑠𝑢𝑒, is calculated by multiplying by a hardware-specific 

constant. Low frequency current and a unit-delayed compensated position estimate, 𝑠𝑐𝑒, are used 

to calculate a saturation compensation gain. It should be noted that absolute EM-mover clearance 

𝑠 is calculated in this algorithm to avoid division by zero, a problem encountered when 

calculating mover offset (𝑥). 

Because present and prior theoretical models often fail to capture nonlinear effects such 

as flux fringing, nonhomogeneous material properties, relative permeability changes with flux 

density, etc., saturation compensation gain is characterized via a 2D lookup table. This table is 

generated by collecting data at various clearances and low frequency currents, then calculating 

the requisite gain to correct for uncompensated (𝑠𝑢𝑒) estimation errors. This approach 
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compensates for model limitations and uncertainty and corrects for slope and offset errors 

encountered in 𝑖𝑑-only (or 𝑠𝑢𝑒-only) techniques. Additionally, it is more robust to current 

measurement error; for a given 𝑖𝑑 error, offset-corrected position estimation error [15] [21] is 

proportional to the slope of the traces in Figure 3.3, whereas gain-based approaches are 

proportional to 𝑠 and uncompensated error. Figure 3.5 illustrates how demodulated current only 

approaches fail to account for changes in gain and offset, resulting in position estimation error. 

 

 
Figure 3.5: Uncompensated position estimate 𝑠𝑢𝑒 as a function of mover-stator clearance 𝑠 and low frequency current 𝑖𝐿. 

Uncompensated estimates demonstrate gain and offset errors which change with bias current. Data was generated using a 

magnetic finite element analysis (FEA) model of the actuator in [4] 

Sensing bandwidth is limited by the low-pass filter frequencies of both 𝑖𝐿 and 𝑖𝑑. Of the 

two, the post-demodulation LPF will have the most significant limitation as the signal amplitude 

is directly proportional to mechanical position. Low frequency current is affected by mechanical 

position via changes in magnetic circuit reluctance. However, the primary contribution to 𝑖𝐿 is 
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the applied control voltage 𝑉(𝑡). Sensing bandwidth is ultimately lower than the post-

demodulation low-pass filter (LPF), as amplitude roll-off in 𝑖𝑑 leads to position estimation error. 

Other authors have proposed using the ratio of 𝑖𝑑 from opposing electromagnets to avoid this 

issue, but they reported significant challenges in matching the hardware filtering frequency 

response between channels, leading to position estimation errors [10]. 

3.3.3: Stability Analysis 

For the purposes of stability analysis, the algorithm in Figure 3.4 can be simplified to the 

depiction in Figure 3.6  

 

 
Figure 3.6: Simplified gain compensation algorithm from Figure 3.4 

The system is nonlinear due to the saturation compensation gain lookup table; therefore, 

the first step is linearizing about the operating point (𝑖0 and 𝑠0). Doing so and neglecting the DC 

component yields: 

 

 𝑔 = 𝐶𝐿𝑖𝐿 + 𝐶𝑠𝑠𝑐𝑒 
(3.8) 

 

Where 𝐶𝐿 is the gain sensitivity to low frequency current and 𝐶𝑠 is the gain sensitivity to 

changes in clearance, both evaluated at the operating point. The linearized block diagram is 

shown in Figure 3.7. 
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Figure 3.7: Simplified gain compensation algorithm from Figure 3.6 linearized about the operating point 

Solving for 𝑠𝑐𝑒 and applying a 𝑧-transform: 

 

 
𝑆𝑐𝑒(𝑧) = 𝐶𝑑𝐼𝑑(𝑧) ∗ (𝐶𝑖𝐼𝐿(𝑧) +

𝐶𝑠

𝑧
𝑆𝑐𝑒(𝑧)) 

(3.9) 

 

Re-arranging and solving for 𝑆𝑐𝑒: 

 

 
𝑆𝑐𝑒(𝑧) =

𝐶𝑖𝐶𝑑𝐼𝑑(𝑧)𝐼𝐿(𝑧)

1 −
𝐶𝑑𝐶𝑠

𝑧 𝐼𝑑(𝑧)
 

(3.10) 

 

Equation (3.10) implies that the feedback loop is stable only if the term 𝐶𝑑𝐶𝑠𝐼𝑑 remains 

less than unity. This stability term, 𝐶𝑑𝐶𝑠𝐼𝑑, is plotted in Figure 3.8, as well as uncompensated 

estimated position. 
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Figure 3.8: Stability term (top) and estimated position 𝑠𝑢𝑒 (bottom) at a low-frequency current of 1 amp. The stability coefficient 

exceeds unity at approximately the same clearance 𝑠 as when slope of 𝑖𝑑 (and therefore 𝑠𝑢𝑒) changes sign due to magnetic 

saturation. 

As depicted in Figure 3.8 , the stability coefficient transitions above unity as magnetic 

saturation starts to occur (i.e., when the slope of 𝑠𝑢𝑒 transitions from positive to negative). A 

similar inflection is observed in 𝑖𝑑 at this transition. To ensure stability, therefore, the position 

estimate used for feedback must remain below this stability threshold; an unsaturated position 

estimate must be used for position feedback.  

Position feedback is selected based on the ratio of opposing electromagnet gains. Gains 

close to unity indicate low deviations from theoretical values (and therefore low saturation 

levels), while gains approaching zero indicate high saturation levels. The position estimate with 

the larger gain, therefore, is chosen for feedback. Feedback is linearly transitioned between 

sources; this process is defined in equations (3.11), (3.12) and Figure 3.9. 
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Figure 3.9: Peace-wise feedback selection blending technique. The feedback selection term 𝜖 is linearly interpolated over a gain 

ratio range of 2𝑤. Outside of this range 𝜖 is saturated at either 0 or 1, therefore selecting one position estimate. The value of 𝑤 is 

determined experimentally.  

 

 𝑠𝑓𝑏 = 𝜖𝑔1 + (1 − 𝜖)𝑔3 (3.11) 

 

 

𝜖 =

𝑔1

𝑔3
+ 𝑤 − 1

2𝑤
 (3.12) 

 

By transitioning between feedback sources, stability is maintained when transitioning 

between unsaturated and saturated regions. This is unique to the proposed approach, the 

techniques described in [15] and [19] both are either unstable in the saturation region or unstable 

when transitioning through this region. It should be noted that the work in [21] has a similar 

stability criterion – in that case, the offset compensation slope, 𝑘𝑚𝑥, must remain positive to 

ensure stability. In order to operate past the current slope inflection point a feedback selection 

approach similar to that proposed in this paper must be used.   

Using the proposed algorithm, an independent position estimate is obtained from each 

electromagnet. While these estimates could be selected or combined in a number of ways, an 

approach similar to (3.11) will be used for the remainder of the paper, described in (3.13). This 

approach linearly transitions between position estimates as a function of the gain ratio. 
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 𝑠𝑜𝑢𝑡 = 𝜖𝑠𝑐𝑒1 + (1 − 𝜖)𝑠𝑐𝑒3 
(3.13) 

3.3.4: FEA Model 

One of the electromagnets described in [4] was modeled in ANSYS Maxwell (ANSYS 

Inc., Irvine CA), as depicted in Figure 3.10. One quarter of the actuator was modeled to reduce 

computational time.  

 

 
Figure 3.10: Quarter ANSYS Maxwell model of the actuator described in [4].  

Material choices and dimensions matched the those of the prototype in [4], with the 

mover and back iron modeled as 24 gage M19 silicon steel lamination stacks and the main 

(center) and helper (left and right) coils modeled as 16AWG bondable magnet wire with 92 and 

100 turns, respectively. All coils were wired in series such that a positive current produces a 

downward flux in the center pole and upward flux in the side poles. Additional details on the 

actuator’s dimensions and construction can be found in [4] 

The electromagnet was characterized using a transient model at a matrix of pole-mover 

clearances (𝑠) and low-frequency currents (𝑖𝐿); a total of 925 points were evaluated. At each 

condition the coils were excited with a 7.5V peak, 1 kHz sinusoidal sensing voltage 
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superimposed onto a DC voltage, the value of which was determined by the desired current and 

coil resistance. The model was evaluated for 15 sensing cycles (15 ms) and a variety of 

parameters including induced current, calculated inductance, mover-stator force, and mean flux 

density through the center pole were exported to a comma separated variable (CSV) file. 

3.3.5: Experimental Setup 

An experimental setup (Figure 3.11) was designed and constructed using the actuator 

from [4]; this setup enabled the adjustment and measurement of mover position ±12 mils from 

centered and the measurement of mover-stator force. The mover was mounted to an assembly 

consisting of a mover mounting plate, mover mounting arm, and preloaded rod-ends to allow for 

low-friction movement in the vertical axis while restricting motion in other directions. Absolute 

mover position was measured using a Bentley Nevada 3300 XL inductive proximity sensor 

mounted behind the mover mounting plate, and stator-mover force was measured using a 500lbf 

capacity Loadstar RAS1 load cell mounted between the base plate and mover mounting arm. 

Mover offset was adjusted via ½-20 nuts on the rod connecting the load cell to the extrusion. 

Position and force sensor outputs were digitized using a custom analog to CAN circuit board 

employing a Texas Instruments (TI) TMS320F28069M launchpad; signals passed through a two-

pole hardware anti-aliasing filter was with corner frequency of 796 Hz, were sampled at 20 kHz, 

and routed to a 4-pole software low-pass filter with a 750 Hz corner frequency. The filtered data 

was transmitted on a CAN bus at 2kHz. 
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Figure 3.11: CAD model (top) and photograph (bottom) of the experimental setup.  

Coil excitation was performed by two TI DRV8302 3-phase motor drive evaluation 

boards outfitted with a TMS320F28069M control cards, providing each electromagnet with a 

full, independent H-bridge drive. The PWM outputs of both processors were synchronized in 
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hardware such that for an identical duty cycle, the PWM switching events occurred within an 

average of 85.6 ns and standard deviation 6.2 ns. Such alignment was necessitated by the need to 

reduce noise on the mid-duty-cycle current measurements. A laboratory power supply provided a 

50V DC bus to the motor drive boards; maximum bus voltage was limited by the evaluation 

board’s specifications. A 7.5V peak, 1kHz sinusoidal voltage was injected into the top (EM1) 

and bottom (EM3) electromagnets. 

AC phase current was measured by inserting a 56 mOhm current sense resistor in series 

with each electromagnet, the voltage across which was first buffered and gained by 20 using a TI 

INA240A1 current sense amplifier. The signals were then conditioned using a TI TLC2264 op-

amp configured to band-pass and gain the signals; they were routed through a single-pole 500 Hz 

high-pass filter (HPF), gained by 18.06, and anti-aliasing filtered using two, two-pole low-pass 

filters with corner frequencies of 3.078 and 1.933 kHz, respectively. The resulting signal was 

sampled at 20 kHz synchronously with the PWM cycle, with samples being centered on the 

PWM cycle to avoid switching noise. This signal acquisition strategy was necessary to resolve 

the relatively small ripple current magnitude (down to 15 mA) on the relatively large (up to 2000 

mA) DC current; it resulted in a drive-off noise floor of 0.08 mA peak. Low-frequency current 

was sampled using the evaluation board’s built-in low-side current sensors. 

Measured mover position, force, and demodulated current magnitudes and phases were 

transmitted on a CAN bus at 2kHz, with other system parameters (bus voltage, low frequency 

current, etc.) being transmitted at 50 Hz. These data were captured using a National Instruments 

(NI) USB-8502 CAN dongle via a graphical user interface (GUI) written in NI LabView. This 

GUI provided functionality to monitor and configure the drives in real time as well as record 

CANbus data to a CSV file for subsequent analysis. 
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3.4: Results 

Inductance of each electromagnet was measured over a range of mover positions using a 

Gwinstek LCR-916 LCR meter, configured to excite at 1kHz. These inductance measurements 

are compared with FEA predictions in Figure 3.12.  

 
Figure 3.12: Measured and FEA-predicted electromagnet inductance as a function of clearance  

Demodulated current was recorded at a matrix of clearances and low-frequency currents, 

both computationally (in the FEA model) and experimentally (using the test setup). A 

representative subset of these results is provided in Figure 3.13.  



   

56 

 

 
Figure 3.13: Measured and predicted demodulated current values as a function of low-frequency current and clearance 

It should be noted that the discontinuity in the 1000 mA and 2000 mA test data (at 4 and 

9 mils of mover-stator clearance, respectively) are due to the electromagnet’s negative stiffness 

exceeding the chassis’ mechanical stiffness. When this condition occurs, the test setup deflects 

and the mover is pulled toward the electromagnet until the two touch, causing the mover and 

stator to no longer remain coaxial. This discontinuity is present only in the closer 

electromagnet’s data, the far EM is unaffected as shown in Figure 3.14. 

 



   

57 

 

 
Figure 3.14: Demodulated current versus mover offset, positive offsets indicate the mover is closer to EM1. EMs 1 and 3 were 

driven at 1000 mA and 200 mA, respectively. Mechanical deflection of the test setup can be observed at approximately 8 mils, 

causing the closer EM (1) to contact the mover. The far EM (3) is unaffected by the deflection 

Because the load cell essentially acts as a spring in series with the chassis stiffness 

(thereby reducing the overall effective stiffness), it was removed for portions of the experimental 

testing. Experimental measurement of chassis stiffness including the load cell, conducted using 

an external position sensor, revealed a stiffness of 24.7 lbf / mil, significantly lower than the 

FEA-predicted peak negative electromagnet stiffness of 40 lbf/mil.  

Saturation compensation gain matrices (Figure 3.4) were calculated from both FEA and 

experimental data; contour plots of these matrices are shown in Figure 3.15. Demodulated 

current was gained and offset prior to calculating these matrices. While technically unnecessary, 

this helped better align the uncompensated estimates at low currents and large clearances.  
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Figure 3.15: Saturation compensation gain matrices for both FEA (left) and experimental (right) data. Gains closer to unity 

(lower right) indicate good agreement between uncompensated estimates and true clearance, whereas lower gains indicate that 

magnetic saturation has a larger impact on uncompensated estimates. 

 

 
Figure 3.16: Estimated position versus true position over an arbitrary position profile. Both EMs were driven with 1000 mA and 

mover position was swept. 
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3.5: Discussion 

Soft magnetic materials are typically sensitive to mechanical stress, with increases in 

internal stress reducing the material’s relative permeability [22]. Because the AMD’s stator and 

mover were laser cut, laminated, and then post-machined without a subsequent heat treatment, 

residual stresses from these processes likely explain the differences between predicted and 

measured inductance shown in Figure 3.12. This lower-than-predicted inductance thus explains 

the higher-than-predicted demodulated currents observed in Figure 3.13.  

Figure 3.13 demonstrates good agreement between FEA and test data once the 

approximately 8mA DC offset between the datasets is removed: FEA overestimates the 𝑖𝑑-

clearance sensitivity by 13.9% and 15.3% at low and high currents, respectively. Saturation sets 

in approximately 1.7 mils farther away in the test data at both low and high currents, indicating 

that the back iron’s B-H curve begins to saturate at a lower flux densities than the material 

specifications of the FEA model.  

The gain matrices in Figure 3.15 show similar trends, with the saturation (low-gain) 

regions occupying the high current, low clearance regions. Both exhibit a reduction in relative 

permeability, and therefore gain, as low-frequency current increases. Interestingly, both also 

exhibit a reduction in gain at currents close to zero, indicative of nonlinearity in the B-H curve at 

low H values. The more evenly distributed contour lines between gains of 0.8 and 1 in the test 

data indicate the actual B-H curve is less linear than predicted in the FEA model, it is instead 

more of a gradual transition into saturation. It should be noted that an identical approach can be 

used to map, and therefore predict, mover-stator force: the matrices of Figure 3.15 would contain 

force magnitudes instead of gains. 
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When subject to a profile sweep at nominal bias current, Figure 3.16 demonstrates that 

the proposed self-sensing technique is not only accurate in the magnetically linear region, but the 

feedback and output-selection technique provides accurate position estimates over a broad 

operating range. Root-mean-square (RMS) error over the profile is 0.164 mils, with 0.065 mils 

RMS being attributed to measurement noise on the 𝑖𝑑 signal. This accuracy is achieved despite 

including the mechanical deflection data in the calibration: the feedback and output selection 

technique transitions both outputs away from the closer EM before the inaccurate gain matrix 

region is comes into play. Figure 3.14 also demonstrates sensing robustness to misalignment: 

despite mover-stator angular misalignment, the output from EM3 remains linear. 

Compared to previous work, the proposed approach has a broader usable duty cycle 

range: for the chosen excitation voltage the duty cycle range was limited to 15-85% (vs. 25-75% 

in [19] [20]). This range is dependent on bus voltage: in this case hardware limitations dictated 

50V. For higher voltage applications with a 150 VDC bus, this same excitation voltage translates 

to a usable range of 5-95%. Signal-to-noise ratios for 𝑖𝑑 can be improved by increasing the 

excitation voltage at the expense of lower duty cycle ranges and increased noise production, 

which was audible during testing [22]. 

A key challenge in the construction of the self-sensing system was adequate filtering to 

separate the frequency domain into mechanical and self-sensing regions. Excitation frequency 

was set at 1kHz as a compromise between sufficient 𝑖𝑑 amplitude, excitation voltage, sampling 

frequency, and separation from the mechanical system bandwidth. One technique for 

overcoming these compromises is described in [23] where a high permeability, high electrical 

resistivity material is incorporated into the AMD itself, allowing for higher excitation 

frequencies to be used without significantly increasing excitation voltage and noise production. 
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Regardless of the self-sensing technique being used, several challenges remain before 

self-sensing is commercially viable. Acquiring a high bandwidth, low-noise 𝑖𝑑 measurement 

requires careful and deliberate electrical and software design. Because signal amplitudes can be 

as low as 15 mA, an ideal current sensor would have a noise floor of approximately 0.15 mA – a 

difficult task unto itself. This requirement is further complicated by the proximity to switching 

power electronics, which are notorious for inducing electrical noise in nearby signals. Precise, 

PWM-synchronous ADC sampling, although well within the capabilities of modern 

microcontrollers, is also a nontrivial implementation detail. 

An additional challenge not discussed in this research is the cross-coupling of axes – 

movement orthogonal to the sensing axis produces changes in 𝑖𝑑 with no physical change in 

clearance. This phenomenon is caused by actuator geometry and is independent of self-sensing 

technique. Other researchers have proposed techniques for solving this problem [16] [19], but 

more research must be performed before a commercially viable solution is found.  
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4. Chapter 4: Blade Tip Clearance Sensing via a novel Passive Eddy Current Sensor 

Note: Significant portions of this work have been redacted at the request of Parker Lord 

4.1: Abstract 

Gas turbine engine efficiency is closely linked to the clearance between the turbine blade 

tips and the engine casing; it is estimated that for every 0.001” reduction in turbine tip clearance 

specific fuel consumption (SFC) is reduced by 0.1%. Technologies exist for controlling blade tip 

clearance (BTC), but in-service sensing is not yet possible due to the line-of-sight requirements 

of existing sensors. In this paper, a novel passive eddy current (PEC) sensor for BTC is proposed 

which eliminates the line-of-sight limitations. Its sensor geometry is optimized using 2D 

magnetic finite element analysis (FEA), and the model is validated via fabrication and 

experimental testing of a prototype sensor on a high-speed test stand. Sensor timing is shown to 

be linear with BTC and relatively insensitive to other system parameters (rotation speed, magnet 

width, housing thickness, and blade width). Close agreement is shown between simulated and 

experimental performance; differences in BTC timing sensitivity are within 1.5% over a range of 

2.54 mm, thus validating the 2D magnetic model as a useful design tool. 

4.2: Introduction 

Fuel costs are a primary consideration in the operation of aviation gas turbines; for this 

reason, efficiency is a key metric in the design process. One approach for increasing gas turbine 

efficiency is to reduce the running clearance between the blade tips and casing (Figure 4.1), 

thereby reducing gas flow over the tips of both compressor and turbine blades. Reducing these 

clearances has several benefits, namely significant reductions in specific fuel consumption 

(SFC), lowered exhaust gas temperatures (EGT), increased compressor stall margins, increased 

time on wing, and reduced emissions [1]. It is estimated that for every 0.001” reduction in 
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turbine tip clearance, SFC is reduced by 0.1% and exhaust gas temperatures (EGT) are reduced 

by 1°C [2]. Real-time measurement of tip clearance can be used for engine health monitoring, 

enabling the detection of rotor imbalance, shaft bow, and the detection of blade damage due to 

crack growth, blade creep, and foreign object debris (FOD) impacts [3]. 

 

 
Figure 4.1: Illustration of tip clearance, δ, between the 1st stage turbine blade (2) and abradable coating (4) [4] 

Technologies exist for actively controlling both compressor and turbine tip clearances, 

though in service these systems are limited to open-loop operation due to the lack of accurate and 

robust blade tip clearance (BTC) sensors [5]. Several tip clearance measurement technologies 

exist based on a variety of sensing modalities (capacitive, active eddy current, infrared, optical, 

and microwave) [6], but these sensors are only suitable for engine development. While each 

sensing approach presents unique advantages and challenges, a common limitation is the 

necessity for line-of-sight between the sensor to the blade tips. This critical limitation has to date 

prevented in-service measurement and control of tip clearances; exposing sensors to the gas path 
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significantly increases their operating temperatures, risks associated with contamination and 

mechanical failure, and the introduction of potential leakage paths to the engine case. Line-of-

sight requirements stem from the active nature of these technologies: electrically-conductive or 

optically-opaque materials between the sensor and blade tend to block the sensing signal. 

Passive eddy current (PEC) sensors offer a unique alternative to line-of-sight sensing, as 

they rely on induced sensing through non-ferrous materials. This enables PEC sensors to be 

recessed behind the engine’s housing, providing protection from the harsh gas path environment. 

Similar in construction to variable reluctance (VR) sensors (Figure 4.2), a PEC sensor (Figure 

4.3) typically consists of a permanent magnet, a pole piece, and at least one coil, with blades 

passing below the sensor.  

 

 
Figure 4.2: Cross-section view of a typical passive eddy current sensor, which consists of a ferrous pole piece, vertically-

magnetized permanent magnet, and sensing coil. Blades rotate below the sensor.  

PEC sensing is governed by Faraday’s law [7], Ampere’s law [7] and Ohm’s law [8]: 

 

 

 𝑉(𝑡) =
𝑑Ψ(t)

𝑑𝑡
  (4.1) 
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∮ 𝐻 ⋅ 𝑑𝑙 = 𝐼𝑒𝑛𝑐 
(4.2) 

 𝐽 = 𝜎(𝐸 + 𝑣 × 𝐵) (4.3) 

 

As a blade tip passes through the PEC sensor’s magnetic field 𝐵 with velocity 𝑣, eddy 

currents with current density 𝐽 are induced in direct proportion to the blade’s tip speed and 

electrical conductivity 𝜎. According to Ampere’s Law (4.2), these eddy currents then induce a 

magnetic field 𝐻 in opposition to 𝐵. The opposition of these two fields modifies the total flux 

through the pole piece and sensing coil, thereby inducing a measurable output voltage per 

Faraday’s law, (4.1).  

Large air gaps and complex geometries make analytical modeling of this sensing 

phenomenon difficult; in recent decades researchers have investigated closed-form solutions of 

simpler problems, namely the eddy current brake [9] [10] [11] [12]. The lack of closed-form 

solutions for PEC BTC sensing has led other authors to use both 2D and 3D finite element 

analysis (FEA) models to predict sensor performance, both of which yielded good agreement 

with experimental results [13] [14]. Due to the output waveform’s distinct zero crossing, PEC 

sensors are typically used for detecting blade passage timing, not clearance measurement [15]. 

As others have shown, signal amplitude is generally inversely proportional to clearance [16] 

[17], however cross-sensitivities to non-clearance parameters (e.g. electrical conductivity, 

geometry, magnetic field intensity, and temperature) make amplitude-based approaches 

challenging to calibrate. These shortcomings are addressed in this paper, where a novel timing-

based passive eddy current blade tip clearance sensor is developed, optimized, and 

experimentally validated.  
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4.3: Methods 

4.3.1 FEA Model 

The structure of an improved passive eddy current sensor, shown in Figure 4.3, consists 

of a U-shaped back iron piece, a vertically-polarized permanent magnet, and two sensing coils 

wrapped around the pole piece when viewed from the top. The sensing coils are named in 

reference to a blade pass; blades first pass below the leading coil. The profiles in Figure 4.3 

extend into the page, forming a rectangular-shaped sensor. A blade wheel is shown below the 

sensor, the geometry of which is representative of turbomachinery compressor blades.  

 

 
Figure 4.3: Cross section of the improved passive eddy current sensor, which consists of two coils, a permanent magnet, and a 

U-shaped back iron segment  

Sensor performance was predicted via 2D transient electromagnetic simulations in 

ANSYS Maxwell (ANSYS Inc., Irvine CA), an electromagnetic finite element analysis (FEA) 

package. The model was configured to rotate a blade wheel 180° counterclockwise under a 

stationary PEC sensor while the induced voltage in both the leading and trailing coils were 

recorded. A 2D model was chosen to reduce computational demands; the 2D model solved in 

approximately 2 hours whereas similar 3D models took up to 24 hours. Model materials were 
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selected with the extreme operating temperatures of turbomachinery in mind: the back iron was 

composed of a soft magnetic material with a relative permeability exceeding 20,000 and 

saturation above 2.0 T. Similarly, a rare earth magnet was chosen due to its relatively high 

maximum energy product and high maximum operating temperature (>500°C). Sensing coils 

were modeled as 36 AWG copper magnet wire. The number turns for each coil was maximized 

based on the available space between the poles and permanent magnet; square circle packing was 

assumed. Both the blade wheel and housing were modeled as Inconel, a common material used 

in turbomachinery due to its high strength and low creep at elevated temperatures.  

As illustrated in Figure 4.4, the sensor’s static magnetic circuit can be decomposed into 

two mirrored circuits symmetric about its vertical axis. In the absence of a turbine blade, the field 

flux produced by the permanent magnet is evenly distributed about this axis; as a blade passes 

this balance is disturbed. Flux from the PM is biased away from the circuit closest to the blade, 

inducing opposing voltages in the two sense coils. These voltages, quantified by the FEA model 

at various pole clearances and shown in Figure 4.5, are approximately symmetric about the x-

axis due to this biasing effect. Figure 4.6 demonstrates the shift in flux at two blade wheel 

positions. 
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Figure 4.4: Flux density field produced by the passive eddy current sensor. At rest, the flux is evenly distributed between the 

leading and trailing portions of the back iron, producing a flux distribution that is approximately symmetric about the black 

dashed line 

 

Figure 4.5: Simulated voltage waveform from the novel eddy current sensor at 18,000 RPM and various pole clearances. Arrows 

show the movement of the waveform peaks as pole clearance increases. Timing values have been normalized against the blade 

pass timing, the inverse of blade passage frequency, to account for speed-related effects. Integer values of 𝜃𝑛 indicate when blade 

𝑛 is mechanically centered under the sensor. 
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Figure 4.6: Demonstration of how the sensor’s flux lines shift at two blade wheel positions. As the blade wheel rotates from the 

grey to red position, indicated by the large arrow, flux lines shift from the grey to red positions, indicated by the smaller arrows. 

This bias in the flux generates the waveforms in Figure 4.5. 

A distinct advantage of this novel PEC sensor design is that its magnetic field geometry, 

rather than its flux density magnitude, can be used to sense clearance. As Figure 4.5 shows the 

time (and therefore mechanical distance) between waveform peaks – either within one waveform 

or between the leading and trailing coils – increases with pole clearance. Unlike magnitude-

based approaches this trend is relatively insensitive to variations in blade geometry and 

permanent magnet characteristics (size, residual flux density Br, etc.). While changes to such 

parameters might affect the voltage amplitude, the peak-to-peak timing remains largely 

unaffected. Figure 4.7 illustrates this concept by establishing a baseline design and individually 

modifying each parameter; the normalized time between the leading and trailing coil’s negative 

peaks at each point is recorded. 
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Figure 4.7: Normalized peak to peak timing of the novel eddy current sensor as a function of several geometric parameters. A 

baseline geometry was established, then each parameter was individually modified while others were held constant. This 

demonstrates the relative sensitivity of each parameter to the baseline condition. This peak-to-peak value has been normalized 

against the time for one blade pass to remove any speed-dependent effects. 

The novel PEC sensor is significantly less sensitive to the parameters in Figure 4.7 than 

magnitude-based approaches: as pole clearance is increased by 50% the normalized peak to peak 

timing increases by 22.5%. For the same percent change in blade width, the normalized output 

changes by only 1.9%.  

4.3.2: Signal Processing 

A signal naming convention, established in Figure 4.8, is adopted for the remainder of 

this paper. Blades are numbered sequentially in a clockwise fashion from a reference blade. Each 

blade induces four voltage peaks (two positive, two negative as shown in Figure 4.8) as it passes; 

the magnitudes of these peaks for blade 𝑏 are designated 𝑚1
𝑏 − 𝑚4

𝑏 and occur at times 𝑡1
𝑏 − 𝑡4

𝑏 

and normalized mechanical angles 𝜃1
𝑏 − 𝜃4

𝑏 . Thus, the time between the 1st and 4th peak is 𝑡1:4
𝑏 , 
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the normalized mechanical angle is 𝜃1:4
𝑏 , and the associated voltage magnitude difference is 𝑚1:4

𝑏 . 

Signal zero crossings for leading (𝑍𝐶𝐿) and trailing (𝑍𝐶𝑇) coils uses a similar naming 

convention, occurring at time 𝑡𝑍𝐶𝑥
𝑏 , the absolute time between two zero crosses being 𝑡𝑍𝐶Δ

𝑏 , and 

the slope at the zero-cross being 𝑠𝑍𝐶𝑥
𝑏 . The time at which blades are mechanically centered on the 

sensor, indicated by integer values of 𝜃𝑛, are referred to as 𝑡𝐵𝑃
𝑏 .  

For two coils wired in series, the waveform adopts the leading coil’s nomenclature and a 

𝑠 is added in front of the peak number (𝑡𝑠𝑛
𝑏 ). Unless otherwise specified, all values are averages – 

FEA results are the average of identical blade passes over 180° of disk rotation, and test results 

are the per-blade averages over several revolutions. 

 
Figure 4.8: Signal naming convention for the passive eddy current sensor indicating the magnitude and location of each peak, as 

well as the location of each signal zero crossing. 

It should be noted that signal timing parameters are normalized against blade pass timing, 

the inverse of blade pass frequency, resulting in the unitless angle 𝜃𝑛. This technique is used to 

normalize for rotor speed, such that waveform parameters can be compared at a variety of 
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speeds. Timing and unitless positions are therefore used interchangeably for the remainder of this 

paper.  

4.3.3: Prototype Sensor 

FEA results were experimentally validated by constructing a prototype sensor. Sensor 

geometry was determined based on design optimization results, the specifics of which have been 

omitted at the request of Parker Lord. The pole piece was machined from a soft magnetic 

material, and custom rare earth permanent magnets were obtained. Coils were wound using 

bondable magnet wire and an Adams-Maxwell 1200-3AX coil winding machine.  

The sensor was assembled and epoxied on to a base plate; tooling was used to accurately 

position the sensor on the plate as the epoxy cured. The sensor-plate assembly was then bolted 

into a housing (Figure 4.10). A harness was constructed using 22 AWG shielded twisted quad 

wire; one end was terminated at the sensor’s coils and the other in a connector. 

 

  
Figure 4.9: Assembled prototype sensor mounted in housing 

To further enhance the signal-to-noise ratio an INA128 precision instrumentation op-amp 

(Texas Instruments, Dallas, TX) was used in conjunction with a universal instrumentation 
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amplifier evaluation module (Texas Instruments, Dallas, TX) and a Metcase M6219235 19-inch 

rack enclosure (Metcase, Bridgeville, PA). A custom isolated power supply circuit provided 

±15V to the evaluation board. This op-amp measured the differential voltage across each coil 

while rejecting common-mode noise; the op-amp’s output was connected to an earth-referenced 

oscilloscope (LeCroy WaveSurfer 10).  

4.3.4: High-Speed Test Stand 

The high-speed test stand from [18], shown in Figure 4.10, provided a controllable range 

of shaft speeds up to 20,000 RPM. A high-speed spindle drive (Spindel 60120-0) powered a 

Fischer MFV-1712 spindle mounted below a heavy-duty table. The spindle was cooled by a 

Turmoil OC-50R chiller and lubricated using a Precise 334916 oil-air lubricator. The test stand’s 

drive section (the top portion shown in Figure 4.10) consists of an integral domed pulley driven 

by a second domed pulley mounted to the high-speed spindle. The two pulleys were connected 

using a Brecoflex ESB high-speed flat belt; the 2:1 ratio of pulley diameters results in the drive 

section spinning at twice the spindle speed. The belt’s non-driven side was tensioned using a flat 

idler pulley, with tensioning force provided by a calibrated weight. The drive section’s shaft was 

supported on either side of the belt using a pair of SKF 7602 angular-contact bearings, arranged 

in a face-to-face configuration. Both sets of inner races are constrained axially using a shoulder 

and bearing nut, and the left pair’s outer races are constrained using cover plates on either side. 

Both bearing pairs are lubricated and cooled using a Fischer 104310 oil-air system. A Monarch 

ROLS laser tachometer is mounted on the drive section to monitor shaft speed. 
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Figure 4.10: Schematic (a) and photograph (b) of the high-speed test stand. A high-speed spindle, mounted below the table, 

drives a flat belt. The belt spins the drive portion of the test stand, to which is mounted an Inconel blade wheel 
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A 152.4 mm (6 inch) diameter, 25.4 mm (1 inch) thick Inconel bladed wheel was 

mounted to the high-speed shaft using a taper lock mechanism. The wheel’s nominal diameter 

and blade profile matched that of the FEA model. Radial and axial position of the eddy current 

sensor was controlled using two computer-controlled linear slides, with a custom 3D printed 

bracket mounting the sensor to the slides.  

Testing was automated using a MATLAB script. A series of test stand speeds, sensor 

clearances, axial positions, and data acquisition parameters were recorded into a spreadsheet. For 

each test point (row) in the spreadsheet MATLAB commanded the appropriate parameters to the 

motor drive, PI controllers, and oscilloscope. When test stand conditions matched the 

commanded values, MATLAB acquired the waveforms from the oscilloscope and saved them to 

the computer’s hard drive.  

4.4: Results 

4.4.1: Prototype Sensor 

Test data was taken with commanded speeds of 10, 12, 14, and 15 kRPM, at each speed 

data was taken at pole clearances between 3.81mm and 7.63mm at 0.635mm intervals. Due to 

the test stand’s open loop speed control, data were taken at speeds approximately 3.6% lower 

than commanded. To validate the accuracy of the FEA model, the highest speed test conditions 

(14,148 RPM) were replicated in FEA. A waveform comparison between test and FEA data is 

shown in Figure 4.11. 
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Figure 4.11: Waveforms for both the FEA model (a) and test data (b) evaluated at 14,458 RPM and plotted against normalized 

position. Black arrows demonstrate the separation of negative peaks with increasing pole clearance in both FEA and test data. 

Waveform amplitudes have been normalized at the request of Parker Lord. 

 

The FEA-generated waveforms are visually similar to the test data, with signal amplitude 

being the primary difference. FEA over-predicted peak-to-peak amplitude by an average factor 

of 4.569. This factor is consistent over pole clearances with a mean standard deviation, 𝜎, of 

0.159. Table 4.1 summarizes the amplitude ratio’s mean and standard deviation for individual 

coils. 

 

Table 4.1: Ratio of FEA to test peak-to-peak amplitudes. Leading and trailing coils are tabulated individually and combined. 

Coil Mean 𝜎 

Leading 4.661 0.165 

Trailing 4.477 0.090 

Mean 4.569 0.159 
 

 

Waveform peak trends align well between test and FEA, with similarly positioned peaks 

trending in the same direction as pole clearance increases. The black arrows in Figure 4.11a and 

Figure 4.11b demonstrate the sensor’s chosen output metric - 𝑡2:3, or negative peak to peak 



   

80 

 

timing – exhibits the same trend in both FEA and test data, validating that the FEA model is a 

reliable predictor of sensor timing trends.  

The FEA model was further validated by choosing one test condition – 14,458 RPM and 

3.81mm pole clearance – and normalizing both test and FEA waveforms such that the negative 

trailing peaks aligned. With the amplitude difference removed, Figure 4.12 further demonstrates 

good qualitative correlation between the FEA model and those acquired in test.  

 

 
Figure 4.12: Normalized test and FEA waveforms at a pole clearance of 3.81mm and 14,458 RPM. The FEA waveform was 

normalized against the leading positive peak amplitude and the test waveforms were scaled until the trailing negative peaks 

aligned.  

Sensitivity of 𝑡2:3 with respect to pole clearance was explored in Figure 4.13a. Average 

𝑡2:3 at each speed was plotted as a function of pole clearance, the resulting figure showing an 

approximately linear relationship with pole clearance and little speed dependence. Figure 4.13b 

depicts the slope of Figure 4.13a demonstrating that while some clearance dependence is present, 

it does not make up a significant percentage of the overall slope. 
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Figure 4.13: Test and FEA negative peak to peak timing (𝑡2:3) as a function of pole clearance (a) and the slope of this trend, or 

the timing sensitivity to gap (b).  

Linearity was further explored by fitting linear trendlines to each speed; trendline 

constants are listed in Table 4.2. R2 values for individual speeds are 0.9992 or greater for FEA 

and 0.9996 or greater for test, with a linear fit combining all speeds for FEA and test individually 

being slightly lower at 0.9988 and 0.9995, respectively.  
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Table 4.2: Linear trendline coefficients for traces in Figure 4.13 

 

Speed 

(RPM) 
Slope Offset R^2 

FEA 

9644 0.0458 0.162 0.9993 

11568 0.0464 0.158 0.9992 

13194 0.0469 0.154 0.9992 

14455 0.0473 0.151 0.9993 

All 0.0466 0.156 0.9988 

Test 

9644 0.0463 0.1658 0.9997 

11568 0.0470 0.162 0.9997 

13194 0.0476 0.1587 0.9996 

14455 0.0481 0.1563 0.9996 

All 0.0473 0.161 0.9995 
 

 

The primary difference between the speed-combined FEA and test trendlines is in the 

offset value - the slopes differ by 1.5% whereas the offsets differ by 3.2%. This could be caused 

by several factors including inaccuracy in the recorded clearances at which test data was taken. A 

160 µm offset in recorded position would account for the FEA – test offset in Figure 4.11a, 

which is within the margin for error for process by which the zero-clearance condition was 

calculated.  

4.5: Discussion 

Performance of the novel PEC blade tip clearance sensor was validated using both FEA 

and a prototype sensor, with the negative peak-to-peak timing (𝑡2:3) exhibiting a linear 

relationship with pole clearance. FEA predicts this timing metric is relatively insensitive to other 

system parameters (magnet width, housing thickness, blade width), a significant improvement 

over previous amplitude-based approaches. Similar peak timing trends were observed between 

the FEA model and prototype sensor, and when scaled by a constant, the waveforms were 

qualitatively similar.  
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The FEA model accurately predicted changes in 𝑡2:3 with pole clearance, with the linear 

fit slope coefficient differing 1.5% from test data. The accuracy by which FEA was able to 

predict prototype sensor timing performance adds confidence that timing sensitivities to other, 

hard to prototype variables - changes in blade width, housing thickness, magnet width, etc. - will 

hold true when encountered in the real world. Final calibration will ultimately need to be 

performed on representative sensor and blade wheel hardware, but FEA has proven to be an 

effective design tool capable of predicting timing-based trends, as well as amplitude-based trends 

when the appropriate scaling factor is applied.  
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5. Chapter 5: Future Work 

5.1: Reduction in Critical-Speed Induced Lateral Rotor Vibration 

The work presented in Chapter 2 demonstrated the feasibility of using AMDs to reduce 

critical-induced mid-span LRV on a test stand, with reductions averaging 79% over the 

undamped case. The next step in technology development is to consider the practical challenges 

associated with incorporating such a device into a turbomachine. This entails a detailed design 

study on the required force capacity, bearing moment and radial force capacities, space 

constraints, electrical power availability, feedback signal type (acceleration or displacement) and 

location, etc., and the outcome of which are design requirements for such an actuator.  

Additionally, control strategies for different machine operating regimes should be 

considered. The work in Chapter 2 focused on critical-induced LRV, however the active nature 

of the AMD lends itself to potential benefits outside of machine startup and shut down. For 

mobile applications the AMD may be used to stiffen or soften the bearing mounts in reaction to 

vehicle motion, resulting in reduced inertial shaft deflection at bearing support and (therefore 

blade tips). This reduction in blade tip motion would allow designers to further reduce the static 

tip clearance, increasing engine efficiency.  

Chapter 3 detailed the development and experimental validation of a self-sensing 

controller for the actuator in Chapter 2; sensing accuracy of 0.164 mils RMS was achieved with 

a theoretical bandwidth of 250 Hz. Further development of this technology can be broadly 

divided into four categories: Orthogonal axis coupling mitigations, mechanical and electrical 

hardware modifications, closed-loop force control, and test stand improvements. 

Although neglected in most of the self-sensing literature, orthogonal axis coupling 

remains as a significant technical hurdle to commercial implementation of self-sensing. Mover 
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displacement orthogonal to a given axis results in an indicated change in on-axis displacement, 

leading to in position estimation errors. This is primarily a geometric effect (Figure 5.1) and is 

not specific to actuator geometry.  

 

 
Figure 5.1: Example of orthogonal axis coupling. The mover is displaced vertically from a relative position of -12 mils (far from 

top EM, red) to +12 mils (close to top EM, black), resulting a relative gap change in the highlighted pole. Despite the 

displacement occurring orthogonally, this displacement changes the reluctance of the right EM’s magnetic circuit.  

 

Compensating for this effect has been explored by some authors using a coupled 

reluctance network model [1] [2], however these results need to be experimentally validated. 

Additional research into this subject will be required before self-sensing becomes a 

commercially viable technology.  

One of the key compromises in self-sensing is adding sensing capabilities to a device 

designed for maximum force density. This leads to complications stemming from injecting or 

measuring high frequency current through a relatively large inductance, resulting in less-than-

ideal signal to noise ratio (SNR), duty-cycle restrictions, small frequency domain separation 

between mechanical response and sensing frequencies, and magnetic nonlinearities such as eddy 

currents and saturation. Many of these issues can be mitigated through modifying the actuator 
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design with self-sensing in mind, for example [3] incorporates an electrically-resistive feature in 

the actuator design; such a feature permits higher sensing frequencies while maintaining better 

signal amplitude and minimizing magnetic and electrical nonlinearities. This modification would 

surely come at the expense of force capacity; however, this tradeoff may be acceptable where 

reliability is prioritized over actuator size. Furthermore, force density may be increased by using 

more exotic (and therefore more costly) back iron and mover materials. 

Regardless of actuator mechanical modifications, the work in Chapter 3 highlighted the 

importance of proper electrical design for self-sensing systems. The relatively small current 

measurement signals in close proximity to switching power electronics necessitates maximum 

isolation, ideally via a bespoke printed circuit board (PCB) with dedicated signal and power 

planes. Also important is the physical location of the current sensors relative to the power 

electronics; inductive ringing was observed in the current measurement signals due to the large 

physical separation necessitated by the use of evaluation PCBs. Finally, bespoke electronics 

would allow a much higher DC bus voltage (up to 170V in countries with 120V mains), 

minimizing the sensing voltage’s impact on duty cycle restrictions.  

The work in Chapter 3 focused on saturation-tolerant position sensing, however the 

approach chosen easily extends to high-bandwidth force estimation (and therefore control). 

Figure 3.4 can be modified as shown below, with new signal paths in red: 
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Figure 5.2: Self-sensing signal processing modification to include force estimation. Force estimates are calculated in an identical 

manner to saturation compensation gains; it is a lookup table with low-frequency current and position estimates as inputs. A 

feedback loop could be created using control voltage, 𝑉(𝑡), as the input and estimated force, 𝐹𝑒 as the feedback source. 

Reluctance force is a function of both mover position and low-frequency current, the 

same inputs used in the saturation compensation gain matrix. It is natural, then, to extend the 

signal processing diagram (Figure 5.2) to include a force estimate. It was initially planned to 

include this estimate in Chapter 3; however, the load cell’s added compliance significantly 

reduced the gaps and currents that could be characterized and was therefore omitted from the 

work. Closed-loop force control would be achieved via feeding back this force estimate and 

adjusting 𝑖𝐿 through each EM (potentially via a current-control loop) to minimize error.  

A key takeaway from the test data in Figure 3.14 is that the test stand constructed for the 

self-sensing controller development (Figure 3.11) was not sufficiently stiff to prevent mover-

stator contact at high current and small gaps. The self-sensing results were unaffected due to the 

position output selection technique’s avoidance of the impacted gain map regions; however, the 

compliance necessitated the removal of the load cell, precluding load data from being recorded 

concurrently with demodulated current. Additionally, the S-beam load cell’s stiffness was also 

roughly an order of magnitude lower than what would be required in such a setup. As a practical 

matter these issues should be addressed moving forward.  
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While more research is needed to make self-sensed systems a commercially viable 

technology, current state-of-the-art techniques could be used as a backup to sensed AMB and 

AMD systems. Such a configuration could avoid significant damage in the event of a position 

sensor failure and allow the machine to safely shut down, alerting the operator to the failure in 

the process. In safety-critical applications this may be a requirement; dissimilar sensing 

technologies are often required.  

5.2: Blade tip clearance monitoring 

 Future development details of the blade tip clearance sensor have been redacted at the 

request of Parker Lord.  

  



   

91 

 

5.3: References 

[1]  E. O. Ranft, G. Van Schoor and C. P. Du Rand, "Self-sensing for electromagnetic actuators 

Part I: A coupled reluctance network model approach," Sensors and Actuators A: Physical, 

vol. 172, p. 400–409, 2011.  

   

[2]  E. O. Ranft, G. Van Schoor and C. P. Du Rand, "Self-sensing for electromagnetic 

actuators. Part II: Position estimation," Sensors and Actuators A: Physical, vol. 172, p. 

410–419, 2011.  

   

[3]  Y. Tremaudant, M. Brunet and U. Schroeder, Active magnetic bearing with automatic 

detection of the position thereof, 2005.  

   

 

 


	1. Chapter 1: Introduction
	1.1: Reduction in Critical-Speed Induced Lateral Rotor Vibration
	1.2: Blade Tip Clearance Monitoring
	1.2: References

	2. Chapter 2: Active Magnetic Dampers for High-Speed Shafts
	2.1: Abstract
	2.2: Introduction
	2.3: Methods
	2.3.1: High Speed Test Stand
	2.3.2: Active Magnetic Damper
	2.3.3: Finite Element Beam Model
	2.3.4: Control Strategy

	2.4: Results
	2.4.1: Simulation
	2.4.2: Test Stand

	2.5: Discussion
	2.6: References

	3. Chapter 3: Saturation-Tolerant Self-Sensing for Active Magnetic Dampers
	3.1: Abstract
	3.2: Introduction
	3.3: Methods
	3.3.1: Theoretical Model
	3.3.2: Signal Processing
	3.3.3: Stability Analysis
	3.3.4: FEA Model
	3.3.5: Experimental Setup

	3.4: Results
	3.5: Discussion
	3.6: References

	4. Chapter 4: Blade Tip Clearance Sensing via a novel Passive Eddy Current Sensor
	4.1: Abstract
	4.2: Introduction
	4.3: Methods
	4.3.1 FEA Model
	4.3.2: Signal Processing
	4.3.3: Prototype Sensor
	4.3.4: High-Speed Test Stand

	4.4: Results
	4.4.1: Prototype Sensor

	4.5: Discussion
	4.6: References

	5. Chapter 5: Future Work
	5.1: Reduction in Critical-Speed Induced Lateral Rotor Vibration
	5.2: Blade tip clearance monitoring
	5.3: References


