
ABSTRACT 

THIRUMALAI, MADHUSUDAN P. Novel Gas Turbine Cooling Configurations under 

Stationary and Rotating Conditions. (Under the direction of Dr. Srinath V. Ekkad). 

 

Higher turbine inlet temperatures (TIT) are required for higher overall efficiency of gas turbine 

engines. Due to the constant push towards achieving high TIT, the heat load on high pressure 

turbine components has been increasing with time. Gas turbine airfoils are equipped with several 

sophisticated cooling technologies which protect them from harsh external environment and 

increase their operating life and reduce the maintenance cost. The turbine airfoils are coated with 

thermal barrier coatings (TBCs) and the external surface is protected by film cooling. The internals 

of gas turbine blades are cooled by relatively colder air bled off from the compressor discharge. 

Gas turbine internals can be divided into three broad segments – (1) Leading edge section, (2) mid-

chord section and (3) trailing edge section. The leading edge of the airfoil is subjected to extreme 

heat loads due to hot main gas stagnation and high turbulence intensity of the combustor exit gases. 

The leading edge is typically cooled by jet impingement which cross-over the rib turbulators in 

the feed chamber. The mid-chord section of the turbine airfoils has serpentine passages connected 

via. 180° bends, and they feature turbulence promotors which enhance the heat exchange rates 

between the coolant and the internal walls of the airfoil. The trailing edge section is typically 

cooled by array of pin fins. On one hand, the coolant routed through the internal passages of turbine 

airfoil help maintain the airfoil temperatures within safe limits of operation, the cooled air comes 

at a cost of loss of high-pressure air from the compressor section. 

Further, gas turbine blades operate at high rotation speeds, and the fluid flowing through 

the internal passages would be subject to Coriolis and centrifugal buoyancy forces. The combined 

effect of these forces results in heat transfer enhancement and reduction on the pressure and suction 

side of the blade walls, leading to non-uniform cooling. Hence, development of cooling 



configurations having thermal hydraulic performance under rotating conditions is important to 

increase the blade operating life and overall engine efficiency. 

The primary focus of this work will be on developing novel cooling configurations such as 

broken ribs and multiple tangential jets and studying the effects of rotation.   The aim would be to 

provide better cooling concepts by understanding the underlying flow mechanics for these 

configurations under both stationary and rotating conditions.  
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Chapter 1  

Effect of Rotation on 45-Degree Broken V-Ribs in a 2-Pass Square Channel 

 

1.1 ABSTRACT 

The demand for elevated turbine inlet temperatures in gas turbine airfoils requires the 

innovation of advanced internal cooling designs to enhance turbine durability and performance. 

The internal cooling passages in gas turbine blades typically feature ribs that are designed to induce 

turbulent mixing consequently increasing heat transfer. As the turbine blades rotate, the Coriolis 

and Centrifugal forces affect the fluid flowing through these channels, thereby causing a non-

uniformity in heat transfer distribution between the pressure side and suction side of the turbine 

blade internal cooling channels. Prior studies have explored various geometries of ribs under 

stationary and rotating conditions. The present study investigates the heat transfer characteristics 

of a two-pass channel (AR = 1) featuring 60 degree broken-V ribs which has not been studied in 

detail under rotation. The rib-height to hydraulic diameter ratio is 0.125 and rib-pitch to height 

ratio of 16. The heat transfer coefficient was measured using transient liquid crystal thermography 

technique and detailed Nusselt numbers have been reported. The experiments were carried out for 

varying Reynolds number (35000, 45000 & 60000) to cover a typical range of operating conditions 

found in air-breathing engines. 

1.2 INTRODUCTION 

Gas turbines are a crucial component in today’s industrial power generation setting, and 

the need to enhance efficiency and increasing environmental concerns lead to increased thermal 

loads on high pressure turbine (HPT) stage components. The main goal is to obtain a high overall 

cooling effectiveness of these HPT stage components with the lowest possible penalty on the 

overall thermodynamic efficiency. Typically, complicated film cooling and internal cooling 
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concepts are implemented in HPT components to protect them from high thermal loads and to 

ensure safe operating conditions. Air diverted from a high-pressure stage compressor is fed 

through internal passages in order to cool the HPT airfoils. This adds to the work required by the 

compressor, and the cooling air does not contribute to power generation, thus making it a precious 

resource that must be used judiciously and hence better cooling designs imposing minimal 

pumping power are desired. Detailed numerical and experimental studies have been conducted 

into the advancement of internal cooling configurations [1.1,1.2]. However, a majority of these 

studies focused predominantly on stationary conditions and evaluation of these cooling concepts 

under rotating conditions is important. Fluid flow in a rotating passage is different compared to 

stationary conditions, due to rotation induced centrifugal and Coriolis forces which augment the 

heat transfer characteristics on the leading and trailing walls. 

One of the initial studies conducted by Wagner et al [1.3] to investigate the effect of 

rotation on a 1:1 AR square channel, showed an increase in heat transfer in the trailing wall 

compared to a decrease in the leading wall. This study shows that for a rotating-channel with 

radially outward flow; the Coriolis force pushes the fluid towards the trailing side. The secondary 

flows induced by rotation contribute to enhanced heat transfer on the trailing side, whereas the 

leading side experiences a reduction in heat transfer as compared to a stationary channel. Johnson 

et al [1.4], further extended this study by investigating the effect of channel orientation with respect 

to the axis of rotation. The study showed, the effect of rotation is negated in an orthogonal channel, 

and is also confirmed by the work done by Singh et al [1.5,1.6] with respect to multi-pass channels. 

In modern day gas turbine airfoils, ribs are used in the walls of internal cooling passages 

to increase turbulent mixing and as a result enhance the heat transfer. The internal cooling passages 

are modeled as square or rectangular channels with varying aspect ratios, and the augmentation of 
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heat transfer in these passages with turbulators are primarily influenced by factors such as channel 

aspect-ratio, rib geometry (shape, size, attack angle, etc.) and Reynolds number. Numerous studies 

[1.7-1.12] have been conducted to understand the coolant flow through stationary ribbed channels.  

These studies showed that V shaped ribs had better performances compared to orthogonal or 

angled ribs. Broken V-shaped ribs were studied in [1.13-1.15], and the authors concluded that 

broken ribs had better heat transfer compared to continuous ribs. Kumar and Amano [1.16] studied 

various broken-V rib orientations in a 2-pass rectangular channel and concluded a particular V-IV 

orientation studied had the best heat transfer performance, which has been implemented in the 

current study. 

The effect of rotation on rib roughened passages have also been investigated in the recent 

years [17-22]. Wright et al [1.17] studied the effect of rotation in 4:1 AR single channel featuring 

continuous V and W ribs. The W ribs were reported to have higher heat transfer compared to other 

ribs. The performance of W and 90º turbulators under rotating conditions were investigate in [1.19] 

using a Transient Liquid Crystal technique. The authors reported a higher-pressure loss and heat 

transfer augmentation for W shaped turbulators. 

Extensive investigation on turbulators under rotating conditions have been conducted, from 

rib shape, orientation, channel orientation, etc. This study focuses on investigating the performance 

of Broken-V shape turbulators under rotating conditions (based on the best performing orientation 

V-IV given in [1.16]) for a 2-pass square channel. The present study reports detailed heat transfer 

measurement using a transient liquid crystal technique.  



   

4 

 

1.3 EXPERIMENTAL SETUP 

Figure 1.1 Experimental schematic 

The schematic of the experimental setup is as shown in Fig. 1.1. This setup was specifically 

designed for conventional transient heat transfer experiments utilizing liquid crystal 

thermography. To compute the heat transfer coefficient, a change in the temperature of the working 

fluid (air) as necessary. Air, initially discharged from the compressor at approximately 300K and 

0.7MPA, was subsequently regulated to 0.1-0.2 MPa, depending on the specific mass flow 

requirements for a given test. Precise control over the flow rate was achieved using an inline globe 

valve. The flow rate of air was continuously measured as shown in Fig. 1.2 during the transient 

experiment using an orifice plate positioned ~40 times the hydraulic diameter, downstream of the 

control valve, where the differential pressure was measured (Dwyer 607-9) across the orifice plate 

the calculate the mass flow rate. 

The temperature and pressure were measured at the orifice to account for density variations 

between different runs. 2 solenoid valves (1 normally open, 1 normally closed) were operated in 

tandem using LabVIEW to act as a 3-way valve to regulate the fluid flow through the test section. 

In order to conduct the transient experiment, a change in temperature of the air is necessary. In the  
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Figure 1.2 Variation of mass flow rate during transient experiment 

present study colder air was chosen as the working fluid. Downstream of the Solenoid valve #1, 

an inlet was provided for the liquid nitrogen, and. Air and liquid nitrogen was used to cool the pipe 

between the solenoid valve #1 and the vent valve (V1), this acted as a cold thermal reservoir. Once 

the thermal reservoir reached a substantially low temperature, the liquid nitrogen supply was 

closed and any excess nitrogen within the pipes were purged to the atmosphere through the vent 

valve V1. The temperature up to which the thermal reservoir was cooled also depended on the 

mass flow rate for the particular experimental run, for example: for a low mass flow rate run the 

reservoir was cooled to ~ -25 °C, and for a higher mass flow rate experiment the reservoir was 

cooled to a much lower temperature. This was done to maintain a uniform time duration of 

experiments across a varying range of air mass flow rates. Once the thermal reservoir reached a 

substantially low temperature depending on the flow Reynolds number (lower temperature 

required for higher Reynolds number experiments), the liquid nitrogen and excess air supply 

pushing the liquid nitrogen was shut off, and the required rotation speed was set based on the 

Rotation number. Once constant rotation speed was reached, the working fluid is routed through 

the test section by means of actuating the 2-way solenoid valve working in tandem. The LabVIEW 
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controller is programmed to start data acquisition, and divert the working fluid through the test 

section with a single button click. A GoPro camera is used to record a video of the color change 

of TLC, and the recording is started prior to the switching of the working fluid. The GoPro video 

recording and the LabVIEW data acquisition rates are synchronized to account for consistent 

matching. 

1.4 DESCRIPTION OF TEST SECTION AND EXPERIMENTAL 

CONFIGURATION 

In the present study, two configurations have been tested; smooth two-pass channel, and 

60º broken V-ribs two-pass channel, with the smooth channel being the base case. The rib pitch to 

height ratio is 16, and the rib height to hydraulic diameter is 0.125. The details of the rib 

configurations have been shown in Fig. 1.3 (b). 

The details of the test section are shown in Fig. 1.3 (a). The two square channels of 

hydraulic diameter 25.4mm are connected by a 90ºbend. An entrance length of 6d_h has been 

allowed in the first pass as a result of which the flow is fully developed before it reaches the Region 

of Interest. The first and second pass are divided into 5 separate sections in each pass with equal 

length as shown in Fig. 1.4. The test section is 3D printed using ABS plastic, and the top wall 

covering the test section is made using a low thermal conductivity acrylic to allow easy viewing 

of the color change of the TLC paint sprayed on the inner wall with the help of a GoPro camera. 

The ribs are 3D printed separately using the same ABS and are attached to both the test section 

channels and the acrylic wall cover using adhesives. The camera used to capture the color change 

was mounted perpendicular to the acrylic surface, and was illuminated using diffused white LED 

lights, to accurately capture the hue of the TLC paint during color change. The entire test section 
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was rotated 180° about the axial direction and experiments were repeated at the same Reynolds 

and rotation numbers to capture the effects of leading and trailing sides. 

 

Figure 1.3 (a) Geometric details of test section. (b) Rib configuration details 

1.5 COMPUTATIONAL METHODOLOGY 

For both rotating and stationary cases, three-dimensional CFD analysis has been carried out by 

solving steady state Reynolds Averaged Navier Stokes (RANS) and energy equations using the 

commercial finite volume solver ANSYS Fluent for the geometry shown previously. The 

realizable k- ε (RKE) model has been shown to perform well in predicting rib induced secondary 
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flow structures and in capturing the flow physics in the bend region. This is very important for a 

two-pass channel as the bend predominantly dictates the heat transfer characteristics in the second 

 

Figure 1.4 Geometric schematic for channel averaged values 

pass. Hence, a realizable k-ε (RKE) model with enhanced wall treatment was used to model the 

turbulence. A second order discretization scheme was used for higher accuracy, and SIMPLE 

algorithm was used for pressure-velocity coupling. 

1.5.1 Meshing 

The unstructured 3D mesh was generated with ANSYS Fluent Watertight meshing 

workflow using polyhedral elements. Face sizing functions were used to maintain a high-density 

mesh near walls and turbulators in order to accurately capture the flow physics. Inflation layers 

are specified on all target walls and the dimensionless wall distance y+ was maintained close to 1 
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which is a requirement for the chosen solver. The number of prism layers is 10 with a growth rate 

of 1.1. Fig. 1.5 shows a cross-sectional view of the computational mesh. 

 

Figure 1.5 Computational mesh 

1.5.2 Grid independence 

In order to ensure the solution obtained is independent of the mesh size, a grid 

independence study has been carried out for the baseline smooth channel configuration at the 

highest Reynolds number. Three different mesh with 5.7 million, 9.3 million and 13.4 million 

elements were generated. The overall Normalized Nusselt number was compared between these 

three grids, and were found to be within 3% between the finest and coarsest grid. Therefore, in 

order to maintain a balance between computational cost and accuracy, a mesh with 9.3 million 

elements were used for all cases. 

1.5.3 Boundary condition and heat transfer coefficient calculation 

The computational study is set up as a steady state problem, with air as the working fluid 

assumed to be incompressible and with constant fluid properties. A mass type boundary condition 

was specified normal to the inlet based on the channel Reynolds number. The inlet fluid 
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temperature was to 298K. A turbulence intensity of 5% and a length scale equal to 10% of the 

channel hydraulic diameter was specified at the inlet. A pressure boundary condition set to zero-

gauge pressure was specified at the outlet plane. Since only the fluid domain is being simulated, a 

constant heat flux of 3000W/m^2 was specified at the target walls. The heat flux is chosen such 

that an appreciable difference between the lowest wall temperature and fluid temperature can be 

maintained. All other walls bounding the fluid domain were set to no-slip and adiabatic conditions. 

The heat transfer calculation methodology for the numerical studies were different 

compared to the experimental procedure to be discussed, due to the difference in the nature of 

boundary conditions. Under the boundary condition of a constant heat flux at the wall, the local 

wall temperatures determined by solving the governing equations, were combined with the plenum 

air temperature to calculate the local heat transfer coefficient ℎ(𝑥, 𝑦) = 𝑞"𝑤/(𝑇𝑤(𝑥, 𝑦) − 𝑇∞). 

1.5.4 Validation study 

For validation of numerical results, the Nusselt number distribution for a smooth 2-pass 

channel are compare with the experimental results. Comparison for the normalized Nusselt number 

at a Reynolds number of 35,000 are shown in Fig. 1.6. There is a good match in the heat transfer 

distribution in the first pass and the bend region. The impingement zones on the top wall and outer 

wall of the second pass match to a high extent. However, the overall heat transfer distribution 

predicted by the numerical model in the first pass is lower compared to the experimental results. 

Unlike the numerical simulation, due to experimental conditions the inlet velocity to the test 

section is not uniform and is highly turbulent. This results in an overall higher Nusselt number 

distribution in the first pass. Previous studies have shown simple turbulent models are unable to 

represent complex flow structures and turbulence anisotropy in the bend regions and immediately 

downstream regions, which leads to an underprediction. The agreement between the experimental 
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and numerical results was deemed satisfactory and it was decided to proceed with the chosen 

turbulence model. 

 

Figure 1.6 Comparison of Nusselt number distribution obtained from experiments and 

CFD studies 

 

1.6 EXPERIMENTAL DATA REDUCTION 

1.6.1 Heat transfer coefficient calculation 

Detailed measurement of heat transfer coefficient has been carried out by using liquid crystal 

thermography technique. A semi-infinite 1-D model has been used at the boundary wall for forced 

convection condition. The semi-infinite 1-D equations are as follows. 

𝑘
𝜕2𝑇

𝜕𝑥2
= 𝜌𝐶𝑝

𝜕𝑇

𝜕𝑡
 

                (1) 
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Solving equation (1) with one initial condition and two boundary conditions, we get the following 

equation (Ekkad and Han [1.1]). 

 

𝑇𝑊 − 𝑇𝑖

𝑇𝑚 − 𝑇𝑖
= 1 − exp (

ℎ2𝑡

𝜌𝑐𝑘𝑡
) 𝑒𝑟𝑓𝑐 (ℎ√

𝑡

𝜌𝑐𝑘𝑡
) 

      (2) 

Here 𝑇𝑚 represent the main stream temperature. In the current study, the main stream 

temperature has been measured at 4 points along the channel centerline using K-type 

thermocouples connected to a LabVIEW data acquisition interface with a reading frequency of 

3Hz, as shown in Fig. 1.3(b), with 2 measurement locations in each pass. The thermocouple sensors 

were routed through a 10-channel slip ring to connect to the LabVIEW DAQ module. The main 

stream temperature was linearly interpolated between these locations in order to obtain spatially 

continuous temperature measurement varying with time. The evolution of mainstream 

temperatures as measured by the thermocouple during the transient experiment is shown in Fig. 

1.7. In order to incorporate the temperature variations during the course of the transient 

experiment, Duhamel’s superposition was employed in equation (2), discretizing the mainstream 

temperature in small steps. During each time step the temperature can be assumed to be constant. 

The modified equation is as follows. 

𝑇𝑤 = 𝑇𝑖 + ∑ (𝑇𝑚,𝑖 − 𝑇𝑚,𝑖−1) × [1 − exp (
ℎ2(𝑡 − 𝑡𝑖)

𝜌𝑐𝑘
) 𝑒𝑟𝑓𝑐 (ℎ√

𝑡 − 𝑡𝑖

𝜌𝑐𝑘
)]

𝑖=𝑛𝑚𝑎𝑥

𝑖=1
 

 (3) 
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Figure 1.7 Variation of fluid temperature with time 

Here 𝑇𝑖 is the initial temperature obtained by averaging the surface temperature 

measurements prior to starting the experiment. 𝑛𝑚𝑎𝑥  in equation (3) corresponds to the frame 

number associated with the time it takes for the particular pixel to reach a TLC hue value of 0.5. 

As mentioned earlier the experimental procedure is built on the fundamental assumption of semi-

infinite 1-D model, where the maximum allowable duration of testing is given by equation (4). 

𝑡𝑚𝑎𝑥 = 0.1
𝑡ℎ𝑖𝑐𝑘𝑛𝑒𝑠𝑠2

𝛼𝑠
 

  (4) 

It was ensured that the experiment duration was maintained within 𝑡𝑚𝑎𝑥. For 0.5” thick 

acrylic wall, the maximum allowable time for 1-D semi-infinite model assumption to be valid is 

170s, while the typical run times of experiments are 60 seconds. 

The only unknowns in equation (3) are 𝑇𝑤, t and h. 𝑇𝑤 is the measured wall temperature 

using TLC and the two 2 K-type thermocouples taped to the TLC painted acrylic surface are used 

to calibrate the TLC paint. The heat transfer coefficient h is estimated using the temperature 
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derived from hue-based technique, where the time taken for each point in the ROI surface to reach 

a particular reference temperature is measured by means of using the TLC paint. In the current 

study, the TLC paint used has a color change temperature band of 9-10 ºC, with the reference hue 

being 0.5 corresponding to a wall temperature of 9.6 ºC obtained from the calibration curve as 

shown in Fig. 1.8. 

 

Figure 1.8 TLC Hue and wall temperature calibration curve 

The in-situ calibration of the TLC paint was carried out during each experiment, to account for the 

paint degradation between experiments. As mentioned before, the two surface temperature K-type 

thermocouple are taped to the acrylic surface with the TLC paint to measure only the near-wall 

temperature are used in the calibration process. A 25-pixel square region in the vicinity of the 

surface temperature thermocouple is considered as the calibration area, where the RGB data 

recorded using the GoPro camera is converted to the corresponding hue, saturation and intensity 

components. The area averaged hue value is obtained for each frame of the video. Once the 

relationship between the hue value and surface temperature has been established, each pixel within 

the region of interest is traversed frame by frame to check for the time it takes the particular pixel 

to reach the reference hue value of 0.5, and this time for each pixel is stored in a time matrix. From 
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equation (3) the only unknown now is the heat transfer coefficient, which is determined by using 

an error minimization method. 

1.6.2 Uncertainty 

The uncertainty measurement in both the Nusselt number and Reynolds number have been 

carried out using the sequential perturbation method outlined in [1.23]. The factors contributing to 

the uncertainty in Nusselt number are 𝑇𝑤, 𝑇𝑚, 𝑇𝑖, 𝑡, √𝜌𝑐𝑘. The uncertainty from the K-type 

thermocouple is ±0.1C as mentioned by the manufacturer, the contribution of time is taken as 

0.04s. The uncertainty for a typical heat transfer coefficient value of 100 W/m2K is found to be 

12%. 

1.7 RESULTS AND DISCUSSION 

Experiments were conducted for Reynolds number varying from 35,000 to 60,000 at 

rotation numbers of 0, 0.05 and 0.1. Detailed Nusselt number contours will be presented for 

Reynolds number 45,000 at Rotation number of 0.1. This section will discuss local heat transfer 

distribution in the 2-pass channel for stationary case on the leading and trailing surfaces. The 

Nusselt number is normalized using the Dittus-Boelter correlations for developed turbulent flow 

in a smooth circular duct, given by equation (5). 

𝑁𝑢0 = 0.023𝑅𝑒0.8𝑃𝑟0.4 

  (5) 

1.7.1 Fluid flow numerical results 

Fig. 1.9 show the streamtraces superimposed with the velocity contours. Streamtraces are 

probable paths taken by a massless particle introduced into the flow without any initial energy. A 

total of 13 planes have been drawn perpendicular to the direction of bulk flow. Planes have been 
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drawn at the beginning and end of each rib section in order to identify the changes in the fluid 

dynamics due to the presence of broken-V turbulators. 

For the stationary case, it can be seen that the flow is symmetric across the height of the 

channel. The flow remained symmetric as it reached P5. The bend downstream of P5 affected the 

symmetric nature of turbulent mixing. The skewed bulk momentum due to the bend pushed the 

fluid from the outer wall towards the inner wall, suppressing the effect of rib induced secondary 

flows. For the stationary case, Dean-type vortices were formed in the bend region, due to the effect 

of curvature induced pressure gradient. Although the bulk fluid was pushed to the outer wall in the 

second pass due to bend induced momentum, the nature of turbulent mixing was largely similar 

compared to the first pass. This can be attributed to the similar rib direction. 

 

Figure 1.9 Streamtraces superimposed with velocity contours for stationary and rotating 

cases 

From Fig. 1.9 comparing the stationary and rotating results, it can be seen the nature of 

fluid flow in the first pass remained the same, as the secondary flows induced by the ribs exhibited 
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a similar nature under rotating conditions. However, the effect of rotation can be seen, as the bulk 

fluid is pushed towards the trailing side wall in the first pass as an effect of the Coriolis force. 

Thereby leading to a faster transport of energy from the trailing wall compared to the leading wall. 

This contributes to increased heat transfer on the trailing side wall in a radially outward flow. 

Similar to the stationary case, the flow in the second pass is highly influenced by the bend with 

the bulk fluid being pushed to the outer wall. Due to the Coriolis force acting in the radially inward 

channel, the fluid moves towards the leading side wall resulting in heat transfer enhancements. 

 

Figure 1.10 Streamtraces superimposed with turbulent kinetic energy on trailing and 

leading side walls. 

 

Fig. 1.10 shows the streamtraces superimposed on turbulence kinetic energy contours, 

plotted on a plane very close to the trailing and leading side walls. The turbulent kinetic energy of 

the fluid in proximity to the end wall offers a reasonably accurate qualitative assessment of heat 

transfer in the area. The rib induced secondary flow structures can be visualized by the streamlines. 

The ribs in both the first and second pass cause the flow to move from the channel centerline 
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towards the inner and outer side walls. This movement allows for an increase in heat transfer 

augmentation compared to a continuous V rib. However, the bend induced flow affects this motion 

in the second pass leading to an increase in the momentum along the outer wall. The contour of 

turbulent kinetic energy closely mirrors the trends in heat transfer, and is consistent with 

experimental results. 

1.7.2 Detailed Nusselt number (𝑵𝒖/𝑵𝒖𝟎) contours 

 

Figure 1.11 Normalized Nusselt number contour for smooth channel under stationary 

conditions 

Fig. 1.11 shows the detailed contours of the normalized Nusselt number for the smooth 

channel configuration. The flow in the first channel is developing in nature and as a result the heat 

transfer decreases along the length of the channel. The coolant flowing into the first pass did not 

have any obstruction thereby impinging on the blade underside before making a 180º. While 

making the 180º turn, the coolant impinges on the outer wall of the second pass. These 

impingement zones are characterized by higher normalized Nusselt number values. Further, a 

localized recirculation zone is present near the top right corner of the channel, with reduced heat 
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transfer. The heat transfer in the second pass is primarily influenced by flow disturbances caused 

by the bend. The coolant after making a 180º bend impinges on the outer wall, with another small 

impingement zone slightly downstream on the inner wall of the second pass as well, leading to a 

higher heat transfer. As the coolant flows through the second pass, these effects diminish and the 

heat transfer becomes uniform in the streamwise direction. 

 

Figure 1.12 Normalized Nusselt number contours for broken-V ribbed channel under 

stationary conditions 

For the case with Broken V-ribs as shown in Fig. 1.12, in the first channel the heat transfer 

is mainly characterized by developing flow, turbulent mixing and rib induced secondary flow. The 

45° broken-V rib generates secondary flow increasing the near wall shear. The central turbulators 

divert the coolant towards the side wall, where the broken rib trips the flow and then pushes 

inwards towards the channel centerline, giving rise to counter rotating vortices, giving rise to 

higher turbulent mixing. As the flow develops in the streamwise direction, the effect of turbulent 

mixing becomes more dominant giving rise to increase in energy transport from the wall, resulting 

in increasing heat transfer. As opposed to the smooth wall channel, due to the obstruction of flow 
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caused by the turbulators, direct impingement of the coolant on the blade tip underside is not seen 

in this case. 

The rib orientation in the second pass is maintained in a similar manner as compared to 

the first pass, as this arrangement is useful for the heat transfer enhancement. The work done by 

Singh et al [1.22] investigates the effect of changing the rib orientation for the second pass, and 

the authors concluded the change in orientation did not improve the heat transfer in the second 

pass. 

As previously discussed, rotation induces two forces in the fluid namely; Coriolis and 

centrifugal force. The direction of the centrifugal force is always radially outwards and the 

magnitude is directly proportional to the rotation speed. The direction of the Coriolis force depends 

on the relative angle between the bulk fluid velocity and rotation. In the case of the first pass, the 

bulk coolant is moving radially outwards, this leads to the boundary layer being thinner on the 

trailing side than the leading side, whereas in the second pass where the bulk coolant is moving 

radially inwards, the effect is reversed. This leads to increased heat transfer augmentation on the 

trailing side for the first pass and a similar effect on the leading side in the second pass. The 

buoyancy force will also play a role in heat transfer augmentation due to the density difference of 

the fluid near the wall and the bulk fluid. However, in this case since the temperature difference 

between the coolant fluid and the wall is small, the buoyancy effect is negligible compared to the 

Coriolis and centrifugal forces. 

Considering the smooth two-pass channel under rotating conditions shown in Fig. 1.13, 

the effect of Coriolis force is visible in the first pass leading to an increase in heat transfer on the 

trailing side and a reduction in heat transfer on the leading side. The rotation induced centrifugal 

force, pumps the coolant radially outwards leading to a more pronounced impingement zone on  
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Figure 1.13 Normalized Nusselt number contours for smooth channel under rotating 

conditions. (Re 45,000 and Ro 0.1). 

the blade tip underside. In the stationary channel cases, the fluid after making a 180º turn, impinges 

on the outer wall of the second pass. In the case of rotation channel, the outer wall of the second 

pass is positively affected in both the trailing and leading side due to the impinging flow in 

comparison with the stationary case. In the second pass, after the bulk coolant impinges on the 

outer wall, a secondary impingement zone can be identified on the inner wall due to the skewed 

bulk momentum in that direction. In the rotating case, this secondary impingement zone is also 

positively affected in both the trailing and leading side. However, the heat transfer enhancement 

is more prominent on the leading side due to the Coriolis force. 

For the Broken-V rib channel under rotation in Fig. 1.14, the overall trends between the 

trailing and leading edge were similar to that of the smooth channel. As discussed previously, the 

turbulent mixing dominates the heat transfer characteristics in this case, and both the leading and 

trailing sides showed similar values for the first pass. The trailing side had higher impingement on  
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Figure 1.14 Normalized Nusselt number contours for V-ribbed channel under rotating 

conditions. (Re 45,000 and Ro 0.1). 

the outer wall of the second pass compared to the leading side. The effect of Coriolis force can be 

seen in the second pass as the leading side wall had higher heat transfer. The overall characteristics 

of secondary flows induced by the discrete ribs remained unaltered in the presence of centrifugal 

and Coriolis forces. 

1.7.3 Regionally averaged heat transfer under stationary conditions 

This section discusses the area weighted average of the Normalized Nusselt number for the 

smooth and ribbed channels under stationary and rotating conditions. Each ribbed region as shown 

in Fig. 1.4 is considered individually, and in the case of a smooth channel the averaged Nusselt 

number for a similar region is computed. 

Fig. 1.15 shows the area averaged Normalized Nusselt number variation for a smooth 

channel with increasing streamwise direction for the stationary case. In the first pass, since the  
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Figure 1.15 Regionally averaged Nusselt number for smooth channel under stationary 

conditions 

flow is developing in nature, the normalized Nusselt number value decreases and reaches a value 

close to 1. The bend region was mainly characterized by the flow impinging on the blade tup 

underside, resulting in an increase in the Nusselt number value. The coolant flow in the second 

pass was predominantly affected by the 180º bend. The skewed momentum due to the bend, pushes 

the coolant towards the outer and inner walls of the second pass, resulting in an increase in Nusselt 

number values. The value continued to decrease in the downstream direction of the second pass 

and tends to reach a constant value of close to 2. 

Fig. 1.16 shows the regionally averaged Nusselt number trends for the case of Broken-V 

ribbed channel. In the case of the ribbed channel, the heat transfer characteristics are primarily 

influenced by the secondary flow structures which promote turbulent mixing and thereby lead to 

higher heat transfer distribution. As the coolant flows downstream, the overall magnitude of  
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Figure 1.16 Regionally averaged Nusselt number for V-ribbed channel under stationary 

conditions 

turbulent mixing increases thereby leading to an increasing trend in the regionally averaged 

Nusselt number values. Similar to the case of smooth channel, the bend region had higher heat 

transfer due to impinging flow. Region #7 (1st ROI in the second pass) had the highest heat transfer 

augmentation, due to a combination of bend induced flow, rib induced secondary flow and bulk 

fluid impinging on the outer wall of the second pass. The averaged Nusselt number reaches a 

constant value of close to 3 as the flow moves downstream. 

1.7.4 Regionally averaged heat transfer under rotating condition 

Fig. 1.17 shows the regionally averaged Nusselt number values for a smooth channel under 

stationary and rotating conditions. The results are displayed for a median Reynolds number of 

45,000 and at Rotation numbers of 0, 0.05, and 0.1. The expected decrease in heat transfer 

augmentation for a given Nusselt number with increasing Reynolds number were obtained in the 

experimental results. The trailing side in the first pass was positively affected due to the rotation  
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Figure 1.17 Regionally averaged Nusselt number for smooth channel under stationary and 

rotating conditions (Re 45,000). 

induced Coriolis forces, and hence displayed higher heat transfer compared to the stationary case. 

Similarly, the leading side was negatively affected in comparison to the stationary case. For both 

the leading side and trailing side, the heat transfer in the 180º bend region was higher in comparison 

to the stationary case. The second pass was positively affected by rotation and both the leading 

side and trailing side had higher heat transfer compared to the stationary case. 

The regionally averaged Nusselt number values for Broken-V ribs for Reynolds number of 

45,000 and for Rotation numbers 0, 0.05, and 0.1 are shown in Fig. 1.18. For the first pass, the 

trailing side wall had higher heat transfer compared to the stationary case, and the leading side 

wall displayed lowered heat transfer compared to the stationary case. This effect increases with an 

increase in the rotation number.  The heat transfer pattern for the second pass showed consistent 

trend for both stationary and rotational cases. The Coriolis forces lead to the leading side having 

high heat transfer followed by the stationary case and the trailing side. 
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Figure 1.18 Regionally averaged Nusselt number for V-ribbed channel under stationary 

and rotating conditions (Re 45,000). 

 

1.8 CONCLUSION 

Detailed surface heat transfer measurements for smooth and Broken-V ribbed 2-pass 

channel have been reported by performing transient Thermochromic Liquid Crystal experiments 

for stationary and rotating cases. Measurements were carried out for Reynolds number ranging 

from 35,000, 45,000 to 60,000 under rotation numbers of 0, 0.05 and 0.1. The important 

conclusions from this study are as follows: 

1. The overall trend of reducing heat transfer augmentation with increasing Reynolds number 

was noticed for both the smooth and Broken-V ribbed channels. In the case of the smooth 

channel, the developing flow in the first pass led to a reduction in heat transfer, with the 

Normalized Nusselt value reaching a value of close to 1. This is consistent with previous 

work done and proves as a strong validation. 
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2. For the rotation of smooth duct, the effect of Coriolis and centrifugal forces are visible in 

the detailed Nusselt number contours presented previously. The effects of rotation lead to 

heat transfer enhancement on the trailing side of the first pass, and affected the leading side 

negatively. The heat transfer in the second pass for both the trailing and leading sides were 

similar and was found to be higher than the stationary case, this is due to the bend region 

flow dictating the fluid dynamics in the second pass.  

3. For the case of Broken-V channel under rotation, the heat transfer in the first pass was 

highest for the trailing side, followed stationary and leading side. This effect was directly 

proportional to the rotation number. The overall heat transfer for the Broken-V ribbed case 

is higher and has similar values for both leading and trailing sides compared to the smooth 

channel case. Through a quantitative analysis of averaged Nusselt number values, the 

Broken-V have a higher heat transfer compared to continuous V ribs [22] in a similar two-

pass rotating channel. 

This study serves as an initial effort into understanding the fluid dynamics in a two-pass channel 

with Broken-V ribs subject to rotation. 
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NOMENCLATURE 

c Specific heat capacity of solid 

e rib height 

𝑑ℎ channel hydraulic diameter 

h heat transfer coefficient  

𝑘𝑠 thermal conductivity of solid 

𝑘𝑓 thermal conductivity of fluid 

Re Reynolds number, 𝑉𝑑ℎ/𝜈 

Ro Rotation number, Ω𝑑ℎ/𝑉 

Nu Nusselt number, ℎ𝑙/𝑘 

𝑇𝑖 initial temperature 

𝑇𝑤 wall temperature 

𝑇𝑚 mainstream temperature 

𝑇𝑟𝑒𝑓 TLC reference temperature 

T time 

Greek Symbols 

𝛼𝑠 thermal diffusivity of solid 

𝜌 density 

𝜈 kinematic viscosity 
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𝜔 rotational speed 

Subscripts  

i initial  

m mainstream 

w wall  

erfc complimentary error function 
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Chapter 2  

Leading Edge Cooling with Novel Jet Impingement Design 

 

2.1  ABSTRACT 

Jet impingement is typically employed in near wall blade cooling of gas turbine blade, 

where there is a critical need for high rates of heat dissipation. However, the accumulated 

crossflow mass flux can lead to a significant reduction in the effectiveness of the downstream 

jets. This reduction in jet effectiveness leads to a decrease in cooling performance, which is a 

crucial factor in maintaining the efficiency and longevity of turbine blades. In this study, the 

flow and heat transfer characteristics of normal and tangential jets on the concave leading edge 

of a turbine blade are numerically and experimentally investigated. A transient TLC technique is 

employed to acquire a detailed heat transfer distribution on the leading edge of the concave 

target surface. Numerical simulations using the realizable k − ε turbulence model is used to 

understand the thermal flow physics. Multiple orientations of tangential jets ; 1) 2 columns of jet 

on the same side at x/D = 0.1875 and x/D = 0.375, 2) 2 columns of jets on the same size at x/D = 

0.1875 and x/D = 0.375 in staggered position of yoffset/D = 0.5, 3) 2 columns of jet in line 

positions at opposite sides at x/D = 0.375 and x/D = -0.375, 4) 2 columns of jet in staggered 

position of yoffset/D = 0.5 at opposite sides of x/D = 0.375 and x/D = -0.375 are studied and are 

compared to the baseline case of 1 column of centerline jets. The vertical jet-to-jet spacing in all 

these cases are kept constant at y/djet = 4. The jet Reynolds number Rejet varies from 15,000 to 

35,000. Preliminary results show the effect of crossflow to play a more significant role in the 

case of centerline normal jets as compared to tangential jets. The opposite-side staggered 

tangential jets having the highest area averaged heat transfer values among all jet designs 

studied. 
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2.2  INTRODUCTION 

The leading edge of a high-pressure turbine blade is subjected to some of the most extreme 

thermal loads within a gas turbine engine, owing to its direct exposure to high-temperature 

mainstream gases and its curved geometry. This curvature presents unique challenges for internal 

cooling strategies, particularly in optimizing heat transfer performance while minimizing pressure 

losses. One technique that has shown significant promise in this context is jet impingement 

cooling, where high-velocity jets are directed at the internal surface to enhance convective heat 

transfer. Unlike ribbed or serpentine passages, jet impingement offers highly localized cooling, 

which is especially beneficial in the stagnation region of the leading edge. While jet impingement 

has been widely studied on flat and simplified geometries, its application in curved leading-edge 

channels under stationary conditions remains less explored. Understanding the flow physics and 

thermal behavior in such configurations is essential to support the development of more advanced 

and efficient cooling strategies. This study investigates the heat transfer characteristics of normal 

and novel tangential impinging jets in a curved leading-edge cooling passage under stationary 

conditions. 

Multiple early benchmark studies focused on understanding the flow physics and thermal 

performances of single jets have been conducted [2.1-2.3]. The different regions of a single jet are 

shown in Fig. 2.1. The free jet is a region where the jet interacts with the surrounding causing an 

entrainment of ambient fluid into the jet core. The free jet region is further divided into potential 

core, developing zone and fully developed zone. The potential zone is characterized by relatively 

constant axial velocity and typically extends up to six to seven times the jet diameter. The effect 

of shearing occurs in the developing zone, where the axial velocity decays and turbulence intensity 

increases, after which the jet is regarded as fully developed. The area where the jet impacts with  
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Figure 2.1 Flow regions in a free jet 

the target surface is known as the stagnation point, where the velocity drops to zero and produces 

maximum heat transfer. Finally, the wall jet is the region where the axial momentum is converted 

to radial momentum, resulting in the formation and growth of boundary layers. Parameters such 

as jet diameter, jet-to-target spacing, working fluid, etc. govern the effects of a single jet and have 

been widely studied in [2.4,2.5]. Further, in order to cool a target surface more efficiently and 

reduce the non-uniformity in heat transfer, array jets are employed. Compared to a single jet, array 

jets have additional configuration parameters of jet-to-jet spacing (vertical and horizontal), jet 

arrangement (inline and staggered). Kercher and Tabakoff [2.6] conducted an experiment study on 

array jet impingement with a square array of 4X4 uniformly spaced circular air jets, with the results 

showing the importance of jet Reynolds number and jet-to-jet on the overall heat transfer. Van 

Treuren et al [2.7] experimentally compared the performance of two rows of staggered and inline 

jets and concluded that the Nusselt number is higher for a staggered jet configuration for low 

Reynolds number. Similar work was carried out by Xing et al [2.8] in 2010 where the authors 

experimentally and numerically compared the performances of multiple rows of staggered and 

inline jets for varying jet Reynolds number. The authors concluded that the inline pattern 
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outperformed the staggered configuration in terms of achievable heat transfer rates for varying jet-

to-target spacing. 

Crossflow effects should be taken into account in an impingement cooling channel. 

Generally, crossflow reduces the heat transfer performance due to jet deflection caused by the 

upstream spent air. Florshcuetz and group conducted a series of studies from 1981 to 1984 [2.9-

2.11] to investigate the effects of initial crossflow on streamwise flow and heat transfer distribution 

for an array of inline jets, and these studies serve as a benchmark for impingement studies till date. 

Similarly, Goldstein et al [2.12] carried out experimental studies on initial crossflow on a single 

circular jet for different jet-to-target spacing subject to varying blowing ratios. The authors 

reported a decrease in peak heat transfer for large jet-to-target spacing, and an increase in peak 

heat transfer for relatively small spacing. In both configurations, the stagnation zone with peak 

heat transfer shifted significantly in the direction of freestream displaying strong effects of 

crossflow. 

Until recently, majority of the studies conducted focused on studying the effects of varying 

jet parameters and effects of crossflow in a rectangular channel. The experimental and numerical 

studies conducted by Taslim and group [2.13,2.14] in 2005, 2009 investigated the performance of 

array jet impingement and crossflow in a semi-circular leading-edge channel with and without the 

presence of showerhead holes on the leading-edge surface. The authors reported a reduction in the 

heat transfer values due to the presence of crossflow; however, the presence of shower head holes 

enhanced the heat transfer. Recent studies by Wright and group [2.15] studied a novel case of 

leading-edge array jet impingement cooling, with a focus on studying both normal and tangential 

jet positions and the effects of crossflow on the heat transfer distribution. The authors concluded 

that the jet arrangement significantly affects the heat transfer distribution and the staggered 
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tangential jets perform much better compared to normal jets while having a greater pressure drop 

compared to the later. Extensive work focused on jet impingement parameters, jet shape, target 

surface roughness, etc. have been conducted in the past. However, studies focusing on tangential 

impingement in a semi-circle leading edge channel using multiple rows of jet at various positions 

have not been presented in open literature. The objective of this current study is to study the effect 

of crossflow and heat transfer augmentation increase due to 2 rows of tangential jets in a semi-

circular leading-edge cavity. 

2.3  EXPERIMENTAL SETUP 

 

Figure 2.2 Experimental schematic 

The experimental schematic shown in Fig. 2.2 was designed to perform conventional 

transient Thermochromic Liquid Crystal experiments. The details of the flow measurement 

systems have been provided in [2.16]. Modifications to the system were made to be used with a 

stationary table-top setup. In order to conduct a transient heat transfer study, a step change in the 

fluid temperature is required and this is achieved by creating a thermal reservoir using an inline 

air heater prior to every experiment. Once the required mass flow rate is set, an 8-kW inline heater 

is used to heat the incoming working fluid which is subsequently routed through a thermal 

reservoir. During the heating process, the working fluid (air) is constantly vented to the laboratory 

atmosphere once it exits the thermal reservoir. 
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The thermal reservoir is essentially piping made up of low thermal conductivity and high 

heat capacity materials and is well insulated from the atmosphere to prevent heat loss. The 

objective of a thermal reservoir is to retain the thermal energy accumulated during the heating 

stage of the experiment and then impart constant thermal energy to the fluid as it is entering the 

test section during the experiment. Thermocouples (TCs) are placed at the atmosphere vent and 

within the thermal reservoir piping to monitor the fluid temperature. Once the required thermal 

reservoir temperature is achieved with the air venting to the atmosphere, the experiment is set to 

start. 

With the thermal reservoir temperature and mass flow rate based on the characterizing 

Reynolds number are set, the 3-way valve downstream of the thermal reservoir is switched to allow 

the hot working fluid to flow through the test section. A full-frame DSLR camera is mounted on 

the working table facing normal to the leading-edge ROI surface. The test section is illuminated 

using 2 cool white LED tube style lights placed in such a manner so as to avoid any reflections 

and obtain true color of the TLC. Thermocouples are placed at the test section inlet, test section 

outlet and are linear distributed through the leading-edge curved channel in order to measure the 

mainstream temperature. 2 thermocouples are mounted onto the leading-edge surface in order to 

be used in the in-situ calibration process associated with the transient TLC experiment. The 

thermocouple and mass flow data are continuously monitored and saved during the course of an 

experiment using a LabVIEW DAQ. The calibration and data reduction techniques are discussed 

in following sections in detail. The triggering of the DSLR camera and switching of the 3-way ball 

valve to allow the hot fluid to flow through the test section are timed in order to avoid 

synchronization error between video and TC temperature data. The video recording frequency and 

LabVIEW data acquisition frequencies are also matched. 
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2.4  DESCRIPTION OF TEST SECTION 

 

Figure 2.3 Details of test section and camera placement 

Fig. 2.3 shows the test section used. The test section consists of 3 main sections; a square 

inlet channel, cross-over jet plane, and curved leading-edge surface. The hydraulic diameter for 

the square inlet channel and semi-circular leading-edge channel is 0.0508m. The inlet channel and 

jet plane are both 3D printed from ABS. Multiple variations of the jet plane have been additively 

manufactured and can be swapped out in order to study different jet configuration. The semi-

circular leading-edge channel is achieved by fixing half a plexiglass cylinder to the jet plate. Jet 

plates can be changed to study different jet configurations. 

4 impingement designs are studied and compared with the standard case of central/normal 

impinging jets. As shown in Fig. 2.4, 10 rows of jet span the length of the test section for both 

normal and tangential jet cases. The jet holes for all cases are fixed at 6.35mm and ratio of jet-to-

jet vertical spacing y/d is fixed at 4. 2 cases of same side tangential jets with jet positions at x/D = 

0.375 and x/D = 0.1875 with horizontally staggered and inline orientations. Similarly, 2 cases of 

tangential jets with jet positions at x/D = 0.375 and x/D = -0.375 with horizontally staggered and 

inline orientations. 
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 Two thermocouples are placed at the bottom and top of the leading-edge channel, with an 

additional thermocouple placed just upstream of the rectangular inlet channel, in order to measure 

the temperature of the incoming fluid. Two thermocouples are attached to the curved-edge surface, 

employed to calibrate the TLC paint prior to every experiment. The leading-edge mainstream 

temperature is constantly recorded during the experiment, which is used in calculating the heat 

transfer coefficient. 

 

 

Figure 2.4 Partition plates with different jet positions. 
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2.5 DATA REDUCTION 

Detailed heat transfer coefficient was calculated through local wall temperature determined by 

thermochromic liquid crystals sprayed on the clear acrylic target surface. Acrylic has low thermal 

conductivity and low thermal diffusivity, which allowed the heat conduction to be modeled as one-

dimensional and the thickness of the solid was chose such that it can also be treated as semi-infinite 

solid. The governing equations for one-dimensional semi-infinite conduction and the 

corresponding boundary and initial conditions have been described in detail in [2.16]. The 

calibration process, uncertainty and analytical solution for the one-dimensional semi-infinite 

conduction problem have also been discussed in the mentioned study, and for the interest of brevity 

has not been described here. The analytical expression for the wall temperature obtained from the 

1-D semi-infinite assumption with corresponding boundary and initial conditions is as follows: 

 

𝑇𝑤 = 𝑇𝑖 + ∑ (𝑇𝑚,𝑖 − 𝑇𝑚,𝑖−1) × [1 − exp (
ℎ2(𝑡−𝑡𝑖)

𝜌𝑐𝑘
) 𝑒𝑟𝑓𝑐 (ℎ√

𝑡−𝑡𝑖

𝜌𝑐𝑘
)]

𝑖=𝑛𝑚𝑎𝑥
𝑖=1    (1) 

2.5.1 Uncertainty 

The uncertainty measurement in both Nusselt number and Reynolds number has been 

carried out using the sequential perturbation method outlined by Moffat in [2.17]. The factors 

contributing to uncertainty in Nusselt number has been discussed in detail in the previous 

chapter, and remains the same for the current work. Thermocouple tip convective and radiative 

losses can be neglected for this current experimental setup. Following a similar procedure, the 

overall uncertainty in Nusselt number estimation for a typical heat transfer value of 150 𝑊/𝑚2𝐾 

is found to be 14%. 
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2.6 RESULTS AND DISCUSSION 

Experiments were conducted for multiple cases of jet impingement in the leading-edge 

channel; with the centerline normal jets serving as the base case. These experiments were carried 

out for channel Reynolds numbers ranging from 15,000 to 30,000. Detailed Nusselt number 

contours and centerline values are shown to compare the heat transfer characteristics of all jet 

positions. As shown in Fig. 2.3 the camera is placed perpendicular to the leading-edge surface, 

with the symmetry plane of the cylinder coinciding with the camera centerline. The camera 

position allows a viewing angle of 70° on both sides of the centerline. 

2.6.1 Nusselt number contours for centerline normal jets 

 

Figure 2.5 Nusselt number contour for base case of centerline normal jets. 
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Fig. 3.5 shows the Nusselt number contours for the base case of normal jet impingement for 

Reynolds number varying from 15,000 to 30,000. As can be seen from the contours, the Nusselt 

number on the target surface increases with an increase in the jet Reynolds number due to higher 

jet velocities, and decreases in the streamline direction. This decrease in Nusselt number be 

attributed to the strong effects of crossflow due to the coolant mass flux from downstream jets. 

This results in moving of the jet stagnation point in the direction of flow and causes a significant 

reduction in jet effectiveness in the downstream jets. Another factor for decrease in Nusselt number 

is, the periodical extraction of fluid from the supply channel into the leading-edge channel by 

means of constantly spaced crossover tangential jets, causing a decrease in the fluid mass flow 

rates at the upper jets. 

Similarly, the first row of impinging jets has a lower mass flow rate compared to downstream jets, 

due to insufficient extraction from the supply channel caused by a lower pressure differential 

between the two channels. Missing Nusselt number data shown in contours are due to the time 

constraint imposed by the 1-D semi-infinite assumption, thereby not allowing sufficient time for 

the TLC paint to reach the target hue value. These gaps in data are shown as dark blue patches in 

the images. 

2.6.2 Nusselt number contours for single tangential jets 

Fig. 2.6 shows the Nusselt number contours for the case of a single jet at location 𝑥/𝐷 = 0.375.  

The expected trend of increasing Nusselt number with increasing Reynolds number can be 

identified. The tangential jet enters the leading-edge channel in a perpendicular direction and 

impinges on the curved leading-edge surface. Since, the jet plate-to-target distance is less, the 

stagnation point of the jet is well defined. On impinging on the target surface, the normal jet  
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Figure 2.6 Nusselt number contour for single tangential jet. 

transitions to a wall jet following the curvature of the leading-edge. This creates a tear drop 

region of higher heat transfer on the target surface.  

In the case of tangential jets, the stagnation point distortion is smaller than what is observed with 

normal jets. This is because the distance between the jet hole and the target plate for the tangential 

jet is smaller than the normal jet. The development of crossflow within the leading-edge channel 

depends on the channel geometry. The boundary layer development associated with the crossflow 

results in lower momentum in the corner near the jet plate and semi-circular channel. Due to this 

decreased momentum, the tangential jet exiting from the plate in this region is able to effectively 

penetrate the crossflow. However, moving horizontally across the channel, the bulk fluid 
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momentum from downstream jets is significant causing the wall jets to deflect in the direction of 

flow. The stagnation point caused by the impinging tangential jet is relatively unaffected by 

crossflow, with the transitioned wall jet has significant deflection due to bulk fluid momentum. 

Due to this, tangential jets overall experience less deflection than normal jets. 

2.6.3 Nusselt number contours for novel tangential jets 

This section presents results for all four double tangential jets tested. Fig. 2.7 shows the Nusselt 

number contours for 2 tangential jets placed on the same side of the leading-edge channels at 

𝑥/𝐷 = 0.1875 and 𝑥/𝐷 = 0.375 in both horizontally inline and horizontally staggered position. 

In the case of inline jets, the first downstream jets have low fluid mass flow, due to the low-pressure 

gradient across the jet plate. However, in the case of the staggered arrangement as there are twice 

the number of vertical jet planes compared to the previous geometry, this causes more frequent 

extraction of fluid from the inlet chamber thereby having slightly increased heat transfer in the 

initial jets. For both cases of inline and staggered jets, the impingement zones are less affected by 

the crossflow, while the transitioned wall jets have significant deflection due to bulk fluid 

momentum, The staggered tangential jets have a higher area-averaged Nusselt number value as 

there are a greater number of jets impinging vertically compared to the inline case. The transitioned 

wall jet following the shape of the leading-edge curvature causes high vorticity, and causes 

lateral/horizontal crossflow. In both the cases, the inner jet (𝑥/𝐷 = 0.1875) acts as a buffer and 

prevents the lateral fluid momentum caused by the increased vorticity from distorting the 

stagnation zone, thereby leading to increased heat transfer values towards the outer curve of the 

target surface. 

     Fig. 2.8 shows the Nusselt number contours for 2 tangential jets placed on opposite sides of the 

leading-edge channel at 𝑥/𝐷 = 0.375 and 𝑥/𝐷 = −0.375 in both staggered and inline positions.  
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Figure 2.7 Nusselt number contours for same side double jets (a) inline jets (b) staggered 

jets 

 

 

Figure 2.8 Nusselt number contours for opposite side double jets (a) inline jets (b) 

staggered jets 
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The expected trend of increasing Nusselt number with increased Reynolds number can be seen 

from the plots. In the case of the inline jets, the transitioned wall jets follow the curve of the 

leading-edge towards the center. The boundary layer increases with an increased turbulence 

intensity in the leading-edge centerline causing fluid separation from the target wall. This leads to 

a decrease in heat transfer value towards the centerline. In the case of staggered jets on opposite 

side, the shear stress caused by the 2 wall jets meeting in the centerline is reduced. This causes 

reduced flow separation from the target surface leading to increased heat transfer values. 

2.7 CONCLUSION 

Detailed surface heat transfer measurements for novel tangential jets in a semi-circular leading-

edge channel have been compared with a base case of centerline normal jets at Reynolds number 

ranging from 15,000 to 30,000. 

1. Crossflow plays an important role in determining the heat transfer characteristics in the 

leading-edge channel. Nusselt number decreasing in the downstream direction due to 

combination of Crossflow and periodic coolant extraction through downstream jets.  

2. The tangential jets have higher area averaged Nusselt number values due to the formation 

of wall jets which are less affected by crossflow effects compared to the centerline normal 

jets.  

3. Double swirl cooling from opposite side tangential jets shows higher Nusselt number 

values, with the staggered configurations having the best performance amongst all 

configurations tested. 
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NOMENCLATURE 

c Specific heat capacity of solid 

𝐷ℎ Channel hydraulic diameter 

𝑑𝑗𝑒𝑡 Jet diameter 

h Heat transfer coefficient  

𝑘𝑠 Thermal conductivity of solid 

𝑘𝑓 Thermal conductivity of fluid 

Re Reynolds number, 𝑉𝑑ℎ/𝜈 

Nu Nusselt number, ℎ𝑙/𝑘 

𝑇𝑖 Initial temperature 

𝑇𝑤 Wall temperature 

𝑇𝑚 Mainstream temperature 

𝑇𝑟𝑒𝑓 TLC reference temperature 

T Time 

t Thickness 

Greek Symbols 

𝛼𝑠 Thermal diffusivity of solid 

𝜌 Density 

𝜈 Kinematic viscosity 
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𝜔 Rotational speed 

Subscripts  

i Initial  

m Mainstream 

w Wall  

erfc Complimentary error function 
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Chapter 3  

Effect of Rotation on Leading Edge Normal and Tangential Jets 

3.1 ABSTRACT 

The effects of rotation on normal and tangential impinging jets in a semi-circular leading-

edge channel are experimentally and numerically investigated in this study. Coolant air is routed 

radially outward through a square inlet channel. Discrete holes along the length of the supply 

channel act as cross-over jets that extract the coolant air into a semi-circular leading-edge channel. 

Transient thermochromic liquid crystal experiments are carried out for varying inlet Reynolds 

number of 20,000 to 40,000 and Rotation numbers of 0, 0.19, 0.33 and 0.66. For all cases studied, 

the jet-to-channel diameter (𝐷𝑐ℎ𝑎𝑛𝑛𝑒𝑙/𝑑𝑗𝑒𝑡 = 7.9), vertical jet-to-jet spacing (𝑦/𝑑𝑗𝑒𝑡 = 4) and jet-

to-target (𝑠/𝑑𝑗𝑒𝑡 = 6) are maintained constant. In all rotating cases, the heat transfer distribution 

on the target surface deviated significantly from that observed under stationary conditions. 

Leading-side tangential jets consistently provided higher heat transfer enhancement than trailing-

side jets, with the disparity increasing at higher Reynolds numbers. Additionally, rotation 

significantly influenced the crossflow behavior within the curved channel, further affecting local 

heat transfer characteristics. 

3.2 INTRODUCTION 

The turbine airfoil can be broadly divided into three sections namely; leading edge, mid-

chord and trailing edge sections, with the leading edge having the highest thermal loads as it is 

directly exposed to the hot gas path from the combustion section. Jet impingement being the most 

efficient form of cooling technique is typically used in the turbine blade leading edge. While single 

jets are used for localized cooling, an array of impinging jets provides uniform cooling throughout 

the target surface. Researchers have extensively studied the performance of jet impingement 
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cooling, and the heat transfer performances are shown to be characterized by jet-array geometric 

parameters such as jet-to-target, jet-to-jet spacing, jet diameter, etc. 

(𝑠 𝑑𝑗𝑒𝑡⁄ , 𝐷 𝑑𝑗𝑒𝑡⁄ , 𝑥 𝑑𝑗𝑒𝑡⁄ , 𝑦 𝑑𝑗𝑒𝑡⁄ ) [3.1-3.5]. A majority of the studies carried out investigated the 

performance of jets impinging on a flat surface.  

Initial work by Chupp et al. [3.6] studied jet impingement on a curved surface. The authors 

reported an increase in local Nusselt number values with an increasing jet Reynolds number. 

Similarly, a reduction in jet-to-target spacing, or jet-to-jet spacing constitutes an increase in the 

surface Nusselt number values.  In later years, Fénot et al [3.7] validated these patterns across a 

wider set of curved surface impingement configurations. 

Crossflow is a significant factor influencing heat transfer within impingement channels. 

Bunker [3.8,3.9] studied local heat transfer characteristics in leading-edge impingement, both with 

and without film cooling holes. Results showed an increase in local heat transfer with up to 50% 

in the case of in-phase jet holes and bleed holes. In the case of 180 degree out of phase jet holes 

and bleed holes, the authors reported a decrease in the local heat transfer values.  A similar trend 

of reduction in impinging jet effectiveness in the presence of external crossflow was reported by 

Taslim et al [3.10]. 

Various impinging jet hole geometries have also been widely studied. Jordan et al [3.11-

3.13] investigated impingement heat transfer in concave leading-edge channels with film outflow, 

using transient TLC technique. The study explored the influence of jet nozzle geometry, edge 

conditions at the nozzle and variations in inlet cross-flow. Results indicated that racetrack shaped 

nozzles improve impingement heat transfer performance, while the presence of crossflow causes 

a reduction in heat transfer on the target surface. 
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Ling et al [3.14] performed experimental and numerical investigation on heat transfer 

characteristics within a circular cooling channel featuring tangential jets. Results indicated that 

tangential vortex cooling has lower heat transfer in the stagnation region than normal jets, but has 

a more uniform heat transfer distribution in the axial direction. At lower Reynolds numbers, the 

normal jets are shown to perform better; whereas at higher Reynolds numbers, both normal and 

tangential jets are comparable. CFD simulations using the k-ϵ turbulence model showed strong 

agreement with experimental results for overall heat transfer. While near-wall flow predictions 

aligned well with the experimental data, the numerical results had poor agreement in the core 

region. 

Lin et al [3.15] numerically and experimentally studied the performance of a new 

impingement technique named Double Swirl Chamber (DSC) cooling, designed to enhance 

leading-edge cooling by reducing cross-flow effects and increasing jet impact. The authors 

compared five different turbulence models (SST k-ω, Wilcox k-ϵ, Realizable k-ϵ, V2f and Spalart-

Allmaras) on a domain of three million elements while maintaining a y^+≤1. The authors reported 

SST k-ω model as having the best agreement with experimental data. Further, results showed the 

DSC cooling improved heat transfer by 24% compared to multiple inline jets. Liu et al [3.16] 

investigated tangential impingement, on a leading-edge channel of a gas turbine airfoil. The 

authors performed transient TLC experiments to validate various numerical turbulence models. 

Based on the results, the SST k-ω showed the best agreement with experimental data amongst all 

models. 

Multiple experimental and numerical studies have been conducted to study various aspects 

related to leading edge jet impingement cooling in turbine blades under stationary conditions. 

However, jet impingement is particularly relevant for rotating turbine blades, and it is crucial to 
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understand how rotation influences fluid flow and heat transfer within internal channels. One of 

the initial works to experimentally study effects of rotation on internal fluid flow for gas turbine 

cooling applications, were by Wagner et al [3.17, 3.18]. Their studies revealed that rotation 

enhances heat transfer on the trailing wall of a square channel with radially outward flow, while 

causing a reduction in heat transfer on the leading wall. In the case of radially outward flow, the 

Coriolis and buoyancy forces are in the same direction, leading to a thinner boundary layer on the 

trailing edge, while a thicker and more stable boundary layer develops along the leading edge. A 

reversed effect is noticed in the case of a rotating channel with radially inward flow. Similar work 

done by Parson and Han [3.19] focused on studying the effects of crossflow on array jet 

impingement under rotation within a double-walled system. The authors reported a 15% reduction 

of heat transfer on the target wall for jet flow in direction of rotation and a reduction of up to 20% 

for jet flow opposite to direction of rotation. Multiple studies related to the effect of rotation with 

channel surface roughness, channel orientation, channel aspect ratio, etc. have been published in 

open literature [3.20-3.25].  

While numerous factors affecting heat transfer enhancement in rotating channels have been 

extensively studied, the specific impact of jet impingement under rotational conditions remains 

relatively underexplored [3.26-3.28]. Further, experimental investigations on leading edge jet 

impingement with varying jet positions, under rotating conditions with high spatial resolution of 

data have not been reported in open literature. This paper aims to experimentally provide heat 

transfer characteristics in a realistic curved leading-edge channel comparing the performance of 

normal and tangential jets under stationary and rotating conditions. The heat transfer enhancement 

will be measured over a range of Reynolds numbers (𝑅𝑒𝑐ℎ𝑎𝑛𝑛𝑒𝑙=20,000-40,000) with varying 

Rotation numbers (Ro=0,0.2,0.33 & 0.6). Therefore, the current study incorporates a 
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representative leading-edge geometry and flow conditions that closely resemble those found in 

modern gas turbine engines. It aims to establish a fundamental understanding of the effects of 

rotation and compare the performances of normal and tangential jets. This insight can guide the 

development of more efficient cooling strategies that can provide uniform cooling performances 

while minimizing coolant usage. 

 

Figure 3.1 Test Section 

 

3.3 DESCRIPTION OF EXPERIMENTAL SETUP 

Figure 3.1 shows the schematic of the test section, the airflow direction, jet partition plate 

and the acrylic semi-circular leading edge viewing window. The test section is a 2-pass channel, 
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with the inlet being an ABS 3D printed square channel of hydraulic diameter of 50.8mm. The 

second channel is formed by fastening an acrylic tube onto the 3D printed part, which results in 

a semi-circular channel with hydraulic diameter of 50.3mm. The channels are connected by a 3D 

printed partition jet plate of thickness 6.35mm, with holes 1/8th (𝑑𝑗𝑒𝑡/𝐷ℎ) the channel diameter 

along the centerline which act as crossover jets between the two channels. The jet-to-jet spacing 

is maintained at a constant value of 4𝑑𝑗𝑒𝑡. The average rotation diameter for the entire test 

section 8.5 times the channel hydraulic diameter. Experiments were conducted for three 

Reynolds number ranging from 20,000 to 40,000 under rotation speeds of 0, 150, 250, 350 and 

450RPM. Based on the channel Reynolds number and rotation speeds, the non-dimensional 

rotation number varied from 0 to 0.6. All parameters, which define the test section and 

experimental conditions are shown in Table 3.1. Figure 3.2 shows the direction of rotation with 

respect to the test section. Tests for centerline normal jets, leading side tangential jets and 

trailing side tangential jets were conducted to understand the effect of rotation on the flow 

physics 

Table 3.1 Details of geometry and experimental conditions 

 

Channel Hydraulic diameter (Dh) 50.3 (mm)

Jet diameter                      (djet/Dh) 0.13

Vertical jet spacing               (y/Dh) 0.5

Jet plate thickness                (t/Dh) 0.13

Radius of rotation                (R/Dh) 8.52

No. of jets                                    (n) 8

Rotation speed                      (RPM) 0, 150, 250, 350, 450 

Reynolds number                     (Re) 20000, 30000, 40000
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Figure 3.2 Direction of rotation 

 

3.4 EXPERIMENTAL PROCEDURE 

 

Figure 3.3 Experiment schematic 

The details of the experimental schematic shown in Fig. 3.3 can be found in [3.25]. A 

uniform coating of liquid crystal was applied to the inner surface of the acrylic semi-circular  
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Figure 3.4 Target surface configuration with liquid crystal, lighting and camera positioning 

leading-edge wall (target surface). Three thermocouples were used to measure the air temperature; 

at the inlet of the square supply channel, bottom end of leading-edge channel and near the top 

outlet of the leading-edge channel. Calibration thermocouples were attached to the TLC painted 

target surface using thin aluminum tapes. During each run, the two surface thermocouples were 

used to perform in-situ calibration of the liquid crystals, while having minimal influence on the 

flow field. This ensured in reducing uncertainty in the data arising from TLC paint degradation. In 

order to capture the color change on the target surface, a GoPro camera is mounted onto an 

aluminum frame that is fastened onto the rotating plenum. The camera captures a 2K resolution 

video at 30 frames per second. Focus, white balance and spot metering were fixed to prevent 

exposure adjustment during the experiment, as these would lead to errors while correlating the 

paint HSV color to temperature. The aluminum camera mount has provisions to house white tube 

lights to provide a neutral and even illumination on the target surface. The lights were placed far 

apart so as to avoid reflections on the curved surface. A liquid crystal paint with a color changing 

bandwidth of 9 − 10°C was used for this experimental study. The transparent (at room 

temperature) TLC paint is first coated onto the clear acrylic test surface using a HVLP spray gun, 

followed by a coating of black backing paint on top as shown in Fig. 3.4. The black backing paint 



   

61 

 

helps in clearly visualizing the color change. The acrylic leading-edge channel while allowing for 

easy view of the TLC color change, also helps in reducing two-dimensional thermal conduction 

during the experiment due to low thermal conductivity. 

3.5 DATA REDUCTION 

3.5.1 Heat transfer coefficient calculation 

Detailed measurement of heat transfer coefficient on the impinging surface has been 

carried out. The target surface machined from an acrylic cylinder has a low thermal conductivity 

(0.19 𝑊/𝑚𝐾), allowing for a 1-D semi-infinite assumption. Heat conduction was primarily 

assumed to be perpendicular to the thickness of the acrylic, and lateral heat conduction was 

negligible due to the short experiment durations. The 1-D heat equation is as follows: 

1

𝛼𝑠

𝜕𝑇(𝑥,𝑡)

𝜕𝑡
=

𝜕2𝑇

𝜕𝑥2            (1) 

Solving equation (1) with the following initial and boundary conditions: 

𝑇 = 𝑇𝑖            at  𝑡 = 0        (2) 

ℎ(𝑇∞ − 𝑇) = −𝑘 (
𝜕𝑇

𝜕𝑥
)          at  𝑥 = 0         (3)  

𝑇 → 𝑇𝑖            as  𝑥 → ∞         (4) 

The solution for the instantaneous temperature distribution throughout the solid is:  

𝑇(𝑥,𝑡)−𝑇𝑖

𝑇 𝑚−𝑇𝑖
= erf [

𝑥

2(𝛼𝑡)
1
2

 ] − exp (
ℎ𝑥

𝑘
+

ℎ2𝛼𝑡

𝑘2 ) 𝑒𝑟𝑓𝑐 [
𝑥

2(𝛼𝑡)
1
2

+
ℎ

𝑘
(𝛼𝑡)

1

2]        (5) 

The temperature distribution at the wall can be expressed as: 

𝑇𝑤−𝑇𝑖

𝑇𝑚−𝑇𝑖
= 1 − exp (

ℎ2𝑡

𝜌𝑐𝑘𝑡
) 𝑒𝑟𝑓𝑐 (ℎ√

𝑡

𝜌𝑐𝑘𝑡
)         (6) 
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Here, 𝑇𝑚 represents the fluid mainstream temperature. In the current experimental setup, 

fluid temperature is measured at four locations (2 supply channel thermocouples, 2 leading edge 

channel thermocouples). The mainstream temperature was linearly interpolated between the two 

thermocouples placed in the leading-edge channel in order to obtain spatially continuous 

temperature measurement. In order to account for the step change in fluid temperature, Duhamel’s 

superposition was employed to discretize the mainstream temperature in equation (6). During each 

time step the temperature can be assumed to be constant, modifying equation (6) as follows: 

𝑇𝑤 = 𝑇𝑖 + ∑ (𝑇𝑚,𝑖 − 𝑇𝑚,𝑖−1) [1 − exp (ℎ2 𝑡−𝑡𝑖

𝜌𝑐𝑘𝑡
 ) 𝑒𝑟𝑓𝑐 (ℎ√

𝑡−𝑡𝑖

𝜌𝑐𝑘𝑡
 )]

𝑖=𝑛𝑚𝑎𝑥
𝑖=1         (7) 

𝑇𝑖 is the initial temperature obtained by averaging the surface temperatures prior to starting the 

experiment. 𝑛𝑚𝑎𝑥 corresponds to the frame number associated with the time it takes the particular 

pixel to reach a TLC reference hue value. As mentioned previously, the experiment is designed on 

the 1-D semi-infinite assumption. In order to maintain the validity, the experiment duration is 

limited by the Fourier number. 

𝐹𝑜 =
𝛼𝑡

𝐿2
  (8) 

Where, 𝐿 the characteristic length in this case is the thickness of the acrylic leading-edge surface. 

The experiments are completed keeping a 10% factor of safety to maintain the validity of 1-D 

assumption. The maximum allowable time is given by equation (9). 

𝑡𝑚𝑎𝑥 = 0.1
𝑡ℎ𝑖𝑐𝑘𝑛𝑒𝑠𝑠2

𝛼𝑎𝑐𝑟𝑦𝑙𝑖𝑐
  (9) 

 From equation (7), the unknowns are 𝑇𝑤, 𝑡 and ℎ. 𝑇𝑤 is the wall temperature 

obtained using the TLC and 2 thermocouples taped to the wall. These thermocouples also serve 

the purpose of calibrating the liquid crystal during each experiment run. The heat transfer 
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coefficient ℎ is determined using a Hue based technique [3.30] proven to be very robust and less 

sensitive to TLC paint thickness, and lighting conditions. The liquid crystal paint used in this study 

had a color change bandwidth of 9-10°C. A reference hue value (𝐻𝑟𝑒𝑓) of 0.5 was chosen 

corresponding to a wall temperature of 9.4°C obtained from the in-situ TLC calibration. Once the 

relationship between temperature and hue was calculated, the recorded video file was processed 

and the frame number for each pixel within the region of interest (ROI) to reach the reference hue 

value was captured and stored in a matrix for that pixel address. This was then converted into a 

time matrix based on the video frame rate. 

 At this stage, the only unknown in equation (7) is the heat transfer 

coefficient and it was computed by using a midpoint search and iteratively solving equation (7) 

with an error minimization algorithm. Nusselt number was computed from the heat transfer 

coefficient using the channel hydraulic diameter as a characteristic length scale. 

3.5.2 Uncertainty and repeatability 

Experimental uncertainties related to Nusselt and Reynolds numbers were determined 

using the approaches described by Kline [3.31] and Moffat [3.32]. The factors contributing to 

uncertainty in Nusselt number are 𝑇𝑤, 𝑇𝑚, 𝑇𝑖, 𝑡, √𝜌𝑐𝑘𝑡 . The uncertainty associated with 

temperature measurements was ±1.1 °𝐶, and uncertainty contribution of time was 0.042 seconds. 

The resulting overall experimental uncertainty for Nusselt number is approximately ±10%. 

Regions of higher heat transfer (stagnation regions) have the higher uncertainty due to fast color 

change times. 

Repeatability tests for rotating cases were performed at Reynolds numbers 30,000 and at a 

rotation speed of 250 RPM. Tests performed at different initial temperatures; coolant temperatures 

and different dates show similar heat transfer results. The local difference in heat transfer between 
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the repeated experiments is within the uncertainty limit, showing a good repeatability in the present 

experimental setup. 

3.6 COMPUTATIONAL METHODOLOGY 

In addition to the experimental tests, three dimensional CFD studies have also been carried 

out for the same test section under stationary and rotating conditions. The mean flow and thermal 

fields were obtained by solving steady state Reynolds Averaged Navier Stokes (RANS) and energy 

equation using the commercial finite volume solver ANSYS fluent. The Shear Stress Transport 

(SST) 𝑘 − 𝜔 model was used to model turbulence. The 𝑆𝑆𝑇 𝑘 − 𝜔 model is shown to perform 

well in predicting the heat transfer characteristics [15,16,35,36]. A second order discretization 

scheme was employed for higher accuracy of numerical predictions, and SIMPLE algorithm was 

used for pressure-velocity coupling. 

The unstructured 3D mesh was generated with ANSYS Watertight meshing workflow 

using polyhedral elements. Face sizing functions were used to maintain a high-density mesh near 

impinging zones. Inflation layers are specified on all target walls, using 10 prism layers with a 

growth rate of 1.1 and maintaining a dimensional wall distance 𝑦+close to 1. 

To ensure the solutions obtained are independent of mesh size, a grid independence study 

has been carried out for the baseline normal jets under stationary conditions at a Reynolds number 

of 20,000. Five different meshes with approximately 3 million, 5 million, 9 million and 13 million 

elements were generated. The area average Nusselt number values were compared, and were found 

to be withing 7% between the finest and coarsest grid. Thus, to maintain a balance between 

computational cost and accuracy, the mesh with ~9 million elements were used for all numerical 

simulations. 
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The computational study is setup up as a steady state problem, with air as the working fluid 

assumed to be incompressible and with constant physical properties. A mass type boundary 

condition based on the Reynolds number is specified at the channel inlet. The inlet fluid 

temperature is 300K. The outlet was specified with a pressure boundary condition set to zero-

gauge pressure. Since only the fluid boundary is being simulated, a constant wall heat flux of 

3000𝑊/𝑚2 was specified on the leading-edge curved surface. The heat flux magnitude is chosen 

such that an appreciable temperature difference can be maintained between the wall and bulk fluid. 

All other walls bounding the fluid were set to no-slip adiabatic conditions. A rotation speed in 

𝑟𝑎𝑑/𝑠 was specified under frame motions based on the case Rotation number. The axis of rotation 

was orthogonal to the length of the test section and depended on whether Leading or Trailing jets 

were being investigated. The rotation origin measured from the experimental rig was specified at 

1𝑓𝑡 below the fluid inlet. 

3.7 RESULTS AND DISCUSSION 

Experimental data from transient thermochromic liquid crystal (TLC) measurements are 

presented for three Reynolds numbers and rotation numbers, evaluated across three jet 

configurations: centerline (normal) jets, leading-side tangential jets, and trailing-side tangential 

jets. The heat transfer contours on the leading-edge channel are mainly determined by the flow 

conditions in the supply channel. The flow from the supply channel is periodically extracted into 

the curved channel, causing a reduction in Reynolds number in the supply channel in a radially 

outwards direction. The stationary normal jet configuration serves as a baseline for assessing the 

relative thermal performance of tangential jet arrangements under rotation.  
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3.7.1 Heat transfer under stationary conditions – Normal jets 

Fig. 3.5 shows the Nusselt number contours for the baseline stationary normal impinging 

jets. As expected, an increase in Reynolds number leads to higher local Nusselt number values, 

particularly at the jet impingement regions. At all Reynolds numbers, the peak heat transfer is 

observed near the stagnation zones, with Nusselt number values decreasing radially outward and 

along the streamwise direction toward the outlet. 

 

Figure 3.5 Nusselt number contours for center jets at stationary conditions 

This streamwise decline in Nusselt number is attributed to several factors. First, due to 

periodic extraction of coolant along the supply channel, the supply pressure decreases in the 

radially outward direction, reducing the coolant mass flow rate through the downstream jets. 

Consequently, lower stagnation Nusselt numbers are observed near the outlet. Crossflow plays an 

important role in dictating the heat transfer characteristics in the leading-edge channel. Moving 
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towards the outlet in the impinging channel, the bulk fluid momentum from upstream spent jet 

constantly increases. Coupled with the streamwise reducing mass-flow in the supply channel, the 

downstream jets are unable to effectively penetrate through the bulk fluid, leading to a decrease in 

stagnation Nusselt number. As a result of stationary test conditions, the flow field remains laterally 

symmetric, and Nusselt numbers on both sides of the impingement surface are comparable. 

Notably, Fig. 3.5 shows a deviation from expected behavior in the stagnation region of the 

impinging jet. The Nusselt number at the stagnation is reduced at jet center, particularly at higher 

Reynolds numbers. This behavior henceforth referred to as jet distortion is attributed to the 

curvature of the impingement surface, which alters the jet structure compared to flat plate 

impingement. The curvature causes the outer shear layers of the jet to impinge before the central 

core, leading to lateral fluid deflection and the formation of recirculation zones near the anticipated 

stagnation point. This altered flow structure disrupts the high-velocity jet core, resulting in reduced 

convective heat transfer at the jet center. Similar results have been observed in previous studies 

[33,34]. 

 

Figure 3.6 Turbulent Kinetic Energy at different jet planes (Re =30,000, Ro = 0). 
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Fig. 3.6 shows the turbulent kinetic energy contours obtained from CFD simulations. 

Elevated turbulence levels are observed in the shear layers surrounding the jet, while reduced 

turbulence intensity is evident near the disrupted jet core. This corresponds with the experimentally 

observed dip in Nusselt number at the stagnation point. The intensity and structure of this distortion 

are influenced by curvature radius, jet-to-surface distance, Reynolds number, and rotational 

speed—factors critical to the thermal design of curved internal cooling passages. As a result of the 

stationary conditions, the flow field and Nusselt numbers remain symmetric about the target 

surface centerline. 

3.7.2 Heat transfer under rotating conditions – Normal jets 

Fig. 3.7 shows the effect of rotation on the Nusselt number contours for normal jets at 

Reynolds numbers ranging from 20,000 to 40,000 and rotation numbers ranging from 0.2 to 0.6. 

The rotational motion induces a centrifugal force that drives coolant radially outward, towards the 

top (closed) end of the supply channel. As a result, the fluid mass flow rates through the top jets 

increase in comparison to stationary case, and this further intensifies with increasing rotation 

number. This redistribution of flow leads to increased Nusselt number values on the target surface 

in the downstream region.  

With increasing Reynolds and rotation number, the intensity of recirculation zones in the 

potential core of the downstream jets increase, resulting in increased jet distortions near the 

leading-edge outlet. Additionally, due to the reduced coolant mass flow though the bottom jets, 

the crossflow effects are also reduced, leading to an increase in the area average Nusselt number. 

Coriolis force plays a major role in modifying the flow physics under rotation. Given the 

upward coolant flow and an out-of-plane axis of rotation, the Coriolis force acts orthogonally, 

pushing the jet towards the Trailing Side (TS). This effect is more prominent at low Reynolds  



   

69 

 

 

Figure 3.7 Nusselt number contours and centerline plots for center jets under rotating 

conditions 

 

Figure 3.8 Trailing side Nusselt number distribution for center jets under rotating 

conditions (Re = 20,000) 
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number cases (under higher rotation speed). Fig. 3.8 shows the linear distribution of Nusselt 

number on the trailing side at a Reynolds number of 20,000. The linear distributions are taken at 

2𝑑𝑗𝑒𝑡 away from the centerline on both sides. Similar to the stationary case, the Reynolds number 

decreases downstream (due to reduced jet mass flow rates moving upwards in supply channel) 

while the effective rotating radius increases, thereby increasing the Coriolis force. As shown in 

Fig. 3.8, the lower jets exhibit similar Nusselt number distributions, while moving downstream, 

the Nusselt number distribution is biased towards the trailing side. 

3.7.3 Heat transfer under rotating conditions – Trailing side tangential jets 

In this configuration, the jets are laterally offset by 3𝑑𝑗𝑒𝑡 toward leading or trailing sides 

of the curved channel, while maintaining a constant jet diameter as shown in Fig. 3.9. Fig. 3.10 

presents the Nusselt number contours for trailing tangential jets at various Reynolds and rotation 

numbers. Upon entering the leading-edge channel, the tangential jet impinges obliquely on the 

curved surface and transitions into a wall jet, creating a distinct teardrop-shaped region of high 

heat transfer. 

 

Figure 3.9 Leading and trailing side jet configurations 
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Figure 3.10 Nusselt number contours for trailing side tangential jets under rotating 

conditions 

Considering normal jets under rotation, the trailing side experienced a heat transfer 

enhancement while the leading edge was negatively impacted due to rotation induced Coriolis 

forces, since the stagnations points were shifted towards the trailing side. In contrast, the main 

mode of heat extraction is due to the formation of wall jets in the case of tangential jets. Under 

rotating conditions, the Coriolis force acts towards the trailing side, disrupting the wall jet and 

preventing it from fully adhering to the curvature of the leading-edge channel, thereby causing a 

reduction in heat transfer. 

In the supply channel, the fluid experiences a force towards the trailing side; and with the 

corresponding crossover jet orientations, the coolant extraction effect is more pronounced. As a 

result, the mass flow rate through the bottom jets is higher. Fig. 3.11 presents the velocity contours 

at various cross-sections along the supply and leading-edge channels for the tangential jet 

configuration, as obtained from the CFD analysis. A distinct increase in fluid velocity is observed 

along the trailing side of the supply channel, while the formation of a coherent wall jet in the 

leading-edge channel is notably diminished. The low velocity of fluid near the leading-edge 

centerline, corresponds to a reduction in Nusselt number distribution shown in Fig. 3.10. 
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Figure 3.11 Velocity contours for trailing side tangential jets under rotating conditions (Re 

= 20,000). 

Moving upstream, the influence of rotational effects becomes more pronounced, primarily 

due to the combined impact of a streamwise reducing Reynolds number and an elevated rotation 

number. Under these conditions, the Coriolis force exerts a stronger influence, resulting in a 

shortened wall jet region and, consequently, a reduction in the area-averaged Nusselt number on 

the target surface. This trend is significant at lower channel Reynolds number; at higher values, 

the wall jet behavior is less affected by rotation, although the overall heat transfer enhancement on 

the target surface due to trailing side tangential jets remain low.  
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In contrast to the normal jet configuration, crossflow has a minimal influence on the 

tangential jet arrangement. The primary effect is an upward displacement of the teardrop-shaped 

wall jet region, rather than significant jet distortion. 

3.7.4 Heat transfer under rotating conditions – Leading side tangential jets 

 

 

Figure 3.12 Nusselt number contours for leading side tangential jets under rotating 

conditions. 

Fig. 3.12 presents the Nusselt number contours for the leading-side tangential jet 

configuration. In contrast to the trailing-side arrangement, the leading-side configuration 

demonstrates increasing heat transfer performance with rising Reynolds and rotation numbers. 

In both the normal and trailing-side jet arrangements, the periodic extraction of coolant 

through crossover jets leads to a progressive reduction in jet mass flow rate in the downstream 

direction. However, in the case of leading-side jets, the Coriolis force within the rotating supply 

channel induces a lateral migration of coolant flow toward the trailing side, whereas the crossover 

jets are positioned on the leading side. This misalignment between the direction of the Coriolis-

driven flow and the location of the crossover jets reduces the efficacy of periodic extraction, 

making its influence less significant compared to the other configurations. As depicted in the CFD 
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results in Fig. 3.13, this effect results in an increase in jet mass flow rate along the downstream 

direction for the leading-side configuration, further enhancing the heat transfer towards the outlet. 

 

Figure 3.13 Velocity contours for leading side tangential jets under rotating conditions (Re 

= 20,000). 

In the leading-edge channel, the Coriolis force acts to support the development of stable 

wall jets along the curved surface. This promotes more uniform and extended jet impingement 

coverage, leading to higher area-averaged Nusselt numbers. Among the three configurations 

studied, the leading-side tangential jet configuration demonstrates superior heat transfer 

performance under rotational conditions, primarily due to favorable Coriolis alignment and stable 

wall jet development. 
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3.7.5 Regionally averaged Normalized Nusselt number values 

 

Figure 3.14 Experimental data of area averaged Normalized Nusselt number in the curved 

channel for varying Rotation numbers 

Fig. 3.14 presents the zone-averaged Nusselt number distributions in the curved channel, 

where the results for both tangential jet configurations have been normalized with respect to the 

corresponding rotating center jet cases. This normalization enables a direct assessment of the 

geometric and directional influences of tangential jet positioning under rotational conditions. 

For the trailing-side tangential jets, localized enhancement is observed in zones P6–P8 at 

higher Reynolds numbers, with up to a 10% increase in heat transfer relative to the baseline. 

However, the upstream and midstream regions experience diminished performance, resulting in a 

net reduction in area-averaged heat transfer. This trend highlights the adverse effect of Coriolis-

induced deflection, which disrupts wall jet development and reduces thermal effectiveness in the 

leading-edge channel. 

In contrast, the leading-side tangential jets consistently outperform the rotating center jets 

across all zones, with heat transfer enhancements reaching up to 30%. The favorable alignment of 
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the Coriolis force in this configuration promotes stable wall jet adherence along the curved surface, 

leading to more uniform and effective heat transfer throughout the channel. 

3.8 CONCLUSION 

This study experimentally investigated the heat transfer performance of various jet 

impingement configurations in a rotating leading-edge cooling channel using transient liquid 

thermography. Three configurations – centerline (normal) jets, trailing-side tangential jets, and 

leading-side tangential jets were studied under a range of Reynolds numbers (20,000 to 40,000) 

and rotation numbers (0 to 0.6). The objective was to assess the influence of jet orientation and 

rotational effects on cooling effectiveness. Supporting CFD results provide further insight into jet 

flow behavior. Key findings are summarized as follows: 

1. The curvature of the target surface significantly altered the jet impingement behavior, 

leading to a reduction in heat transfer at the stagnation point for centerline jets. This effect 

became more pronounced with increasing Reynolds and rotation numbers, as the jet core 

was increasingly disrupted by curvature-induced deflection and recirculation. 

2. In the case of trailing side tangential jets, some localized heat transfer enhancement (up to 

10%) was observed in downstream regions at high Reynolds number, overall heat transfer 

was reduced due to Coriolis induced disruption of wall jet formation and unfavorable flow 

alignment.  

3. The leading side tangential jet configuration exhibited the most consistent enhancement up 

to 30% compared to the baseline case. Favorable Coriolis alignment promoted stable wall 

jet development resulting in uniform heat transfer. 
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NOMENCLATURE 

c Specific heat capacity of solid 

𝐷ℎ Channel hydraulic diameter 

𝑑𝑗𝑒𝑡 Jet diameter 

h Heat transfer coefficient  

𝑘𝑠 Thermal conductivity of solid 

𝑘𝑓 Thermal conductivity of fluid 

Re Reynolds number, 𝑉𝑑ℎ/𝜈 

Ro Rotation number, Ω𝑑ℎ/𝑉 

Nu Nusselt number, ℎ𝑙/𝑘 

𝑇𝑖 Initial temperature 

𝑇𝑤 Wall temperature 

𝑇𝑚 Mainstream temperature 

𝑇𝑟𝑒𝑓 TLC reference temperature 

T Time 

t Thickness 

Greek Symbols 

𝛼𝑠 Thermal diffusivity of solid 

𝜌 Density 
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𝜈 Kinematic viscosity 

𝜔 Rotational speed 

Subscripts  

i Initial  

m Mainstream 

w Wall  

erfc Complimentary error function 
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RECOMMENDATIONS 

1. Discrete or broken turbulators have been studied under stationary conditions, and have 

proven to have increased thermal hydraulic performance compared to continuous 

turbulators. A thorough investigation of these cooling configurations at increased Reynolds 

and Rotation numbers are imperative in order to understand the performance and feasibility 

of application in High Pressure Turbine blades. 

2. In the gas turbine internal cooling community, there is a strong need to obtain detailed heat 

transfer coefficient maps for an actual gas turbine blade geometry with leading, mid-chord 

and trailing edge portions fed by a common plenum. With the ever-expanding capabilities 

of plastic 3D printing, this could provide very valuable local heat transfer data. 

3. Chapter 2 outlines various novel jet positions for the leading edge under stationary 

conditions. It would be valuable information to expand this work to include different jet 

nozzle geometries, as well as to include rotational effects. A detailed parametric study can 

be performed to evaluate the potential of this novel concept. 

4. Chapter 3 talks about jet distortion in the leading-edge channel at high Reynolds and 

rotation numbers. High fidelity numerical studies or experimental flow field studies need 

to be performed in order to better under the flow physics behind this observed phenomenon. 

 


