ABSTRACT

SONAWALA, CHAITANYA SAMIR. Thermo-Hydraulic and Economic Analysis for
Improvement of a Process Cooling Network at a Chemicals Manufacturing Facility. (Under the
direction of Dr. Stephen Terry and Dr. Alexei Saveliev).

Modern manufacturing facilities often utilize thermal and fluid processing equipment that
is interconnected. The compatibility of installed process equipment is always subject to issues
arising from changing operating conditions which can then possibly affect normal production
capabilities. The focus of this thesis is to take an existing manufacturing facility where the quantity
of the manufactured product is directly dependent on the performance of thermal and fluid
equipment such as heat exchangers, cooling towers and centrifugal pumps, and analyze it to make
it operate even better. A specific problem of erratic low product condensation was identified,
defined and solutions to resolve the contributing factors were developed. Since there may be
multiple contributing factors to such an operational issue, a root cause analysis of the problem was
carried out, followed by on-site data collection and brainstorming for solutions. Economics drive
the majority of decisions in facilities engineering and this thesis demonstrates how to check the
feasibility of critical or expensive engineering investments by sizing equipment correctly. The
results of this study involved estimation of the implementation costs for the recommended
solutions and the annual operational costs for the same. Simple engineering economics calculations
such as payback periods are calculated based on these costs and are used to provide insights that
can help the decision-making process. The facility management has initiated the process of

implementation on some of the findings of this study, whereas more expensive, long-term

investments are being planned for the near future.
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CHAPTER 1: INTRODUCTION

1.1: The Big Picture

In any modern manufacturing facility, there are a number of interconnected processes and
systems that work simultaneously in conjunction with each other to develop a final product. This
interconnectivity of intermediate processes often involves use of some form of thermal and fluid
power equipment such as boilers, chillers, air compressors, pumps and heat exchangers. Since this
equipment is critical to process functionality within most facilities, the overall operating
effectiveness of the processing facility is directly dependent on the suitability and the operating
efficiencies of these individual components.

It is estimated that the industrial sector in the United States consumes about 21,000 trillion
BTU of energy annually which is about 31% of the total annual energy consumption of the United
States [1]. Thus, looking at the interconnectivity of process equipment from an energy
conservation perspective, one can conclude that the energy consumption and thus, the costs of
operating a manufacturing facility both depend on the individual operating efficiencies of these
thermal and fluid power components. With this outlook in today’s energy conscious environment,
there is a need for having such thermal and fluid power equipment in manufacturing facilities
perform at the maximum operating efficiency possible. This can be achieved by either reducing
the load, reducing distribution losses or by increasing the efficiency of the prime movers associated
with the process. Keeping this end goal in mind, this thesis is an exercise in analyzing an actual
existing industrial process with two interconnected mechanical systems. The challenge is in
figuring out the engineering methodology to make such a process operate more efficiently by either
suitably modifying existing equipment or by analyzing the feasibility of installing new mechanical

equipment that reduces operational expenses and the energy footprint of the process. The goal of



this thesis is to make sure the facility in focus can achieve its production goals in the most energy
and cost-efficient manner possible.

Economics and engineering often go hand in hand when making short-term or long-term
decisions that impact a manufacturing facility. Most engineering decisions made by plant
management are based on the engineer’s answer to the inevitable question of “How soon will I get
my money back?”. A good way to look at the time value of any investment is to look at the simple
payback period, which can give a finite (or sometimes near-infinite!) time period in which the total
cash flow towards or from an investment becomes zero. Simple payback periods are often used in
energy efficiency projects to compare equipment costs and to gain insights on the long-term value
of projects. The only downside of using simple payback periods, is that the calculations do not
account for changes in the value of money over time due to inflation and uncertainty. Such in-
depth calculations can be conducted by using more sophisticated analysis methods like the Net
Present Value or Internal Rate of Return methods.

This thesis is laid out as follows: Chapter 1 looks at heat exchangers and pumping
networks, which are the focus of the analysis conducted later in this thesis. Chapter 2 introduces
the facility being examined, the various steps in the manufacturing process that the company
currently employs to develop its products and describes the present problems and areas of possible
improvement at this facility. Chapter 3 is a review of existing relevant literature and possible
practical solutions to the problems described in chapter 2. This is followed by Chapter 4, where
the extent of the afore mentioned problems is looked at and the engineering feasibility of solutions
to the specific causes are analyzed by assessing the economics of the solution via simple payback
analysis. Finally, Chapter 5 summarizes the various solutions and provides closing remarks to the

facility.



1.2 Heat Exchangers

1.2.1 Introduction to Heat Exchangers

Heat Exchangers are a vital part of most modern processing facilities that deal with some
form of fluid medium on the way to processing a final product. Heat exchangers are typically
closed-chamber pressure vessels that allow efficient exchange of thermal energy across two fluids
at different thermo-physical conditions. The versatility of carrying out heat transfer efficiently,
with or without mixing of fluids, makes heat exchangers a very useful tool in most industrial
applications. Heat exchangers are widely used in a range of process-based applications in chemical
processing and food processing facilities, but also across all modes of transport, homes and
commercial spaces in the form of cooling towers and evaporator units for refrigeration and air-
conditioning purposes, which illustrates the extent of the usage of heat exchangers across the
world. Since heat exchangers are a vital part of most processing industries directly as part of the
process or indirectly as part of the HVAC related equipment, the analysis and optimization of these
components is a great way to improve the efficiency of the process and reduce its energy

consumption.

Figure 1: Disassembled Shell and Tube Heat Exchanger [2]



The underlying principles behind heat exchanger operation are very straightforward. Heat
exchangers utilize the Zeroth Law of thermodynamics by bringing the two fluid streams, which
are at different temperatures, into direct or indirect contact, during which, an attempt to reach
thermal equilibrium is made. This attempt to achieve thermal equilibrium by using a heat
exchanger is orchestrated to achieve either a temperature rise of one of the fluid streams, a
temperature decrease of one of the fluid streams, or to have both these processes occur
simultaneously. As per the First Law of thermodynamics, the total energy transfer must always be
balanced and the heat gain and the heat loss of the respective fluid streams are always equal, if
losses to the operating environment are neglected. In certain processes, heat exchangers can also
be used to effect a change in phase of either of the fluids involved by exchanging the necessary
latent heat.

Since the exact nature of the process application dictates the magnitude of heat transfer
required, the process of heat exchanger design and selection is highly dependent on several factors
such as purchasing and operating costs, process parameters, operating environment and the
criticality of the process application [3]. For example, a heat exchanger that is used for a
pharmaceutical cooling application, where precise temperature and fluid flow control is critical to
the process, would be very different from the heat exchanger used in a waste heat recovery
application, where more emphasis would be placed on the efficiency of the heat exchanger to
maximize the desired heat recovery effect with minimum operating costs.

The simplicity of the operating principle of heat exchangers is contrasted by the complexity
of accurately analyzing and predicting the thermal and hydraulic performance of a heat exchanger
in actual practice. Due to the inherently complex flow paths and various dimensional constraints

in the flow patterns of the fluids involved, there are several unique design parameters that the heat



exchanger behavior and efficiency is sensitive to. Some of these parameters include the variation
of area of the fluid carrying components along the fluid flow path, the baffle arrangements and the
significant pressure and velocity variations across the heat exchanger. Conventionally, heat
exchangers that would be used in a practical application would be overdesigned for the typical
heat duty that would be warranted in the application. However, over the years, there have been
several advancements in using computing software for prediction and simulation of the fluid flows
within a heat exchanger in practice to a considerable prediction accuracy. Such computing
software often employ an iterative process of thermo-hydraulic analysis combined with some form
of computational fluid dynamics to obtain critical parameter values such as the overall heat transfer
coefficient value and the pressure drop across the tubes. Using such software tools in the design
process has pushed the boundaries of equipment design by enhancing the design and
manufacturing process for modern heat exchangers.

Heat exchangers can be classified based on their basic heat exchange flow pattern (parallel
flow, counter flow or cross flow) or as per their configuration. Due to the simplicity of the
operating principle, heat exchangers can be designed to accomplish their heat transfer goals in
many different configurations as shown in Figure 2.

Regenerative heat exchangers deal with intermittent heat transfer and utilize thermal
storage to accomplish the heat transfer, whereas recuperative heat exchangers deal with continuous

heat transfer between two fluid streams via an intermediate medium of fluid separation.
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Figure 2: Classification of Heat Exchangers Based on Operating Principle [4]

1.2.2: Shell and Tube Heat Exchangers

A very common configuration of a heat exchanger used in the industry is the shell and tube
configuration. This recuperative type heat exchanger configuration involves using multiple fluid
carrying tubes, contained within a larger vessel called the shell, which has the second fluid flowing
through it. The tubes are held in the form of systematically arranged tube-bundles within a tube-
sheet or within supports at either end of the shell. The fluids do not mix, and the heat transfer
occurs via thermal interaction between the fluid films at the extreme inner and outer surfaces of

the tube. The shell and tube heat exchanger arrangement is commonly used because of its ease of



design, maintenance and ruggedness to sustain long-term usage. A typical shell and tube heat
exchanger also typically costs less than the other possible configurations for a given heat transfer
duty.

The shell side of a heat exchanger is a pressure vessel fabricated to sustain the necessary
pressure it may see during operation. Shells are sized with relation to the tube bundle that they are
designed to hold and generally have a corrosion allowance and a clearance from the tube surface
factored into the wall thickness, and ultimately the shell diameter. There are three common and
distinct types of shell and tube heat exchanger configurations on the basis of construction: A fixed
tube-sheet type heat exchanger, a floating head type heat exchanger and a U-tube type heat
exchanger [5].

A shell and tube heat exchanger typically contains one or multiple tube-sheets, which are
heavy metallic plates that hold the tubes in place. The tubes are inserted into holes drilled into the
tube-sheet, inserted with a metallic ferrule to form a leak-proof seal and then secured in place using
tie rods, spacers and by welding the tube ends to the tube-sheet. As seen in Figure 4(a), the tube-
sheet along with a longitudinal partition may also be configured to accommodate multiple tube
passes. The tube bundle may or may not be removable depending on the design of the head of the
exchanger and the number of tube-sheets. A fixed tube-sheet type heat exchanger generally uses a
tube-sheet on either side of the heat exchanger shell, which reduces the complexity and the cost of
construction, but increases the difficulty in cleaning the heat exchanger [5].

An alternative configuration is the floating head heat exchanger shown in Figure 4(b) that
uses a stationary tube-sheet on one end of the exchanger and a floating tube-sheet on the other end
that is free to move. Using this configuration allows two major advantages: movement due to

thermal expansion is accommodated and it allows better cleaning of both the inside and the outside



of the tubes without necessitating complete overhaul and reassembly. However, this benefit comes
at a greater expense, since these heat exchangers are complicated to design and expensive to
purchase [5]. A U-tube heat exchanger as illustrated in Figure 4(c) uses long, continuous tubing
which is bent into a U-shape to reduce the size of the shell by eliminating the head on one side of
the heat exchanger. Again, the reduced cost of having U-tubes is offset by the increase in difficulty
of cleaning the heat exchanger, since cleaning the U-bends would require flexible cleaning
equipment to be used with overhauling being necessary. Due to these problems, the U-tube and
fixed tube-sheet heat exchangers are used in operational conditions where low frequencies of
cleaning and overhauling are acceptable and the cost of owning or fabricating a heat exchanger is
the major selection or design criteria.

The standards for the design, installation and operation of a shell and tube heat exchanger
are based on a document by the Tubular Exchanger Manufacturers Association [6], which is a
trade group of heat exchanger manufacturers. Heat exchangers with a “TEMA Plate” attached,
indicates a product manufactured by following these technical standards, and hence, a product with

an assured level of manufacturing and design quality.



FRONT END
STATIONARY HEAD TYPES

C
AND REMOV

BONNET (INTEGRAL COVER)

SHELL TYPES

REAR END
HEAD TYPES

-
|

L

OME PASS SHELL

FIXED TUBESHEET
LIKE “A" STATIONARY HEAD

=

}
J

L

QO PASS SHELL

W L
WITH LONGITUDINAL BAFFLE

[ B )
R
Pl

FIXED TUBESHEET
LIKE "B STATIONARY HEAD

[
"
H

J—

FIXED TUBESHEET
LIKE “N" STATIONARY HEAD

REMOMABLE
TUBE

i
BUNDLE
ONLY --;{‘J:: .

HEA

CHANNEL INTEGRAL WITH TUBE-
SHEET AND REMOVABLE COVER

—

HESESSES

]
-3 i

21
CHANNEL INTEGRAL WITH TUBE-
SHEET AND REMOVABLE COVER

SPECIAL HIGH PRESSURE CLOSURE

DOUBLE SPLIT FLOW

]

1 L

DIVIDED FLOW

FLOATING HEAD
WITH BACKING DEVICE

T

L L

KETTLE TYPE REBOILER

PULL THROUGH FLOATING HEAD

T

| |

1

CROSS FLOW

)

U-TUBE BUNDLE

EXTERNALLY SEALED
FLOATING TUBESHEET

Figure 3: TEMA-type designations for Shell and Tube Heat Exchangers [6]



i

B
T
(L

(b)

mall

.
i

(c)
1. Stationary Head—Channel 20. Ship-on Backing Flange
2. Stationary Head—Bonnet 21. Floating Head Cover—External
3. Stationary Head Flange—Channel or Bonnet 22. Floating Tubesheet Skirt
4. Channel Cover 23. Packing Box Flange
5. Stationary Head Nozzle 24. Packing
6. Stationary Tubesheet 25. Packing Gland
7. Tubes 26. Lantern Ring
8. Shell 27. Tie Rods and Spacers
9. Sheli Cover 28. Transverse Baffles or Support Plates
10. Shell Flange—Stationary Head End 29. Impingement Plate
11. Shell Flange—Rear Head End 30. Longitudinal Baffle
12. Shell Nozzle 31. Pass Partition
13. Shell Cover Flange 32. Vent Connection
14. Expansion Joint 33. Drain Connection
15. Floating Tubesheet 34. Instrument Connection
16. Floating Head Cover 35. Support Saddle
17. Floating Head Flange 36. Lifting Lug
18. Floating Head Backing Device 37. Support Bracket
19. Split Shear Ring 38. Weir

39. Liquid Level Connection

Figure 4: Cutaway drawings of: (a) 1-2 Fixed Tube-sheet B-E-M Shell and Tube Heat Exchanger,
(b) 1-2 Internal Floating head A-E-S Shell and Tube Heat Exchanger, (c) 1-2 U-Tube C-F-U Shell
and Tube Heat Exchanger [5]



The convention for naming heat exchangers is based on the number of passes, so a 2 shell
pass and 4 tube pass heat exchanger with a floating head is referred to as a ‘2-4 floating head heat
exchanger’. Heat exchangers are almost always designed with even numbers of tube passes (except
1 pass) to avoid any mechanical problems in the construction of the heat exchanger [7]. TEMA
standards also have a naming convention for the construction of the shell depending on the type
of heads and the pressure vessel characteristics as shown in Figure 4.

The tube construction used in a shell and tube heat exchanger greatly influences the size
and effectiveness of the heat exchanger. The tubes are designed with an intent to have a turbulent
flow of the fluid within them which would allow better thermal mixing and hence, better heat
transfer. The tubes are made capable of sustaining the high pressures of the fluid on either side of
the tube surface and include a corrosion allowance, proportional to the corrosiveness of the fluids
it is expected to encounter. Typically, the fluid on the tube side is the more corrosive or the dirtier
fluid while the fluid on the shell side is a fluid with either higher viscosity or the fluid that
experiences the change in phase. The reason for this is that the inside of the tubes can be cleaned
much more easily and frequently than the shell side for most configurations.

The tube cross-section area is determined to optimize the velocity of the tube-side fluid
and to prevent fouling due to stagnation of fluid flow within any spot inside the exchanger. The
tube length within the heat exchanger is a very critical parameter as it directly influences the
pressure drop that the fluid will experience going through the heat exchanger. A longer tube will
increase the tube-side pressure drop as the friction increases, but reduce the shell diameter and the
number of tubes that may be needed. Optimizing a heat exchanger for maximum thermal
interaction and cost, primarily involves tinkering with these variables to achieve a suitable middle

ground between these two effects. [5]
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Tubes are generally made up of highly conductive metals like steel, copper or bronze to
maximize the heat transfer via conduction between the shell and tube-side fluids. The tubes may
generally have a smooth outer surface (and possibly an outer protective sheath) to prevent
accumulation of sediments and other deposits which may reduce the heat transfer. In certain
operational cases, particularly when dealing with viscous fluids, the tubes may have external fins
attached, to increase the external surface area and the heat transfer. [7] The tubes in a heat
exchanger are laid out in close proximity to each other to increase the heat transfer with the shell
side fluid flow. The tubes are generally laid out in either a square or a triangular layout with a
consistent distance between two adjacent tubes, also called the pitch, in the horizontal and vertical
directions. The pitch of the tubes decides the shell diameter. A twisted tube configuration is an
alternative to circular tubing and allows better rigidity, reduces flow induced vibration and is easier

to clean on the inside and outside via hydro-jets.

AN LA s WL
368 4 1
LRR T aE G RE

{a)-Square pitch (b)-Triongular pitth ~ {c)-Square pitch (d)-Triangular pitch
rotated with cleaning lanes'

A\

Codls

Figure 5: Tube layouts [7]

Figure 6: Twisted Tube Configuration [4]
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Another constructional element in a heat exchanger is a baffle. Baffles are primarily used
to increase the mixing of the shell side fluid, which is accomplished by introducing changes in the
flow path and the associated cross-sectional flow area. Baffles act as barriers in the flow path and
allow increase in the velocity as the flow progresses. The change in velocity causes a change in
the inertial forces and directly affects the heat transfer coefficient on the outer side of the tubes.
[5] [7] Baffles are also strategically positioned to support the tubes and to minimize the vibration
induced in the exchanger due to the sudden change in flow direction and flow area. Baffles are
classified based on their shape and their arrangement inside the shell. The baffles can be in a
segmented arrangement or in a disk-doughnut type arrangement.

A segmented arrangement is simply a partition in the shell cross-sectional area that covers
some portion of the flow area to induce mixing via a change in direction. The segmented baffle
“cut” is expressed as a percentage of the shell area it shields and is typically about 45%-50% and
constructed such that the baffle supports all the individual tubes in the bundle. A disk and doughnut
baffle arrangement comprises of a circumferential partition baffle in the shell area, alternating with
a central partition on the tube area. The disk and doughnut type of baffling has been practically
proven to have a 15% higher heat transfer coefficient than the segmented type of baffling. [8] This
lower value of the heat transfer coefficient in segmented baffles is understood to be an indication
of the kinetic energy dissipation of the shell-side fluid within the eddy motion caused in the flow
pockets, which form due to the flow around the segmented baffles. The spacing within the baffles
influences the pressure drop on the shell side of the exchanger as it affects the quantity and the
velocity of the shell-side fluid meeting the tubes at any given time. Accordingly, baffles spaced
further away would allow for a higher heat transfer coefficient than baffles spaced closer to each

other. The baffle spacing is generally not more than one-fifth the inside shell diameter. [5]
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Figure 7: Baffle arrangements in a Shell and Tube Heat Exchanger:
a) Single-segmental, b) Double-segmental, ¢) Disk-and-Doughnut [9]

The mechanism of heat transfer in a shell and tube heat exchanger can be broken up into
three distinct constituent phenomena:
e Convection heat transfer between the inner tube surface and the tube-side fluid film on it.
e Conduction heat transfer across the tube material.

e Convection heat transfer between the outer tube surface and the shell-side fluid film on it.

............. t R : t R toto!oto:o:ot % Fouling layer

Tube wall
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""""" ;;;;"'""""--""‘;;"";"'"";""""""""..... %% Fouling layer
Gas film
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Figure 8: Heat transfer surfaces, thermal resistances and the temperature profile around the tubes
[10]

Even though shell and tube heat exchangers are not the most efficient form of heat

exchangers, their versatility and design flexibility is why almost 50% of all industrial process-

based heat exchanger systems are shell and tube type exchangers [11]. Some other distinct
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advantages to using a shell and tube heat exchanger over other forms of heat exchangers are as

listed below:

e Due to the general construction of the shell and tube heat exchangers, the orientation of
installation is not an issue and they can be mounted horizontally or vertically without any major
detrimental effects.

e Due to the flexibility and overall robustness, a shell and tube heat exchanger is generally the
least expensive option when considering a new heat exchanger installation. Especially for
exchanger systems used in large chiller systems and power plants with a high-power generation
capacity, all other heat exchanger alternatives would be very expensive to install.

e There is a lot of flexibility regarding the constructional materials used in shell and tube heat
exchangers except when used with corrosive liquids.

e To enhance the heat transfer, fins can be used on the outer surface of the tubes.

e Periodic cleaning and repair can generally be accommodated if the heat exchanger has some
room around it.

e Tube leakages can be easily identified, located and fixed in-house without use of special
equipment.

The major disadvantages associated with shell and tube heat exchangers are listed below:

e The size can be a problem when a compact exchanger is needed since shell and tube heat
exchangers are bulky and require some additional space all around the place of installation to
allow maintenance.

e Shell and tube heat exchangers are typically designed with a fixed capacity for heat transfer
called the maximum heat duty and hence, any more heat transfer capacity can only be

accommodated by installing a new exchanger.
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e A shell and tube heat exchanger system generates a lot of vibration due to the high pressure
fluids flowing inside. This effect may be reduced by using additional baffles and impingement

plates which provide a means of damping for the vibration.

1.3: Pumping Systems
1.3.1: Introduction to Industrial pumping systems

Fluid transport is frequently one of the major operations in a lot of industrial facilities that
deal with processing fluids. An industrial pumping system refers to the assembly of various
interconnected components within a fluid transport system used to move a fluid, in-process or
otherwise, from one point in the facility to the other. The extent of fluid transport networks in a
facility is generally proportional to the size and complexity of the facility. Very often, the flow
paths of the pipes and ducts can grow with additions over time to become very complex, making
the initial method of tracking very important. Fluids commonly dealt with in processing industries
include air, water, steam, organic solvents, petrochemicals, oils and food-grade fluid compounds.
Each fluid can have a range of operating parameters and quality conditions across the entire
process which needs to be considered when designing and initially installing the pumping system.

Since the fluid pumping system can be extensive and complex, driving the fluid through
the various flow paths can turn out to be a major portion of the energy usage in processing facilities.
Thus, optimizing the system for minimal energy usage by taking the required steps during the
design phase or via continuous improvement programs can go a long way in reducing the cost of
operation for the system. According to “Manufacturing Consumption of Energy — DOE/EIA-0512-
19947, the industrial motors installed in pumps, fans, compressed air and refrigeration devices
account for about 36.8% of all motor installations in industrial facilities, but they account for

almost 61% of the operational energy consumption of the facility. [1] This fact shows that the

16



energy usage of the plant in fluid transport would be highly sensitive not only to the quantity of
the pumping system drivers, but also to the time this equipment is in use. Following that chain of
thought, it can be seen that a small increase in the efficiency of the pumping system can result in
significant cost and energy savings over the lifetime of the system, since most fluid transport
systems are not changed frequently, once correctly installed.

Fluid transport systems are quite frequently designed to support or be critical parts of other
systems, for example, in a refrigeration cycle using chillers, water runs in the secondary cooling
loop and plays a vital role in the overall operation. [5] Similarly, in more interconnected systems,
critical parameters like temperature, viscosity and flow rates are the major criteria for selection of
the key components of the pumping system like the pump, the fluid transfer media and the
controlling system in place. The designer must also account for any special material handling
requirements of the fluid properties in applications within food, pharmaceutical and nuclear
industries.

Another key aspect of a fluid transport system is the behavior of the entire system as a
single unit. The pumping system must be looked at from a supply and demand point of view as
there are several factors on either side of the system that can have a direct impact on the design,
construction and maintenance of the system. Cost-effective sizing of the pumps and the associated
equipment, while ensuring that the system performs well even in the worst-case scenario, is a tough
task. To add to this complex list of tasks, a system designer must also consider the possibility of
any future expansion of the system and take the adequate measures to accommodate those. When
looking at any such potential system and analyzing the cost of implementation and subsequent
operation, the designer must consider the total operating cost of any component over its expected

lifetime and not just the first cost of installation.
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1.3.2: Components of a pumping network
The major components of an industrial pumping system include the drivers like pumps or
compressors, the fluid transport media like pipes or ducts, the various pipe fittings and valves and

the end-use equipment such as heat exchangers, tanks or any other hydraulic equipment.

Key
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@ Tank, Liquid Supply
@ Pump Motor
3 Motor Controller
@ Throttle Valve
® Bypass Valve
(@ Heat Exchangers

(End-Use Equipment)

© Instrumentation Line
@ Pump Discharge Piping
( Pump Suction Piping

Figure 9: Components of a Typical Pumping System [12]

Pumps are used to induce flow within the system. There are numerous types and sizes of
pumps available commercially and Figure 10 shows the classification of pumps. Centrifugal
pumps are the most commonly used form of roto-dynamic turbomachines that induce flow in a
pumping system by application of centrifugal force on the fluid medium. These are extensively
used in manufacturing industries for their ease of maintenance, low first cost and for their general
reliability in dealing with commonly handled fluids with viscosities similar to that of water. A

centrifugal pump generates flow in a system by imparting kinetic energy to the fluid entering the
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pump and then converting this energy into pressure energy by reducing the velocity of the flowing
fluid. It accomplishes this process by use of an impeller, which is essentially a rotating disk with
blades on its surface, coupled to an electric motor. This impeller rotates at high velocities to fling
the fluid outward with a high tangential velocity. After this, the fluid passes through a diffuser ring
and the volute casing which together convert this kinetic energy into pressure energy by gradually

increasing the flow-path area as flow progresses.
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Figure 10: Classification of Pumps [5]
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Figure 11: Components of a Centrifugal pump [13]

The transport media is the material carrying medium that allows transport of the fluid from
the source to the end use equipment. This consists of pipes for liquids and ducts for air. The sizing
and selection of the material of the pipes and ducts is done based on the extent of usage expected,
the magnitude of control needed and the spread of the network. The friction offered by the pipes
or ducts is thoroughly analyzed to avoid problems due to inadequate pumping power required to
overcome frictional resistance.

The goal of designing an effective pumping network is to ensure that the end usage
equipment on the network gets the right quantity and quality of fluid. Some examples of such end
use equipment include heat exchangers, tanks, water filtration units, drinking water fountains and
cooling systems. The end usage equipment would typically have its own individual usage pattern
and the nature of the load on the pumping network is accordingly determined. Consider a water
storage tank where water is stored at a height over a rigid structure, similar to the tall storage tanks
that are often seen in towns across the country. To transport the fluid to such a height counts as a

static load, as the only resistance that the pump must work against is the pull of gravity. However,
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consider a cooling tower connected to an air-conditioning system for a commercial building. In
this case, the quantity of fluid transported in the system may vary with variations in the cooling
loads on the building and hence, this is a dynamic load. To accommodate such variable loads in a
pumping network, pumps are often employed in various configurations. [14] Two commonly used
systems are pumps in series and pumps in parallel. Pumps are said to be in series, when the inlet
for a pump is connected to the outlet of the preceding pump. Pumps are said to be in parallel, when
multiple pumps share the same inlet lines and possibly, the same outlet lines. A series arrangement
is used where a high-pressure head is required at a constant flow rate, whereas pumps in parallel
are used to provide a higher fluid flow at a relatively lower pressure head. However, either
arrangement can prove to be uneconomical unless the pumps operate near their best efficiency

point and are installed considering the losses in the system.

1.3.3: Major and Minor Head losses

In a pumping network, there are several possible elements that can increase the frictional
resistance of the flowing fluid. The friction offered to the flow by the fluid carrying medium is
always determined by analyzing the network since it directly increases the energy needed by the
pump to push the fluid from point A to point B. The pressure energy loss experienced by the fluid
when travelling through the pipes, as a result of friction, is termed the major head loss. Major head
losses in a flow are determined by the Darcy-Weisbach Equation, which uses the friction factor
obtained by the Colebrook equation. [14] The variation of the friction factor with a variation in the
roughness of the flow medium has been graphically summarized in the Moody Chart, where this
factor can be obtained by simply knowing the Reynolds Number and the relative roughness of the

flow medium.
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Additionally, in any network, the fluid path is altered by use of fittings, expanders,
reducers, plugs and valves. All these devices contribute to the energy loss in the system as there is
an associated change in velocity due to either a change in flow direction or a change in the flow
path area due to an obstruction, entrance or an exit from the original flow path area. All such
energy losses are termed as the minor losses in the system as they are often lower in magnitude
than the major losses due to pipe friction. The minor head losses in the system are calculated by
estimating the frictional head loss factor ‘K’ for every such element in the network. Values of ‘K’
for most commercially available fittings are tabulated and provided in multiple references. [15]
The total minor losses in a system are calculated by summing up the individual ‘K’ values and

then applying the Darcy-Weisbach formula for frictional head loss.

1.3.4: Pump Curves

The performance of a pump can be estimated by using various empirical relations that
correlate the horsepower, the volumetric flow rate and the outlet pressure head. Since all these
relations are interlinked, a pump designer or manufacturer can provide a performance curve as a
means of reference for the end user to adequately select the best pump suited for their application.
This performance curve can inversely be used to accurately estimate the performance of the pump
in a variety of possible scenarios to understand the behavior of the pump as part of the entire
system.

Centrifugal pumps are used for either one of two scenarios, when a high volumetric flow
rate is needed against a low-pressure head, or when a low volumetric flow rate is needed against a
high-pressure head. [14] As stated before, using the interlinked empirical relations, a performance

curve of the possible operating conditions can be made on a plot of the volumetric flow rate versus
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the pressure head at that flow rate. When selecting a pump, one would wish to achieve the
maximum efficiency of the pump, to minimize any energy losses due to inefficient operation.
Using the affinity and scaling laws, the pump performance curve can also be used to depict the
efficiency of the pump at different flow rates. This allows the user to accurately determine the
pump with the maximum efficiency at the point of operation. There is always a maximum
efficiency region for a pump, which is the operating region with a specific impeller diameter, flow
rate and a rotational speed where the pump performs the best theoretically. This is the Best

Efficiency point or the BEP [14].
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Figure 12: A typical Pump performance curve with a sample System Curve. [16]
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When looking at the pumping system from a supply and demand point of view, the location
of the operating point for the pump is determined by calculating the major and minor losses. Since
these losses are dependent on the square of the flow velocity, they are also dependent on the square
of the flow rate and can also be plotted onto the pump performance curve. The plotted curve with
the losses is called the system curve and its locus changes with a change in the frictional resistance
offered by the various elements in the system. The intersection of the pump curve and the system
curve is the operating point for a pump. When designing a system and selecting the pump for the
system, it is ensured that the selected pump has its operating point close to the BEP region for that
pump. This would ensure minimal loss of energy as the pump will perform at maximum efficiency.
The next chapter involves looking at the specific facility and the problem faced by the facility in

some of its thermal processing equipment.
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CHAPTER 2: OVERVIEW OF COMPANY AND PROBLEM DEFINITION

2.1 Company Background

This processing facility, at its plant in the Southeastern part of the United States,
manufactures a variety of custom chemicals that any clientele might demand. The facility consists
of one building with a floor area of about 40,000 ft? that includes the manufacturing areas and the
finished goods warehouse area. The layout of the facility is shown in Figure 13. In addition to the
production areas, the manufacturing building also includes offices, a boiler room, a quality
assurance lab and a material receiving area. The quality assurance lab and the administrative
offices primarily consist of air-conditioned offices. Office spaces are cooled using dedicated
rooftop air-conditioning units. There is a cooling tower right outside the facility behind the
processing room wall, which serves the processes in the dry room and the processing room. The
facility was established in the early 2000s and has evolved over time to use sophisticated
equipment to develop custom chemicals.

The processing room has a number of holding tanks, heat exchangers and product pumping
systems. Since the equipment is utilized to make batches of various kinds of chemicals, the
equipment is installed to be as interchangeable as possible for the various recipes necessary for the
various extraction processes. The facility has six shell and tube heat exchangers, one plate and
frame heat exchanger, two specialty heat exchangers, one 15-ton chiller, one 100 hp fire-tube,
natural gas fired boiler and one 20 HP screw-type air compressor. The heat exchangers and stills
are all located in the processing room. The dry room is used to process temperature and humidity
sensitive chemicals. The boiler room houses the air compressor and the fire-tube boiler. A listing

of the heat exchangers and their tube surface areas is tabulated below:
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Table 1: List of Heat Exchangers at the facility

Sr. No. Heat Exchanger Type/Designation Effective Surface Area (sq ft.)
1 Shell & Tube Heat Exchanger A 40
2 Shell & Tube Heat Exchanger B 320
3 Shell & Tube Heat Exchanger C 88
4 Shell & Tube Heat Exchanger D 40
5 Shell & Tube Heat Exchanger E 320
6 Shell & Tube Heat Exchanger F 184
7 Specialty Heat Exchanger G 50
8 Specialty Heat Exchanger H 41

Compressed air is generated in the screw-compressor to operate the diaphragm pumps that
control the flow of the solvent and raw material mixture through the entire process. The chiller is
located in the space between the boiler room and the processing room. There is a process
monitoring setup with multiple displays right outside the processing room that gives real-time
readouts of critical process parameters like temperatures, flow volumes and pressures. The plant

layout is as shown in the following figure.
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Figure 13: Factory Plant Layout
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The plant engineers are very much aware of the importance of energy conservation and are
constantly searching for ways to improve productivity. The facility has already upgraded its
fluorescent lighting to LED fixtures. The facility is also investigating the best means to install a
new chiller. Energy conservation measures have been implemented and additional technologies

and concepts are continually being explored.

2.2 Process Description

The facility produces various chemicals by using the following generic process. The raw
materials are generally ground into a very fine powder or compacted into a pelletized form, off-
site. They are stored in the factory, until processed, at the necessary temperature and humidity

conditions.
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Figure 14: Generic Product Flow
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The raw materials are then emptied into jacketed and insulated stainless steel stills and
mixed with water and the required amount of organic solvents. The steam jackets on the bottom
and around the stills is used to provide the necessary heat needed to boil the raw material and
organic solvent mixture diluted with water under a specific vacuum condition. The diluted solvent
absorbs the various soluble chemicals from the raw materials. The solvent vapors generated by the
boiling process are then passed through a condensing heat exchanger which utilizes cooling tower
water as the shell-side fluid and absorbs the heat from the product vapors to condense them. The
resulting vapor/fluid mixture is then passed through a condensing heat exchanging apparatus to
completely “knock-out” the vapors by further condensation using chilled water from the chiller.

The resulting extracted liquid chemicals are then stored in tanks until it is shipped out.

2.3 Problem Overview

As described in the previous section, in the distillation process, the facility currently uses
several condensing heat exchangers to condense the chemical vapors incoming from the stills to a
liquid state. These condensing heat exchangers utilize a water loop that includes the cooling tower
to remove the heat from the incoming vapors and bring about a change of phase. The condensing
heat exchangers used at this facility are of the shell and tube type construction with the product
vapors running through the tube side and the cooling tower water running through the shell side.
The shell and tube materials for heat exchangers dealing with consumables are carefully chosen to
allow adequate heat transfer, thermal expansion and preventing corrosion from affecting the
quality of the product. To ensure this, most processing equipment, including the tubes inside the
heat exchangers, are typically made of stainless steel (SS 316L is the most common grade and is

typically referred to as the ‘food grade stainless steel’) as they come directly in contact with the
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product. In addition to meeting these requirements, the stainless steel allows for efficient cleaning
of smooth surfaces without the risk of biological contamination.

On an average day, the facility produces about 150-200 liters of finished product in its
larger heat exchangers every hour. A major inconsistency that the facility is facing is the amount
of variation in the volume of the product that is condensed and available at the end of the process
line. The variation in the process output is observed across multiple variations of products and
across all equipment. This problem occurs throughout the year but is observed to be prevalent in
the summer where external conditions in the daytime are particularly hot. At its lowest point, the
process output in the summer is about 150 liters per hour. In the winter, the process output is much
higher than in the summer and is about 250 liters per hour. This difference in the outputs can only
be eliminated by a closer look at the process and the equipment used in the process. Additionally,
this causes infiltration of solvent vapors into the diaphragm pump which is undesirable as it is a
loss of product, a fire hazard and can cause damage to the diaphragm pumps which are not
equipped to handle compressible fluids. Solving these problems are important not only for
production planning, but to also prevent overloading or improper use of the equipment which may

damage and/or reduce the life of the equipment.

2.4 Initial thoughts

Since there is an hourly variation in the output of the process independent of the type of
product, even under constant process parameter set-points, there has to be an equipment-related
issue somewhere in the system that causes this problem repeatedly. There may possibly be an issue
with the sizing of the equipment, due to which the system equipment is not capable of handling

the amount of product and is underperforming. The problem could also stem from incorrect setups
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or by an improper fluid transport system. The variation may also be due to the equipment simply
being old and having deteriorated over time. However, since most of the equipment at this facility
is considered to be purchased in the last 5-10 years, it can be assumed that the equipment is still
capable of performing optimally. To further isolate the real cause of the problem, the variables that
directly affect the yield quantity of the product must be identified and the equipment associated
with those parameters must be looked at in more detail.

The major process parameters that may cause a variation in the process output are the
various inputs fed into the system throughout the processing. From the process flow chart, we can
see that there are a number of material inputs to the still, which is the first major form of processing
equipment in the process flow. The still receives steam from the boiler in the jackets and a mixture
of organic solvents and raw materials. Make up water from the main water line is added to this
mixture to process this raw material. The steam quality and quantity that the boiler generates is
consistent and its working efficiency was verified by checking the boiler stack efficiency which
was about 83%, which is an above average value for fire-tube boilers [17]. The make-up water
into the still is directly from the city water supply and is assumed to be of above average quality
and clean enough for use throughout the year. The organic solvents and raw materials are carefully
inspected before usage to maintain a standard quality of the product output as well. The vacuum
pumps on the stills are in good condition since the stills perform as intended during normal
operation. Thus, we can see that the still must be performing properly and the parameters
influencing the still performance are all within normal operating requirements.

The next form of equipment in the process are the various heat exchangers and the cooling
tower water loop. The heat exchangers have the cooling tower water running through the shell side

and process vapors through the tube side. The loop arrangement is shown in the following figure.

30



Cooling
Tower

Centrifugal
Supply Side Pump

I I T I T B I T C

Bypass
Valve
K
HX H
HX G
HXF
HX E
HX D
HX C
HX B
HX A&

Return Side

Figure 15: Cooling Tower and Heat Exchangers Loop at facility

This arrangement is called the two pipe system and is very commonly used in the industry
for hydronic water loops with a cooling tower or for supplying hot or cool water in a system [18]
[19]. These system arrangements are used when multiple loads are present in a system that require
simultaneous supply. This system is designed to be used for applications with nearly consistent
loads which don’t have rapid load changes [18] [19]. The two-pipe system is generally used for
large systems and as the name suggests, it consists of two individual pipes, one for supply to the
loads and the other one for the return. The arrangement can be implemented in two ways: direct
path or the reverse path as shown in the following figure.

The direct return path is the arrangement when the load nearest to the supply source has
the smallest supply and return path, whereas the most remote load in the line has the longest supply
and return line paths. The reverse return system is the arrangement when the load nearest to the
supply source has the shortest supply path and the longest return path whereas the most remote

load in the line has the longest supply path, but the shortest return path.
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At any flow conditions, there is an inconsistent supply to the various loads in the direct
return system where the remote loads are starved. This happens due to the inconsistent pressure
differentials seen across the load paths. As a result of the pressure losses in the supply paths, the
inlet pressure for the load closest to the pump suction is the highest and the inlet pressure at the
most remote load is the lowest. Since water takes the path of least resistance, the closest load sees
the maximum flow. This variation in pressure differentials can ultimately cause backflow in the
systemand in case of cooling applications, unequal cooling due to insufficient flow at each remote
load. This problem can be countered by the use of balancing valves or other flow control devices
to evenly balance out the flow.

In the reverse return system, the inlet pressures behave in the same way as the former
system. However, since the return line is connected from the most remote load, the closest load
path now has more friction losses in the return pipe than in the remote load path. This reduces the
magnitudes of the pressure differentials in the paths closer to pump suction, improving the

distribution of flow to the remote load paths at low flow conditions. In other words, reverse-return
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creates approximately equal hydraulic resistance through each flow path without the need for
balance valves. [20]

However, the piping for a reverse return system is longer and hence, it typically has a
higher first cost over the direct return system. The flow network in place at this facility has a direct
return two-pipe system with heat exchangers as the loads on the line. There is a possibility of flow
starvation at the remote loads even though there are valves at each heat exchanger inlet and outlet,
since these are used only to shut-off heat exchangers when not in use and not for balancing paths.
This flow starvation in the heat exchangers at the remote end of the loop, when all exchangers are
being used, could theoretically cause a reduction in the heat transfer in the remote heat exchangers,
which could be resulting in a lower product yield from those.

Looking more closely at the heat exchangers, there is a possibility of an additional cause
of reduction in heat transfer at the surface of the tubes. Inthe current setup, the facility runs cooling
tower water through the shell and the product in the tubes. In most heat exchangers, over time, an
accumulation of sediments and residue from fluids flowing through it adheres to the tube surfaces
[5] [7] [11]. This is called fouling and it is highly detrimental to the heat transfer taking place
within the exchanger. The residues and sediments form an insulating layer on the outer surfaces of
the tubes, reducing the heat transfer taking place — and adversely affecting production rates. To
this end, the tubes in heat exchangers where there is a high possibility of fouling are expected to
be cleaned periodically.

The exchangers at the facility have their tubes cleaned periodically to prevent scale build
up and to avoid cross contamination of the products between batches. Since this facility runs
untreated cooling tower water directly into the cooling water loop and various heat exchangers,

there is a very high likelihood of fouling occurring on the shell side of these heat exchangers. This
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seems to be one of the reasons for a reduced product vapor condensation rate and is limiting the

output of the process equipment.

b

R
R !
LA N e 3 .

Figure 17: Shell side fouling in a petrochemical heat exchanger

Thus, it can be seen that there are several possibilities that may be occurring in this process
which lead to the inconsistency in the product output. In order to further understand the possible
phenomenon behind this problem, a literature review of fouling and its consequences including
flow starvation and pressure drops in heat exchangers is undertaken. Next, pumping arrangements
with multiple pumps are examined in order to look at various alternative arrangements. Finally,

the working of cooling towers and methods to improve process cooling are examined.
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CHAPTER 3: LITERATURE REVIEW

3.1: Heat exchanger Fouling

Stoforos, in his dissertation, [21] looked at the various methods of enhancing the heat
transfer across heat exchangers. The author examines the effectiveness of possible fouling
reduction measures such as modification of the surfaces of the heat exchangers using computer
modelling and simulation. As part of the evaluation process, the author also looks at fouling closely
and the reasons behind recurrence of fouling in processing of viscous foods.

Stoforos states that fouling is almost inevitable in viscous food processing and it is a major
cause of concern in cooling of viscous foods using conventional cooling techniques. Here,
conventional cooling refers to the cooling arrangement using an unmodified heat exchanger that
has no method of thermal mixing apart from the inherent turbulent flow mixing within the
exchanger. Stoforos also mentions that in thermal processing of viscous foods, there is often a
laminar product flow as a result of the high viscosity resulting in low flow velocities. In addition
to this, the low thermal conductivity across fluid particle layers in viscous fluids results in a very
inconsistent temperature distribution within the product flow that leads to slow and inefficient heat
transfer. The lower flow velocities and inconsistent temperature distribution further accelerates
deposition of material on the surfaces and reduces the erosion rate of the previously deposited
layers which leads to fouling.

At the facility being currently assessed, the product that runs on the tube side of the heat
exchangers is considerably less viscous than common food items assessed by Stoforos and the tube
side is relatively clean since the tube internal surfaces are scrubbed periodically and in between
product batches. However, the exchangers use cooling tower water on the shell side to accomplish

condensation of the product vapors and this process may cause fouling on the exterior tube surfaces
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since the cooling tower exposes the water in the network to external dirt and dust particles. The
heat exchangers are also currently showing signs of flow starvation on the shell side as there is a
reduced product output and this suggests that the flow velocity on the shell side might be low.
Given these two factors, there is a very high chance that there is indeed fouling in a few heat
exchangers at the facility.

Fouling is a complex, time dependent process that can occur at any solid-liquid interface.
The process of fouling in most cases follows the following steps in deposition:

e Fouling components separate in the carrying medium.

e Separated fouling matter is carried to the fluid-solid interface.

e Fouling material attaches, via adhesion, to the walls of the container at the interface.

e Fouling material spalls or partially breaks off from the surface if surface erosion is dominant
in the flow stream. Otherwise, it sticks to the surface and bonds with it.

e Deposited material ages and hardens over time if it doesn’t break off into the flow.

The rates of product deposition, accumulation and fouling formation depend mainly on the
operating conditions such as the fluid and surface temperatures, concentration of insoluble
particles and the flow rate within the carrier. The surface properties such as the solid surface
material, its surface wettability and the topography also determine the rate and the probability of
fouling taking place. Fouling can take place in a number of ways:

e Precipitation or Crystallization fouling: Crystal formation of dissolved salts on the processing
surface; occurs in dairy processing and desalination of water.
e Particulate or Sedimentation fouling: Deposition of large particles on the carrying surface due

to gravity; occurs in filtration of beverages and processing of amorphous foods.
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e Chemical Reaction fouling: Deposition of products of unwanted chemical reactions during
heat transfer; occurs in hydrocarbon and crude oil processing.

e Solidification fouling: Deposition of fluid components formed upon solidification by coming
into contact with a subcooled surface.

e Corrosion fouling: Accumulation of products of corrosion between flowing fluid and the
processing surface; occurs in metal surfaces used in water treatment.

e Biological fouling: Formation of organic films due to attachment of microorganisms and
vegetation to the processing surface; occurs frequently in cooling towers and wastewater
treatment.

Stoforos states that fouling is most likely to occur in regions of low fluid velocity, due to
the absence of eddy currents and inherent shear stresses, which would otherwise cause surface
erosion and subsequent removal of the fouling layer in high velocity fluid flows [21]. It is also
mentioned that the rate of fouling increases with an increase in the fluid temperature and the
surface temperature. This is because for most fluids, the rate of chemical reactions associated with
fouling may increase with a rise in temperature, causing an increase in the rate of deposition of the
insoluble particles in the flow. However, for certain fluids (such as milk), a higher temperature
may be inevitable to eliminate the formation of microorganisms and other biological impurities
and special measures must be taken to prevent fouling without compromising on the quality of the
product. Corrosion resistance of the fluid carrying surface is another very important parameter as
it directly influences the rate of oxide formation which would be deposited on the surface.

Stainless steel is used frequently in food processing equipment since it is a relatively inert
structural material and prevents contamination of food items. According to Alliant Metals, Inc,

[22] stainless steel is resistant to damage due to denting, nicking and scratching even in extreme
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usage conditions. Stainless steel also has very good mechanical properties such as formability,
mechanical strength, durability and weldability which makes it a good fluid carrying and holding
material. Stainless steel is also chemically neutral to most food items and coloring agents and
hence, it does not change the smell, taste and color of the food item. Stainless steel also has a high
coefficient of thermal conductivity and is very stable with changes in temperature. Finally, it is
also very easy to clean and wash down using chemical agents or detergents. All of these properties
aid easy processing of food materials which is why, stainless steel is used for most food and
chemical processing equipment, the current facility included. However, stainless steel is not very
hydrophobic and hence, it typically has contact angles lower than 90 degrees whenever liquids
come in contact with it. A lower contact angle means that a greater quantity of fluid comes into
contact with stainless steel surfaces in the form of films or drops. Due to this partial wetting
property, there is a high probability of fouling occurring with stainless steel processing equipment,
when the flow conditions are conducive.

Apart from surface characteristics and fluid velocity, the rate of fouling is directly related
to the shear experienced by the contact surface due to fluid flow. Shear experienced by a film at
the contact surface is directly related to the geometry of the heat transfer surface and the velocity
of the flowing fluid through that surface [21]. Plate and frame heat exchangers experience heavy
shear and turbulent flow even with low fluid velocities, since the fluid flow area is the thin space
between two parallel plates. On the other hand, shell and tube heat exchangers with round tubes
have a relatively larger fluid flow area within the rounded tubes which necessitates much higher
flow velocity to achieve the same amount of shear at the contact surface. This fluid flow geometry
is the reason why shell and tube heat exchangers are more prone to heat exchanger fouling than

plate and frame heat exchangers. [23]
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Figure 18: Average contact angles of water with common processing surfaces [23]

There are a number of ways in which fouling can be minimized or even completely
eliminated by modifying the surface characteristics of the stainless-steel tubes. [21] Some of these
include mimicking the “Lotus effect” which is the natural hydrophobic behavior exhibited by the
surface of the leaves of the lotus plant. Fouling reduction in this way can be accomplished by
polymer-based or electrochemically deposited coatings on the surface of the exchanger tubes.
These surface modification techniques were analyzed by Stoforos and they showed promising
results in enhancement of cleaning and heat transfer while processing viscous food materials.
However, due to the cost and complexity of the fabrication involved with these processes, these
surface modification methods are not widespread in the industry currently.

There are two major detrimental effects caused by fouling in heat exchangers: a decrease
in thermal effectiveness and a pressure drop. [5] [11] [24]. The insulating nature of the fouling
layer causes a reduction in the overall heat transfer coefficient. The overall heat transfer coefficient

for shell and tube heat exchangers is calculated by the given relation [24]:

L _ 1 Ry In (DO/DL-) 1 )

UA hd A 2mkl  hyd, A,

39



Where, ‘U’ is the overall heat transfer coefficient,
‘A’ denotes the reference surface area,
‘Ai’ and ‘Ao’ denote inner and outer areas respectively,
‘Rsi’ and ‘Rfo’ are the inner and outer fouling coefficients,
‘Do’ and ‘Dj’ are the inner and outer diameters,
‘k’ is the coefficient of thermal conductivity of the tube material, and
‘L’ 1s the length of each individual tube.
The fouling inside or outside the tubes causes an increase in the fouling resistance
coefficients (‘Rs’ and ‘Rf’) which are a function of the thickness of the deposited layer (x) and its

thermal conductivity (Kks).

These relations can be used to quantify the difference in heat transfer that fouling may have
caused in the current system. The increased thermal resistance due to the fouling on the shell side
should cause an observable reduction in overall heat transfer coefficient. If the values of individual
heat transfer coefficients in the heat exchanger can be calculated using the available system
parameters, a comparison may be drawn between the current system parameters and product
outputs if the possible fouling was eliminated. This can be used to yield a dollar value arising from
the increased product generation and sales and can allow calculating a simple payback period that
would help justify any maintenance expenditures.

The pattern of change in the value of fouling resistances over time, with increase in
deposition at the solid-liquid interface can be one of three possible trends as shown in Figure 19:
Linear, falling rate and asymptotic. [5] The linear relation (A) would cause the fouling factor

values to increase proportionately with time, the falling rate (B) would have a linear behavior up
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to a certain amount of time and a gradual decrease in the slope beyond that. If asymptotic (C), the

fouling factor would increase over time but settle to a constant value after a certain time.
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Figure 19: Idealized fouling curves: A) Linear, B) Falling Rate, C) Asymptotic [25]

After a certain amount of induction time tq , fouling has a noticeable effect due to the
difference in the material deposition rate and the removal rate. In a linear curve, the deposition rate
remains almost constant and the removal rate is negligible. In a falling rate curve, the deposition
rate increases over time but the difference between the deposition rate and the removal rate
decreases over time. In an asymptotic curve, the deposition rate gradually increases until a point
when the fouling process stabilizes with an equal deposition and removal rate. Asymptotic fouling
behavior is the most commonly observed one in the food processing industry.

The residual materials that are deposited can be either low viscosity fluids, high viscosity
fluids or cohesive solids depending on the content within the working fluids. Removal of this
deposited layer can be achieved by either mechanical removal due to fluid flow action or by some

form of cleaning process that breaks the molecular forces of adhesion and cohesion keeping the
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material together. Fryer and Asteriadou categorized fouling deposition into three types according
to the nature of deposition and the necessary means to remove it. The figure shows a map with

ways on how to clean fouling. [25]
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Figure 20: Cleaning Map by Fryer and Asteriadou [25]

Type 1 fouling is the residual fouling left behind after processing viscous fluids that can be
easily removed by hot water rinsing, which breaks the weak adhesive and cohesive forces. Type 2
fouling requires cleaning the film formed while also killing the microbiological growth left behind.
This is done by using hot water rinsing and some form of chemical cleaning. Type 3 fouling
involves cleaning the cohesive solids which are difficult to remove from the contact surface by
any means other than chemical cleaning.

It can be seen that heat exchanger fouling is a complicated problem in any heat exchanger
application that is difficult to predict and completely eliminate. It is estimated that on a global

scale, the cost penalties associated with use of fouled heat exchangers is roughly about 0.25% of
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the annual Gross Domestic Product (GDP) for industrially developed countries. [26]. This shows
the economic impact that heat exchanger fouling can have on a bigger scale and any means of
reducing the impact of this occurrence is important not only on the small scale but also on a global

scale. The next sub-section looks closely at the major effects of fouling in heat exchangers.

3.2: Pressure Drop in Heat Exchangers

As discussed in the previous section, the biggest problem that occurs in heat exchangers
due to fouling, apart from the change in heat transfer is the reduction in flow rates due to
obstruction of flow area. The flow itself is driven by the pressure difference in the flowing medium
and this is an important parameter in heat exchangers since the heat transfer is directly dependent
on the flow rate. Heat exchangers inherently cause a pressure drop in the tube-side fluid and the
shell side fluid due to frictional losses when interacting with the various components [5] [14]. The
tube side fluid experiences pressure losses mainly due to friction and changes in flow direction.
The shell side fluid experiences a pressure drop due to the friction arising from interaction with
the tube bundles and baffles in addition to the changes in flow direction after every baffle. To
further understand these pressure variations and the ways in which this can affect the flow within
the network, a literature review of pressure drops in heat exchangers was necessary.

In his dissertation [27], Speyer illustrates the complex flow paths followed by the shell-
side fluid in a heat exchanger which is shown in Figure 21. He mentions that it is very difficult to
get a 100% accurate estimation of the magnitude of either the pressure drop or the heat transfer,
simply because there are too many variables involved in the design and fabrication of heat
exchangers. Unless obtained via complex iterative methods by someone with considerable prior

experience, it is very difficult to account for the flow through the various clearances and leakage
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streams using standard published equations. Speyer then proceeds to calculate the pressure drops
and heat transfer coefficients for the various individual flow regions within the segmented baffle
cuts and across the tube bundle. Since there are considerable variations in the velocity of the fluid
within each region, the heat transfer is calculated using a geometric mean of the crossflow and
segment cut velocities. However, Speyer aimed to obtain a more accurate result by using a fluid
flow value that also considers the velocities and flow areas of the various leakage streams that

deviate from the main central stream that flows across the baffle.

Leakage stream between shell and upper baffle (3b)

S Leakage streams between
< Tube and baffle (2a,2b,3a)

| 0 0 Y U D | i
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Figure 21: Complex Flow paths taken by the shell side fluid around a segmented baffle [27]

Donohue [8], in his paper on heat transfer and pressure drop in heat exchangers states that
in actual industrial applications of heat exchangers, the flow on the shell side does not actually
penetrate the entire available flow area within the tube bundle and the flow area is actually less
than the entire area between the segmented baffles. This makes sense since, even if the exchanger
runs full on the shell side, flow velocities would be constrained by the complex geometry created
by the baffles and the tubes. The paper considers the consequent effects of this partial flow

penetration on the coefficients of heat transfer and the friction factor for the flow. Since there are
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proportional changes observed in the heat transfer coefficient due to minute changes in the fluid
flow, Donohue tries to quantify the differences due to different shapes and arrangements of baffles
by testing various exchanger geometries under similar operating conditions.

The Sieder-Tate Equation is used by Speyer to calculate the Nusselt number for turbulent

flow inside or outside tubes. This correlation has the following form:

k Nw ) Nk \Kg

Where, ‘h.D/K’ is the Nusselt Number for the surface,
‘h’ is the heat transfer coefficient,
‘D’ is the equivalent Diameter of the tube bank,
‘Gc’ 1s the crossflow mass velocity through the tube bundle,
‘mu’ is the coefficient of dynamic viscosity,
‘k’ is the coefficient of thermal conductivity for the fluid,
‘cp’ 1s the specific heat capacity of the fluid.

The constant ‘n’ is 0.8 for internal flow and 0.6 for external flow. The constant ‘C’ in this
relation changes with the type of heat exchanger unit being examined and is dependent on its
construction. The ratio of viscosities is multiplied to account for the variation in the viscosity over
the range of temperatures across the flow area under examination.

Donohue tested shells with segmental baffles and disk and doughnut baffles to find values
of ‘C’ that correlate the experimentally derived heat transfer coefficients for the shell side. The
value for ‘C’ depends on the structural characteristics like the arrangement of tubes and the shell
leakage areas and directly influences the heat transfer actually taking place. The author
individually varied the baffle spacing, baffle opening size, leakage areas and the tube arrangement

within the shell while maintaining the other system parameters in this experimental process.
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Increasing the baffle spacing resulted in a lower number of baffles in the shell but yielded
a higher heat transfer coefficient since the available flow area to the stream increased, resulting in
greater surface contact with the tube bank. Having smaller baffle openings increased the value of
‘C’ since the flow velocity across the tube banks increased due to a reduction in flow area. The
author also mentions that there is a greater variation in the values of ‘C’ by varying baffle spacing
rather than baffle opening size variations. A higher leakage area was obtained by having more
diametric clearance between the baffle and the shell internal diameter, and between the tubes and
baffle holes. This led to reduced contact between the tube bank and the shell side fluid flow,
reducing the value of ‘C’.

All of these results were cross verified by using disk and doughnut baffles in place of
segmental baffles, and it was found that the results were consistent, regardless of the type of baffle.
However, Donohue noted that the heat transfer coefficients obtained when using disk and
doughnut type baffles were about 15% higher than when segmental baffles were used. This effect
is attributed to the higher loss of flow energy of the shell-side fluid via dissipation as eddy currents
within the pockets formed at the baffle openings when using segmental baffles.

Donohue also studied the pressure drop occurring naturally in heat exchangers due to
various friction losses in the fluid flow path along the shell. The three main sources of pressure
drop were from the flow through the nozzles, flow through the tube bundle and the flow through
the baffle opening. Of these, the magnitude of frictional pressure losses through the baffle openings
was very high compared to those in flow across the tube bundle. The values of pressure drops
showed greater fluctuations and were more inconsistent than the fluctuations observed in the heat
transfer coefficients, and this is attributed to the pressure drop being proportional to the square of

the flow velocity while heat transfer is proportional to the 0.6 power as per the Sieder-Tate
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equation. Since both these quantities are related to the flow velocity, they are interrelated, but
because of the difference in their relation to the power of the velocity, pressure head losses are
more sensitive to flow velocity variations than heat transfer coefficients.

The inherent pressure drop for the shell and tube heat exchangers in the current network at
the facility in question can be obtained by use of the Bell-Delaware method as mentioned by
Donohue. This method calculates the pressure drop as the addition of the individual losses in three
regions: the entry region, the inter-baffle crossflow space and the inter-baffle ends. This method
uses empirical correlations, with three correction factors to account for leakage streams and baffle

spacing, to estimate the friction factors. The method is illustrated further in Chapter 4.

3.3: Multi-pump Pumping Systems

When the desired flow requirement and/or pressure head of liquids in a flow network go
beyond the capabilities of a single pump, it becomes necessary to use arrangements with multiple
pumps. Pumps can be arranged in either series or in parallel and each of those arrangements are
suitable for different system characteristics. Most closed loop industrial applications for process
and space cooling have an upper pressure head requirement on the supply side and lower pressure
head requirement on the return side to prevent backflows and cavitation in the circuit. This is in
addition to a minimum flow requirement since the purpose of a pumping network in cooling is to
essentially have the cooling medium run through a cooling coil or a heat exchanger where the rate
of heat transfer occurring is directly dependent on the flow rate through the device.

Pumps in series are used when there is a consistently high static head requirement that a
single pump cannot fulfil, and an increase in flow rate induces a rapid rise in the pressure losses.

Pumps in series build up pressure head as a sum of the operating pressure heads of both the pumps
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since the discharge of the first pump is connected to the entry of the second pump. However, when
using two pumps, the pressure achieved at a given flow will not be twice of the individual pressure
head, since the operating point follows the system curve and pump curve intersection. This buildup
of pressure head using two impellers can also be achieved via multistage pumps which allow
reducing the impeller diameter and eliminating the problems with monitoring and operating
multiple motors.

Parallel pumps are used for static-head dominated systems where the head requirement is
relatively consistent over a wide range of flows. In such cases, the system curve, which dictates
the operating point on the pump curve, is considerably “flatter” which shows that the head losses
within the system do not fluctuate much over the operating range of flows. [12] The resultant flow
rate for pumps in parallel is the summation of the flow rates from the individual pumps at the given
pressure head. However, this still doesn’t mean that two similar pumps will result in an operating
flow rate twice that of the single pump in practice. This is because the equilibrium point of the
pumps is always at the intersection of the system curve and the pump curve. Pumps connected in
parallel are practically done so by use of a header or a manifold, which is a large pipe used to
collect the discharge from the pumps and provide pressure equalization when mixing fluids from
multiple sources.

Parallel pumps are used very frequently in cooling applications to achieve system
redundancy and to prevent the associated processes from shutting down out of complete starvation.
When pumps are used in parallel, a general rule of thumb is to try and use either similar pumps in
parallel or to use pumps with nearly similar flow characteristics. This is recommended by most
pump manufacturers in order to ensure that operating efficiencies of the pumps in simultaneous

operation still remain within an acceptable range.
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Figure 22: Pump and System Curves for multiple pumps [28]

Wen, Zhang and Wang [29] studied the relationship between maximum efficiency of
centrifugal pumps in parallel. Twenty-eight combinations of seven centrifugal pumps with flows
ranging from 25 m3/hr to 480 m*/hr and rated heads of 20 meters were tested while operating in
parallel and it was observed that when the flow ratios of two unlike pumps operating in parallel is
under 1.6, the combined maximum operating efficiency of the system can be as high as 85%.
However, as the flow ratios approached 2.0 and above, the operating efficiencies sharply declined
to 70% or less. This shows that it is inefficient to use dissimilar pumps with very different rated
flow ratios or rated pressure heads in parallel.

At the current facility, the diminished product yield at various times may be due to flow
starvation of cooling tower water in the equipment on the network. Since this could have been
caused due to the heavy process cooling load on the demand side, there may be a need to increase
the flow rate reaching the various condensers. The best way to rectify this problem would be to
look at alternative pumping arrangements which can handle the flow and pressure head
requirement for the process loads. Since the demand side has plenty of heat exchangers in the
circuit, it is likely that the pressure drop across the exchangers also plays a role in the flow

distribution and it may be necessary to look at pump arrangements in series and in parallel to find
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the best alternative. It may also be cost effective to think of arrangements that can be used to

achieve the desired flow parameters via retrofitting on to the current system.

3.4: Cooling towers and Water side Economizers

A number of industrial facilities require year-round means of achieving process cooling,
temperature control and/or space cooling within the facility. The standard way to achieve year-
round cooling involves use of air-cooled or water-cooled chiller units which can provide low
temperature chilled water using the vapor-compression refrigeration cycle. This chilled water can
then be used in the cooling coils within process equipment or circulated across the various air-
conditioning terminal units for space cooling. As the amount of heat load on the equipment
increases, the condenser units within the chillers have to continuously reject heat to the atmosphere
to maintain the chilled water entry temperatures to the process or the cooling coils.

Condenser units can be either air-cooled or water-cooled. In water-cooled chillers with
cooling towers, the heat transfer on the condenser end occurs due to the temperature difference
between the process cooling water and the ambient wet-bulb temperature. In air-based process
cooling systems, the heat rejection occurs between the process cooling water and the dry-bulb
temperature. Since the ambient wet-bulb temperature in any environmental situation is always
lower to or equal to the ambient dry-bulb temperature, a cooling tower based water-cooled chiller
system is always more efficient in rejecting heat to the environment than air-cooled systems. The
ASHRAE Handbook [30] states that air-cooled heat exchangers can cool water to within 20°F of
the ambient dry-bulb temperature while cooling towers can cool water to within 4°F to 5°F of the

ambient wet-bulb temperatures. Cooling towers are typically used in the industry as an extension
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of the condenser unit of the chiller or along with a heat exchanger in a circuit with the process
load.

Open circuit or wet cooling towers cool water by a combination of heat and mass transfer
[30]. The heat carried by the chilled water entering the cooling tower is rejected by spraying it
over a fill material with narrow passageways that allows direct contact of the water with the
incoming airflow. The airflow induces evaporation of a portion of the water by absorbing the
enthalpy of vaporization from the remaining water. The water vapor thus generated is carried away
into the airflow as drift. Closed circuit or “Dry” cooling towers recirculate water within a
secondary external loop which is sprayed over the closed-circuit pipes carrying the refrigerant fluid
from the process. A common application of closed circuit cooling towers is for evaporating
condensers in ammonia-based refrigerant systems. The cooling towers are illustrated in the figure

below.
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Since the cooling tower is a water to air heat exchanger, its performance is dependent on
the ambient air temperatures, specifically the ambient wet-bulb temperature. The resulting
performance is measured by the approach temperature and range which are performance
benchmarks and a way to compare different cooling towers [31] . The cooling tower approach is
the positive difference between the ambient wet bulb temperature and the cold-water temperature
exiting the cooling tower.

Cooling Tower Approach = Tcoiq water, exit — Tambient wet Bub

COOling Tower Range = THot water, entry — TCold water, exit

95°F — +— Hot Water Temperature
To Cooling Tower (in)

Temperatures shown
10° Range are ilusirative only and
subrect to wide varation

B5°F —F—— +— Cold Water Temperature
From Cooling Tower (out)

7° Approach

78°F —= = Wet-Bulb Temperature

Figure 24: Range and Approach temperature in cooling tower operation [31]
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It can be seen that a smaller approach temperature is a sign of good efficiency as this would
mean the cooling tower is efficient enough to reduce the cold water exit temperature close to the
possible limit, which is the wet-bulb temperature. The approach of any given cooling tower unit is
directly proportional to the heat load and inversely proportional to the cooling tower size. The
range of a cooling tower is the difference in temperatures of the water at the entry and exit of the
cooling tower. It is a measure of the cooling ability of the cooling tower and does not change very
much with variation in flow and heat rejection conditions, but can be varied by the cooling tower
fan controls. For example, a range of 10°F would mean that the cooling tower is capable of cooling
80°F water to 70°F water, or 50°F water to 40°F water. This is because if the cooling tower exit
temperature increases, the temperature of water entering the cooling tower will increase by the
same amount since the process heat load, the specific heats and the mass flow rates remain the
same [31].

Many geographical regions experience periods of low ambient dry bulb and wet bulb
temperatures in the winter months and shoulder months. In such regions, there is a possibility of
using the low temperature ambient air as a heat sink. This can help reduce the energy footprint of
the cooling system by partially or entirely shutting off the chiller which is the primary consumer
of energy. These energy savings can be achieved by employing “free-cooling” which involves
bypassing the chiller and running the water in the cooling network directly through a cooling tower.
Since the ambient temperature is low enough, chilled water can be obtained without having to run
a chiller; the cooling tower allows rejection of process/space heat directly to the air. The energy
savings in such a scenario would translate into cost savings in the form of electrical demand and
energy savings since the cooling tower fan motor and the pump are the only things operating in

the circuit in free-cooling mode. [32]
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Figure 25: Annual Free-Cooling hours possible with Ambient Wet bulb lower than 50°F [33]

Waterside economizers can be employed in a number of configurations with a chiller as
illustrated in Figure 26: via a strainer cycle, via an indirect evaporative precooling coil, via an
evaporative cooler with an air-cooled chiller, via a free-cooling chiller or via a plate-and-frame
heat exchanger. [34] Most of these arrangements involve using just the cooling tower to obtain
chilled water for process or space cooling when the ambient wet bulb temperature is low enough
to induce an adequate cooling effect with or without the chiller.

In a strainer cycle, the process cooling loop and cooling tower loops are directly connected,
but isolated with valves in normal cooling mode. When the ambient wet bulb temperature is low
enough, the cold water from the cooling tower is routed directly into the process cooling loop via
automatic shut-off valves in the circuit. The energy and cost savings in this case result from
shutting off the chiller. Although, this is a good way of reducing the energy usage, due to the
cooling tower water being run directly through the chiller, there is a chance of fouling occurring

in the chiller’s condenser unit, which can be very expensive to fix!
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Figure 26: Waterside Economizer Arrangements

An indirect evaporative precooling coil involves use of a cooling coil with cooling tower
water to absorb heat from the process water. This additional cooling coil is in series with the chiller
evaporator unit, but upstream of it. Thus, it enables a reduction in the cooling load on the chiller,
allowing it to run either intermittently or at a lower capacity. This method has the possible problem
of fouling and microbial growth occurring in the precooling coil since it runs cooling tower water
directly. Additionally, water cooled chillers may not perform as efficiently when partially loaded
below their peak efficiency load range at 60%-70%, since the efficiency of the compressor drops

when it is operated below 50% of its rated load. [35]
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An evaporative cooler can be used in space cooling applications, in series with an air-
cooled chiller to reduce the cooling load on the chiller. In this arrangement, the evaporative cooler
is the only equipment that runs until the cooling load increases, which is when the air-cooled chiller
is turned on. This arrangement allows reduction in electric demand and energy since the air-cooled
chiller is not running all the time and evaporative coolers are cheaper to run when the cooling loads
are low.

A “Dry” cooling tower can be used in the cooling network when the ambient wet bulb
temperature is low enough such that the process entry temperature of the chilled water can be
achieved without having to run the air-cooled chiller. This arrangement involves using a dry
cooling tower in series with the chiller and allows reduction of energy consumption since the
desired chilled water temperature can be attained just by running the cooling tower pump while
the air-cooled chiller remains shut off.

The most common way of implementing a waterside economizer is to have separate loops
for the cooling tower water network and the chiller evaporator network by installing a plate and
frame heat exchanger for clean and efficient heat transfer between them. This arrangement
involves using the cooling tower to cool the tower water in its own, separate loop to a temperature
as close to the ambient wet bulb temperature as possible and then have it absorb the process or
space heat via heat transfer in the plate and frame heat exchanger. The chiller can then be
completely shut off or run only intermittently using bypass valves on the evaporator side that are
controlled by ambient air enthalpy sensors. This allows for a very efficient way of running the
chillers while ensuring little problems due to fouling in the future.

A “free cooling” strategy can also be implemented in modern chillers where the evaporator

heat exchanger is installed below the condenser heat exchanger, such as in the Trane CenTraVac
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Centrifugal chiller model shown in Figure 27. The phenomenon of refrigerant migration or
“thermosiphon” can be used to allow the refrigerant cycle to run without having to use the
compressor when the ambient air temperature is lower than the desired chilled water temperature
requirement. In this arrangement, when the ambient air temperature falls below the chilled water
entry temperature, bypass valves and refrigerant lines connecting the evaporator and the condenser
units open up. The evaporator allows exchange of heat from the process chilled water to the liquid
refrigerant, causing a phase change and converting it to a vapor. Due to thermosiphon, the
refrigerant vapor migrates towards the condenser unit where the temperature is already cooler due
to the cold cooling tower water. Heat transfer at the condenser unit causes the refrigerant to change
into the liquid phase again and due to gravity, the refrigerant flows back into the lower evaporator
where the cycle repeats. Trane states that “free cooling chillers serving systems that can tolerate
warmer chilled-water temperatures at part-load conditions can produce over 60% of the rated
capacity without compressor operation.” [34] This may be an optimistic value based on laboratory
measurements and not practically achievable in industrial environments; about 20% of the rated

capacity may be achievable.

Condensor heat P Evaporator heat
exchanger unit ‘ exchanger unit
(uninsulated) (insulated)

Figure 27: Trane CenTraVac Centrifugal Chiller with condenser above evaporator [36]
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It can thus be seen that depending on the annual climate of the location in question and the
operating condition of the cooling tower, waterside economizers can be used in various
arrangements to realize substantial energy savings with well-tuned and well setup cooling systems.
Even though waterside economizers add to the upfront installation costs for chillers, they are an
energy efficient way to offset the operational expenses arising from the electricity demand in the
colder winter months. The facility currently being examined may benefit in the long term from
installation of a water-side economizer along with a new dedicated process cooling chiller as such
an arrangement would be much easier and cost-effective to incorporate from scratch rather than as
a retrofit installation. The feasibility for such an installation can be analyzed by looking at the
meteorological data for the location and looking at the amount of time annually when the ambient
wet bulb temperature is low enough to justify shutting off the chiller and utilize “Free Cooling”.
Chapter 4 takes a closer look at the feasibility and the payback economics of installing a water-

cooled chiller along with a water-side side economizer.
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CHAPTER 4: ANALYSIS AND PROBLEM SOLVING

As previously stated in Chapter 2, the facility has very specific, identifiable problems with
the distillation process, which are observable as a number of symptoms, described further in this
section, that seem to point to irregularities in the flow within the various heat exchangers and the
piping network associated with it. This chapter looks at pinpointing the core causes of the problems
currently observable in the facility via a root cause analysis of the observable symptoms. Following
this, a few possible short-term and long-term solutions are identified and analyzed on the basis of
equipment sizing, initial implementation costs and the simple payback periods on these

investments.

4.1: Root Cause Analysis

Looking at the network from a thermal and hydraulic perspective simultaneously, the
problem of low product output can be traced back to the key root causes by looking at the
observable symptoms closely. It is worthwhile to think in reverse when analyzing a manufacturing
process dependent on a number of parameters and interconnected process equipment, in order to
identify creitical points of concern that may cause trouble. It could be perceived from the
observations done on-site that a reduced product output would only be instigated due to either
problems with the primary processing equipment or the energy transfer equipment.

One point of concern in the processing equipment, apparent in the first visit to the facility,
was the fact that the cooling tower water is being circulated directly into the heat exchangers. This
is not ideal since the cooling tower is open to the atmosphere, exposing it to dust and other
contaminants. The cooling tower water can contain traces of external dust matter from the

surrounding area which can end up directly into the pipe network and settling in places where there
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isn’t enough velocity in the immediate stream to dislodge it and push it out again. Although the
system might only contain traces of such material, the material may build up in layers within
regions with low velocity, resulting in flow blockage and surface accumulation over time. If this
happens inside the heat exchangers, there is a possibility of scaling and fouling occurring, which
also results in reduced heat transfer. Since the facility is experiencing reduced product output, there
is a chance of fouling being the cause behind that. Additionally, no means of monitoring the
concentration cycles or the electrical conductivity of the cooling tower water and conducting
blowdown were observed within the system. The facility uses make up water entering via a float
valve directly into the tower basin which is then circulated through the system. This
operating/monitoring method is inefficient and needs to be addressed in the near future to prevent
the occurrence of fouling.

A functional and reliable piping network is a basic requirement of any process industry,
especially in manufacturing facilities in which the process output is highly dependent on the fluids
being handled through the piping network in and around the facility. At the current plant, this is
especially true as the magnitude of the process output is directly dependent on the cooling tower
water network for the distillation and condensation processes. The heat exchangers at this plant
use the cooling tower water on the shell side of the heat exchangers to condense the product, which
is running through the tube side. A deeper look at the sizing and pathways within the cooling tower
water piping network is necessary in this case as the problem of reduced product generation at
various times could be directly linked to flow-related problems within the network that would also

partially deteriorate the thermal performance of the cooling tower water loop.
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Figure 28: Current Piping network
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The pipes in this network run through the facility and are mounted on the walls, about a
foot below the ceiling. The supply pipe diameter reduces from four inches from the pump outlet
to two inches in the latter part of the network, beyond the first three heat exchangers. The return
pipe is two inches in diameter throughout. There are expansion and contraction fittings at the heat
exchanger shell inlets which allow connecting the incoming supply pipe with the inlet diameters
of the shell entry ports. The cooling water loop uses PVC piping since it is cheap, widely available
and easy to work with. The centrifugal pump is located at the base of the cooling tower and these
are located right outside the plant wall. The heat exchangers are connected in a two-pipe direct
return system with the centrifugal pump and the cooling tower. The network map as shown in
Figure 28 was created after visually inspecting and measuring the current system in place.

The biggest point of concern is the deterioration in the operation of the heat exchangers
under the current operating conditions. This may be caused by either insufficient heat transfer
between the fluids in it or due to problems within the cooling water distribution or both. Since the
heat transfer coefficients for the heat exchangers are dependent on the Reynolds Number values
of the fluids, it is critical to ensure that the cooling tower water reaches the heat exchangers in the
right quantity and quality. The pump and the flow network must be inspected for any blockages or
major leakages which may cause insufficient cooling water flow into the heat exchangers.

The facility recently added more heat exchangers to the system, which is when they started
observing a lot of variation in the outputs from the system. This points to the possibility of
insufficient cooling capacity of the cooling tower network. It may be that the pump is overloaded
and is unable to push water at an adequate rate to induce heat transfer in the heat exchangers. This
can be cross-checked by analyzing the major and minor head losses in the system and looking at

the pump curves and the operating flow requirements. Since the heat exchangers also contribute
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to a major portion of the pressure drops across the supply and return pipes, the shell-side pressure
drop from all the heat exchangers must also be considered. If the system and pump curves are
plotted on a flow versus head graph, the operating point of the pump can be found. If the pump is
not operating within reasonable limits from its Best Efficiency Point, it can only mean that the
pump is no longer sufficient for the system and alternative arrangements must be examined to
prevent recurring financial losses due to inadequate operating conditions.

The facility management also mentioned that they frequently see output variations with
changes in ambient temperatures. These changes are definitely linked to the variation in the water
temperature which the cooling tower can suitably attain before it goes to the heat exchangers. As
seen in Chapter 3, the performance of a cooling tower is not only linked to the ambient wet-bulb
temperatures which cannot be controlled, but also to the placement and orientation, which can be
controlled. Alternatively, by adopting a cooling scheme that is much more reliable and effective
throughout the year, the facility may be able to prevent output variations due to external,
uncontrollable circumstances. A chiller can be used to generate the chilled water at the desired
process entry temperature throughout the year. The associated costs of installing and operating a
chiller can be examined by conducting a heat balance analysis of the maximum capacity of the
current equipment and calculating the cooling load on the chiller. With a properly sized chiller in
place, ideally, the facility would probably be able to consistently generate more product justifying
the installation and operating costs completely over a period of time.

The other possible cause of reduced product generation can be improper heating of the
stills via the steam system. The stills are large steam-heated pressure vessels and have jackets on
the bottom and the cylindrical walls. Periodically inspecting this equipment for broken or worn-

out insulation is very crucial to spot possible leakages and losses from improper steam quantities.
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The stills are supplied with about 3000 Ib/hr of steam from a 100 bhp fire tube boiler operating at
90 psig and supplying steam at 320°F. The boiler is in good working condition and is serviced
regularly. However, there was a small issue with the controls for the gas burner that caused trouble
with running the boiler. This problem occurred sometime in the last three months and after the
variation in the product output was observed, the issue has been taken care of and the boiler is
working normally again. The boiler stack temperatures were also measured via a boiler stack
analyzer to be about 20°F more than the steam temperature at low fire. The stack gas composition
also showed oxygen and carbon monoxide values within the range of 6-8% and below 100 parts
per million respectively for low fire operation. Thus, improper boiler operation does not seem to
be a cause of the problem. However, as the boiler is a critical part of the manufacturing process, it
is highly recommended that the facility should have a boiler representative come by at least once
a year and work with the in-house maintenance personnel to check crucial parameters and conduct
a boiler tune-up if necessary.

To summarize, the root causes of the reduction in product are threefold: reduced heat
transfer within the heat exchangers due to fouling, incapability of the cooling tower to handle
process cooling loads by itself on certain warm days and overloading of the pump due to a very
high flow and pressure head demand in the network. To overcome these problems, measures must
be examined that would allow a better flow distribution in the cooling tower network and reduce

the load on the in-line pump. The thought process behind this analysis is shown in the figure below.
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One of the major results from the observations at the facility was the insufficient cooling

effect provided by the cooling tower water loop itself. To remedy this problem, the facility can

employ a chiller that generates chilled water via a vapor compression refrigeration cycle. The

generated chilled water in the primary loop could run through the various heat exchangers,

absorbing heat from the generated product vapors and condense them into the desired liquid state.




Since the cooling effect would be achieved via a refrigeration cycle, it would shift the current
dependence of the product generation process on the ambient weather conditions onto the
effectiveness of the chiller cycle’s refrigerating effect. To test the feasibility of this idea, a look at
the heat duty on the various heat exchangers was undertaken which was followed by an estimation
of the possible effects on the annual product output and finally, a look at the economics and the
payback period of installing and running the chiller throughout the year. As an additional energy
efficiency measure, the chiller could also be installed with a water-side economizer that can help
offset the annual operating costs by reducing the chiller uptime in the winter. This is also addressed
as part of this recommendation.

The distilled product obtained at the end of the process is typically a mixture of ethanol
and water, which is most commonly a 50:50 mixture by weight at the start with some suspended
particles in it. Reducing the pressure of the liquid mixture in the still allows boiling and vapor
formation to occur at a lower temperature than what would be needed at the atmospheric pressure.
Since the process of distillation and condensation occurs under a vacuum (25 - 28 inches of
mercury), the various thermodynamic properties of the mixture were calculated accordingly. The
properties of ethanol were obtained from the online NIST database [37] and the properties of water
were obtained from steam tables using an Excel Plugin: X Steam [38]. The process followed for
calculation of the various thermodynamic parameters is elaborated in the following paragraphs.

The Antoine Equation is a correlation derived from the Clausius-Clapeyron equation that
describes the interrelation between the vapor pressure and temperature for a pure fluid to a good

accuracy within a predefined temperature range [39]. The equation is shown below.

| =A B
08100 = T+C
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Where p is the vapor pressure (bar), T is the Temperature (K) and A, B and C are “Antoine
coefficients” which are numerical constants. Using this equation, the saturation temperature can
be found for the line pressure in the current system on the product side. This can then be used to
find the state of the entering fluids, which can be either superheated if the product entry
temperature is higher than the saturation temperature, saturated if the product entry and saturation
temperatures match or in the liquid state if the entry temperature is below the saturation
temperature. The values of constants A, B and C used for this equation and the various temperature
ranges in which they are valid, are tabulated below [37]:

Table 2: Antoine Equation ranges and constants

T1(K) T2(K) A B C
Range 1 273 351.7 5.37229 1670.409 -40.191
Range 2 292.77 366.63 5.24677 1598.673 -46.424
Range 3 364.8 513.91 4.92531 1432.526 -61.819

At the line pressure of 25 inches of mercury below vacuum or 0.167 bar-gauge, the
saturation temperature for ethanol and steam are 101°F (38.63°C) and 133.86°F (56.59°C)
respectively. Since the entry temperature of 140°F (60 ©C) is higher than the saturation
temperatures for both the fluids, the mixture is superheated. Thus, the heat duty on the heat
exchangers involves de-superheating the ethanol and steam vapors to the respective saturation
temperatures, a phase change of both fluids from vapor to liquid and then sub-cooling the liquid
mixture to the exit temperature. It is assumed here that the suspended particles and any other
dissolved components are in a low concentration and do not have any major effects on the
thermodynamic or physical properties of the mixture. It is also assumed that the various types of
liguid chemical that the facility generates are all chemically similar to the extent that their

condensation thermodynamic requirements under the designated vacuum conditions are similar.
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The NIST Web-book [37] also provides an equation that gives a reasonable estimate of the
enthalpy of vaporization of ethanol in relation to the temperature and is obtained from regression
analysis of available experimental data. This equation can be used to find the necessary amount of
heat that needs to be rejected to enable a phase change of the ethanol vapor within the heat
exchanger.

hry (KJ/mol) = A.exp(—aT,).(1—T,)#
The constants in this equation and the applicable temperature range is tabulated below:

Table 3: Enthalpy of Vaporization Calculation for Ethanol [37]

Parameter Value
Temperature Range (K) 298K — 469K
A (KJ/mol) 50.43
Constant, o -0.4475
Constant, 0.4989
Critical Temperature, T¢ (K) 513.9
Reduced Temperature, Tr Desired Temperature T (K) / Tc (K)
Desired Temperature (K) 311.783
Calculated Enthalpy of Vaporization 889.96
(kJ/mol)

Using this equation, the latent heat of vaporization at the saturation temperature of 101.54
F (311.783 K) was calculated to be 41.53 KJ/mol or 889.96 KJ/kg using the molecular weight of
ethanol (46.07 g/mol).

The Dortmund Data Bank website [40] also has a calculator for the enthalpy of
vaporization of ethanol where the PPSD12 Equation shown on the next page is used to calculate

this value at the desired temperature.

1 2
h¢g = R.T,. (A.1'§+B.r§+ C.t+D.12 +E.T6)

Where, T=1— —



Table 4: Enthalpy of Vaporization Calculation for Ethanol Using PPSD12 Equation [40]

Parameter Value
Universal Gas Constant, R, (J/mol-K) 8.3145
Critical Temperature, Tc, (K) 516.2
Constant A 9.1919
Constant B 2.8118
Constant C 8.6931
Constant D -11.776
Constant E -31.745
Desired Temperature, T (K) 311.78
Constant t 0.396
Calculated Enthalpy of Vaporization (KJ/mol) 41.802

Using the PPSD12 Equation resulted in a value of 41.802 KJ/mol or 907.37 KJ/kg using
the molecular weight of ethanol (46.07 g/mol). Since both the obtained values are via equations
obtained from parametric regression, there is no singular, true value available. Hence, for the
purposes of further calculations in the current context, an average value of the enthalpy values
obtained was used. The average value for enthalpy of vaporization used is 898.66 KJ/kg.

The next thermodynamic property required for ethanol is the isobaric specific heat capacity
in the vapor state and in the condensed state. The NIST webbook [37] has a table of experimentally
measured specific heat values at various temperatures, but upon closer inspection, it was seen that
there are no values available in any reference for the exact desired temperature and that the value
for specific heat varies considerably depending on the temperature. Hence, the specific heat values
for the gaseous and liquid states were interpolated from the available data. The specific heat for
the gaseous state was interpolated at the average temperature between the entry temperature and
the saturation temperature. The specific heat for the liquid phase was interpolated at the average
temperature between the exit temperature and the saturation temperature. A summary of the

interpolation calculation is tabulated below.
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Table 5: Interpolation of Isobaric Specific Heat of Ethanol [37]

Specific Heat of Gaseous State (Entry condition)
Avgllable . Calculated value at
Higher Available Lower value .
desired temperature
value
Temperatures (K) 350.01 300 322.47
Specific Heat (KJ/mol.K) 73.15 65.49 68.93
Specific Heat of Liquid State (Exit condition)
Available
Higher Available Lower value Desired value
value
Temperatures (K) 313.2 303 308.58
Specific Heat (KJ/molK) 118.4 115.1 116.91

Again, using the molecular weight of 46.07 g/mol, the isobaric specific heats for the
gaseous state and the liquid states were calculated as 1.496 kJ/kgK and 2.538 kJ/kgK.

Finally, the ethanol liquid density was calculated by the DIPPR105 state equation [41]
which is valid between the temperature range of 191 K and 513 K. It is obtained by parametric

regression of a number of experimentally obtained data points. The equation is given below:

) A
D
Bt (1-2)
Table 6: Calculation of Ethanol Liquid Density via DIPPR105 State Equation [41]
Parameter Value

Average Liquid Temperature ‘T” (K) [ 308.58
Constant A 99.3974
Constant B 0.310729
Constant C 513.18
Constant D 0.305143
Calculated Density ‘p’ (kg/m’) 773.4201

The properties of the water vapor entering the condensers was calculated using a digital
version of the steam tables called XSteam [38] which is a plugin for MS Excel for evaluating steam
properties using "International Association for Properties of Water and Steam Industrial
Formulation”, 1997 (IAPWS IF-97) data. The unknowns calculated were the latent heat of

vaporization and the specific heat capacities of steam and water at the given vacuum conditions.
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The superheated steam heat capacity was found to be 1.959 KJ/kgK, the latent heat of vaporization
(2,366.924 KJ/kg) was found by subtracting the enthalpy of the saturated liquid (235.31 KJ/kgK)
from the saturated vapor enthalpy (2,602.23 KJ/kgK). The isobaric specific heat of water is 4.181
KJ/kgK. The density of liquid water at the line pressure is 985.079 kg/m?3.

In summary, the thermodynamic properties of ethanol and water that were calculated are

tabulated below.

Table 7: Summary of Calculated Thermodynamic Properties in Vacuum

- Heat of ;
Specific Heat Vaporization Other Properties
Properties c
at Cp (Vapor) P Boiling | Density | Molecular wt | Mass
157 Hg | (KIkgk) | (Lauid) | e (KIkg) o0y | aegim3) | (g/mol) | Fraction
(KJ/kgK)
vacuum
Ethanol 1.532 2.538 889.96 38.63 773.42 46.07 50%
Water 1.946 4.181 2,366.01 56.59 985.08 18.015 50%

The density of the final resulting mixture with 50% of each substance by weight is
calculated in the following way:

Total mixture mass

Methanol + Myater Methanol + Myater

Pmix = ; = = m T
Total mixture volume  Vetngnor + Vwater ethanol water
Pethanol Pwater
m+m 2xm 3
Pmix = —m _ _m _ — 98sosm+77342m — 866.51 kg/m

773.42 ' 985.08 985.08+773.42

Once the product properties were calculated, the heat exchanger dimensions can be used
to estimate the mass flow rates of the product that can be obtained via every heat exchanger per
hour. The eight heat exchangers at the facility are all functional and in moderate to good operating
condition. For the purpose of calculation of heat duty, the heat exchanger sizes were used to
calculate the product volume flow rates in each exchanger in relation to the known upper and lower
volume flow rates for the heat exchanger ‘F’. Since the condensation and cooling effect for every

heat exchanger is typically proportional to the surface area of the heat exchanger, simple
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proportion was used to calculate the mass flow rates of product flow possible every hour. The mass
flow rates per hour for every heat exchanger are obtained by multiplying the density with the
volume flow rate per hour.

HX Mass flow(kg/hr) = Volume flow in HX(m3/hr) * Product Density (kg/m3)

Or by simple proportion with the volume flow rate in the heat exchanger ‘F’,

HX Surface Area(ft?)

HXmassflow(kg/hr) = HX " F" Surface Area(ft?)

l k
* Volume flow in HX "F" (E) * Product Density (Tg)

The maximum possible mass and volume flow rates are tabulated below.

Table 8: Estimation of Heat Exchanger Yields

surf Ratio of
Heat K:ezge Surface Est mass flow (kg/hr) Est Vol flow (I/hr)
exchanger ft2 Areas to
(ft2) HX ‘F’ Upper Lower Upper Lower
A 40 22% 43.33 26.00 50.00 30.00
B 320 174% 363.93 218.36 420.00 252.00
C 88 48% 95.32 57.19 110.00 66.00
D 40 22% 43.33 26.00 50.00 30.00
E 320 174% 363.93 218.36 420.00 252.00
F 184 100% 216.63 129.98 250.00 150.00
G 50 27% 26.00 15.60 30.00 18.00
H 41 22% 26.00 15.60 30.00 18.00
Total 1178.46 707.07 1360.00 816.00

Using these flow values, the amount of heat that needs to be rejected to the chilled water
in the condensers is calculated. Since the condition for both substances in the mixture is
superheated at the entry temperature and line pressure, the heat duty of the heat exchangers
involves sensible heat rejection in de-superheating to reduce the temperature to the saturation
temperature, latent heat rejection at saturation temperature to induce phase change and sensible
subcooling to the exit temperature. Using a chiller, it is apparent that the plant would be able to
make more product annually since it will be able to maintain better temperature control over the

chilled water that will have average inlet and outlet temperatures much lower than the cooling
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tower water directly being run at the moment. Since the plant currently has a maximum output of
about 1,360 liters per hour on days with ambient temperatures in the 50°F to 75°F range, this upper
limit on the plant capacity can be assumed to be attained throughout the year with the new process
cooling equipment. Thus, the chiller must now be sized for this maximum possible annual product
mass flow rate. The process followed for calculation of the total heat duty for all the heat
exchangers in the plant is shown below. The product mass flow rate used is the estimated total

capacity of the plant which is 1,178 kg per hour.
Qtotal = Qdesuperheating + Qenthalpy of vaporization + qubcooling

Qtotal = [Qdesuperheating + Qenthalpy of vaporization + qubcooling]ethanol

+ [Qdesuperheating + Qenthalpy of vaporization + qubcooling]water

Qtotar = [m * vaap * (TEntry - Tsat) + mx hfg + m* Cpll-q * (Tsat - Texit)]

ethanol

+ [m * vaap * (TEntry - Tsat) + m* hfg + mx Cpliq * (Tsar = Texit)]water

Table 9: Calculation of Total Heat Load on Cooling Tower Water

Parameter Symbol Ethanol Water Unit
Mass flow rate m 0.164 0.164 kals
Specific Heat Capacity at entry state Cp,,ap 1.532 1.946 KJ/kgK
Entry Temperature Tentry 60.00 60.00 °C
Saturation Temperature/Boiling Point Toar 38.63 56.59 °C
Sensible Heat for De-superheating Qudesuperneating 5.36 1.09 KJ/s
Enthalpy of Vaporization heg 898.66 2366.01 KJ/s
Total Latent Heat Rejected Qenthaipy of vaporization 147.09 387.26 KJ/s
Exit Temperature Torit 32.22 32.22 °C
Specific Heat Capacity at exit state Coug 2.538 4.181 KJ/kgK
Sensible heat for subcooling Qsubcooting 2.66 16.68 KJ/s
Total Heat Rejection per substance Qethanol 155.11 405.02 KJ/s
Heat Duty on heat exchangers Quwater 159.26 tons
Overdesign Safety Factor - 30% -
Final Heat Duty for Chiller Qtotal 207.04 tons

Considering the sensible and latent heat for the process, the total heat load on the cooling

tower water for the desired product output is about 208 tons of refrigeration. This is the minimum
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value of the cooling capacity expected from the chiller that is to be installed. In this range, the
possible chiller can be either air cooled or water cooled, but it makes sense to go for a water-cooled
chiller since it would be more efficient and consume less energy for the same cooling effect.
Additionally, it would be easier for the company to manually increase the cooling capacity of the
process cooling network if they choose to expand in the future. The feasibility of installing new
equipment can be ascertained by looking at the implementation costs and the annual savings.
Calculating these two values will yield a payback period which is the time in which the initial
investment will pay for itself. Since the annual savings from the installation would in theory result
in a year-round higher production value, this estimated additional production can be calculated.
Using the additional product generated, a dollar value on the additional revenue from sales of the
product can be predicted which can then be used to arrive at a payback period.

The overall cost of adding a new chiller should also include the consequent increase in the
operating expenses of the facility. The chiller will demand more electric energy from the grid
annually. Adding a chiller will also increase the annual preventive and breakdown maintenance
expenses of the facility. Installing the chiller will involve installing additional piping to connect to
the cooling tower and the current piping in the facility along with installation of controls and the
necessary electrical connections. There will also be a one-time cost associated with training the
personnel on how to operate the equipment and what to do in case of emergencies.

The first step in determining operating expenses is to calculate the demand and energy rates
levied by the utility company. This is done by averaging the electricity usage by the facility over
a year and the respective charges for each. The values for monthly demand in kW, the monthly
energy usage in KWh and the respective charges for these can be found on the electricity bills.

Using these bills for the period of April 2017 to April 2018, it was calculated that the facility is
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being charged $7.70 per kW of electrical demand and $0.0546 per kWh of energy usage on
average. A new chiller is an energy-intensive piece of equipment and will definitely dominate the
electrical demand of the facility over anything else currently in operation and result in a larger
monthly charge for it. The diagram below shows the proposed arrangement with a new chiller.

A commercial chiller closest to the desired capacity is a screw-chiller of 220 tons capacity.
A water-cooled chiller requires a minimum water flow rate through the cooling tower loop in order
to allow efficient condenser operation. This flow rate is typically 3 gallons per minute for each
chiller ton of refrigeration. [30] Thus, the cooling tower must be able to sustain 660 gallons per

minute of water flow in its network for a 220 Ton chiller.
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Figure 30: Proposed process cooling arrangement with chiller

Since the current cooling tower and the loop network installed at the facility is designed
for 200 tons of refrigeration, it can only sustain 600 gallons per minute of water flowing through
it. If this flow value is exceeded, the cooling tower will not be able to cool the process effectively.
This means that a new cooling tower will need to be installed at the facility to augment the chiller
operation. Since the current cooling tower is still functional, a new smaller cooling tower of 50

tons capacity could just be added on to the system. It is estimated on the basis of the water
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requirement, a 25 hp inline centrifugal pump in the process chilled water loop and a 15 hp, 1000
gallons per minute inline centrifugal pump in the cooling tower loop would also need to be
purchased and installed.

The costs of installing the chiller and all the associated equipment and annual costs of
operating it are calculated below. The cost estimates are obtained from RS Means Mechanical Cost
Data, 2015 [42].

Table 10: Implementation Cost Estimation for 220 Ton Chiller Unit

Item Total Cost
220-ton Chiller Purchase ($600/ton) $132,000
50-ton Cooling Tower Purchase $10,400
Cost of 15 hp, 1000 gpm Inline Centrifugal Pump $5,125
Cost of 25 hp, 1000 gpm Inline Centrifugal Pump $7,450
Cost of Controls and Fittings $11,000
Chiller Installation Cost $14,500
Cooling Tower Installation Cost $2,000
Pumps Installation Cost $3,775
Labor Fees for Installation of all Equipment $30,000

Total Labor Cost $50,000
Training and Overheads $1,000
Miscellaneous Costs (<5%) $10,000
Total Cost of Implementation $256,975

The operating cost of the chiller must include the charges for monthly electrical demand
and the charge for electrical energy over the operating hours. The chiller may be shut off during
colder days or operated intermittently if a water-side economizer is installed as recommended in
the next section. If the chiller is not operated at all through a month, the estimated demand charge
for that month may be reduced to the next biggest energy consuming equipment in the facility.
But, to get a conservative estimate, it is assumed for the purposes of this calculation that the chillers
will always be operated at least once a month and will always dominate the electrical demand for

the facility. Since the chiller usage will also require using the pumps in the cooling tower water
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loop and the heat exchanger loop at all times, these energy consumers must also be considered.
The cooling tower also has a fan motor that is running constantly and adds to these charges.
Installing and operating the chiller may also slightly increase the makeup water usage from the
city supply, but since that increment is difficult to accurately quantify before actual installation,
that value is assumed to be negligible for now. The operating cost calculation is shown below.

Table 11: Operating Cost Estimation for 220 TR Chiller

Item Specification Calculated Value
Chiller Capacity 220 Ton
Operating Hours 4800 hours
Electricity Demand Rate $7.70/kW
Electricity Energy Rate $0.0546/kWh
Chiller Power Consumption 0.718 kW/ton [43] 157.96 kW
Cooling Tower Power Consumption | 0.2 kW/ton [30] 50 kW
Heat Exchanger Loop Pump Power | 25 hp 18.65 kW
Cooling Tower Loop Pump Power | 15 hp 11.19 kKW
Total Demand 237.80 kW
Total Demand Cost (Demand x 12 months x Rate) $ 21,973
Total Energy Cost (Demand x Op hours x Rate) $ 62,323
Annual Maintenance Cost $ 2,000
Total Annual Operating Cost $ 86,296

The revenue obtained by installing and operating the chiller and the associated equipment
is calculated by using the upper production capacity value and considering that value to be
generated throughout the year. This value is then multiplied with a correction factor to account for
the fact that the product generation process is time dependent and may vary from batch to batch
and not all condensers will be running all the time. When this additional quantity is multiplied with
the estimated profit per unit volume, a new annual revenue amount can be estimated. This amount
can then be used to calculate the payback period on the implementation costs. The estimated
additional revenue is in the range of $2.5 million, which is based on an estimate of 40% profit on

the sales price.
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Table 12: Calculation of Additional Annual Revenue after Implementation

e - Calculated
Item Specification Value
Upper_HourIy Production 1360 litre/hr
Capacity
Lower_ Hourly Production 816 litre/hr
Capacity
Annual Operating hours 4800 hrs/year
Production Correction Factor 60% 0.6
(50% Upper Capacity + 50% Lower 3133 440
Current Production Capacity Capacity) * Production Correction NP
litre/year
Factor
. . 100% Upper Annual Capacity* 3,916,800
New Production Capacity Production Correction Factor litre/year
Additional Production Estimation (New Capacity)-(Current Capacity) ;tgr?g/s;ggr
Sales Revenue $ 8/ litre
Profit from Additional Revenue 40% of Sales $ 3.2/litre
Additional Annual_ Revenue $2.506.752
after Implementation

The payback estimated after implementation of the chiller unit can now be calculated.

Pavback Period = Implementation Cost M
ayback Feriog = Annual Additional Revenue — Annual Operating Costs X o8-

$ 256,975

x 12 = 1.3 months
$2,506,752—$86,296

Or, Payback Period =

Thus, it is seen that the payback period of the chiller is about a month and half. This shows
the effectiveness of the chiller in quickly increasing the possible output generated. However, it
was assumed in the analysis that the chiller and the associated equipment is running at full load
throughout the operating hours. In reality, the chiller may also operate at part-load where it may
have a lower efficiency and draw relatively the same amount of electrical energy as it draws at
higher loads. Another presiding assumption here is that the company makes the same amount of
profit from a given product over time and is able to sell all of the product it generates at a fixed
price. This is partially valid since the products being generated by the facility are known to be in

very high demand throughout the year as per the owners.



As described in Chapter 3, the operating expenses of a water-cooled chiller can be reduced
by utilizing “free-cooling” or water-side economizers if the region receives sufficiently low
ambient wet-bulb temperatures for many hours in a year, which is when free-cooling can be
employed. In order to test the feasibility of this arrangement at this facility, the number of hours
with a low ambient wet-bulb temperature must be found out. To do this, it is essential to understand
at what temperatures the cooling tower will function well enough to allow “free-cooling”.

From the various possible arrangements for water-side economizers discussed in Chapter
3, most of them can be eliminated since they are not applicable in the current situation. The strainer
cycle would leave open the possibility of fouling within the condenser unit of the chiller. Since an
air-cooled chiller is not being considered here, an evaporative cooler or a new dry cooling tower
would not be feasible. If the facility chooses to use a centrifugal chiller with the evaporator below
the condenser, it may be able to save some energy by using the thermosiphon effect if the
manufacturer has provided for it. The best options remaining are to have either a precooling coil
or to have a plate and frame heat exchanger operating intermittently between the chiller and the
cooling tower. A plate and frame heat exchanger is definitely the better option because of a couple
of reasons. It would reduce the occurrence of fouling since, as discussed in Chapter 3, these heat
exchangers experience much more turbulent flow within the plates, reducing the possibility of
fouling occurring in the system. Additionally, the chiller equipment will also be protected since
the chiller loop and the cooling tower loop are both separated.

On the basis of the current condition of the existing cooling tower, its performance
benchmarks which are its efficiency and its approach temperature can be taken as 75% and 5°F
respectively. The approach temperature of the new plate and frame heat exchanger would ideally

be 2°F. The desired process cooling temperature is 50°F. It is expected that the process cooling
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loop will raise the temperature of the water by 10°F as per the current performance data. The

proposed arrangement is shown below in Figure 29.
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Figure 31: Proposed Water-side Economizer Arrangement

The minimum ambient wet-bulb temperature required for a water-side economizer to

operate effectively as seen in the figure above is obtained from the relations below.

Min. Amb.WBT = Desired CHW Temperature — Plate and Frame HX approach — Cooling Tower Approach
Min. Amb.WBT = 50°F — 20F — 50F = 43°F

A lower operating limit is also necessary to prevent freezing anywhere in the system. This

limit is set at 35°F. The feasible hours for free-cooling are calculated by looking at the Typical

Meteorological Year for the Raleigh-Durham airport which is the closest weather station to NC

State and is reasonably similar to the weather at the facility. The TMY data is a set of

meteorological values and weather parameters which are calculated by averaging from a database

developed over a number of years. It also accounts for the range of weather variations observed

over a typical year and are thus, a reliable source of environmental data for HVAC design and

building simulations [44]. The TMY data for any weather monitoring station in the United States

is accessible via the National Oceanic and Atmospheric Administration (NOAA) website [45].
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It was seen from the TMY data that there were 1,196 hours out of the 8,760 hours in a
typical year when the water side economizer could be used. This is the time when the ambient wet-
bulb temperature is within the desired range of 35°F to 43°F. Out of these hours, for a conservative
estimate, it can be assumed that the free-cooling is practically achievable in 1,000 hours. The
operating expenses can now be calculated by considering the cost savings when the chiller is
completely shut-off during this period. During water-side economizer operation, the cooling tower
fan, cooling tower loop pump and the process cooling loop pump, all remain operational even
though the chiller is shut-off. It is also assumed here as in the previous calculation that the chiller
dominates the electrical demand when operational and is used at least once every month at peak
load. This results in electrical energy savings only and no demand savings. The calculated values
are shown in the table on the next page.

The next step is to calculate the implementation costs for this recommendation. This can
be done by looking at the equipment cost as done in the previous section. Since the cooling tower
loop is expected to experience flows in the range of 600-700 gpm, it would be prudent to size the
plate and frame heat exchanger to sustain 800 gpm of fluid flow. The remaining implementation
costs remain the same as the chiller sizing and operational parameters remain the same. Since the
additional product generated is the same with or without the water-side economizer, the additional
revenue will also remain the same. Thus, the payback cost can be calculated for this combined

arrangement.
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Table 13: Water-side Economizer Operational Expenses

e - Calculated
Item Specification Value
Energy Demand with Chiller Demand + Cooling Tower Fan 237 8 KW
Chiller usage + CT Pump + HX Loop Pump '
Energy Demand with Water-side Cooling Tower Fan + CT Pump + HX 70.95 KW
Economizer usage Loop Pump '
. Chiller Operational Demand-Water-

Energy Savings side Economizer Demand 166.85 kw
Operational Hours From TMY Data 1,000 hours
Total Energy Savings At $0.0546/kWh $9,110/yr
ggg:Z[ioAnnarI]ugésts From previous calculation $86,295/yr
Chiller Annual Operational costs Applying Savings $77,185/yr
with water-side economizer from Chiller costs ’

Table 14: Implementation Costs for Water-side Economizer

Item Total Cost
220 Ton Chiller Purchase ($600/TR) $132,000
50 Ton Cooling Tower Purchase $10,400
Cost of 15 HP, 1000 gpm Inline Centrifugal Pump $5,125
Cost of 25 HP, 1000 gpm Inline Centrifugal Pump $7,450
Cost of Controls and Fittings $11,000
800 gpm Plate and Frame Heat Exchanger purchase | $63,500
Chiller Installation $14,500
Cooling Tower Installation $2,000
Pumps Installation $3,775
Plate and Frame Heat Exchanger Installation $10,000
Labor Fees for Installation of All Equipment $70,275
Training and Overheads $1,000
Miscellaneous Costs (~5%) $15,000
Total Cost of Implementation $328,325

Since the additional product generated is the same with or without the water-side
economizer, the additional revenue will also remain the same. Thus, the payback period can be
calculated for this combined arrangement.

Implementation Cost
x 12 Mos.

Payback Period =
ayback rerio Annual Additional Revenue — Annual Operating Costs



Payback Period = $328,325 12 Mos = 1.7 Month
ayoac erio _$2,506,752—$77,185X oS = 1. ontns

Thus, it is seen that when installing the chiller and the water-side economizer, there is a
higher payback period of about 2 months. This is because even though the end result is the same,
the implementation costs for a water-side economizer are higher. In spite of this drawback, it is
highly recommended to have the water-side economizer installed at this time. The clear benefits
are the energy savings attained which add up over time to pay back within the course of 2 months.
Additionally, the problem of flow starvation can be overcome by having separate loops for the
heat exchanger network and the cooling tower, allowing better distribution between the two. One
more benefit would be the reduced instance of fouling and solids deposition from the cooling tower
network in the chiller condenser when the water-side economizer is used. Installing the economizer
right now, along with a chiller, would be easier and much-more cost effective than retrofitting it

at another time in the future.

4.2.2: Reconfigure the pumping arrangement

Since pump overloading seems to be one of the causes for the insufficient heat transfer
within the exchanger network, the feasibility of correcting this via a new pump arrangement is
examined in this section. There three ways in which the flow rate within the exchangers can be
improved: by adding a pump in parallel to the current pump, by replacing the current pump with
two new parallel pumps or by replacing the current pump with a single bigger pump to improve
operating efficiencies at the current operating point.

To get the operating characteristics of the system to achieve the desired cooling load in
either scenario, it is necessary to first figure out the current operating pressure head and flow rate

of the system. To do this, the system curve for the current operating condition is needed, which
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would require an examination of the piping network for major and minor losses along with the
shell side pressure drops for every heat exchanger in the network. The first step in this direction is
to calculate the flow velocities in the various parts of the network. This can be achieved by looking
at the flow rate at the pump exit and then estimating the velocity in each path of the network via
the continuity equation. The current flow rate can be estimated from a simple heat balance between
the system and the cooling tower water based on the previous calculation.

Heat rejected in exchangers = Heat absorbed by cooling tower water

Quoaa * Safety Factor =1i % Cy % (Ter in — Ter out)

A safety factor is used in pumping systems where a minimum flow rate is critical to
operations. Here a safety factor is applicable since a lack of water on the shell side will lead to
reduced condensation in the heat exchangers with solvent vapors infiltrating the diaphragm pumps
at the end of the line. These pumps will not function correctly and get damaged over time if this
happens frequently and hence, it is better to have slightly more water flowing in the system.

Table 15: Heat Balance at Desired Product Output

Description and Symbol Value
: : 220 ton = 2,640,000
Heat load from previous calculation, Q;,qq BTU/hr
Factor of safety considered to keep water flow rate slightly higher than
25%

exact system demand, Safety Factor
Specific heat of Water, C, 1 BTU/ Ibw-°F
Temperature of water entering cooling tower from process, T¢r in 60°F
Temperature of water exiting cooling tower into process, Ter out 50°F
Mass flow rate of Water needed in network, m 330,000 Ibm/hr
Volume flow rate of Water, V 663 gpm

In order to verify the actual flow demand at the facility, the network and heat exchanger
head losses can be computed at this flow rate and then compared to the flow rate at the pressure

head seen in the actual network. It is necessary to arrive at this value by an indirect calculation in
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this manner since there is no practical way at the facility to directly measure the volumetric flow
rate or the network velocities. Most means of flow measurement via commercially available
flowmeters require a long piping section upstream of the instrument, which is free of fittings or
valves, which is unavailable in this system. Using the obtained value of 663 gpm or 0.04182 m?/s,
the velocity of the water at the pump exit within the 4-inch diameter pipe was calculated to be
16.93 feet/second or 5.16 m/s. This source velocity can be used within the flow continuity equation
to estimate the velocity in each path of the network.

The network was divided into 9 possible paths labeled from letter ‘A’ to letter ‘I”. It must
be noted that path ‘I’ is just an extension of path ‘H’ with the bypass valve closed completely at
all times, which then blocks flow through that path.
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Figure 32: Paths in Heat Exchanger Network

Using the obtained volumetric flow rate in the supply line from the heat balance, the
continuity equation that illustrates mass conservation can be used to calculate the in-pipe velocities

for paths ‘A’ to ‘I". Since the flow rate going into the network should add up to the individual path

85



flow rates, the following equation is applicable, where V is the volumetric flow rate in the specified
path.
Viotat = Va + Vg + Ve + Vp+ Ve + Ve + V5 + Vy
Where, V = Area of pipe * velocity of fluid = A.v
Expanding,
(A V)pumpexic = A.V)s+A.v)p+A.V)c+ @ V)p+A.V)p+A.V)p+(A. V) +(A.V)y

In this equation, the velocities in each individual path are interlinked in order to satisfy
mass conservation. However, none of these velocities are known and there is no practical way to
measure them at this facility without massive overhauling. Water within a network will always
flow towards the path of least resistance. This makes it difficult to accurately estimate the velocities
in individual paths in a network of heat exchangers. The one constraint known here is that the main
supply and return pipe must act as headers and equalize the upstream and downstream pressures
around the exchangers. The unidirectional flow is maintained by this pressure equalization of the
head losses through the exchangers. It follows that the difference in pressure across the supply and
return pipes must equal the highest pressure drop on the shell-side from all the heat exchangers.
The extent of this head loss will also in turn affect the resistance to flow through the exchangers
and hence, the velocities. Again, the above obtained equation has too many unknowns and not
enough data to proceed. A way of reducing the unknowns in this equation must be identified in
order to arrive at individual velocities which can then be used to calculate the head losses in each
path.

Since the flow rate will be dictated by the resistance in each path, a function can be defined
which estimates the portion of flow going through each path. It can be said that more the volumetric

capacity of the heat exchanger, more the flow going towards it. Additionally, the resistance is also
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decided by the distance of the heat exchanger in each path from the pump outlet. The further the
heat exchanger is, greater is the resistance before the supply port. These proportionalities can be
accounted for by use of proportionality or ratio-based numerical coefficients for each path that
estimate the division of flow.

Let C = function ( Heat Exchanger Size in Path, Length of Supply Pipe)

Substituting all path values of V (for V,, Vg, V... Vy) from the previous equation of mass
conservation with Cy.V, where V is a temporary fractional value of the total flow rate,

Viotar = CaV + Co.V+CoV+Cp.V+CeV +CrV + Co.V +Cy.V
Viotaw = V.(C4 + Cp+Cc+Cp+Cp+Cp + C5 + Cy)

The values for these path coefficients can be obtained by assigning values based on the size

and distance characteristics in each path. The value of the path constant is taken as the product of

the ratios of the surface areas and path lengths.

(Surface area of HX in Path  Supply Pipe Length for HX in path closest to pump)
X = *

Surface area of Biggest HX Supply Pipe Length for HX in Path

Table 16: Calculation of Path Flow Constants

Ratio of HX Ratio of
Surface area | Length of Value of
Surface area ) Path Length
. to the Supply Pipe Constant C
Path of HX in . of Closest
? biggest HX | from Pump ! for each
path (ft) HX to HX in
Surface Outlet (ft) path
each Path
Area
A 40 0.125 30 1.00 0.13
B 320 1.000 37 0.81 0.81
C 88 0.275 60 0.50 0.14
D 40 0.125 87 0.34 0.04
E 320 1.000 80 0.38 0.38
F 184 0.574 104 0.29 0.17
G 50 0.156 106 0.28 0.04
H 41 0.128 111 0.27 0.03
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A temporary flow rate through the network is now calculated by substituting the above
constants.
Viotar = V.(Cq + Cg+Cc+Cp+ Cx+ Cr + Cg + Cy)
Viotar = V.(0.13 + 0.81 + 0.14 +0.04 +0.38 +0.17 + 0.04 + 0.03)

. Viotww  0.04182m3/s s
V=157 = o7 = 0.02409 m3/s

Now, the flow and the corresponding velocity in each path is obtained by multiplying the

constants to the V value and dividing those individual path flow rates by the pipe areas as shown

in Table 17.
Vy = C.V
Table 17: Calculation of Network Velocities
Estimated Supply Supply
Path Qonstant Fl_ow Rate _Pipe Pipe Velocity in
in Path in Path Diameter Area path (m/s)
(m®/s) (in (m?)
A 0.13 0.00301 4 0.00811 0.37
B 0.81 0.01953 4” 0.00811 2.41
C 0.14 0.00331 4” 0.00811 0.41
D 0.04 0.00104 2” 0.00203 0.51
E 0.38 0.00903 2” 0.00203 4.46
F 0.17 0.00400 2” 0.00203 1.97
G 0.04 0.00107 2” 0.00203 0.53
H 0.03 0.00083 2” 0.00203 0.41

These values may be different from the actual velocities seen in the paths, but this is an
acceptable estimate with the limited information available. Using these velocities, the major and
minor losses as well as the shell side pressure drop can be calculated for each path. The major and
minor losses are calculated using the Darcy-Weisbach formula and other relations obtained from

the well-known Crane Co. Technical Paper No. 410M [15]. A sample calculation for path ‘A’ is
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shown below and a summary of the friction losses in the remaining paths are shown as part of

Appendix A.

f.L.v?
2.9.D

Major Head Loss in Pipe, AHpipe =

Where, the value of Friction factor ‘f” is obtained from the Moody Chart at the intersection

of the Reynolds Number for the pipe and the relative roughness of the pipe.

Relative Roughness :g ; where, e = Absolute Roughness of the pipe surface and D = Pipe

Internal diameter. To simplify the calculation of the friction losses, it is assumed that the velocity
of the water in the return pipe is the same as when supplied. This is partially justified since there
will be a small increase in the velocity at the exit of the heat exchanger due to a reduction in the
pipe diameter, but there may be an equal or even higher reduction in velocity due to the numerous
changes in the flow path within the heat exchanger. Assuming a constant velocity will thus, yield
a conservative estimate by slightly oversizing the pump since flow head losses are directly
proportional to the square of the flow velocity.

According to the Moody chart in Figure 34, for a PVC Pipe, the absolute roughness is
0.0025 mm and this value is used with the diameter of the pipes to calculate the Darcy friction

factors for head loss at the flow Reynolds Numbers.
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Friction Factor
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Figure 33: Moody Chart

K. v?

AHminor = ﬁ ,Where, K =2¢C ft

of the constant ‘K’ for various valves and fittings and ‘f; ’for various pipe

sizes are given in Table 18.

Table 18: Friction Constants for Valves and Fittings [15]

Valve/Fitting | Constant ‘K’
Ball Valves K=3f,
Gate Valves K=8f,
90° Elbow K=30F,
Tee Joint K=280f,
. _ 1 D12
Expansions | K = 5( _ D_Zz)
. _ 1 D12
Contractions | K = 5( — D_Zz)
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For a4” pipe in complete turbulence, the value of “f;” is 0.017 and for a 2” pipe in complete
turbulence, the value of “fi” is 0.014. The value of the dynamic viscosity of water is taken as
0.001307 Pa-s. The Darcy friction factor for the supply and return pipes is obtained from the
Moody chart. From the previous calculation, for Path A, the velocity in the 4” diameter pipe is
0.37 m/s. Thus,

) . . p.va.D l 1000%0.37%(4*25.4/1000
Reynolds Number in 4” dia Supply pipe = SLPPY = ( / )
U 0.001307

Reynolds Number in 4” dia Supply pipe = 28,873

0.0025

———F—F = 0.025
4%25.4/1000

Relative roughness = = =

From the Moody Chart at this relative roughness and Reynolds Number, the Darcy friction
factor is observed to be 0.05. Similarly, for the 2” diameter return pipe, the Reynolds Number is
14,437, the relative roughness is 0.049 and the friction factor at this intersection is 0.07. The
friction losses are calculated and tabulated below.

Similarly, using the calculated velocities, the head loss in the various paths in the network
can be calculated. A detailed listing of the valves and fittings in the various other paths in the
network is provided in Appendix A. The following table summarizes the calculated head loss

values for the network. The predicted head loss for Path A is thus seen to be 0.1 m of water.
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Table 19: Friction Losses in Path A

. Pipe : -
Major : Length | Velocity Friction Head
Losses (Dlr']a)‘ (ft) (m/s) Factor Loss (m) V Sq. Coeff
Supply 4" 4.00 36.00 0.37 0.05 0.01 0.09
Return 2" 2.00 45.00 0.37 0.07 0.02 0.17
Minor Losses
] . Head
Ball Valves | D1(in) ft K Velocity(m/s) loss(m) V Sq. Coeff
Supply 4" 4.00 0.0170 0.05 0.37 0.0004 0.00
Return 2" 2.00 0.0140 0.04 0.37 0.0003 0.00
90 Deg . . Head
Elbow D1(in) ft K Velocity(m/s) Loss(m) V Sq. Coeff
Supply 4" 4.00 0.0170 0.51 0.37 0.0036 0.03
Supply 4" 4.00 0.0170 0.51 0.37 0.0036 0.03
Return 2" 2.00 0.0140 0.42 0.37 0.0030 0.02
Return 2" 2.00 0.0140 0.42 0.37 0.0030 0.02
Return 2" 2.00 0.0140 0.42 0.37 0.0030 0.02
Return 2" 2.00 0.0140 0.42 0.37 0.0030 0.02
Return 2" 2.00 0.0140 0.42 0.37 0.0030 0.02
Tee Joints D1(in) ft K Velocity(m/s) L';'sia(l?n) V Sq. Coeff
Supply 4" 4.00 0.0170 1.36 0.37 0.0096 0.07
Supply 4" 4.00 0.0170 1.36 0.37 0.0096 0.07
Return 2" 2.00 0.0140 1.12 0.37 0.0079 0.06
Return 2" 2.00 0.0140 1.12 0.37 0.0079 0.06
Expansions | D1(in) | D2(in) K Velocity(m/s) Llc;'sesa(l?n) V Sq. Coeff
Cooling
Tower 2.00 4.00 0.38 0.37 0.0026 0.02
Connection
Return
Contraction . . . Head
s D1(in) | D2(in) K Velocity(m/s) Loss(m) V Sq. Coeff
HXReturn |5 00 | 400 0.38 0.37 0.0026 0.02
4" to 2
Head Total 2
Loss | 032 | Head 0.1 CTOSF?I'C.\Qn t 0.71
(ft) Loss(m)
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Table 20: Summary of Network Friction Losses

Path Network Loss (m H.,0) Network Loss (ft H.O)
A 0.10 0.32
B 2.54 8.34
C 0.08 0.26
D 0.15 0.48
E 4.21 13.82
F 2.00 6.56
G 0.09 0.29
H 0.05 0.16
I 0.03 0.11

Total Network Losses 9.25 30.36

The static head for any pump is the difference in the suction head and the delivery head
which the pump must overcome at all times, irrespective of system resistance. The suction head is
the distance between the impeller axis and the supply sump, which in this case is the cooling tower
sump, which was measured to be 6 feet from the ground. The delivery head is the distance between
the impeller axis and the delivery sump, which for the current cooling tower is the return line which
was measured to be 10 feet from the ground. Thus, the static head for the current setup is 4 feet or
1.22 meters.

The final contributing element to the pressure losses in the network is the pressure drop in
the shell-side of the shell and tube heat exchangers and the pressure drop in the cooling channels
of the non-shell and tube condensers, the double-cone type and spiral type condensers in Path H
and Path I. The pressure drop across the supply and return lines will be equal to the maximum head
loss in the heat exchangers.

There are 2 major methods of calculating the shell side pressure drops in shell and tube
heat exchangers: The Bell-Delaware method and the Kern Method [5] [7]. The Bell Delaware
method is selected for the current application because of its proven accuracy and detailed
calculation technique for baffled shell and tube heat exchangers, involving correction factors for

the various leakage and bypass streams as outlined in chapter 3.
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The Bell-Delaware Method involves dividing the heat exchangers as shown in the figure
below, into the entry and exit sections, the internal crossflow sections and the window sections
and obtaining the total pressure drop as the summation of individual pressure drops. The
dimensions of the heat exchanger in path A and the calculation for the corresponding shell side
pressure drop is illustrated here and a summary of the calculations for the other heat exchangers is
shown below.

Total Shell Side Pressure Drop, AP = AP, + AP, + AP,

Where, AP, = Pressure Drop in internal crossflow sections

AP,, = Pressure Drop in baf fle window sections

AP, = Pressure Drop in entry and exit sections

=
N

(a)

Figure 34: Sections of Shell and Tube Heat exchangers in the Bell-Delaware Method-(a) internal
crossflow sections, (b) window sections, (¢) entry/exit sections [46]
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Table 21: Dimensions of Heat Exchanger A

Item

Dimension

Heat Exchanger Type

Fixed Tubesheet, Single pass
in Shell and Tube

Surface Area(ft?) 40
No. of Tubes 68
Tube Internal diameter(in), Di 0.277
Tube Internal diameter(in), Do 0.375
Tube Length(ft), | 6
Shell Internal Diameter, Ds(in) 6
Baffle Spacing(in), B 14.4
Number of Baffles, ng 5
Baffle Segmental Cut(%), Bc 43%
Tube Arrangement Triangular, 30°
Pitch between tubes(in) 0.4688
Clearance between tubes(in) 0.0938

The first step is to get the geometrical dimensions of the heat exchanger within the

crossflow sections and the window sections in order to get the flow areas. Figure 34 shows the

various dimensions required to analyze this.

(Inside shell diameter)

Figure 35: Dimensions within Shell and Tube Heat Exchangers [7]
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The Outer tube Limit Diameter and the Central Tube limit diameters can be obtained by

finding the value of the diametric shell-to-tube bundle clearance from the following graph.

Diametral shell-to-tube bundle clearance (mm)

I I I I N N
0 500 1000 1500 2000 2500

Shell diameter D, (mm)

Figure 36: Diametral Shell-to-tube clearance for various heat exchanger configurations [7]

The Outer limit and central tube limit diameters are then calculated as follows.
D,s = Dg — Diametral Shell to tube clearance
Dctl = Dotl - DO

The cross-flow area between each pair of baffles is then calculated as

(Dotl - DO)

Sm = B|(Ds — Doyy) + ———~— (Pr — Dy)
(PTeff)

Where, Pr e effective Pitch = P, for square/triangular layouts

Next, the baffle window angles, 6, and 6. are calculated in radians from the geometry
shown in the previous figure. Bc is the segmented baffle cut percentage. This is taken as 43% if

not specified in the engineering drawings for the heat exchangers.



O4s = 2cos™ (1 — 2B,)

Ds(l - 2Bc)

Ot = 2cos™?

The fraction of tubes in cross-flow, Fc, is then calculated from the following equation:
1 .
Fe=1+ ;(sm Ocer — Ocer)

The fraction of tubes in each baffle window, Fw, is then calculated.

Using this, the window-flow area, Sw, can then be calculated.
] 1
Sy = §D§(9ds — sinfyg) — ZntFWnD(Z)

The entering mass flux, G, is calculated as the product of the fluid density and the entrance
velocity. The Reynolds Number is calculated from the mass flux as shown below. Using the
obtained Reynolds Number, the ideal friction factor across the tube bank can be calculated from
the correlation below.

G.D,
u

Re =

b
1.33
fideal =by (P (Re)bz
T
Do

Where the numerical constant ‘b’ is given by the following relation and the numerical

constants b, by, bz and bs are obtained from the following table.

14 0.14(Re)ba
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Table 22: Friction Factor for Heat Exchanger in cross-flow section

Layout Angle | Reynolds Number | by, b2 b3 b4
10° — 10* 0.372 | -0.123
30° 10° - 10° 0.486 |-0.152
(triangle) 10° — 107 457 |-0476|7.00| 05
10 —-10 45.1 |-0.973
<10 48.0 | -1.000
10° —10* 0.303 | -0.126
60° 10* - 10° 0.333 | -0.136
(triangle) 10° - 10° 3.5 |-0.476 | 6.59 | 0.520
10%-10 26.2 | -0.913
<10 32 | -1.000
10° — 10 0.391 | -0.148
450 10* - 10° 0.0815 | -0.220
(Rotated Square) 10° - 10° 6.09 | -0.602 | 6.30 | 0.378
10> - 10 32.1 | -0.963
<10 35.0 | -1.000

The number of tube rows crossed between baffle tips, Nc, is given as follows, where Py is
the corrected pitch for the type of layout and 6,,, is the angle of layout (30° or 60° for triangular
layouts).

_ Ds(1—2B)

Pr = Pr cOS0y,
The effective number of rows crossed in one baffle, Ncw is calculated as follows.

_ 0.8 B¢Ds

It must be noted that neither Nc nor Ncw are rounded off even though they are non-integer
values. The ideal pressure drop across the tube bank, AP;;.,; and in each baffle window, APy, ;4eq:,

can now be calculated as follows.

2f; N.G?
APigeqr = —ﬁil;afowc
c

(2 4+ 0.6N,,)ri,>
e P SmSw

APy igear = (IfRe > 100)

98



26vm3 N, B.D ™3
APW,ideal — 0 [ cw + c 25 + 0
gm/SmSw Pr — DO Dy, 9c P SmSw

(IfRe < 100)

Where, the Equivalent Diameter for each Baffle Window is given by:

4.5,

D, =
w T[Dontubes * 05(1 - FC) + DS' QdS

The Corrected Pressure drop values for the entire exchanger in the central baffle spaces,
Pc, and in the baffle windows, P are given by multiplying the ideal values by the number of
baffles and by the correction factors for leakage, R and bypassed flow, Rg

AP, = (ng — 1).AP;4oq- R Rp
AP, = ny. APy igear- Ry,

The correction factors R. and Rg account for the leakage and bypass streams are based on
the condition and design of the heat exchanger. Both have typical values within 0.1 to 1.0, with
values in the region of 0.4-0.6 for R. and 0.4-0.7 for Rs [7]. For all heat exchangers in this
calculation, these values are taken as 0.6 and 0.7 respectively.

The pressure drop in the entrance and exit spaces is obtained by the following correlation
which uses a correction factor for unequal baffle spacing, Rs. This factor has a range of 0.3 to 1.0,

with the value taken as 1.0 if the spacing is uniform. It is taken as 0.9 for all condensers.

Ny
AP, = 2 AP o1+ Rp. Ry
N,

Finally, the total pressure drop is given by summing up the pressure drops in each section
of the heat exchanger.
Total Shell Side Pressure Drop, AP = AP, + AP,, + AP,
Using these correlations, the pressure drops of the shell and tube heat exchangers in each
path were calculated. A summary of the calculated values for heat exchanger in path A is shown

in the following table. Similar tables for all the other heat exchangers are shown in Appendix B.
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Table 23: Summary of Pressure drop calculation for Heat Exchanger in Path A

Parameter, symbol and unit Value
Shell Internal Diameter(m), Ds 0.1524
Tube Outer dia(m), Do 0.009525
Diametral Shell-tube bundle clearance(m) 0.0130
Outer Tube Limit Dia(m), Doy 0.14
Central Tube Limit Dia(m), Dcy 0.129875
Baffle Spacing(m), B 0.3658
Tube Pitch,(m), Pt 0.0119
Tube Arrangement Triangle
Effective Tube pitch(m), Pes 0.0119
Cross Flow Area(m?), Sm 0.0143
Baffle Segmental Cut(%), Bc 43%
Central tube Limit angle(rad), Ocy 2.8115
Fraction of tubes in Cross-flow,(nond),F. 0.2082
Baffle Window Angle(rad), O4ds 2.8607
Fraction of tubes in each baffle window,(nond),Fw 0.3959
Window flow Area(m?), Sw 0.0056
Flow Velocity in Path(m/s), v 0.3714
Mass flow Rate of Shell Side Fluid(kg/s), mdot 3.0113
Entering Mass flux, G, (kg/m?s), 371.4324
Fluid Viscosity(Pa-s), 1 0.001307
Pitch to Tube dia ratio 1.25
Pitch Parallel to flow(m), P+’ 0.01031
Number of Tube Rows Crossed between baffle tips, N¢ 2.07
Effective no. of tube rows crossed per baffle window, New 5.08
Reynolds Number, Re 2,706.88
Flow Condition Turbulent
Kinematic Viscosity(m?/s), v 0.0000013
Equivalent Dia of Baffle Window(m?), Dy 0.0179845
Ideal Friction Factor across tube bank, figeal 0.1541
Shell-fluid Density (kg/m®), p 1,000.00
Viscosity Correction Factor, ¢ 1.000
Ideal Tube bank pressure drop(Pa), AP ideal 87.983
Ideal baffle window Pressure drop(Pa),AP_w ideal 287.776
Leakage Correction Factor, R. 0.60
Bypass Correction Factor, Rg 0.70
Unequal Baffle Spacing Factor, Rs 0.90
Total Pressure Drop(Pa), AP 1394.4
Total Pressure Drop (psi) 0.20
Total Pressure Drop (ft of water) 0.41
Shell side pressure drop, Ps, (m H20) 0.13
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This method of calculation is limited to baffled shell and tube heat exchangers with an ‘E’

Type shell as per TEMA specifications. The pressure drop in the special heat exchangers in paths

G and H were taken as the dynamic head (\V2/2g) as an estimate based on size and the current path

velocity. Further, by using the calculation spreadsheet, it was possible to devise a method of

predicting the pressure drop of each heat exchanger as a second order polynomial function of the

velocity in that path. The equation coefficients derived for these polynomial functions are shown

in Table 22.

A summary of the results for the shell side pressure drops in the heat exchangers in each

path is shown in the following table. The graph shows the variation in shell side pressure drop over

the expected range of velocity in the network.

Table 24: Summary of Shell-side Pressure drops in each path

Coefficients for
Path Velocity in | Shell-side pressure | Shell-side pressure prediction equation
Path (m/s) | drop (m of H0) drop (ft of H2O) | AP (m of H20) = a.v? + b.v
a b
A 0.37 0.13 0.41 0.7803 0.0933
B 241 1.55 5.09 0.2314 0.0828
C 0.41 0.07 0.25 0.3791 0.0531
D 0.51 0.10 0.31 0.252 0.0943
E 4.46 4.37 14.35 0.202 0.0848
F 1.97 0.85 2.80 0.1821 0.0733
G 0.53 0.01 0.05 0.051 0.0
H 0.41 0.01 0.03 0.051 0.0

As seen from the above calculations, the heat exchanger in path ‘E’ has the biggest head

loss value. Thus, this value will be used for calculation of the system curve.
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Figure 37: Variation in the Shell side pressure drop with velocity

To obtain the system curve, the three sources of head losses in the network, namely the

below in Table 23.

Table 25: Total Head loss at current operating point

Path Network Pressure Network Pressure Shell Side Pressure Shell Side Pressure
Drop (m of H20) Drop (ft of H20) Drop (m of H20) Drop (ft of H20)

A 0.10 0.3232 0.13 0.41
B 2.54 8.3364 1.55 5.09
C 0.08 0.2643 0.07 0.25
D 0.15 0.4805 0.10 0.31
E 4.21 13.8247 4.37 14.35
F 2.00 6.5604 0.85 2.80
G 0.09 0.2944 0.01 0.05
H 0.05 0.1601 0.01 0.03
| 0.03 0.1119 - -

Totals 9.25 30.36 4.37 14.35

Calculated Static Head = 1.83 m or 4.00 ft of H.0

Total Head Loss at Current Operating Point = 9.25 + 4.37 + 1.83 = 14.84 m or 48.70 ft of H.O
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Using the frictional network resistance values at various flows, the system curve can be

obtained for a plot of head versus flow, which is the conventional method of depicting pump

curves.
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Figure 38: Pump Curve for Current Pump ""E-1510-3E"

The pump curve for the Bell and Gossett pump model “E-1510-3E” (shown in Figure 38)
currently installed at the facility was recreated in an Excel spreadsheet. Using this spreadsheet with
the pressure drop relations, the head loss at any flow rate can be estimated which can then allow
curve equations for both the pump curve and the system curve to be generated with a third-order
polynomial in order to predict the system performance at other operating flow rates. The

intersection of the curves as obtained at the measured pump outlet pressure via this calculation is
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at about 665.69 gpm which is slightly higher than the expected operating point at 663 gpm (<1%

difference) as per measured pressure at pump outlet.

Pump Curves
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Figure 39: Obtained Pump and System Curve

As seen from the pump curves, the current pump is overloaded and is operating beyond its
BEP design point which should technically be near 350 gpm. As per the provided data for the
current pump, the pump was sized for 275 gpm and 100 feet of Total Dynamic Head. There is a
very high flow requirement in this application along with a minimum head requirement because
of the quantity of the heat exchangers on the demand side. Since the intersection of the pump curve
and the system curve must be as close to the Best Efficiency Point, it is imperative that the facility
switch to either a single larger pump or use multiple pumps in parallel to ensure uninterrupted flow

and optimum process performance. Operating an inline centrifugal pump beyond its optimum
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design flow point may also damage the pump motor and cause repeated issues which can bring
production to a standstill.

In order to verify the obtained flow rate via the heat balance and to size the pump correctly,
the pump outlet pressure was examined at the facility via a pressure gauge. The pressure at the
pump outlet with all heat exchangers operational was measured to be between 20 and 21 psig
which is around 14.5 meters or 48 feet of water. Looking at the obtained system curve and pump
curve and extending it for a 10.25-inch impeller diameter, the flow rate at this pressure head is 658
gpm. The frictional head losses as calculated from the calculations above are 21.08 psig or 48.70
ft of water. The higher obtained value from the heat balance can be rounded off to about 680 gpm

and 50 feet of head to be used as the system demand to size the pump.
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Figure 40: Performance curves for Bell & Gossett in-line pumps from the e-1510 pump manual
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If the facility decides to use a single larger pump, the new pump must be selected such that
the BEP of the new pump is as close as possible to the current operating flow and head conditions.
The new pump may also be slightly oversized in order to allow the possibility of minor expansion

of the process and/or to account for any source of pressure losses unaccounted for in the current

calculation.
Table 26: Possible new pumps from Manufacturer's catalog
Pump e1510- Pump e1510- Pump Pump e1510-
Parameter 4BD 3BD e1510-4GC 5EB
Operating Flow Rate 680 680 680 680
(gpm)
Operating Pressure
Head 50 50 50.1 50
(ft H.0)

Efficiency at 84.1% 79.4% 79.6% 82.1%
Op. point (%) ' ' ' '
Power usage at
Op. Paint (hp) 10.2 10.8 10.8 10.4

Revolutions

per minute (RPM) 1574 1630 1087 1509

Impeller Dia

Required (inches) 8.5 9.0 12.25 8

NPSHreq (ft H20) 8.97 10.9 12.7 6.45

Suction

Diameter (inches) S 4 S 6
Discharge

Diameter (inches) 4 3 4 >

Motor Nameplate 15 hp, 20 hp,
Parameters 15hp, 1800 RPM | 15hp, 1800 RPM | 155 pppy 1800 RPM

Floor Space
Required (t2) 5.49 5.23 7.23 7.1

Projected Base Cost of
Pump Model $10,300 $9,900 $14,700 $14,000

Looking at the online pump manual for Xylem/Bell and Gossett [47], a series of
performance curves can be obtained, which can help in selection of the right pump model. As seen
in Figure 40, at the desired flow conditions, the pump models “4BD” and “3BD” are suitably
within the range of operations. Additionally, the online selection tool on the manufacturer’s

website gave more data on these pumps, including one other pump which operates with a 1200
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RPM rated motor. We can now look at the initial cost and operating efficiency of these pump
models when operating at the desired condition to directly compare them and select a pump. The
operating characteristics from the pump curves and other relevant data from the manufacturer’s
catalog is shown in Figure 25.

It can be seen from the data that pump models “4BD” and “5GB” are more efficient and
relatively cheaper than the models “3BD” and “4GC”. However, one important factor to account
for in pump selection and installation is the Net Positive Suction Head Required (NPSHR). The
NPSHR is the pressure head that must be available to the pump at its inlet in order for it to operate
at the desired condition [48]. This is important in order to avoid cavitation or bubble formation
due to spontaneous boiling at the impeller entry, which is the point in the entire system where the
pressure is the lowest. To prevent the system pressure from dropping below the vapor pressure
head for the water, it is necessary to ensure that the NPSHavailanle IS always greater than the
NPSHRrequired at the operating flow rate. The NPSHgequired is dependent on the flow through the
pump and is provided by the manufacturer as part of the pump curves after testing pumps at
multiple flow rates for the suction head, typically, when a 3% decrease in discharge head is

observed [49]. The NPSHavailanie can be calculated for the current setup as follows.

NPSHppaitapte = Hatm + Hstatic suct — Heavitation — Hfsum-on
Where, Hstatic suct = Height of sump liquid surface above the pump impeller centerline
Hatm = Atmospheric Pressure Head on Liquid in Sump,
Hcavitation = Vapor Pressure of Water at the relevant temperature
Hfsuction = Friction losses in the suction pipe
The static suction head in the current network is the height of the cooling tower sump from

the pump impeller which is 6 feet or 1.83 m. The vapor pressure at the average cooling tower
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entry/exit temperature of 15°C is 1,698 Pa or 0.57 feet. The atmospheric pressure head at the
facility is 33.9 feet of water.
The suction pipe friction losses are calculated as shown below.

= Major losses + Minor Losses

f suction

fL

vZ
Hfsuction = (K + F) ' E

The Suction line is approximately 8 feet in length and there are two elbows, one pipe
entrance and one pipe exit on the suction line which will all cause head losses. According to the
Crane Technical Paper [15], the ‘K’ values for elbows, pipe entries and pipe exits are 30.0, 0.78

and 1.0 respectively. The friction factor in the pipe at inlet in complete turbulence is 0.049.

=0.44 m or 1.45 feet water

N 2
H . = ((30.0 +30.0 +0.78 + 1.0) + = 2'44) >0

0.1016 /] 2%9.81

ThUS, NPSHAvailable = Hatm + Hstatic suct ~ Hcavitation -

fsuction

NPSHpgitapie = 33.9 + 6 — 1.42 — 1.45 = 37.04 ft of H,0

Thus, using these values, the NPSHavilanie Can be calculated as 37.04 feet and
consequently, any of the listed pumps can be selected without a considerable risk of cavitation in
the system. With the given specifications and performance data from the manufacturer’s catalog,
installing pump model “4BD” is a very good option. This pump has a discharge diameter directly
compatible without fittings to the current discharge piping but will need an expansion fitting on
the suction side since its suction flange and inlet size is different from the cooling tower sump
flange size. Additionally, upon purchase, this new pump must be installed with minimal fittings
on the suction line and as close to the cooling tower as possible to reduce any more friction losses
from the piping. A rough analysis of the costs involved are shown in Table 24 and the final pump

curve is shown in Figure 41.
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NPSHr - ft

Figure 41: Pump curve after using selected Pump model “e-1510-4BD”

Table 27: New Centrifugal Pump Purchase and Installation Costs

Parameter Cost
Pump Purchase $10,300
Frame $2,000
Labor $500
Electrical connections $500
Mechanical Connections $1,000
Overheads $1,700
Total $16,000

If the facility decides to use pumps in parallel, it is recommended [29] to use either a second
unit of the current pump or to replace the current pump entirely with two new pumps capable of a
similar capacity. This similarity is necessary to prevent issues with backflow caused due to
additional pumping resistance close to the pump outlet. The pump curve obtained in the previous

section can be extended for examining pumps in parallel and to get an idea of the operating point

if pumps are installed in parallel.

USgpm
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Pump Curves
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Figure 42: Pump Curve for Pumps in Parallel with 2 units of the current pump

When using two units of the current pump in parallel, we can estimate the pump curve by
doubling the flow rates at every operating point. Similarly, the system curve can also be extended
to get the operating point at its intersection with the new pump curve. This is shown in Figure 42.
From the curves above, the possible operating point for this arrangement can be seen to be at 900
gpm with 84 feet of head. There are a couple of problems with using this arrangement for the
system. Such a high flow rate and pressure head at the pump will lead to velocities as high as 7.16
m/s in the 4” diameter pipe and 28.64 m/s in the 2” diameter pipe, which can cause heavy erosional
damage to the equipment in use. Also, upon browsing the manufacturer’s website, it was seen that
the current pump model (Bell & Gossett Series 1510-Model 3E) has been discontinued by the

manufacturer. Hence, a different and slightly less intensive pump model must be selected as a

110



replacement. From the online pump selection tool on the manufacturer’s website, for 2 parallel

pumps, the options are as shown in Table 27.

Table 28: Possible Options for Parallel Pumps

Parameter Pump Pump Pump Pump
e1510-3BD | e1510-4EB | e1510-3GB | e1510-3EB
Operating Flow Rate 341 340 340 340
per pump (gpm)
Operating Pressure Head (ft H>O) 49.1 49 49.1 49
Efficiency at 0 0 0 0
Op. point (%) 78.7% 78% 72.5% 73.2%
Power usage per
oump at Op. Point (hp) 5.34 5.39 5.79 4.86
Revolutions
oer minute (RPM) 1672 1146 1094 1527
Impeller Dia
Required (inches) 7875 1 9 1
NPSHreq (ft H20) 6.08 5.36 7.84 4.86
Suction
Diameter (inches) 4 S 4 4
Discharge
Diameter (inches) 3 4 3 3
Motor Nameplate 7.5 hp, 7.5 hp, 7.5 hp, 10 hp,
Parameters 1800RPM 1200RPM 1200 RPM | 1800 RPM
Floor Space
Required (ft2) 7.46 11.27 5.29 5.29
Base Cost of Model
(2 units) $9,800 $14,600 $14,600 $9,600

With this data it can be seen that the pump model “3BD” with the 7.875 inch impeller is a
good choice in this arrangement since it has a decent operating efficiency with the operating point
is near the BEP and the base cost of the pump is relatively low. An additional benefit observed in
the pump curve for this model is that the system curve intersects with the pump curve relatively
closer to the Y-axis as compared to the current pump. As a result, if there are minor flow variations
in the system, there will be a smaller, almost negligible change observed in the pressure head
available. In contrast, the operating point of the current pump as illustrated earlier was very close

to the operating flow capacity of the pump curve, causing a relatively larger variation in the
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pressure head even with minor changes in the flow. The pump and system curves are illustrated in

Figure 42.

2 Pumps in Parallel

Head - ft

% - Efficiency

NPSHr - ft

Power - hp
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Figure 43: Pump Curves for 2 units of the selected “E1510-3BD” Pumps in Parall

The cost of installing these pumps is broken down in the following table.

USgpm
el
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Table 29: Cost of Installing selected pumps in parallel

Parameter Cost

Pump Purchase $9,800
Frames $5,000
Labor $1,000
Electrical connections $1,000
Mechanical Connections $1,000
Overheads $1,200

Total $19,000

The operating costs, energy savings and a simple payback period for the same operating

hours and electricity rates as compared to the current pump are shown in Table 29.

Table 30: Calculation of Simple Payback Period from Energy Savings on New Pump Arrangements

Current Energy Rate

$ 0.0546/kWh

Current Demand Rate

$ 7.7/kW/month

Annual Operating
Hours

4800hrs/yr

Measured Pump
Current Demand

16.6 hp / 12.38 kW

Single new Pump

New Parallel Pumps

New Electric
Demand at op. point

10.2 hp/ 7.61 kW

New Electric
Demand at op. point

10.68 hp / 7.97 kW

Change in Demand

6.4 hp / 4.77 KW

Change in Demand

5.92 hp / 4.42 kW

Current Annual

Current Annual

Operating Cost $4,388.46/yr Operating Cost $4,388.46/yr
New Annual New Annual
Operating Cost $2,697.59yr Operating Cost $2,825.21/yr
Total Cost Savings $1,691/yr Total Cost Savings $1,563/yr
Implementation Costs $16,000 Implementation Costs $19,000
Simple Rayback 10 years Simple Payback 13 years
Period

Period

Even though these payback periods are pretty high, they only consider electric energy and

demand savings. Additional costs arising from maintenance and production downtime that can be

expected with the current pump operation have not been considered. Thus, these are the two

options that the facility can consider when checking the feasibility of replacing the pump of the

current system for the heat exchanger network.
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4.2.3: Clean the Shell-sides of all Shell and Tube Heat Exchangers
As per the root cause analysis of the problem of reduced product output there is a possibility
of fouling on the shell side of the shell and tube heat exchangers. The fouling may be caused due
to the use of cooling tower water directly for process cooling. As mentioned in Chapter 3, fouling
increases the thermal resistance of the tubes, reducing the heat transfer through the exchanger.
Heat transfer within the heat exchanger is given by the correlations below:
Q=1Ux*Ax*LMTD % F
Where, U = Overall Heat Transfer Coefficient
A = Effective Surface Area of the Heat Exchanger
LMTD = Log Mean Temperature Difference

F = LMTD Correction Factor

Where, for a parallel flow heat exchanger,

ATy = (Thotin — Teotain) A ATy = (Thotout — Teota,out)

And, for a counter flow heat exchanger,

ATy = (Thotin = Teotaout) ad ATy = (Thotour = Teota,in)

To calculate the anticipated savings from elimination of fouling, the amount of heat transfer
obtained upon using a cleaner heat exchanger will be calculated and compared to the heat transfer
in the exchanger in the current state. The increased amount of condensed product will then be
compared to the current value, and the obtained value will then be converted into a dollar value
with a payback prediction on the implementation cost of carrying out this recommendation.

As mentioned earlier in Chapter 3, the overall heat transfer coefficient for a shell and tube
heat exchanger is governed by the following equation.
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This equation can be used to calculate the heat transfer in the current setup by estimating
the tube outer fouling factor ‘Rfo” based on the operating conditions and then recalculating the heat
transfer coefficient with a fouling factor value that can be expected after cleaning. The first step is
to calculate the inner and outer film coefficients ‘h;” and ‘h,’. The methods used for the calculation
of these coefficients via the Nusselt number depends on the Reynolds Number regime of the flow
associated with the characteristic length.

To calculate the outer heat transfer coefficient, the crossflow area within the exchanger
baffles is calculated to obtain the velocity of flow within this area. Using the mass flow rate of the
water into the heat exchanger shell-side, obtained from the previous calculation, the Reynolds
number of the flow within the crossflow area is calculated. The Nusselt Number is calculated by

the method followed by Holman [50] or by Nitsche [10] depending on the Reynolds Number of

the flow.
Nusselt Number (Holman), Nuy, = C * Rey," * Prol/s
(Reo >10,000)
Nusselt Number (Nitsche), Nu, = 0.196 * Re,*° « Pr01/3
(Reo >10, Triangle Pattern)
Where, Nuo = Nusselt Number on the shell side

Reo = Reynolds Number within Crossflow area on Shell-side
Pro = Prandtl Number of Shell-side fluid

C, n = Numerical Constants, dependent on ratio of Pitch to Tube outer dia
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The Cross-flow area for each tube is given by:

Tube outer Dia)
Pitch

Ac/s = Dspew 1p * Baffle Spacing = (1 -

Using the cross-flow area and an estimate of the shell-side liquid flow rate, the maximum
velocity was given by:

_ Shell Side Volume Flow Rate _ Shell Side mass flow Rate
B Acss B Density * A¢s

max

The Reynolds Number was then calculated using the following relation:

— p*Vmax*DO
124

Re

The shell side fluid is the cooling tower water and the Prandtl Number for it is calculated from the

following correlation.

Prandtl Number, Pro = “Ok—cp
Where, € o = Dynamic viscosity of the shell side fluid

C,, = Isobaric Specific heat capacity of the shell-side fluid

k, = The coefficient of thermal conductivity of the shell-side fluid
In the Holman method, the coefficients ‘C’ and ‘n’ are obtained from a reference [50],
considering the ratio of the horizontal and vertical pitch (S» and Sp respectively) of the tubes to the
outer diameter of the tubes, Do.

Table 31: Values of Constant 'C'

. . . Horizontal Pitch Ratio, Sn/Do
Vertical Pitch Ratio 125 G 50 30
1.25 0.386 0.305 0.111 0.0703
S4/D; 1.5 0.407 0.278 0.112 0.0753
2.0 0.464 0.332 0.254 0.22
3.0 0.322 0.396 0.415 0.317
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Table 32: Values of Constant 'n'

. . . Horizontal Pitch Ratio, Sn/Do
Vertical Pitch Ratio 15 15 50 30
1.25 0.592 0.608 0.704 0.752
S,/ 1.5 0.586 0.62 0.702 0.744
2.0 0.57 0.602 0.632 0.648
3.0 0.601 0.584 0.581 0.608

When using the Nusselt number obtained in the Holman method, the ideal heat transfer
coefficient ho for flow across the tube banks is obtained. However, this is an ideal value and hence,
a conservative correction factor of 0.6 is multiplied to the obtained value to get a more practical ho
value. This correction factor is not multiplied to the value when the Nitsche method is used instead.

The internal heat transfer coefficient is calculated from the Nusselt Number for the inner
surface. This Nusselt number is obtained by the Nitsche Method correlations that are based on the
Reynolds Number of the flow inside the tube. These correlations are valid when the Prandtl
Number of the fluid is within 0.6 to 500. When turbulent, the correlation used is the same as the

Dittus-Boelter Equation.

0.186 * Re *Pr*D)°'33
L

For Laminar flow(Re < 2,300), Nu; = (
For Transition flow(2,300 < Re < 8,000), Nu; = (0.037 * Re%7”> — 6.66) x Pr042
For Turbulent flow(Re > 8,000), Nu; = 0.023 x Re?8 x pr0-33

A summary of the calculated internal and external heat transfer coefficient values for the

heat exchanger in path C is shown below in Table 31. Similar tables summarizing the calculations
for the remaining heat exchangers in the network are shown in Appendix C. The shell side and
tube side flow parameters were obtained in the previous calculations and have been converted to
metric units to maintain uniformity in this calculation. Since the Shell-side Reynolds Number in

this instance was greater than 10 but less than 10,000, the Nitsche method was employed to

calculate the external heat transfer film coefficient.
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Next, the heat transfer before and after fouling is calculated using the same reference area
while considering the fouling factors for both situations. Since there is no practical way to obtain
the fouling factors within the exchanger without overhauling and extensive testing, standard
fouling factor values are used from available literature and the resulting annual savings are
tabulated. Even though the tubes of the heat exchangers are cleaned periodically, in order to get
an estimate of the performance for the exchangers in the worst scenario, an internal fouling value
for alcohol vapors, obtained from standard heat transfer textbooks [50], [51] are used.

Table 33: Internal and External Heat Transfer Coefficients for Heat Exchanger C

Parameter Quantity
Tube External Diameter (m) 0.0095
Shell Internal Diameter (m) 0.2032
Baffle Spacing (m) 0.3353
Pitch between tubes (m) 0.0127
Crossflow Area (m?) 0.0170
Shell side flow rate (m®/s) 0.0059
Max velocity in shell (m/s) 0.3492
Reynolds Number in Shell 2545.22
Nusselt Number 45.47
External Heat Transfer Coefficient (W/m?-K) | 2824.90
Tube mass flow rate(kg/s) 0.0212
Tube fluid Density(kg/m?3) 866.51
Tube flow rate (m®/s) 2.445 x 10°
Number of Tubes 85
Number of passes 2
Number of Tubes per pass 42.5
Cross-sectional Area per tube (m?) 3.888 x 10°
Total Flow Area (m?) 0.0017
Flow Velocity per tube (m/s) 0.0148
Dynamic Viscosity of Tube fluid (N-s/m?) 0.011
Specific heat of Mixture (J/kg-K) 4184.67
Reynolds Number in each Tube 8.1994
Prandtl Number of Fluid 145.715
Nusselt Number for internal flow 3.1663
Thermal Conductivity of Fluid (W/m-K) 0.3159
Internal Heat Transfer Coefficient (W/m?2-K) 142.163

118



A summary of the heat transfer calculation before and after cleaning is shown below in
Table 32. Since the exchanger in path C is a U-tube Shell and Tube Heat exchanger, A correction

factor ‘F’ must be multiplied to the LMTD to correct for the 2 passes on the tube side [24].

S. In(W)
F= n(LE 7 =S £S5y
1+W+S-S.W
Where g = (R4 _ [(1 Py. Rl)]
’ (R—1) (1-P1)
P — Ttube,exit_Ttube,entry ’ R — Tshell,entry_Tshell,exit
Tshell,entry_ Ttube,entry Ttube,exit_Ttube,entry
N = No.of Shell passes
Table 34: Heat transfer in Heat Exchanger C

Parameter Quantity
Reference Area, A (m?) 4.27
Internal Fouling factor, Rs, m*K/W (Before cleaning) [51] 0.00009
External Fouling factor, Rr,m*K/W (Before cleaning) [6], [7] | 0.00052869
Internal Surface Area, Aj (m?) 3.150
External Surface Area, Ao (m?) 4.265
Overall Heat Transfer coefficient, ‘UA’ (Before cleaning) 225.01
External Fouling factor, Rio,m*K/W (After cleaning) 0.0
Internal Fouling factor, Rs, m?K/W (After cleaning) 0.0
Overall Heat Transfer coefficient, ‘UA’ (After cleaning) 231.894
Hot Fluid temp in (°C) 60
Hot fluid Temp out(°C) 32.22
Cold Fluid Temp in(°C) 15.56
Cold Fluid Temp out(°C) 10
LMTD(C) 30.34
Correction Factor, F 1.0
Heat transfer before cleaning (W) 6794.49
Heat transfer after cleaning (W) 7034.81
Change in Heat Transfer after Cleaning (W) 240.32

The change in heat transfer due to cleaning can now be used to calculate the additional
product generated via a heat balance as seen in Section 4.1. The additional product generated

annually can then be used to calculate the additional profits that the facility can gain, using the
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estimated dollar profit value per liter. It has been assumed here that all the heat exchangers are all
fouled equally and that the facility is able to sell all of the additional product generated after

cleaning.
(QAfter - Qbefore) = M * Quear Duty per kg

QHeat duty per kg = [mcpvap(TEnfry - Tsat) + mhfg + Tthliq (Tsar — Texu)]ethanol

+ [mevap (TEntry - Tsat) + mhfg + mcpliq (Tsae = TEXit)]water

_ (QAfter B Qbefure)
0.5 (vaap (TEntry - Tsut) + hfg + Cpliq (Tsut - Texit)) +0.5 (Cp,,ap (TEntry - Tsat) + hfg + Cpu-q (Tsat - Texit))

m

ethanol water

Table 35: Calculation of Additional Profit from increased product output from Exchanger C

Parameter Quantity
Change in Heat transfer after Cleaning (W) 240.32
Specific Heat of Ethanol @ Entry (Superheated Vapor) (KJ/kgK) 1.532
Specific Heat of Ethanol @ Exit (Liquid) (KJ/kgK) 2.538
Specific Heat of water @ Entry (Superheated Vapor) (KJ/kgK) 1.946
Specific Heat of water @ Exit (Liquid) (KJ/kgK) 4.181
Ethanol Vapor AT (Tgnery — Tsar), °C 21.37
Ethanol Lig AT (Tyqr — Teyit), °C 6.408
Water vap AT (Tenery — Tsar), °C 3.41
Water Lig AT (Tsqe — Toxie), °C 24.378
Heat duty per kg of product (KJ/kg) 3,422.19
Additional product generated (kg/s) 0.00007
Additional product generated (kg/hr) 0.25
Annual Operating hours (hrs/yr) 4800
Additional product generated Annually (kg/yr) 1,213.48
Additional product generated Annually (I/yr) 1,400.42
Profit per liter ($/liter) $3.20
Total Additional Profit ($) $4,481.33

The total net profit from the additional product generated in all heat exchangers annually
is summarized next. A production correction factor is used as done previously in Section 4.1 to
consider the scenarios when some, but not all, heat exchangers may be operational. The annual

implementation cost to achieve periodic cleaning is the annual maintenance cost of having the heat
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exchangers cleaned by a professional firm familiar with the process. This cleaning can take place
on weekends or holidays to prevent production losses due to downtime. Another one-time
component of the implementation cost is the cost of installing pipe fittings such as “Tee” Joints at
the exchanger inlet and outlet ports to allow periodic cleaning without overhauling the piping
network each time. These costs are then used to calculate a simple payback period in months on
this investment.

Table 36: Calculation of Payback period on cleaning all shell and tube heat exchangers

Parameter Quantity
Additional Annual Mass Flow (kg/yr) 8,552.23
Additional Annual Volume Flow(liter/yr) 9,869.74
Production Correction Factor 0.6
Total Additional Annual Revenue $18,949.91
Annual Maintenance Costs ($1,500/HX) $9,000.00
Net Annual Savings $9,949.91
Implementation Costs ($2,000/HX + First Cleaning Cost) | $21,000.00
Simple Payback (months) 25

Since this calculation is highly sensitive to the external surface fouling factor value used
in the calculation of the heat transfer increase, the additional product obtained and the consequent
simple payback period was calculated for different fouling factor values applicable to the use of
untreated cooling tower water as given by multiple sources. The sources, values and the results of
those calculations are shown in the following table.

Table 37: Results with external fouling factors from various sources

R Additional Net simple
Rro h: Annual Additional b
Source 2 (ft*-F- Annual Payback
(M°K/W) Volume Flow | Revenue .
hr/BTU) (Iiyr) Savings | (months)
Kern,
Process HT [7]; | 0.00052869 0.003 9,869.74 $18,950 $9,950 25
TEMA [6]
engineennapage. || 4 50053045 | 0.00301 9,896.40 $19,001 | $10,001 25
com [52]
AHRI
Guideline E, 0.00044058 0.0025 8,532.47 $16,382 $7,382 34
1997 [53]

121



As it is seen from the results of this calculation, there is a sizable value of annual savings
realizable by simply cleaning the shell and tube heat exchangers at the facility and it is definitely
worth examining the various shell and tube heat exchangers for any current fouling. With payback
periods of within 2-3 years, it is strongly recommended to have a professional firm come by to
thoroughly inspect and flush out the deposits in the entire network.

The fouling in these heat exchangers is probably of Type 1 (Viscous Liquids) and Type 3
(Cohesive Solids). To eliminate these within the stainless steel exchangers, a citric acid based
surfactant rinse cycle should work well when employed alternately with a hot water rinse cycle.
Additionally, it is recommended to reduce the accumulation of dirt and other deposits in the
cooling tower sump by use of a corrosion and fouling inhibitor in the form of a chemical additive
to the make-up water. The cooling tower must also be inspected regularly to ensure the sediments
at the base of its sump are removed. The facility should also look at retrofitting a replaceable water
filter within the exit piping from the cooling tower to the pump. This would allow cleaner water

flow into the heat exchanger network.
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CHAPTER 5: CONCLUSIONS

5.1: Summary of Recommendations

As described in Chapter 4, the problem of reduced output variation was found via root
cause analysis to be caused due to various discernable problems with the process equipment. The
three main causes of reduced product output were found to be insufficient cooling capacity for
year-round production, an overloaded cooling tower water pump and a high possibility of reduced
heat transfer due to shell-side fouling. The process equipment was studied and solutions to fix this
problem at the facility were examined within Chapter 4. The findings from this effort to analyze
the problem are summarized in this section, followed by a look at the actions this facility has
undertaken presently to act upon these findings at the time of writing. A few other ideas that would
help improve the system in the short or long term were developed by brainstorming with the facility
personnel and are highlighted.

Table 38: Summary of Analyzed Recommendations

. Annual Additional
Recommendation Implementation Operating Annual Net .COSt Paypack
Cost Savings Period
Cost Revenue
Install a water- 15
cooled 220-ton $256,975 $86,296 | $2,506,752 | $2,420,456 '
. months
Chiller
Install a 220-ton
Chiller and a water- $328,325 $77,185 | $2,506,752 | $2,429,567 | 2 months
side economizer
Install a new, better
sized pump to 114
replace the current $16,000 $2,698 $1,691 months
pump
Install two new
similar pumps in 146
parallel to replace $19,000 $2,825 $1,563 months
the current pump
Clean the shell-side o5
of all the shell and $21,000 $9,000 $18,950 $9,950
months
tube heat exchangers
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It was found that the condensing heat exchangers were dependent on the ambient weather
conditions to achieve sufficient process cooling. To improve this, the feasibility of installing a
chiller to generate chilled water in the right quantity and quality was analyzed. The heat load on
the heat exchangers to generate the desired amount of product all year was calculated as a function
of the major components in the compound being processed. It was found that a chiller of 220-ton
capacity would suffice for the facility. Looking at the economics of installing the chiller, it was
seen that there is a sufficiently short payback period for this action which may also justify the
installation of a water-side economizer to reduce the operating costs of the chiller by providing
free cooling when the ambient wet bulb temperature is low.

To check the current operating characteristics of the cooling tower water pump, the system
curve for the network was found. The point of intersection of the system curve with the pump
curve gave the current operating pressure head and volumetric flow rate offered by the pump. The
system curve was modelled considering the friction losses in the network and the maximum shell-
side pressure drop within the heat exchangers. With the system curve and the desired flow
characteristics, two new pump arrangements were examined. A single new pump was selected
from a manufacturer’s catalog to replace the current pump. An installation of two new, similar
pumps was also examined for the current operating point. This was followed by an estimate of the
energy savings and the economics to be expected for the given installation options.

Finally, the possible increase in the product generated by the condenser network was
computed by examining heat transfer relations considering the possible fouling within the
condensers. This computation was carried out for multiple possible values of fouling factors for
cooling tower water as denoted in available literature as there is no definitive way to measure the

fouling factor without overhauling, sampling and rigorous testing, which is impractical in the
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current operating condition. Increased sales arising from the additional product generated were

estimated and a simple payback period on the initial investment was calculated.

5.2: Current Measures and Future Work

All of the recommendations mentioned in the thesis were based on data from physical
observations and measurements made when on-site. The data for the network diagrams and the
equipment specifications were collected over a total of three facility visits made at roughly three-
or four-month intervals. The facility personnel were very cooperative, helpful and open to
suggestions throughout the process of data collection and assessment. As mentioned in the
previous section, the facility was in touch with the author of this thesis through the process of data
analysis. In this section, the efforts undertaken by the facility to understand the findings and initiate
a more in-depth look at the process equipment are described. This is followed by a summary of
related items that the facility may examine in the near future in order to further their process
capabilities, as and when they elect to expand.

It is evident from the literature review in Chapter 3 that effects of fouling and insufficient
flow within heat exchangers would lead to an observable difference in the pressure heads of the
heat exchanger inlet and outlet streams. To measure this, the facility undertook gauge pressure
readings from the various ports in the cooling tower water network. Unfortunately, the facility did
not setup ports for pressure measurement at each heat exchanger inlet and outlet when initially
mounting them, which would have been an ideal way to identify the extent of pressure drops. But
even though there were only a few pressure taps in the water lines, the pressure gauges on the heat
exchangers depicted the pressures on the shell side. The readings obtained with all the condensers

running and with specific heat exchangers cut-off are tabulated in Table 37.
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Table 39: Pressure gauge readings in network before changes (psig)

Location All Cono!ensers Heat Exchanger B Heat Exchangers B
running Cut-off and C Cut off

Pump Outlet 20 26 30
Heat Exchanger A
(Supply / Return) 14112 14112 16/12
Heat Exchanger B No Gauge Cut-Off Cut-off
Heat Exchanger C 7 6 Cut-off
Heat Exchanger D 8 11 12
Heat Exchanger E 9 11 12
Heat Exchanger F No Gauge
Heat Exchanger G 12 14 15
Heat Exchanger H 12 15 17

Although the pressure readings are not obtained at the supply and return ends of the
condensers, these readings give a clear indication that the pump is undersized to meet the network
flow requirements. There is a small but measurable increase in the shell-side pressures within the
heat exchangers when exchanger B was shut and a slightly bigger increase when exchangers B and
C both were shut off. This makes sense since the pump faces lesser resistance to push water through
when there are fewer paths within the network. It is strongly recommended that the facility find
points in the network close to all heat exchanger supply and return ports to install pressure taps in
order to ensure the flow within the heat exchangers is optimum.

It was mentioned in Chapter 4 that there is a very high possibility of fouling within the
shell and tube heat exchangers in the cooling network. This is because of the cooling tower being
open to the atmosphere which can cause entry of dust particles into the sump. It follows that there
must be signs of dirt accumulation at certain spots within the network. To act on this possible
finding, the facility decided to overhaul and examine the pump casing assembly since it was the
closest operational equipment to the cooling tower. It was found that the pump impeller was
undamaged and in good working condition, but the casing had a lot of dirt and grime stuck on the
inner surface. It is evident that all of the dirt within the cooling tower flows into the water basin

and settles there carrying with it all the contaminants from the surrounding area that have been
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pulled in. Since the pump draws water directly from the basin, the contaminants at the bottom of
the cooling tower accumulated on the inner surface of the pump despite the presence of a filter at
the pump inlet. The facility had the impeller and the casing cleaned and could see a small but
distinct rise in the pressure head available in the heat exchanger network. The pressure readings
before and after cleaning the pump casing are shown below.

Table 40: Pressure Readings before and after overhauling and cleaning pump (psig)

All Condensers
. Al Heat Exchanger Heat running,
Location Conder_wsers B Cut-off Exchangers B Gauges added,
running and C Cut off
pump cleaned
Pump Outlet 20 26 30 23
Heat Exchanger A
(Supply / Return) 14 /12 14 /12 16/12 12/12
?;S;;;C/hszgﬁ:n? No Gauge Cut-Off Cut-off 12/6
Heat Exchanger C 7 6 Cut-off 8
Heat Exchanger D 8 11 12 10
Heat Exchanger E 9 11 12 11
Heat Exchanger F No Gauge
Heat Exchanger G 12 14 15 13
Heat Exchanger H 12 15 17 14

The pressure rise in the shell side of the condensers after cleaning the pump demonstrates
that there is a high possibility of fouling in the condensers as well and removal of the fouling will
increase the flow rate to all condensers, improving heat transfer. Since fouling now seems to be
one of the major causes for the diminished product output, the facility is in the process of
identifying the right people to come in and overhaul the heat exchangers in order to examine the
fouling that may have taken place. In order to further prevent the contamination in the cooling
tower due to corrosion or settling of mineral deposits, a chemical inhibitor feed system has been
installed at the cooling tower and is in use whenever the plant is in operation.

As mentioned in Chapter 2, the facility was prompt to fix the burner firing controls issue

within the boiler to prevent safety concerns as well as any possibility of production downtime due
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to a non-operational boiler. The facility also periodically examines the insulation on the still steam
jackets and the piping leading up to it and has taken measures to ensure no hot surface is
uninsulated.

The facility has also recently undertaken an initiative to proactively log all the critical
parameters in the process equipment with an automatic monitoring system. This system also shows
real-time information of the process parameters in easily understandable graphs and charts to assist
the operators in making decisions and monitoring the process easily. This effort is commendable
as it is difficult to manage something if it is not measured.

A few other ideas to look at in the future are installation of balancing valves, installing a
pump with a bigger pipe feeding into the rear end of the network, new sprayers for the cooling
tower and modification of the piping network. Installing balancing valves at the supply ports of
the heat exchangers after installation of a new bigger pump may allow a better distribution of flow
to the heat exchangers in the network. As discussed in Chapter 2, unbalanced flow rates in parallel
paths due to the variation in the resistance across paths is an inherent disadvantage of a two-pipe
direct return system and tuned balancing valves at the condensers may help fix this.

Installing a pump in parallel to the current pump with a larger pipe, feeding directly into
the rear end of the network, may help boost the flow rate towards the rear condensers and improve
their condensing ability. If this is done, it is recommended that the new pipe be at least 6 in
diameter and have minimal valves and fittings on it, to avoid friction losses.

Changing the nozzle sprayers in the cooling tower may increase heat transfer by increasing
the quantity of water coming into contact with the air passing through. The facility is also
investigating the piping network and may elect to modify the size of the pipes in the network. It

may be a good idea to install larger diameter pipes to carry more water around the network, but
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this would again increase the pumping power necessary to maintain the same flow rate in the
network. If a network modification of such a large scale is carried out, it is recommended to also
install pressure gauge taps on all inlets and outlets to allow periodic pressure measurement and
ensure the condensers are operating as expected. Another idea in this area is to reconfigure the
placement of heat exchangers in the facility. The larger heat exchangers should be supplied by the
pipes closer to the pump outlet and the smaller heat exchangers are supplied after those. This would
help ensure the right amount of flow goes through the larger condensers.

In the near future, the facility plans to further analyze the findings of this thesis, in order to
make long term changes to the facility. The facility personnel have been in touch with their local
pump provider and consulting design engineers to try and figure out other short-term
improvements they can make over the summer months to prevent the inevitable drop in production
with a rise in ambient temperatures. Since installing a chiller means a large initial investment, the
facility wishes to further analyze the economics and thermal behavior behind the use of chilled

water for process cooling before investing in a chiller or a water-side economizer.

5.3: Closing Remarks

The interconnectivity of installed process equipment is always subject to issues arising
from incompatibility and/or improper operating conditions. It can be seen from this analysis how
important the initial selection, setup and maintaining adequate operating conditions of process
cooling equipment in a manufacturing plant is. It is imperative to also constantly monitor the
process equipment in any manufacturing facility to ensure operations at the maximum efficiency.

When the quantity of product generated is directly dependent on heat transfer within process
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equipment, there must be checks in place to ensure normal operations by correcting any deviations
as soon as possible.

In a lot of engineering applications, there may be multiple factors contributing to an
operational issue. As used in this study, root cause analysis is a great way to identify the key
sources of such problems by studying the problem in reverse. Once such multiple sources of an
issue are identified, a sensitivity analysis can also help understanding the priority and urgency of
fixing each cause.

As mentioned earlier, economics drive the majority of decisions in engineering and this
thesis was an exercise in demonstrating how to check the feasibility of critical or expensive
engineering investments. The annual operational expenses for an equipment must also considered
when selecting such equipment. Simple engineering economics calculations such as payback
periods and a cash flow analysis can provide interesting and quick insights that can help the
decision-making process. Process equipment such as heat exchangers, pumps and boilers cost a
lot of money upfront and ensuring the right selection during installation by trained personnel is
paramount to a successful service life. There is always a point of balance between oversizing a
process/system and planning to allow for future retrofits and a good engineer must know the
difference between the two options.

In summary, this thesis demonstrated how to carry out an engineering analysis on heat
exchangers and pumps in an existing system. The analysis of cooling towers, chillers and water
side economizers was carried out from an initial selection point of view. Some ideas were
generated for future analysis and consequent implementation at this facility. The author would like
to thank the management at this facility for the opportunity to work on this problem and learning

so much from it.
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Appendix A: Summary of Friction Losses Calculation for Paths B-I

Path B

e Supply/Return pipe velocity = 2.41 m/s; Rel. Roughness = 0.025 (Supply), 0.049 (return)

e Reynolds Number in 4” dia Supply pipe = 187,287; Friction Factor = 0.049

e Reynolds Number in 2” dia Supply pipe = 93,643; Friction Factor = 0.072

Table 41: Friction Losses in Path B

Major Pipe Dia Velocity Friction Head V Sq.
Losses (in) Length(ft) (m/s) Factor Loss (m) Coeff
Supply 4" 4.00 18.0000 2.67 0.049 0.26 0.045
Return 2" 2.00 28.0000 2.67 0.072 0.60 0.103
Minor Losses
. Velocity Head V Sqg.
Ball VValves Dy(in) fe K (mis) loss(m) Coeff
Supply 4" 4.00 0.0170 0.05 241 0.02 0.003
Return 2" 2.00 0.0140 0.04 241 0.01 0.002
Return 2" 2.00 0.0140 0.04 241 0.01 0.002
. Velocity Head V Sq.
90 Deg Elbow D4(in) f; K (mis) loss(m) Coeff
Supply 4" 4.00 0.0170 0.51 241 0.15 0.03
Supply 4" 4.00 0.0170 0.51 241 0.15 0.03
Return 2" 2.00 0.0140 0.42 241 0.12 0.02
Return 2" 2.00 0.0140 0.42 241 0.12 0.02
Return 2" 2.00 0.0140 0.42 241 0.12 0.02
Return 2" 2.00 0.0140 0.42 241 0.12 0.02
. . Velocity Head V Sg.
Tee Joints D4(in) f; K (mis) loss(m) Coeff
Supply 4" 4.00 0.0170 1.36 241 0.40 0.07
Return 2" 2.00 0.0140 1.12 241 0.33 0.06
. . . Velocity Head V Sg.
Expansions D4(in) Dy(in) K (mis) loss(m) Coeff
. . . Velocity Head V Sq.
Contractions D4(in) Dy(in) K (m/s) loss(m) Coeff
HX 'f:tzu..r A 200 4.00 0.38 2.41 0.11 0.02
Total 2
Head 8.34 Tol_t(‘;"s's'(*n‘i;id 2,54 ngit;g'czn . 0.44
Loss (ft)




Path C

e Supply/Return pipe velocity = 0.41 m/s; Rel. Roughness = 0.025 (Supply),0.049 (return)

e Reynolds Number in 4” dia Supply pipe = 31,761; Friction Factor = 0.049

e Reynolds Number in 2” dia Supply pipe = 28,517.93; Friction Factor = 0.072

Table 42: Friction Losses in Path C

Major Losses Pip_e Dia Length | Velocity | Friction Head V Sq.
(in) (ft) (m/s) Factor Loss (m) Coeff
Supply 4" 4.00 31.00 0.41 0.049 0.013 0.08
Return 2" 2.00 45.00 0.41 0.072 0.028 0.17
Minor Losses
Ball Valves Dy(in) fe K V?rlr?/(;')ty I()Hsg?ri) \(éose?“f
Supply 4" 4.00 0.0170 0.05 0.41 0.0004 0.003
Supply 4" 4.00 0.0170 0.05 0.41 0.0004 0.003
Return 2" 2.00 0.0140 0.04 0.41 0.0004 0.002
90 Deg Elbow Dy(in) fe K V?rlr?/(;')ty I()Hss?ri) \(éose?f
Supply 4" 4.00 0.0170 0.51 0.41 0.043 0.03
Supply 4" 4.00 0.0170 0.51 0.41 0.043 0.03
Return 2" 2.00 0.0140 0.42 0.41 0.036 0.02
Return 2" 2.00 0.0140 0.42 041 0.036 0.02
Tee Joints D4(in) f; K Vzarlrc])/csl)ty Ictls(sa?ri) \éose?f
Supply 4" 4.00 0.0170 1.36 041 0.012 0.07
Return 2" 2.00 0.0140 1.12 041 0.010 0.06
Return 2" 2.00 0.0140 1.12 041 0.010 0.06
Contractions D4(in) f; K VZLC])/CSI)W Ictlss?r?]) \éose?f
HX Return 4" to 2" 2.00 4.00 0.38 041 0.003 0.02
Total Total
Head Loss 0.263 Head 0.08 C-ggizlci\é;t 0.48
(ft) Loss(m)
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Path D

e Supply/Return pipe velocity = 0.51 m/s; Rel. Roughness = 0.025 (Supply),0.049 (return)

e Reynolds Number in 4” dia Supply pipe = 19,911, Friction Factor = 0.051

e Reynolds Number in 2” dia Supply pipe = 19,911, Friction Factor = 0.074

e Reynolds Number in 2” dia Return pipe = 19,911; Friction Factor = 0.074

Table 43: Friction Losses in Path D

. . o Length Velocity Friction V Sq.
Major Losses Pipe Dia (in) (ft) (mis) Factor Head Loss (m) Coeff
Supply 4" 4.00 10.00 051 0.051 0.0068 0.03
Supply 2" 2.00 26.00 0.51 0.074 0.0257 0.10
Return 2" 2.00 34.00 0.51 0.074 0.0337 0.13
Minor Losses
. Velocity V Sq.
Ball Valves D1(in) ft K (mis) Head Loss (m) Coeff
Supply 2" 2.00 0.0140 0.04 0.51 0.0006 0.002
Return 2" 2.00 0.0140 0.04 0.51 0.0006 0.002
90 Deg Elbow Da(in) fi K Velocity Head Loss (m) V'Sg.
(m/s) Coeff
Supply 2" 2.00 0.0140 0.42 051 0.0056 0.02
Supply 2" 2.00 0.0140 0.42 051 0.0056 0.02
Supply 2" 2.00 0.0140 0.42 051 0.0056 0.02
Supply 2" 2.00 0.0140 0.42 051 0.0056 0.02
Return 2" 2.00 0.0140 0.42 051 0.0056 0.02
Return 2" 2.00 0.0140 0.42 0.51 0.0056 0.02
Return 2" 2.00 0.0140 0.42 0.51 0.0056 0.02
. . Velocity V Sq.
Tee Joints D1(in) fi K (mis) Head Loss (m) Cocff
Supply 2" 2.00 0.0140 1.12 0.51 0.015 0.06
Return 2" 2.00 0.0140 1.12 0.51 0.015 0.06
. . . Velocity V Sq.
Expansions Da(in) Da(in) K (m/s) Head Loss (m) Cocff
HX Egtgf 2"to 2.00 2.5000 0.18 0.51 0.0024 0.01
. . . Velocity V Sq.
Contractions Da(in) Da(in) K (mis) Head Loss (m) Cocff
Supply 4" to 2" 2.00 4.00 0.38 0.51 0.005 0.02
HX EX;..Z‘S to 2.00 2.50 0.18 0-51 0.0024 0.01
Total Head Total Head Total V?
Loss (ft) 0.49 Loss(m) 0.15 Coefficient 0.56
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Path E
e Supply/Return pipe velocity = 4.46 m/s; Rel. Roughness = 0.049 (Supply),0.049 (return)
e Reynolds Number in 2” dia Supply pipe = 173,225; Friction Factor = 0.072
e Reynolds Number in 2” dia Return pipe = 173,225; Friction Factor = 0.072

Table 44: Friction Losses in Path E

Major . - Length Velocity Friction Head Loss V Sq.
Losses Pipe Dia (in) (ft) (m/s) Factor (m) Coeff
Supply 2" 2.00 9.0 4.46 0.072 0.656 0.03
Return 2" 2.00 10.0 4.46 0.072 0.729 0.04
Minor Losses
. Velocity Head V Sg.
Ball VValves Dy(in) ft K (mis) Loss(m) Coeff
Supply 2" 2.00 0.0140 0.04 4.46 0.0425 0.002
Return 2" 2.00 0.0140 0.04 4.46 0.0425 0.002
90 Deg . Velocity Head V Sq.
Elbow Da(in) fi K (m/s) Loss(m) Coeff
Supply 2" 2.00 0.0140 0.42 4.46 0.425 0.021
Return 2" 2.00 0.0140 0.42 4.46 0.425 0.021
. . Velocity Head V Sq.
Tee Joints D4(in) fi K (m/s) Loss(m) Coeff
Supply 2" 2.00 0.0140 1.12 4.46 1.134 0.057
Expansion . . Velocity Head V Sq.
s Da(in) Dz(in) K (m/s) Loss(m) Coeff
H;f;”i,r.y 2.00 4.0000 0.38 4.46 0.38 0.019
Contractio . . Velocity Head V Sq.
ns Da(in) Dz(in) K (m/s) Loss(m) Coeff
Return 2.00 4.0000 0.38 4.46 0.38 0.019
4"t0 2
Total Head Total Head Total V2
Loss (ft) 13.82 Loss(m) 4.21 Coefficient 0.21
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Path F

e Supply/Return pipe velocity = 1.97 m/s; Rel. Roughness = 0.049 (Supply),0.049 (return)

e Reynolds Number in 2” dia Supply pipe = 76,619; Friction Factor = 0.072

e Reynolds Number in 2” dia Return pipe = 76,619; Friction Factor = 0.072

Table 45: Friction Losses in Path F

Major . o Length : Friction Head V Sq.
Losses Pipe Dia (in) (ft) Velocity(m/s) Factor Loss (m) Coeff
Supply 2" 2.00 29.00 1.97 0.07 0.4135 0.11
Return 2" 2.00 34.00 1.97 0.07 0.4849 0.12
Minor Losses
Ball . Velocity Head V Sg.
Valves Da(in) fi K (m/s) Loss(m) | Coeff
Supply 2" 2.00 0.0140 0.04 1.97 0.0083 0.002
Return 2" 2.00 0.0140 0.04 1.97 0.0083 0.002
Return 2" 2.00 0.0140 0.04 1.97 0.0083 0.002
90 Deg . Velocity Head V Sq.
Elbow Da(in) fi K (m/s) Loss(m) Coeff
Supply 2" 2.00 0.0140 0.42 1.97 0.0832 0.02
Supply 2" 2.00 0.0140 0.42 1.97 0.0832 0.02
Supply 2" 2.00 0.0140 0.42 1.97 0.0832 0.02
Supply 2" 2.00 0.0140 0.42 1.97 0.0832 0.02
Return 2" 2.00 0.0140 0.42 1.97 0.0832 0.02
Return 2" 2.00 0.0140 0.42 1.97 0.0832 0.02
. . Velocity Head V Sq.
Tee Joints D4(in) fi K (m/s) Loss(m) Coeff
Supply 2" 2.00 0.0140 1.12 1.97 0.2218 0.06
Return 2" 2.00 0.0140 1.12 1.97 0.2218 0.06
Expansion . . Velocity Head V Sq.
S Dy(in) Dz(in) K (m/s) Loss(m) Coeff
Supply 2 2.00 3.50 0.34 1.97 0.067 0.02
t0 3.5
Contractio . . Velocity Head V Sq.
ns Dy(in) Dz(in) K (m/s) Loss(m) Coeff
Rettuor g..3'5 2.00 3.50 0.34 1.97 0.067 0.02
Total Head Total Head Total V?
Loss (ft) 6.56 Loss(m) 2.00 Coefficient 0.51
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Path G

o Supply/Return pipe velocity = 0.53 m/s; Rel. Roughness = 0.049 (Supply),0.049 (return)

e Reynolds Number in 2” dia Supply pipe = 19,059.31; Friction Factor = 0.074

e Reynolds Number in 2” dia Return pipe = 19,059.31; Friction Factor = 0.074

Table 46: Friction Losses in Path G

Major . o Length . Friction Head V Sq.
Losses Pipe Dia (in) (ft) Velocity (m/s) Factor Loss (m) Coeff
Supply 2" 2.00 15.00 0.53 0.074 0.016 0.06
Return 2" 2.00 15.00 0.53 0.074 0.016 0.06
Minor Losses

. Velocity V Sg.

Ball VValves Dy(in) fe K (mis) Head Loss(m) Coeff

Supply 2" 2.00 0.0140 0.04 0.53 0.0006 0.002

Return 2" 2.00 0.0140 0.04 0.53 0.0006 0.002
90 Deg . Velocity V Sqg.
Elbow D4(in) f; K (mis) Head Loss(m) Coeff
Supply 2" 2.00 0.0140 0.42 0.53 0.006 0.02
Return 2" 2.00 0.0140 0.42 0.53 0.006 0.02

. . Velocity V Sqg.

Tee Joints D4(in) f; K (mis) Head Loss(m) Coeff
Supply 2" 4.00 0.0170 1.36 0.53 0.019 0.07
Return 2" 2.00 0.0140 1.12 0.53 0.016 0.06

. . . Velocity V Sg.
Expansions D4(in) D2(in) K (mis) Head Loss(m) Coeff
H;,fgﬂ?'y 2.00 4.00 0.38 0.53 0.0053 0.02
. . . Velocity V Sq.
Contractions D4(in) D2(in) K (mis) Head Loss(m) Coeff
Ret”rzr],“ to 2.00 4.00 0.38 0.53 0.0053 0.02

Total Head Total Head Total V?
Loss (ft) 0.295 Loss(m) 0.09 Coefficient 0.32
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Path H

e Supply/Return pipe velocity = 0.41 m/s; Rel. Roughness = 0.049 (Supply),0.049 (return)

e Reynolds Number in 2” dia Supply pipe = 15,996; Friction Factor = 0.075

e Reynolds Number in 2” dia Return pipe = 15,996; Friction Factor = 0.075

Table 47: Friction Losses in Path H

. . o Length . Friction Head V Sq.
Major Losses | Pipe Dia (in) (0 Velocity (m/s) Factor Loss (m) Coeff
Supply 2" 2.00 10.00 0.41 0.075 0.0065 0.04
Return 2" 2.00 10.00 0.41 0.075 0.0065 0.04
Minor Losses

. Velocity V Sg.

Ball VValves Dy(in) fe K (mis) Head Loss(m) Coeff

Supply 2" 2.00 0.0140 0.04 0.41 0.0004 0.002

Return 2" 2.00 0.0140 0.04 0.41 0.0004 0.002

. Velocity V Sqg.

90 Deg Elbow D4(in) f; K (mis) Head Loss(m) Coeff
Supply 2" 2.00 0.0140 0.42 0.41 0.0036 0.02
Return 2" 2.00 0.0140 0.42 0.41 0.0036 0.02

. . Velocity V Sqg.

Tee Joints D4(in) f; K (mis) Head Loss(m) Coeff
Supply 2" 4.00 0.0170 1.36 0.41 0.012 0.07
Return 2" 2.00 0.0140 1.12 0.41 0.01 0.06

. . . Velocity V Sg.
Expansions D4(in) Da(in) K (mis) Head Loss(m) Coeff
HX tiung!}’ 2 2.00 4.00 0.38 0.41 0.0032 0.02
. . . Velocity V Sq.
Contractions D4(in) D2(in) K (mis) Head Loss(m) Coeff
Ret””;.,z'5 10 2.00 4.00 0.38 0.41 0.0032 0.02

Total Head Total Head Total V?
Loss (ft) 0.164 Loss(m) 0.05 Coefficient 0.29
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Path |

e Supply/Return pipe velocity = 0.41 m/s; Rel. Roughness = 0.049 (Supply),0.049 (return)

e Reynolds Number in 2” dia Supply pipe = 15,996; Friction Factor = 0.075

e Reynolds Number in 2” dia Return pipe = 15,996; Friction Factor = 0.075

Table 48: Friction Losses in Path |

Major . o Length . Friction Head Loss V Saq.

L 0sses Pipe Dia (in) () Velocity(m/s) Factor (m) Coeff
Supply 2" 2.00 15000 0.41 0.075 0.01 0.06
Return 2" 2.00 15000 041 0.075 0.01 0.06

Minor Losses

90 Deg . Velocity(m V Sg.
Elbow Di(in) f; K Is) Head Loss(m) Coeff
Supply 2" 2.00 0.0140 0.42 0.41 0.0036 0.02
Return 2" 2.00 0.0140 0.42 0.41 0.0036 0.02

. . . Velocity(m V Sqg.
Expansions D4(in) Da(in) K Is) Head Loss(m) Coeff
el 1.00 2.0000 0.38 0.41 0.0032 0.02
. . . Velocity(m V Sg.
Contractions D4(in) Da(in) K Is) Head Loss(m) Coeff
S“pp'f.’.z 0 2.00 4.0000 0.38 0.41 0.0032 0.02
. Velocity(m V Sg.
Gate Valves D4(in) f; K Is) Head Loss(m) Coeff
Bypass 2" 0.05 0.0140 0.11 0.41 0.001 0.01

Total Head Total Head Total V?
Loss (ft) 0.098 Loss(m) 0.03 Coefficient 0.20
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Appendix B: Summary of Heat Exchanger Dimensions and Shell Side

Pressure Drops for Paths B-F

Table 49: Summary of Heat Exchanger Dimensions

Item HX B HX C HX D HXE HXF

Fixed U-tube Fixed Fixed Fixed
Tubesheet, . ! . Tubesheet, Tubesheet, Tubesheet,

Heat Exchanger inal . Single pass in inal . inal . inal .

Type Single pass in Shell. Double Single pass in | Single pass in | Single pass in
Shell and 255 in Tube Shell and Shell and Shell and
Tube P Tube Tube Tube

Surface Area(ft2) 320 88 40 320 184

No. of Tubes 136 85 68 136 78

Tube Internal 0.652 0.277 0.277 0.652 0.652

diameter (in), D;

Tube Outer

Diameter (in), Do 0.75 0.375 0.375 0.75 0.75

Tube Length(ft), | 11 55 6 11 12

Shell Internal

Diameter, Dy(in) 13 8 6 13 10.75

Baffle

Spacing(in), B 33 33 14.4 33 28.8

Number of

Baffles, ng 4 5 5 4 5

Baffle Segmental 0 0 0 0 0

Cut(%), Be 43% 43% 43% 43% 43%

Triangular, Triangular, Triangular, Triangular, Triangular,

Tube Arrangement 300 300 300 300 300

Pitch between 0.9375 0.5 0.4688 0.9375 0.9375

tubes(in)

Glearance betiveen 0.1875 0.125 0.0938 0.1875 0.1875

tubes(in)
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Table 50: Summary of Pressure drop calculation for Heat Exchanger in Path B

Parameter, symbol and unit Value
Shell Internal Diameter(m), Ds 0.3302
Tube Outer dia(m), Do 0.01905
Diametral Shell-tube bundle clearance(m) 0.0150
Outer Tube Limit Dia(m), Doy 0.32
Central Tube Limit Dia(m), Dcy 0.296150
Baffle Spacing(m), B 0.8382
Tube Pitch,(m), Pt 0.0238
Tube Arrangement Triangle
Effective Tube pitch(m), Pes 0.0238
Cross Flow Area(m?), Sm 0.0622
Baffle Segmental Cut(%), Bc 43%
Central tube Limit angle(rad), Ocy 2.8281
Fraction of tubes in Cross-flow,(nond),F. 0.1979
Baffle Window Angle(rad), O4ds 2.8607
Fraction of tubes in each baffle window,(nond),Fw 0.4010
Window flow Area(m?), Sw 0.0197
Flow Velocity in Path(m/s), v 2.4093
Mass flow Rate of Shell Side Fluid(kg/s), mdot 19.5329
Entering Mass flux, G, (kg/m?s), 2409.2911
Fluid Viscosity(Pa-s), 1 0.001307
Pitch to Tube dia ratio 1.25
Pitch Parallel to flow(m), P+’ 0.02062
Number of Tube Rows Crossed between baffle tips, N¢ 2.24
Effective no. of tube rows crossed per baffle window, New 5.51
Reynolds Number, Re 35,116.29
Flow Condition Turbulent
Kinematic Viscosity(m?/s), v 0.0000013
Equivalent Dia of Baffle Window(m?), Dy 0.0186893
Ideal Friction Factor across tube bank, figeal 0.1043
Shell-fluid Density (kg/m®), p 1,000.00
Viscosity Correction Factor, ¢ 1.000
Ideal Tube bank pressure drop(Pa), AP ideal 2714.328
Ideal baffle window Pressure drop(Pa),AP_w ideal 827.122
Leakage Correction Factor, R. 0.60
Bypass Correction Factor, Rg 0.70
Unequal Baffle Spacing Factor, Rs 0.90
Total Pressure Drop(Pa), AP 17228.76
Total Pressure Drop (psi) 2.50
Total Pressure Drop (ft of water) 5.09
Shell side pressure drop, Ps, (m H20) 1.55
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Table 51: Summary of Pressure drop calculation for Heat Exchanger in Path C

Parameter, symbol and unit Value
Shell Internal Diameter(m), Ds 0.2032
Tube Outer dia(m), Do 0.009525
Diametral Shell-tube bundle clearance(m) 0.0140
Outer Tube Limit Dia(m), Doy 0.19
Central Tube Limit Dia(m), Dcy 0.179675
Baffle Spacing(m), B 0.3353
Tube Pitch,(m), Pt 0.0127
Tube Arrangement Triangle
Effective Tube pitch(m), Pes 0.0127
Cross Flow Area(m?), Sm 0.0198
Baffle Segmental Cut(%), Bc 43%
Central tube Limit angle(rad), Ocy 2.8236
Fraction of tubes in Cross-flow,(nond),F. 0.2007
Baffle Window Angle(rad), O4ds 2.8607
Fraction of tubes in each baffle window,(nond),Fw 0.3996
Window flow Area(m?), Sw 0.0109
Flow Velocity in Path(m/s), v 0.4086
Mass flow Rate of Shell Side Fluid(kg/s), mdot 3.3125
Entering Mass flux, G, (kg/m?s), 408.5756
Fluid Viscosity(Pa-s), 1 0.001307
Pitch to Tube dia ratio 1.33
Pitch Parallel to flow(m), P+’ 0.01100
Number of Tube Rows Crossed between baffle tips, N¢ 2.59
Effective no. of tube rows crossed per baffle window, New 6.36
Reynolds Number, Re 2,977.57
Flow Condition Turbulent
Kinematic Viscosity(m?/s), v 0.0000013
Equivalent Dia of Baffle Window(m?), Dy 0.0273219
Ideal Friction Factor across tube bank, figeal 0.1438
Shell-fluid Density (kg/m®), p 1,000.00
Viscosity Correction Factor, ¢ 1.000
Ideal Tube bank pressure drop(Pa), AP ideal 124.180
Ideal baffle window Pressure drop(Pa),AP_w ideal 147.935
Leakage Correction Factor, R. 0.60
Bypass Correction Factor, Rg 0.70
Unequal Baffle Spacing Factor, Rs 0.30
Total Pressure Drop(Pa), AP 832.74
Total Pressure Drop (psi) 0.12
Total Pressure Drop (ft of water) 0.25
Shell side pressure drop, Ps, (m H20) 0.07
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Table 52: Summary of Pressure drop calculation for Heat Exchanger in Path D

Parameter, symbol and unit Value
Shell Internal Diameter(m), Ds 0.1524
Tube Outer dia(m), Do 0.009525
Diametral Shell-tube bundle clearance(m) 0.0130
Outer Tube Limit Dia(m), Doy 0.14
Central Tube Limit Dia(m), Dcy 0.129875
Baffle Spacing(m), B 0.3658
Tube Pitch,(m), Pt 0.0119
Tube Arrangement Triangle
Effective Tube pitch(m), Pes 0.0119
Cross Flow Area(m?), Sm 0.0143
Baffle Segmental Cut(%), Bc 43%
Central tube Limit angle(rad), Ocy 2.8115
Fraction of tubes in Cross-flow,(nond),F. 0.2082
Baffle Window Angle(rad), O4ds 2.8607
Fraction of tubes in each baffle window,(nond),Fw 0.3959
Window flow Area(m?), Sw 0.0056
Flow Velocity in Path(m/s), v 0.5123
Mass flow Rate of Shell Side Fluid(kg/s), mdot 1.0383
Entering Mass flux, G, (kg/m?s), 512.2763
Fluid Viscosity(Pa-s), 1 0.001307
Pitch to Tube dia ratio 1.25
Pitch Parallel to flow(m), P+’ 0.01031
Number of Tube Rows Crossed between baffle tips, N¢ 2.07
Effective no. of tube rows crossed per baffle window, New 5.08
Reynolds Number, Re 3,733.31
Flow Condition Turbulent
Kinematic Viscosity(m?/s), v 0.0000013
Equivalent Dia of Baffle Window(m?), Dy 0.0179845
Ideal Friction Factor across tube bank, figeal 0.1457
Shell-fluid Density (kg/m®), p 1,000.00
Viscosity Correction Factor, ¢ 1.000
Ideal Tube bank pressure drop(Pa), AP ideal 158.236
Ideal baffle window Pressure drop(Pa),AP_w ideal 34.212
Leakage Correction Factor, R. 0.60
Bypass Correction Factor, Rg 0.70
Unequal Baffle Spacing Factor, Rs 0.90
Total Pressure Drop(Pa), AP 1057.75
Total Pressure Drop (psi) 0.15
Total Pressure Drop (ft of water) 0.31
Shell side pressure drop, Ps, (m H20) 0.10
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Table 53: Summary of Pressure drop calculation for Heat Exchanger in Path E

Parameter, symbol and unit Value
Shell Internal Diameter(m), Ds 0.3302
Tube Outer dia(m), Do 0.01905
Diametral Shell-tube bundle clearance(m) 0.0150
Outer Tube Limit Dia(m), Doy 0.32
Central Tube Limit Dia(m), Dcy 0.296150
Baffle Spacing(m), B 0.8382
Tube Pitch,(m), Pt 0.0238
Tube Arrangement Triangle
Effective Tube pitch(m), Pes 0.0238
Cross Flow Area(m?), Sm 0.0622
Baffle Segmental Cut(%), Bc 43%
Central tube Limit angle(rad), Ocy 2.8281
Fraction of tubes in Cross-flow,(nond),F. 0.1979
Baffle Window Angle(rad), O4ds 2.8607
Fraction of tubes in each baffle window,(nond),Fw 0.4010
Window flow Area(m?), Sw 0.0197
Flow Velocity in Path(m/s), v 4.4568
Mass flow Rate of Shell Side Fluid(kg/s), mdot 9.0332
Entering Mass flux, G, (kg/m?s), 4456.8037
Fluid Viscosity(Pa-s), 1 0.001307
Pitch to Tube dia ratio 1.25
Pitch Parallel to flow(m), P+’ 0.02062
Number of Tube Rows Crossed between baffle tips, N¢ 2.24
Effective no. of tube rows crossed per baffle window, New 5.51
Reynolds Number, Re 64,959.53
Flow Condition Turbulent
Kinematic Viscosity(m?/s), v 0.0000013
Equivalent Dia of Baffle Window(m?), Dy 0.0186893
Ideal Friction Factor across tube bank, figeal 0.0963
Shell-fluid Density (kg/m®), p 1,000.00
Viscosity Correction Factor, ¢ 1.000
Ideal Tube bank pressure drop(Pa), AP ideal 8575.763
Ideal baffle window Pressure drop(Pa),AP_w ideal 176.896
Leakage Correction Factor, R. 0.60
Bypass Correction Factor, Rg 0.70
Unequal Baffle Spacing Factor, Rs 0.90
Total Pressure Drop(Pa), AP 48586.04
Total Pressure Drop (psi) 7.05
Total Pressure Drop (ft of water) 14.35
Shell side pressure drop, Ps, (m H20) 4.37
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Table 54: Summary of Pressure drop calculation for Heat Exchanger in Path F

Parameter, symbol and unit Value
Shell Internal Diameter(m), Ds 0.2731
Tube Outer dia(m), Do 0.01905
Diametral Shell-tube bundle clearance(m) 0.0150
Outer Tube Limit Dia(m), Doy 0.26
Central Tube Limit Dia(m), Dcy 0.239000
Baffle Spacing(m), B 0.7315
Tube Pitch,(m), Pt 0.0238
Tube Arrangement Triangle
Effective Tube pitch(m), Pes 0.0238
Cross Flow Area(m?), Sm 0.0459
Baffle Segmental Cut(%), Bc 43%
Central tube Limit angle(rad), Ocy 2.8203
Fraction of tubes in Cross-flow,(nond),F. 0.2028
Baffle Window Angle(rad), O4ds 2.8607
Fraction of tubes in each baffle window,(nond),Fw 0.3986
Window flow Area(m?), Sw 0.0152
Flow Velocity in Path(m/s), v 1.9713
Mass flow Rate of Shell Side Fluid(kg/s), mdot 3.9954
Entering Mass flux, G, (kg/m?s), 1971.2786
Fluid Viscosity(Pa-s), 1 0.001307
Pitch to Tube dia ratio 1.25
Pitch Parallel to flow(m), P+’ 0.02062
Number of Tube Rows Crossed between baffle tips, N¢ 1.85
Effective no. of tube rows crossed per baffle window, New 4.55
Reynolds Number, Re 28,732.10
Flow Condition Turbulent
Kinematic Viscosity(m?/s), v 0.0000013
Equivalent Dia of Baffle Window(m?), Dy 0.0230360
Ideal Friction Factor across tube bank, figeal 0.1071
Shell-fluid Density (kg/m®), p 1,000.00
Viscosity Correction Factor, ¢ 1.000
Ideal Tube bank pressure drop(Pa), AP ideal 1542.944
Ideal baffle window Pressure drop(Pa),AP_w ideal 54.048
Leakage Correction Factor, R. 0.60
Bypass Correction Factor, Rg 0.70
Unequal Baffle Spacing Factor, Rs 0.90
Total Pressure Drop(Pa), AP 9475.35
Total Pressure Drop (psi) 1.37
Total Pressure Drop (ft of water) 2.80
Shell side pressure drop, Ps, (m H20) 0.85
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Appendix C: Summary of Heat Exchanger Shell side and tube side heat

transfer coefficient calculations and additional revenue calculations

Table 55: Summary of External and Internal Heat transfer coefficients

Parameter Path A Path B Path D Path E Path F
Tube External Diameter (m) 0.007 0.0191 0.0095 0.0191 0.0191
Shell Internal Diameter (m) 0.1524 0.3302 0.1524 0.3302 0.2731
Baffle Spacing (m) 0.3658 0.8382 0.3658 0.8382 0.7315
Pitch between tubes (m) 0.0119 0.0238 0.0119 0.0238 0.0238
Crossflow Area (m?) 0.0111 0.0554 0.0111 0.0554 0.0399
Shell side flow rate (m?/s) 0.0027 0.0216 0.0008 0.0064 0.0037
Max velocity in shell (m/s) 0.2425 0.3908 0.0713 0.1149 0.0914
Reynolds Number in Shell 1767.52 5695.60 519.76 1674.87 1332.89
Nusselt Number 36.53 73.72 17.53 35.37 30.84
External Heat Transfer
Coefficient (W/mz-K) 2269.79 2290.13 1089.06 1098.82 958.11
Tube mass flow rate(kg/s) 0.0096 0.0809 0.0096 0.08087 0.06042
Tube fluid Density(kg/m®) 866.51 866.51 866.51 866.51 866.51
Tube flow rate (m¥s) 1.11126E- | 9.33326E- | 1.11126E- | 9.33326E- | 6.97225E-
05 05 05 05 05
Number of Tubes 68 136 68 136 78
Number of passes 1 1 1 1 1
Number of Tubes per pass 68 136 68 136 78
Cross'sec“orgam'z)”ea pertube | 5 g570E.05 | 215E-5 |3.8879E-05| 21.5E-5 | 215E-5
Total Flow Area (m?) 0.00264 0.02929 0.00264 0.02929 0.01680
Flow Velocity per tube (m/s) 0.0042 0.0032 0.0042 0.00319 0.00415
Dynamic Viscosity of Tube
fluid (N—s/mz) 0.011 0.011 0.011 0.011 0.011
Specific heat ‘:I)M'Xt“re kG- | 418467 | 418467 | 418467 | 418467 | 418467
Reynolds Number in each Tube 2.3296 4.1563 2.3296 4.1563 5.4136
Prandtl Number of Fluid 145.72 145.72 145.72 145.72 145.72
Nusselt N”’]I‘Igs\r/ for internal 2.0311 2.6700 2.0311 2.6700 2.8309
Thermal Conductivity of Fluid | ) 3954 0.3159 0.3159 0.3159 0.3159
(W/m-K)
Internal Heat Transfer 91.1950 | 509314 | 91.1950 | 50.9314 | 54.0001

Coefficient (W/m?-K)




Table 56: Calculation of change in heat transfer after cleaning

Parameter Path A Path B Path D Path E Path F
Reference Area, A (m?) 3.72 27.30 3.72 27.30 17.08
Internal Fouling factor, Ry,
m2K/W (Before cleaning) 0.00009 0.00009 0.00009 0.00009 0.00009
[51]

External Fouling factor,

Rro,m2K/W (Before cleaning) | 0.00053 0.00053 0.00053 0.00053 0.00053
[6], [7]

z::ze)mal Surface Area, Ai 2.749 23.730 2,749 23.730 14.847
(Eégﬁmal Surface Area, Ao 3.722 27.296 3.722 27.296 17.078
Overall Heat Transfer

coefficient, ‘UA’ (Before 163.63 752.98 160.26 743.27 565.46
cleaning)

External Fouling factor,

ReMPK/W (After cleaning) 0.000 0.000 0.000 0.000 0.000
Internal Fouling factor, Ry,

m2KIW (After cleaning) 0.000 0.000 0.000 0.000 0.000
Overall Heat Transfer

coefficient, ‘UA’ (After 168.442 766.343 164.878 756.291 577.552
cleaning)

Hot Fluid temp in (°C) 60 60 60 60 60
Hot fluid Temp out(°C) 32.22 32.22 32.22 32.22 32.22
Cold Fluid Temp in(°C) 15.56 15.56 15.56 15.56 15.56
Cold Fluid Temp out(°C) 10 10 10 10 10
LMTD(CC) 30.34 30.34 30.34 30.34 30.34
Correction Factor, F 1 1 1 1 1
'("Vf/‘;‘t transfer before cleaning | joe0 79 | 2284250 | 486171 | 2254812 | 17154.06
'("Vf/‘;‘t transfer after cleaning 5109.92 | 23248.03 | 5001.80 | 22943.09 | 17520.82
Increase in Heat Transfer 146.13 405.45 140.09 394.97 366.76

after Cleaning (W)




Table 57: Calculation of Additional Annual Revenue from generated product

Parameter Path A Path B Path D Path E Path F
Change in Heat transfer after 14613 | 40545 | 14009 | 39497 | 366.76
Cleaning (W)
Specific Heat of Ethanol @
Entry (Superheated Vapor) 1.532 1.532 1.532 1.532 1.532
(KJ/kgK)
Specific Heat of Ethanol @ Exit
(Liquid) (KJ/kgK) 2.538 2.538 2.538 2.538 2.538
Specific Heat of water @ Entry
(Superheated Vapor) (KJ/kgK) 1.946 1.946 1.946 1.946 1.946
Specific Heat of water @ Exit
(Liquid) (K/kgK) 4.181 4.181 4.181 4.181 4.181
Ethanol Vapor AT

21.37 21.37 21.37 21.37 21.37

(TEntry B Tsat)’ OC
Ethanol Lig AT (Tyqr — Teyic), °C 6.408 6.408 6.408 6.408 6.408
})’gater vap AT (Tentry = Tsar) 3.41 3.41 3.41 3.41 3.41
Water Ligq AT (Tsge — Toric), °C 24378 | 24378 | 24378 | 24378 | 24.378
'(*Ifj/tkgyty per kg of product 342219 | 3,422.19 | 3,422.19 | 3.422.19 | 3,422.19
ﬁg}s';'o”a' product generated 0.00004 | 000012 | 0.00004 | 000012 | 0.00011
Additional product generated 0.15 0.43 0.15 0.42 0.39
(kg/hr)
Annual Operating hours (hrs/yr) 4800 4800 4800 4800 4800
Additional product generated 737.85 | 2047.25 | 707.39 | 1994.36 | 1851.90
Annually (kg/yr)
Additional product generated 85152 | 2362.64 | 816.37 | 2301.60 | 2137.19
Annually (I/yr)
Profit per liter ($/liter) $3.20 $3.20 $3.20 $3.20 $3.20
Total Additional Profit ($) $2,724.88 | $7,560.46 | $2,612.37 | $7,365.11 | $6,839.02
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